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ABSTRACT 

Standard eddy viscosity models are incapable of 

accounting for the effects of strong variation of thermophysical 

properties on turbulence of supercritical fluids [1], which can 

cause considerable inaccuracies in the prediction of the pressure 

drop, the heat transfer coefficient, and other quantities of interest 

for supercritical flows. In our previous research [2], we have 

developed consistent modifications for eddy viscosity models to 

make them more reliable for wall-bounded turbulent flow with 

sharp gradients in the thermophysical properties. In this paper, 

we implement these density-corrected turbulence models to our 

in-house Reynolds-Averaged Navier-Stokes (RANS) solver to 

simulate an upward heated turbulent pipe flow with CO2 at 

supercritical pressure. The results show an improvement in the 

accuracy of the model for the force convection test cases. 

However, when heat transfer deterioration is present, the 

modified turbulence model is still not reliable. To investigate the 

cause of the inaccuracy, we introduced different methods to 

model the turbulent heat flux, by changing the constant value of 

the turbulent Prandtl number and using two different algebraic 

equations. As expected, the model for the turbulent Prandtl 

number considerably influences the overall simulation 

prediction.  To better model heat transfer deterioration in an 

upward flow of a turbulent supercritical flow, a better 

approximation of the turbulent heat flux is necessary. 

1. INTRODUCTION

Supercritical fluids  fluids above the critical pressure  

have recently been considered for many engineering 

applications, in particular in the field of energy generation [3]. 

For instance, thermodynamics power cycles can use supercritical 

fluids as the working fluid [4-5]. Moreover, renewable energy 

technologies, like solar energy and waste heat recovery, can 

benefit from the advantage of supercritical fluids [4, 6]. Other 

industrial processes with supercritical fluids include 

pharmaceutical processes or enhanced oil recovery [7]. All these 

applications require a comprehensive understanding of fluid 

dynamics and heat transfer of supercritical fluids to correctly 

design and model the system. 

Figure 1. Variation of specific heat capacity as a  

function of temperature for constant pressure for CO2 

Supercritical fluids exhibit deviations from ideal 

thermodynamic behavior and do not have a recognizable phase 

change; the fluid transition from a liquid-like and gas-like phase 

occurs in a continuous manner. However, small changes in 

temperature and/or pressure in the supercritical region can lead 

to strong gradients on the thermophysical properties. For 

example, figure 1 shows the variation of the specific heat 
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capacity at constant pressure, 𝑐𝑝, as a function of temperature for

CO2 (𝑝𝑐𝑟 = 7.39 MPa). The pseudo-critical temperature is the

location where 𝑐𝑝 has its peak at constant pressure. These abrupt

variations of thermophysical properties of a supercritical fluid 

results in a flow behavior and a heat transfer which is different 

from an ideal gas flow [8]. 

In a heated upward flowing supercritical fluid, heat transfer 

deterioration may occur [9]. The sharp variation of 

thermophysical properties in the critical region and the effect of 

buoyancy influence turbulence, which could result in heat 

transfer deterioration [10]. 

Direct numerical simulations (DNS) have been performed 

to analyze the heat transfer to supercritical fluids in turbulent 

pipe flows [9,10]. But, these highly accurate simulations are 

limited to simple geometries and low Reynolds numbers due to 

the high computational cost needed. To bypass the 

computational cost, it is possible to solve the RANS equations 

coupled with eddy viscosity models. However, these models rely 

on a limited data, and their development is hampered by the lack 

of knowledge on supercritical fluids and heat transfer 

deterioration. 

There are three challenges for modeling turbulence of an 

upward flowing supercritical fluid.  

1. Eddy viscosity: an eddy viscosity model must properly

account for variations in the thermophysical properties. Most

models have been developed for incompressible flows and

the effect of density on turbulence is not accounted for. We

have proposed in our recent study [2] how eddy viscosity

models can be modified to successfully account for this

effect. The proposed modifications are generally applicable

to any turbulence model and are based on analytic scaling

arguments.

2. Turbulent heat flux: the model for the turbulent heat flux

must account for variations in molecular Prandtl number

across the boundary layer. Commonly, the turbulent heat flux

is modelled using the analogy between turbulent momentum

and heat flux by means of a turbulent Prandtl number (𝑃𝑟𝑡).

Several models have been developed and applied to ideal gas

flows [11, 12]. It is known that in case of heat transfer

deterioration, the definition of the turbulent Prandtl number

is not applicable. The heat deterioration causes an inflection

point in the streamwise velocity profile making 𝑃𝑟𝑡 → ∞
[10].

3. Buoyancy production of turbulent kinetic energy: the

eddy viscosity model must account for the buoyancy

production of turbulent kinetic energy (TKE). Also here,

most of the models for the buoyancy production in the TKE

equation assume the ideal gas law to relate density with

temperature fluctuations [13]. Additional insight from DNS

is required to develop accurate models to account for

buoyancy effects.

This article investigates the accuracy of RANS 

turbulence model to predict heat transfer in a turbulent pipe flow 

with CO2 at supercritical pressure. Three standard turbulence 

models, namely the Myong-Kasagi (MK) [14], Menter’s 𝑘 − 𝜔 

SST [15], and Spallart-Allmaras (SA) [16] turbulence models are 

used to model the Reynolds stresses. The density modifications 

derived in our previous study [2] are included into the turbulence 

models to solve the system. Moreover, we investigate the 

influence of the turbulent Prandtl number on the heat transfer. 

Finally, two different algebraic models for the turbulent Prandtl 

number [11,12] are used to approximate the turbulent heat flux. 

2. TEST CASE

2.1 Experimental data 

In literature, experimental data is available to 

investigate turbulent heat transfer to supercritical fluids. For the 

present article, two data sources [17,18] are chosen to study the 

heat transfer deterioration of flows near the supercritical point. 

These studies experimented with CO2 flowing upwards in a 

uniformly heated pipe at different conditions. The boundary 

conditions of these experiments are summarized in table 1. We 

will use the measured wall temperature to compare the 

simulations with the experiments; figure 2 shows the measured 

wall temperature from the selected experimental data. 

The experiments of case 1, taken from Bae et al. [17], 

are shown in figure 2a. The case with the lowest heat flux (𝑞" =
29.3 kW/m2) is not affected by heat transfer deterioration; this

can be seen by the smooth increase of wall temperature. For the 

experiment with the highest heat flux (𝑞" = 48.8 kW/m2), the

larger wall temperature at the beginning of the measurements 

indicate heat transfer deterioration. Heat transfer deterioration 

decreases when the bulk temperature is close to the pseudo-

critical value. For these experiments, the measurements are 

collected half a meter after the wall heating starts, thus no data is 

available at the inflow.  

The experiments for case 2, reported by Kim et al. [18], 

show a more detailed quantification of the heat transfer 

deterioration. Figure 2b shows the wall temperature along the 

pipe. Heat transfer deterioration can be seen for a heat flux of 

23 kW/m2  and 30 kW/m2 when the wall temperature crosses

the pseudo-critical temperature. The wall temperature shows one 

or two steep peaks, characteristic of heat transfer deterioration.  

2.2 Governing equations 

In the present study, the RANS equations, written in 

cylindrical coordinates, are solved. To close the system of 

equations, an equation of state (EOS) is used to define the 

relation between density, pressure, temperature and internal 

energy. The multi-parameter equation of state of Kunz and 

Wagner [19] is used for CO2.  
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Table 1. Experimental cases investigated, where 𝑝∗ is the pressure, 𝑇𝑜
∗ is the inlet temperature, 𝐷∗ is the pipe diameter, 𝐺∗ is the mass

flux and the accent “*” refers to a dimensional quantity. Re0 and Pr0 are the Reynolds and Prandtl number, respectively, at the inflow. 

𝑝∗ [MPa] 𝑇0
∗[°C] 𝐷∗  [mm] 𝐺∗  [kg/(s m2)] q" [kW/m2] Re0 [-] Pr0 [-]

Case 1 [17] 
8.12 5 6.32 400 29.3 2,500 2.14 

8.12 5 6.32 400 48.8 2,500 2.14 

Case 2 [18] 

8 15 7.8 314 20.0 29,000 2.3 

8 15 7.8 314 23.0 29,000 2.3 

8 15 7.8 314 30.0 29,000 2.3 

         (a)                     (b) 

Figure 2. Wall temperature distribution as a function of the pipe stream-wise distance for two experimental set-up: (a) Bae et al [17] 

and (b) Kim et al. [18]. The bulk enthalpy can be seen as the pipe distance because a constant heat flux is introduced into the system. 

These figures were directly reproduced from the references [17,18] 

The governing equations for momentum, in radial 

and stream-wise direction, and the energy can be expressed in 

their non-dimensional form (scaled by wall units), and assuming 

a two-dimensional steady-state axis-symmetric flow as:  

 for momentum in stream-wise direction,

𝜕〈𝜌〉{𝑢𝑧}2

𝜕𝑧
+

1

𝑟

𝜕 𝑟〈𝜌〉{𝑢𝑧}{𝑢𝑟}

𝜕𝑟
= −

𝜕〈𝑝〉

𝜕𝑧
+

〈𝜌〉

𝐹𝑟0
2

+
𝜕

𝜕𝑧
[(

〈𝜇〉

𝑅𝑒𝜏

+ 𝜇𝑡) (2
𝜕{𝑢𝑧}

𝜕𝑧
−

2

3
 𝛻. {𝒖})] 

+
1

𝑟

𝜕

𝜕𝑟
[𝑟 (

〈𝜇〉

𝑅𝑒𝜏

+ 𝜇𝑡) (
𝜕{𝑢𝑧}

𝜕𝑟
+

𝜕{𝑢𝑟}

𝜕𝑧
)], 

 for momentum in radial direction,

1

𝑟
[
𝜕𝑟〈𝜌〉{𝑢𝑧}{𝑢𝑟}

𝜕𝑧
+

𝜕 𝑟〈𝜌〉{𝑢𝑟}2

𝜕𝑟
] = −

𝜕〈𝑝〉

𝜕𝑟

+
1

𝑟

𝜕

𝜕𝑟
[𝑟 (

〈𝜇〉

𝑅𝑒𝜏

+ 𝜇𝑡) (2
𝜕{𝑢𝑟}

𝜕𝑟
−

2

3
 𝛻. {𝒖})] 

+
𝜕

𝜕𝑧
[(

〈𝜇〉

𝑅𝑒𝜏

+ 𝜇𝑡) (
𝜕{𝑢𝑧}

𝜕𝑟
+

𝜕{𝑢𝑟}

𝜕𝑧
)] 

−
1

𝑟
(

〈𝜇〉

𝑅𝑒𝜏

+ 𝜇𝑡) (2
{𝑢𝑟}

𝑟
−

2

3
 𝛻. {𝒖}), 

 and energy,
𝜕〈𝜌〉{𝐻}{𝑢𝑧}

𝜕𝑧
+

1

𝑟

𝜕 𝑟〈𝜌〉{𝐻}{𝑢𝑟}

𝜕𝑟

=
1

𝑟

𝜕

𝜕𝑟
[𝑟 (

〈𝜆〉/𝐶𝑝

𝑅𝑒𝜏𝑃𝑟
+

𝜇𝑡

𝑃𝑟𝑡

)
𝜕{𝐻}

𝜕𝑟
]

+
𝜕

𝜕𝑧
[(

〈𝜆〉/𝐶𝑝

𝑅𝑒𝜏𝑃𝑟
+

𝜇𝑡

𝑃𝑟𝑡

)
𝜕{𝐻}

𝜕𝑧
], 

where 𝐻 is the specific enthalpy, 𝑢𝑧 and  𝑢𝑟 are the streamwise

(axial) and radial velocity component, respectively. 𝛻. {𝒖} is the 

divergence of the velocity vector in cylindrical coordinates. The 

dimensionless parameters 𝑅𝑒𝜏 = 𝑢𝜏𝜌𝑤
∗ 𝐷∗/𝜇𝑤

∗   and 𝐹𝑟0 =

𝑢𝜏/√𝑔∗𝐷∗ are the friction Reynolds number and the Froude

number, where 𝑢𝜏 = √𝜏𝑤/𝜌𝑤
∗  is the friction velocity. The Froude

number takes into account the buoyancy effects with 𝑔∗ the

gravitational acceleration. In the RANS equations, we use the 

Reynolds decomposition for most of the quantities, defined as: 

𝜙 = 〈𝜙〉 + 𝜙′ with 〈𝜙′〉 = 0, and the Favre decomposition for 

the velocity and enthalpy, defined as: 𝜙 = {𝜙} + 𝜙" with 

〈𝜌〉{𝜙} = 〈𝜌𝜙〉, 〈𝜌〉{𝜙"} = 0, and 〈𝜙"〉 ≠ 0. 

3. TURBULENCE MODELLING

The Reynolds shear stress and turbulent heat flux are 

modelled in the above equations by the Boussinesq 
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approximation (〈𝜌𝑢"𝑖𝑢"𝑗〉 = 2𝜇𝑡{𝑆𝑖𝑗} − 2/3〈𝜌〉𝑘𝛿𝑖𝑗) and the

gradient diffusion hypothesis (〈𝜌𝑢"𝑖𝐻"〉 = 𝜇𝑡/𝑃𝑟𝑡   𝜕{𝐻}/𝜕𝑥𝑖),

respectively, adding two extra unknowns to the system of 

equations: the eddy viscosity (𝜇𝑡) and the turbulent Prandtl

number (𝑃𝑟𝑡). In this section, we will discuss how these

unknowns are modelled. Moreover, at the end of this section, we 

briefly discuss the model used for the buoyancy production of 

turbulence (𝐺𝑘).

3.1 Turbulence modeling for heated flows with buoyancy 

 We apply standard (SA, SST, and MK) and variable 

density turbulence models. We use our recently derived variable 

density modifications to alter standard turbulence models [2]. In 

this section, we report how the density modifications for 

turbulence models are derived. 

The semi-local scaling (SLS), as proposed by Huang et 

al. in 1995 [20], is based on the wall shear stress 𝜏𝑤 and on the

local mean (instead of wall) values of the density and the 

viscosity to account for changes in viscous scales due to mean 

variations in the thermophysical properties. The aim of the SLS 

was to collapse turbulence statistics for compressible flows at 

high Mach numbers with those of incompressible flows. In the 

SLS framework, the friction velocity and viscous length scale are 

defined as 𝑢𝜏
⋆ = √𝜏𝑤/〈𝜌∗〉 and 𝛿𝑣

⋆ = 〈𝜇∗〉/〈𝜌∗〉𝑢𝜏
⋆ respectively.

Accordingly, the semi-local wall distance can be defined as 𝑦⋆ =
𝑦∗/𝛿𝑣

⋆ 
and the semi-local Reynolds number as,

𝑅𝑒𝜏
⋆ =

𝑢𝜏
⋆ 〈𝜌∗〉 𝐷∗

〈𝜇∗〉
= √

〈𝜌∗〉

𝜌𝑤
∗

𝜇𝑤
∗

〈𝜇∗〉
𝑅𝑒𝜏 ,

where 𝑅𝑒𝜏 and 𝑢𝜏 (both defined above), are the conventional

friction Reynolds number and friction velocity based on viscous 

wall units. In general, any flow variable can be non-

dimensionalized using wall-based units and semi-local units.  

Instead of exclusively using the semi-local scaling to 

collapse turbulence statistics for compressible flows with 

different Mach numbers, Pecnik and Patel [21] extended the use 

of the scaling to derive an alternative form of the TKE equation 

for wall-bounded flows with a strong wall-normal variations of 

density and viscosity. Starting from the semi-locally scaled non-

conservative form of the momentum equations, and with the 

assumption that the wall shear stress 𝜏𝑤 changes slowly in the

stream-wise direction, the SLS TKE equation reads,  

𝑡𝜏
⋆

𝜕�̂��̂�

𝜕𝑡∗
+

𝜕�̂��̂��̂�𝑗

𝜕�̂�𝑗

= �̂�𝑘 + �̂�𝑘 − �̂�휀̂ +
𝜕

𝜕�̂�𝑗

[(
�̂�

𝑅𝑒𝜏

+
�̂�𝑡

𝜎𝑘

)
𝜕�̂�

𝜕�̂�𝑗

], 

with �̂�𝑘 as the turbulent production, �̂�𝑘 as the buoyancy 

production, and tτ
⋆ = D∗/uτ

⋆. For brevity with express the TKE

equation with Cartesian notation; the derivation is equivalent in 

cylindrical coordinates. In the equation above, the semi-locally 

scaled quantities are denoted with the accent “^”, as �̂�. If this 

form of the TKE equation is used in conjunction with a 

turbulence model  MK and SST  the results for turbulent 

flows with large thermophysical property variations significantly 

improve [21]. However, for general industrial applications with 

complex geometries, it is not feasible to solve the semi-locally 

scaled equations. The reason is that all turbulence variables 

would need to be rescaled every iteration step by quantities that 

depend on the wall friction at the closest wall and by local 

quantities of density and viscosity.  
To overcome the dependence on the wall friction and 

local quantities, we convert the previous equation back to 

conventional scales, in particular to viscous wall units. The 

transformation from SLS quantities to locally-scaled, was 

performed to each term and after algebraic manipulation we end 

up with,  

𝑡𝜏

𝜕〈𝜌〉𝑘

𝜕𝑡
+

𝜕〈𝜌〉𝑘 {𝑢𝑗}

𝜕𝑥𝑗

= 

𝑃𝑘 + 𝐺𝑘 − 〈𝜌〉휀 +
1

√〈𝜌〉

𝜕

𝜕𝑥𝑗

[
1

√〈𝜌〉
(

〈𝜇〉

𝑅𝑒𝜏

+
𝜇𝑡

𝜎𝑘

)
𝜕〈𝜌〉𝑘

𝜕𝑥𝑗

]. 

If compared to the conventional model for the TKE, the derived 

equation shows only one major difference that lies in the 

diffusion term. The diffusion term that emerges from the semi-

local scaling methodology is a function of 〈𝜌〉𝑘 (instead of 𝑘), 

while the diffusion coefficient and the overall diffusion term are 

divided by √〈𝜌〉. 
In analogy to the modified TKE equation, we derived 

the modified transport equations for the turbulent dissipation 휀, 

specific turbulent dissipation 𝜔, and the eddy viscosity in the 

Spalart-Allmaras turbulence model 𝜈𝑆𝐴. An additional

modification we implement, specifically for the MK model, is to 

replace the non- dimensional wall distance 𝑦+, and friction

Reynolds number 𝑅𝑒𝜏, with their semi-local counterparts,

namely the semi-locally scaled wall distance 𝑦⋆, and the semi-

local friction Reynolds number 𝑅𝑒𝜏
⋆. For more details on the

derivation the reader is refer to [2]. 

3.2 Turbulent Prandtl number 

The turbulent Prandtl number relates the turbulent shear 

stress with turbulent heat flux, including the velocity and 

temperature gradient in the wall-normal direction as,  

𝑃𝑟𝑡 =
〈𝜌𝑢𝑧

" 𝑢𝑟
" 〉

〈𝜌𝑇"𝑢𝑟
" 〉

𝜕〈𝑇〉/𝜕𝑟

𝜕〈𝑢〉/𝜕𝑟
. 

In the current study, we have used three approximations of the 

turbulent Prandtl number. These relations were developed for a 

flow with constant thermophysical properties.  

 The Reynolds analogy is the simplest model for the turbulent

heat flux, in which the turbulent Prandtl number is assumed

constant. It assumes a strong analogy between momentum and

scalar transport. The turbulent Prandtl number of 0.7 to 1.0

represents most gases in the log-layer [11].

 Kays in 1994 [11] proposed an approximation of the turbulent

Prandtl number as a function of the ratio of turbulent and

molecular viscosity. The algebraic expression — similar to a

mixing length model for the eddy viscosity — is given as:

𝑃𝑟𝑡 =
1

𝐶1 + 𝐶2𝜇𝛾 − 𝐶3𝜇𝛾
2[1 − 𝑒𝑥𝑝(−𝐶4/𝜇𝛾)]

, 
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where 𝜇𝛾 = 𝜇𝑡/〈𝜇〉 and the constants are 𝐶1 = 0.5882, 𝐶2 =

0.228, 𝐶3 = 0.0441 and 𝐶4 = 5.165.

 Irrenfried and Steiner [12] suggested an improvement of the

turbulent Prandtl number by introducing an additional model

parameter (𝛾𝑖𝑠 =
1

[Pr𝑡,∞+0.1Pr0.83]
) that depends on the 

molecular Prandtl number. This correlation for turbulent

Prandtl number reads

1/Pr𝑡 =

𝛾𝑖𝑠 + 𝐶 𝑃𝑒𝑡√2 (
1

Pr𝑡,∞

− Pr𝑡,∞)

−(𝐶 𝑃𝑒𝑡)2 [1 − 𝑒𝑥𝑝 (−
1

𝐶 𝑃𝑒𝑡

√2 (
1

Pr𝑡,∞

− 𝛾𝑖𝑠))]

, 

where C = 3.0, and Pe𝑡 = (𝜇𝑡/〈𝜇〉)Pr is the turbulent Peclet

number. In the present study, we set Pr𝑡,∞ = 1.0.

3.3 Buoyancy production term 

The buoyancy production term in the transport equation of the 

turbulent kinetic energy is defined as,  

𝐺𝑘 = −〈𝑢𝑧
" 〉 (

𝜕〈𝑝〉

𝜕𝑧
−

𝜕{𝜏𝑟𝑧}

𝜕𝑟
) ≈ −

〈𝜌〉

𝐹𝑟0
2

〈𝑢𝑧
" 〉. 

The buoyancy production can be further simplified, using the 

Favre decomposition and relating the density fluctuation with the 

temperature fluctuations (〈𝜌′𝑢𝑧
′ 〉 = 𝛽𝑇〈𝜌𝑢𝑧

′ 𝑇′〉), as

𝐺𝑘 = −
1

𝐹𝑟0
2 𝛽𝑇〈𝜌𝑢𝑧

′ 𝑇′〉,

where the thermal expansion coefficient is defined as                

𝛽𝑇 = −1/〈𝜌〉(𝜕𝜌/𝜕𝑇). The closure of the 〈𝜌𝑢𝑧
′ 𝑇′〉 term is

generally accomplished with simple gradient diffusion 

hypothesis. However in the present study, we have approximated 

the buoyancy production with the Generalized Gradient 

Diffusion Hypothesis (GGDH), because it includes the 

anisotropic turbulent diffusivity using the Reynolds shear stress 

[13]. Using the GGDH, the buoyancy production is modelled as  

〈𝜌𝑢𝑧
′ 𝑇′〉 = −𝐶𝑡𝑇𝜏 (〈𝜌𝑢𝑧

" 𝑢𝑟
" 〉

𝜕𝑇

𝜕𝑟
+ 〈𝜌𝑢𝑧

" 𝑢𝑧
" 〉

𝜕𝑇

𝜕𝑧
), 

where 𝐶𝑡 is a positive constant equal to 0.333. This model

requires the turbulent time scale 𝑇𝜏, which for a 𝑘 − 휀 and a 𝑘 −
𝜔 model is given by 𝑇𝜏 = 𝑘/휀 and 𝑇𝜏 = 1/𝜔, respectively. For

the Spallart-Allmaras model [16], buoyancy production is not 

taken into account.  

4. CFD CALCULATIONS

4.1 Numerical setup 

An in-house RANS code solves the governing 

equations — with a Poisson solver for the pressure correction — 

for momentum in radial and axial direction, enthalpy and 

turbulent scalars; the latter is dependent on the turbulence model. 

These equations are solved using a stagger space grid. A second-

order central difference scheme and a Euler time integration 

scheme are used for the discretization in space and time, 

respectively. We used a maximum time step of 10-3 seconds. The 

diffusion terms in r-direction are treated implicitly, while the 

other terms are discretized explicitly. 

The simulation setup consists of two parts as depicted 

in figure 3. First, an inflow generator is used to achieve a fully 

developed turbulent pipe flow. Periodic inlet and outlet 

boundaries and an isothermal flow are enforced to generate the 

inflow for the developing simulation. Afterwards, the fully 

developed profile is fed as the inlet boundary condition for the 

simulation of the developing pipe flow, which is uniformly 

heated from the wall.  

The numerical domain of the pipe is axis-symmetric 

with a uniform discretization in the stream- wise direction 

(𝑁𝑧 = 768) and a non-uniform discretization in the wall-normal

direction (𝑁𝑟 = 192). A hyperbolic tangent function is used to

cluster the mesh points near the wall in order to ensure 𝑦+ < 1
in the first mesh cell; no wall function is used. A grid 

convergence analysis was carried out for all the simulated cases 

to ensure mesh-independent results. 

4.2 Results  

This section of the paper reports the outcome of the 

RANS simulations of the upwards flowing CO2 in the heated 

vertical pipe test cases. As mentioned in section 3, the 

compressible NS equations are coupled to three turbulence 

models —the MK, the SST, and the SA turbulence models. We 

assess the impact of including density corrections in these 

turbulence models on predicting the heat transfer. We refer to the 

turbulence models with the density modifications as MK-ρ, SST-

ρ and SA-ρ. 

4.2.1 Test case 1, Bae et al. [17] 

The experiments from Bae et al. [17] are solved using 

the selected turbulence models with and without density 

modifications and the turbulent Prandtl number is approximated 

as Prt = 0.9.

Figure 3. Numerical set-up for the CFD simulations 
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Most of the turbulence models accurately estimate the 

wall temperature for case 1 with a heat flux of 29.3 kW/m2, see 

figure 4a. One exception is the SST-ρ model, but as already 

mentioned in our previous study, Otero et al. [2], the density 

modifications have detrimental effects on this specific model. 

The standard MK model is another model that lacks accuracy 

when compared to the experiments. With the density 

modifications, the MK-ρ model improves considerably, resulting 

in a close match with the experimental data. The SA and SA-ρ 

both have a similar prediction; these models slightly 

overestimate the wall temperature below the pseudo-critical 

enthalpy. The SST model accurately matches the experimental 

values. For this particular experiment, the CFD simulations have 

sufficient accuracy with the exception of the MK and SST-ρ 

models. Therefore, we will not include these two models in the 

remainder of this article 

For the experiment with a higher heat flux (q” = 48.8 

kW/m2), the results with all the turbulence models agree 

qualitatively with the experiments; the SST-ρ and MK models 

are not included. Moreover, none of the models are able to 

reproduce the wall temperature distribution quantitatively (see 

figure 4b). The SST model does not estimate any heat transfer 

deterioration, with the wall temperature below the measured 

values. The MK-ρ model overestimates the wall temperature 

until a bulk enthalpy of ≈ −40 kJ/kg, where a strong heat transfer 

deterioration is predicted. The SA models with and without 

density modifications qualitative predict the heat transfer 

deterioration but underestimating the wall temperature. Above 

the bulk enthalpy of −200 kJ/kg, all models are close to the 

experimental data, except the MK-ρ model.  

4.2.2 Test case 2, Kim et al. [18] 

For test case 2, we will focus only on the experiments 

from Kim et al. [18] with heat transfer deterioration; these 

experiments have a heat flux of 23 kW/m2 and 30 kW/m2, see 

table 1. For these results, we approximate Prt = 0.9. 

SA and SA-ρ are the only turbulence model able to 

reproduce heat transfer deterioration for the case 2 with a heat 

flux of 23 kW/m2, see figure 5a. The two peaks in wall 

temperature are represented qualitatively, but not at the exact 

location. The rest of models cannot predict heat transfer 

deterioration. For case 2, 23 kW/m2 is the value of heat flux 

where heat transfer deterioration starts to occur, for example for 

20 kW/m2 no deterioration is observed in the experiments.  

All the turbulence models can reproduce heat transfer 

deterioration for a heat flux of 30 kW/m2 (see figure 5b). 

Consistent with the previous experiment, the SA models are 

capable of predicting the sudden increase in wall temperature but 

again at a wrong location. The largest wall temperature peak of 

the SST and MK-ρ models occurs upstream from the measured 

data. Moreover, the SA, SA-ρ, and MK-ρ overestimate the wall 

temperature at the peak, the SST model underestimates it. The 

wall temperature trends after this point differ among the models. 

The SA and SST models tend to a lower wall temperature as if 

the heat transfer deterioration has been completed. Although 

overestimating the wall temperature, the MK-ρ model predicts 

qualitatively the wall temperature tendency with a steady 

increase in wall temperature at the outlet section of the pipe (z/D 

> 80). 

The CFD simulation results from this second case for 

all four models are comparable to the inlet section of the high 

flux experiment of Bae et al. [17] (figure 4b). First, the SST 

model barely predicts heat transfer deterioration. Second, the SA 

and SA-ρ models predict the heat transfer deterioration earlier 

than observed in the experiments. Finally, the MK-ρ model 

follows the trend of the experiments qualitatively during the heat 

transfer deterioration. However, the performance of the 

turbulence model is not satisfactory. Therefore, we test different 

approximation of the turbulent Prandtl number with the 

expectation of a better approximation of the turbulent heat flux. 

4.2.3 Turbulent heat transfer modelling: 

In this section, we investigate different methods to 

model the turbulent heat transfer, more specifically the turbulent 

Prandtl number. We consider only Kim et al [18] experiments. 

We present the results for two RANS models: MK-ρ with an 

approximation of the turbulent Prandtl number: the Reynolds 

analogy (Prt=0.9) and two algebraic equations [11, 12], and SST 

with different constant values of the turbulent Prandtl number. 

The goal of this investigation is to evaluate the influence of the 

turbulent Prandtl model on the overall performance of the CFD 

simulation. 

Both algebraic equations improve the prediction of the 

peaks for the wall temperature in the MK-ρ model, see figure 6a. 

Irrenfried’s correlation predicts the second temperature peak. On 

the other hand, Kay’s correlation estimates the first temperature 

peak accurately but predicts the second peak too early. 

Compared to the constant Prandtl number, the performance of 

the MK-ρ model is enhanced when coupled to algebraic 

equations for Prt. Still, compared to experimental data, the 

prediction of the turbulence model is not accurate.  

The turbulent heat flux is inversely proportional to Prt; 

the lower the Prt value is, the higher the turbulent heat flux. 

Figure 6b shows the results obtained with the SST model with 

four different constant values of turbulent Prandtl number: 0.4, 

0.9, 1.0, and 1.4. The model with the lowest turbulent Prandtl 

number shows no trace of heat transfer deterioration. The 

buoyancy effect and heat transfer deterioration increase for 

higher turbulent Prandtl numbers. The value that better matches 

the measured data is Prt = 1, rather than the commonly used value 

of 0.9. These two constant Prt values give different wall 

temperature behavior, especially around the temperature peak. 

As expected, the turbulent Prandtl number considerably 

influences the prediction of the heat transfer deterioration. 

However, there is hardly any qualitative difference downstream 

for z/D > 100.   
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         (a)           (b) 

Figure 4. Wall temperature distribution as a function of the pipe stream-wise distance calculated  

with different RANS models (a) q” =29.3 kW/m2 and (b) q”= 48.8 kW/m2 compared to experiments [17] 

         (a)           (b) 

Figure 5. Wall temperature distribution as a function of the pipe stream-wise distance calculated  

with different RANS models (a) q” =23 kW/m2 and (b) q”= 30 kW/m2 compared to experiments [18] 

         (a)           (b) 

Figure 6. Wall temperature distribution as a function of the pipe stream-wise distance  

(a) q” =23 kW/m2 calculated with MK-ρ  and (b) q”= 30 kW/m2 calculated with SST compared to experiments [17, 18] 
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The turbulent Prandtl number approach is 

quantitatively unsuccessful when buoyancy effects cannot be 

neglected. Due to the influence of buoyancy and the 

development of heat deterioration, an inflection point develops 

in the streamwise velocity profile, but not in the temperature 

field [10, 22]. In such a case, Prt will tend to infinity (see 

definition in section 3.2). Therefore, for a better approximation 

of the heat transfer in a supercritical flow with heat transfer 

deterioration, the turbulent heat flux should be modelled with an 

alternative method, for example with the turbulent thermal 

diffusivity [13, 23]. 

 

5. CONCLUSION 

This paper analyzes different models to predict the heat 

transfer of supercritical CO2 flowing upwards in a pipe at 

conditions with and without heat transfer deterioration. The 

results are compared with experiments from literature. 

  Three different turbulent models with and without 

density correction  as proposed in our previous study [2]  

are analyzed. Most of these turbulence models accurately predict 

heat transfer in the absence of heat transfer deterioration; the 

standard Myong and Kasagi and the modified Menter’s 𝒌 − 𝝎 

SST models are the exceptions. However, heat transfer 

deterioration cannot be predicted by the investigated turbulence 

models. For this reason, we investigated the influence of the 

turbulent Prandtl number on the heat transfer for conditions 

when heat transfer deterioration occurs. Two different algebraic 

models for the turbulent Prandtl number are coupled with the 

turbulence models. The results obtained showed that the 

algebraic Prandtl number models  derived for constant 

property flows  gave encouraging results; they are able to 

quantify heat deterioration. However, the calculated wall 

temperature is quantitatively inaccurate. Future works will 

include models of the turbulent thermal diffusivity for the 

turbulent heat flux to predict the heat transfer of supercritical 

CO2 flowing upwards in a pipe at conditions with heat transfer 

deterioration 

 

NOMENCLATURE 

ACRONYMS 

DNS Directed numerical simulation 

EOS Equation of State 

MK Myong-Kasagi (eddy viscosity model) 

RANS Reynolds-Averaged Navier-Stokes 

SA Spalart-Allmaras (eddy viscosity model) 

SEV Standard eddy viscosity model 

SLS Semi-local scaling 

SST Shear stress transport (eddy viscosity model) 

TKE Turbulent kinetic energy 

SYMBOLS 

cp specific heat at constant pressure 

D pipe diameter 

Fr Froude number 

g gravity 

G mass flux 

Gk  Buoyancy production of turbulent kinetic energy 

H specific enthalpy 

k turbulent kinetic energy 

N number of discretization cells 

p pressure 

Pet  turbulent Peclet number 

Pk  Production of turbulent kinetic energy 

Pr Prandtl number 

Prt turbulent Prandtl number 

q" heat flux 

r wall-normal length 

𝑅𝑒𝜏  friction Reynolds number (locally scaled) 

𝑅𝑒𝜏
⋆  friction Reynolds number (semi-locally scaled) 

𝑆𝑖𝑗   mean rate of strain tensor 

T temperature 

𝑇𝜏  turbulent time scale 

u velocity 

𝑢𝜏  friction velocity (locally scaled) 

𝑢𝜏
⋆  friction velocity (semi-locally scaled) 

𝑦+  Scaled wall distance (locally scaled) 

𝑦⋆  Scaled wall all distance (semi-locally scaled) 

z stream-wise length 

GREEK 

𝛽𝑇  thermal expansion coefficient 

𝛿𝑖𝑗   Kronecker delta (𝛿𝑖𝑗=0 if 𝑖 ≠ 𝑗 and 𝛿𝑖𝑗=1 if 𝑖 = 𝑗) 

𝜆  thermal conductivity 

휀  dissipation rate of k 

𝜌  density 

𝜏  shear stress 

𝜇  viscosity 

𝜇𝜏  eddy viscosity 

𝜎𝑘   constant of the eddy viscosity model 

𝜔  specific dissipation rate of k 

 SUBSCRIPTS 

0 inflow 

cr critical 

r wall-normal direction 

t turbulent 

w wall 

z stream-wise direction 

 

SUPERSCRIPTS/ACCENTS/OPERATORS 

𝜙∗ dimensional quantity 

𝜙  locally scaled quantity 

�̂�  semi-locally scaled quantity 

〈𝜙〉 Reynolds averaging 

𝜙′ Reynolds fluctuation 
{𝜙} Favre averaging 

𝜙" Favre fluctuation 
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ABSTRACT 

The flow and heat transfer of supercritical CO2 within 

representative channels of the cooler (condenser) of a proposed 

Brayton Cycle is investigated using Direct Numerical Simulation 

(DNS). The DNS method is based on the temporal and spatial 

integration of the fundamental conservation equations of motion 

and energy, the Navier Stokes Equations. Unlike other methods 

the DNS does not require a turbulence model, because all scales 

of the turbulence structures are numerically resolved on a very 

fine mech. The method is limited to low Reynolds numbers and 

is therefore performed only for a low mass flux density of 53.87 

kg/m2s. It requires the use of a High-Performance Computer 

Cray-XC 40. We have performed various DNS’s of cooled 

circular pipes with a diameter of 2 mm and a length up to 60 

diameters at 80 bars. The considered bulk temperature range 

between 69°C and 32°C is equivalent to the operational range of 

the cooler of the reference power cycle. The DNS wall-

temperature data for two cases with different wall heat fluxes are 

smoothed and fitted with 3rd-order polynomials to constitute a 

practical prediction method for the wall heat flux at any given 

wall temperature based on interpolation. Under the assumption 

of a wall temperature of 25°C our results for the cooling wall 

heat flux are compared to existing empirical Nusselt correlations 

in order to demonstrate the differences of the various prediction 

methods. An attempt is made to scale our results to higher mass 

fluxes up to 2000 kg/m2s and the influence of buoyancy on this 

scaling method is discussed. Finally, the minimum required 

length of the cooler at a given wall temperature of 25°C is 

estimated using both the existing correlations as well as the 

present DNS-based prediction method. It is found, that 

predictions using these methods differ by up to a factor of two! 

None of the existing correlation agrees completely with our DNS 

results but a recommendation about the best correlation for 

future cooler design is given.  

1    INTRODUCTION 

1.1 MOTIVATION 

Various efficient recuperative Brayton Cycles using 

supercritical carbon dioxide (sCO2) as working fluid have been 

proposed by Dostal et al. [1] . Here, we use the version denoted 

as ‘advanced design’, in which the low-pressure part is at 7.7 

MPa, which is only slightly above the critical pressure of 7.38 

MPa. The cooler operates within a temperature range between 

68.9°C (inlet) and 32°C (outlet) corresponding to an enthalpy-

range between approximately 480 kJ/kg (inlet) and 300 kJ/kg 

(outlet). Under these conditions, the heat transfer within the 

individual channels of the cooler is difficult to predict and large 

uncertainties may arise. However, an accurate prediction of flow 

and heat transfer is important for the design and off-design 

characteristics of the cooler, because its outlet temperature 

influences directly the subsequent compressor. 

1.2 LITERATURE STATE 

In this enthalpy range the fluid properties T (temperature), ρ 

(density), cp (specific heat capacity), and λ (heat conductivity) of 

sCO2 undergo significant changes, figs. 1-4 [2]  

Figure 1: Temperature of sCO2 vs. the enthalpy at two 

pressures in MPa. 
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Figure 2: Same as figure 1 for the density. 

Figure 3: Same as figure 1 for the specific heat capacity. 

Figure 4:  Same as figure 1 for the heat conductivity. 

Due to the density increase the flow within the cooler 

channels of a compact heat exchanger experiences a drastical 

deceleration along the flow direction, which is from right to left 

in all figures throughout this paper. The turbulent heat transfer 

under these conditions is typically estimated or predicted by 

experimentally derived Nusselt correlations, which take the 

variable properties of sCO2 but no buoyancy into account, see 

[3]. It is well known that significant deviations between the 

results of various correlations occur [4] , leaving uncertainty 

about their accuracy and validity during design. However, with 

the Direct Numerical Simulation (DNS) a new powerful 

investigation method of turbulent flows has recently become 

available to investigate and predict the turbulent heat transfer of 

sCO2 [5-8]. It is based on the temporal and spacial numerical 

integration of the fundamental three-dimensional conservation 

equations of mass, momentum and energy, known as the Navier 

Stokes Equations. Unlike other numerical simulation methods 

the DNS does not require a turbulence model, because even the 

smallest scales of the turbulence structures are numerically 

resolved on a very fine mesh. This method is able to provide 

useful new information about the unstedy, turbulent velocity and 

temperature behaviour in a turbulent supercritical flow. 

Furthermore, it provides physically-based insight into the 

behavior of any flow quantity, which may be important in the 

design process. 

1.2 AIM OF THIS WORK 

In the present paper Direct Numerical Simulation is used to 

investigate the physical behaviour of flow turbulence in channels 

with a cirtcular cross section under the cooler conditions of the 

present cycle. A practical interpolation method to predict the wall 

temparature for any given wall heat flux, or vice versa, is derived 

from our simulation. Its results are compared to empirical heat-

transfer correlations. Thus, we aim to provide guidelines about 

the capabilities and uncertainties of existing heat transfer 

correlations for practical cooler design. Finally, the calculation 

of the minimum required lengh of the cooler under given wall-

temperature conditions is taken as an example to demonstrate the 

uncertainties. A recommendation about correlations, which are 

feasible for further calculations, is given. 

2 SIMULATION MODEL 

Direct Numerical Simulation (DNS) is based on the 

numerical integration of the fundamental conservation equations 

of mass, momentum and energy (Navier-Stokes Equations, NSE) 

within a three-dimensional integration domain, representing the 

flow field. Due to the absence of a turbulence model, a turbulent 

flow can only be simulated if all turbulent length and time scales, 

i.e. the motion and development of both the large and the small 

turbulent eddies, are numerically resolved. This leads to fine 

numerical grids, here 14.7 million cells, and small timesteps of 

the simulation. From the unsteady simulation results, many 

interesting local flow quantities can be derived by 3D 

visualization and statistical postprocessing. We have employed 

the low Mach number Navier-Stokes equations, in which it is 

assumed that during the heat transfer at supercritical pressure, 

the compressibility effects due to acoustic interactions and 

pressure changes can be decoupled from thermal interactions.  

In eq. (1) the time is t, the quantities xi and ui (i,j=1,2,3) are 

Cartesian coordinates and velocity components. As the 

properties, we have the viscosity μ(h), the density ρ(h), and the 

thermal conductvity λ(h). The local pressure is p, and the 

temperature T(h), where h the specific enthalpy. The unit vector 

in axial direction eax can be 1 (upward flow), -1 (downward flow) 

or zero (no gravity), with g = 9.81 kg/m2. δij is the Kronecker 

operator (1 for i=j or 0 for i≠j). The system represents the local, 
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instantaneous conservation of mass, momentum and enthalpy of 

a turbulent flow  
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The integration domain of our simulation model [9-10] is 

shown in fig. 5. It covers the region within a straight circular pipe 

with diameter D=2 mm and length L up to 60D. In this domain, 

the above NSE are integrated by the finite-volume method. 

 
Figure 5: Integration domain and boundary conditions. 

 

As boundary conditions, a flow of given mass flow rate G is 

imposed by adjusted pressure values at the flow inlet (right in 

fig. 5) and outlet (left). The pressure at the inlet is 8 MPa. The 

inlet temperature Tin is prescribed to fit cooler-relevant 

conditions. The wall is cooled with a given heat-flux density qw, 

except within a short adiabatic inlet section to allow for the 

development of turbulence before cooling is applied. The fluid 

properties are determined locally as functions of the enthalpy h. 

As part of the NSE, gravity is defined such that the flow is either 

upward or downward, denoted as ‘mixed convection’. An 

artificial case without gravity is denoted as ‘forced’. Turbulence 

develops under the influence of shear, deceleration, and 

buoyancy. The processed data from these simulations are 

available online1. 

 

3.1 PHYSICAL INTERPRETATION OF RESULTS 

We have investigated the physical aspects of turbulence 

development under wall-cooling conditions by an analysis of the 

small-scale flow structures [11-12]. The simulation results show 

the impaired heat transfer during downward flow and an 

enhanced heat transfer during the upward flow, contrary to the 

heating of sCO2 [5-8]. In the downward flow, heat transfer is 

deteriorated initially but soon enough a heat transfer recovery 

was observed (see fig. 6). The main reason for deteriorated heat 

1 At: https://www.ike.uni-stuttgart.de/forschung/sco2/dns/ 

transfer is the reduction in turbulence until z=20D in the 

downward flow due to the adverse effects of the body force as a 

result of buoyancy as evident from fig. 7, which shows the 

instantaneous mass-flux streaks in the near wall region. The 

turbulent streaks were visualized by the deviation from their 

temporal average. The formation and breakdown of streaks can 

be observed in the inlet section (z=0-5D). 

 

 
Figure 6: Iso-surfaces of streaks and vortex structure along the 

pipe for downward flow; blue: low speed streaks; green: high 

speed streaks; red: λ2 vortex criterion. 

 

 
Figure 7: Visualization of the instantaneous streaks for 

downward (top figure) and upward (bottom figure) flow at a 

wall normal location unwrapped at 2r/D=0.95 (y+=5.5) 
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 In the first 5D section, streaks start stretching close to the 

wall and this elongation later spreads to the bulk region. 

Moreover, the intensity of the streaks decreases significantly. 

The low-speed streaks disappear from the flow in the 

deteriorated heat transfer regime (z=10D-22D). Additionally, the 

high-speed streaks elongate, particularly in the streamwise 

direction indicating ‘rod-like’-turbulence structures in the near-

wall area for deteriorated heat transfer. The high-speed streaks 

become intense in their magnitude and ultimately start breaking 

down into smaller scales. The low speed streaks reappear after 

z=22D and hinder the further growth of the high-speed streaks. 

Both high and low speed streaks are present in the recovery zone 

in the near-wall region.  

Fig. 6 shows the iso-surfaces of low and high speed streaks 

along with the iso-surface of a vortex criterion (sometimes 

denoted as λ2) to visualize these and other coherent turbulent 

structures. It starts reducing in the downstream direction and 

shifts away from the wall. The low-speed streaks are suppressed 

and the intensity of the coherent structure is reduced 

significantly. Moreover, high-speed streaks survive in the flow 

of the deteriorated heat transfer regime and are stretched in the 

streamwise direction in the near-wall region as observed earlier. 

After the reappearance of additional low-speed streaks at z=15D, 

the λ2 vortex also starts increasing and interestingly the coherent 

structures are superimposed mainly on the high-speed streaks as 

highlighted with black circles. 

Contrary to downward flow, the upward flow does not 

exhibit the elongated streaks in streamwise direction. Here, both 

low and high speed streaks remain in the flow throughout the 

pipe at all three depicted locations (refer fig. 7). Due to buoyancy 

and deceleration effects, the intensity of these streaks also 

increases in the streamwise direction. These streaks also widen 

in the circumferential direction as compared to downward flow. 

Both low and high streaks are more intense in the upward flow. 

 
Figure 8: Radial distribution of IIIb; solid lines: upward flow 

and dashed line: downward flow 

 

Figure 8 shows the third invariant of Reynolds stress anisotropy 

tensor (IIIb=bijbjkbki/3, where bij is the Reynolds stress anisotropy 

tensor). It carries information about the nature of the anisotropy.  

In [10] we have presented it along the wall-normal direction at 

different streamwise locations in the ‘Lumley-Trirangle’. The 

third invariant has a negative value for the disk like structure 

(oblate structure) of turbulence and a positive value when the 

turbulence has the rod-like structure (prolate structure). In case 

of upward flow, third invariant becomes negative close to the 

wall and it indicates that turbulence structure is becoming disk-

like in which only two principal stresses have significant 

magnitudes. Due to this disk-like feature, all turbulence 

structures are stretched in two directions and squeezed in the 

third direction. As expected, the downward flow has a 

completely different turbulence close to the wall compared to the 

upward flow. At z = 15D, the third invariant has a positive value 

which indicates, that turbulence became rod-like, i.e., elongated 

in one direction only. A transition back to the normal state can be 

seen at z = 27.5D where the turbulence recovery was observed. 

The turbulent state remains anisotropic in the near-wall region, 

while only at the center of the pipe, turbulence becomes 

isotropic. This explains why the flow is difficult to model. 

 

3.2 WALL QUANTITIES 

In figs. 9 and 10 the wall temperature of simulations with G 

= 53.8 kg/m2s and qw=30.87 W/m2 (denoted as low heat flux) or 

qw=61.74 kg/m2s (denoted as high heat flux) are presented for 

both upward and downward flow in the cooler range of the bulk 

enthalpie 

w
b in

q z
h h

G D
                   ,            (2) 

where hin is the enthalpy at the inlet position z=0, where the 

cooling begins. The bulk enthalpy represents at any axial 

position z the energy content in a flow.  

 

   

 
Figure 9: Upward flow with G = 53.87 kg/m2s. Bulk 

temperature (black) and wall temperature for low (green) and 

high wall heat flux (brown) vs. the enthalpy h. 
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For the low heat flux two simulations with different inlet 

temperatures 342 K~69°C and 322 K are presented, producing 

an overlap region, where the flow is not fully developed.  

 

The heat transfer is enhanced by buoyancy in the upward flow 

case compared to the downward flow case due to the unstable 

thermal stratification (light below heavy fluid) and the associated 

turbulence production. The forced convection, no gravity, case 

for the same parameters is presented in fig. 11. 

 
Figure 10: Same as the previous figure for downward flow. 

 

 

 
Figure 11: Same as the previous figure for the case without 

gravity (forced convection case). 

 

This can be explained by the increased (liquid-like) 

viscosity near the wall when the larger heating is applied.  

As a DNS result not only the wall temperature but also the 

wall shear stress is obtained, presented in fig. 12 for the forced 

convection case. It is interesting that for the high heat flux case 

the wall shear stress is larger that for the small heat flux case. 

The no-gravity case does not exist physically at this mass 

flux. However, for the purpose of extrapolation to higher mass 

fluxes it becomes relevant, see below. The small kink at the end 

of the DNS domain, also observed in fig. 9, is due to a low-range 

upstream influence of the imperfect constant-pressure outflow 

boundary condition. 

 

 

 
Figure 12: The wall shear stress for forced convection flow 

with G = 53.87 kg/m2s. For low (green) and high wall heat flux 

(brown) vs. the enthalpy h. The constant-property value is 

shown for comparison (black). 

 

 

3.3 POLYNOMIAL APPROXIMATION 

In order to make our DNS results applicable to engineering 

analysis, we have approximated their wall temperature by least-

squares polynomial fits, see figs. 13-15. Strictly, a functional fit 

is only meaningful, if the flow can be treated locally, or in other 

words, regarded as ‘fully developed’. As this is not the case 

under some conditions, we have to make this assumption as an 

approximation! All regions in which we subjectively have 

classified the flow as non-fully developed have therefore be 

removed ‘by hand’ from our data befour the polynomial fit was 

made. This leaves some gaps in the data, which where bridged 

by the polynomials. 

 

 
Figure 13: Polynomial fits of the wall temperature, upward flow. 
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Figure 14: Same as the previous figure for downward flow. 

 
Figure 15: Same as the previous figure for flow without gravity 

influence (forced flow). 

 

 
Figure 16: Polynomial fits of wall shear stress for forced flow. 

 

At each enthalpy station, three values of the wall 

temperature are available: The bulk temperature corresponding 

to no wall heating, and two temperatures for the two heating 

rates. From these data the wall heat flux for any given wall 

temperature can be obtained by piecewise linear interpolation. 

Extrapolation should be avoided.  

In order to demonstrate, that this method is also feasible 

for the wall shear stress, we present the curve fits of fig. 16 for 

the forced convection case. As the third data point the constant-

property value of the wall shear stress can be used. However, in 

this paper the wall shear stress is not investigated further. 

 

The range of validity of our method is: 

 

 pipe diameter is 2 mm 

 pressure is close to 80 bars 

 mass flux density is G = 53.78 kg/m2s 

 enthalpy is in the range between 300 and 480 kJ/kg 

 

 
Figure 17:  Wall heat flux obtained with our interpolation 

method at G = 53.78 kg/m2s for an assumed wall temperature 

of 25°C, red: upward, blue: downward, green: forced flow 

Next, this interpolation method is used for some practical 

calculations related to the cooler. Let us make the approximation, 

that the wall temperature of the (primary) sCO2-side of the cooler 

is TW = 25°C. We may regard our investigation as a limiting case, 

because this can in practice be achieved only approximately by 

a high mass flux of the secondary side with a fluid (e.g. water) 

of that temperature. With this assumption, the wall heat flux of a 

representative channel of the cooler can be determined by our 

interpolation method as a function of the enthalpy, see fig. 17. 

 

From the figure it becomes obvious that the upward flow is 

favorable because leads to the highest heat flux over almost the 

entire enthalpy range due to buoyancy production of turbulence. 

However, this result has little practical value, because in practice 

the mass flux G will be much higher (up to 2000 kg/m2s) and the 

influence of buoyancy may disappear with higher mass flux. 

 

4.1 SCALING TO HIGHER MASS FLUX  

We can expect that the effect of buoyancy decreases with 

higher mass flux. Therefore, the question must be investigated 

next, for which mass flux buoyancy can be neglected. 
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A buoyancy parameter 
*

*

3.425 0.8Re Pr

Gr
Bo   (3) 

  has been defined in [13] for gases on the basis of the 

Reynolds- und Grashof numbers 
2 4

*

2
Re ; b b w

b b b

g q DGD
Gr

 

  
     . (4) 

This parameter can be used as an indicator to determine 

whether buoyancy has an effect:  buoyancy can be neglected if it 

is smaller than 10-6 [13]. This applies for our cooler channel 

cases with G > 500 kg/m2s as shown in fig. 18. In the other cases 

buoyancy should be considered. With this information it 

becomes clear that the forced convection case is important for 

further consideration. 

 
Figure 18:  Buoyancy parameter Bo* as a function of the bulk 

enthalpy for various mass-flux densities G under the 

assumption of Tw = 25°C, - - - - limiting value. 

 

4.2 COMPARISON TO EMPIRICAL CORRELATIONS  

In the following we will assume, that buoyancy has no 

effect. The heat transfer of such forced convection has been 

approximated with various empirical correlations given in [3], 

which are compared for G = 53.78 kg/m2s in fig. 19 with our 

forced convection case. None of the existing correlation agrees 

exactly with our DNS results but a recommendation, which 

correlation can be used for practical calculations is given as 

follows: 

 Bringer and Smith gives good prediction for a low 

enthalpy range but underestimate it if h > 350 kJ/kg, 

 Pitla et al. overestimate the heat flux drastically, in the 

region h > 400, 

 Krasnochekov et al. and Baskov et al. overestimate 

the heat flux drastically, 

 Jackson’s as well as Mokry-Poiro’s correlation have 

been developed for wall heating but for cooling they 

underestimated the heat flux only slightly. They can 

be recommended for further use. 

 

 
Figure 19: Wall heat flux at G = 53.78 kg/m2K for various 

correlations and our DNS results for forced convection (green). 

 

4.3 SCALING TO HIGHER MASS FLUX  

A DNS for higher mass flux cannot be performed due to the 

extremely high numerical effort, that would be necessary. 

Therefore, we make an attempt to develop a scaling method. 

Table 1 presents a list of the exponents used in the Nusselt 

correlations of the form 

    
 

Nu Re Pr

p s

n mw b b

b b b

b w b w w

q D
C

T T

 

  

   
     

    
  . (5) 

 If the mass flux density G changes only the Reynolds 

number will change and all other quantities remain constant due 

to our assumption of a constant wall temperature. Table 1 gives 

an overview of n used by the correlations given in [3]. Values are 

in the range 0.55 < n < 0.82.  

A scaling method relates two mass fluxes G1 and G2 to the 

two corresponding heat fluxes qw1 and qw2 using a power law 

with the exponent n 

2 2

1 1

n

w

w

q G

q G

 
  
 

   . (6) 

Table 1: The exponent n in the correlations given in [3]  

 

Authors year n 

Bringer & Smith 1957 0.77 

Yoon et al. 2003 0.69 

Son and Park 2006 0.55 

Oh and Son 2010 0.7 

Jackson 2002 0.82 

Huai and Koyama 2007 0.8 

Lee et al. 2013 0.56 

Saltanov 2015 0.823 

Simoes et al. 2008 0.8 
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As case 1 the above presented simulation case with G = 

53.78 kg/m2s is used. Case 2 is a case with an arbitrary higher 

heat and mass flux. No theoretical, value of n exists. In the 

following we use n = 0.55 and n = 0.8 in order to provide some 

guidelines. The same deviations as above are observed for high 

mass flux G = 1000 kg/m2s, fig. 20. 

 

 
Figure 20: Wall heat flux at G = 1000 kg/m2s (right), for 

various correlations and our DNS results, scaled with n = 0.8, 

for forced convection (green). 

 

4.4 MINIMUM LENGTH OF THE COOLER 

The minimum length L of the heat exchanger, which is at 

least necessary to the transfer the heat necessary to cool the CO2 

to the desired outlet temperature, is 

1
.

4

h
out

wh
in

G D
L dh

q


   (7) 

     Numerical values are presented in fig. 21 calculated with 

various correlations and the present method as a function of G. 

Again, large deviations between the results appear. 

 

 
Figure 21: Minimum length L of the cooler calculated with 

correlations and our forced case with n = 0.8 and n = 0.55. 

 

 

 

 

 

5. CONCLUSIONS  

Direct numerical simulations have been performed to 

investigate the flow and heat transfer of supercritical CO2 within 

representative channels of the cooler (condenser) of a proposed 

Brayton Cycle. The wall-temperature obtained from DNS for 

two cases with different wall heat fluxes are smoothed and fitted 

with a 3rd-order polynomials to constitute a practical prediction 

method for the wall heat flux at any given wall temperature based 

on interpolation. It is also found, that predictions of the minimum 

cooler length using the various methods differ by up to a factor 

of two! None of the existing correlation agrees completely with 

our DNS results but a recommendation, which correlation can be 

used for practical calculations is given.  

 

NOMENCLATURE 

C  - constant in a correlation 

pc  /kJ kgK  specific heat capacity 

g  2/m s  gravity acceleration 

G  
2/kg m s  mass flow density 

Gr - Grashof number 

D m  pipe diameter 

h  /kJ kg  specific enthalpy 

L  m  minimum length of the cooler 
n  - exponent of Re in a correlation 

Nu - Nusselt number 
m  - exponent  in a correlation 
p  Pa  pressure 

Pr - Prandtl number 

wq  2/kW m  wall heat flux 

Re - Reynolds number 
s  - exponent  in a correlation 
t  s  time 

T  K  temperature 

iu  m s  velocity component 

  1/ K  thermal expansion coefficient 

  /W mK  heat conductivity 

  Pa s  dynamic viscosity 

  3/kg m  density 

w  Pa  wall shear stress 

Indices 

ax axial direction 

b bulk 

in inlet 

pc pseudo critical 
w  wall 
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ABSTRACT 

Motivated by the Fukushima accident, innovative heat 

removal systems for nuclear power plants are currently under 

investigation. One of them is the supercritical carbon dioxide 

(sCO2) heat removal system, a closed Brayton cycle with sCO2 

as working fluid. ATHLET (Analysis of THermal-hydraulics of 

LEaks and Transients) has been used to simulate the interaction 

of the heat removal system with the nuclear power plant. 

However, the component models need further development and 

validation. 

In this paper, a general approach for the simulation of heat 

exchangers is applied to a compact heat exchanger (CHX), 

including the heat transfer and pressure drop correlations used in 

ATHLET. Based on stationary experiments of a two-plate CHX, 

dimensionless form loss coefficients for the sCO2 inlet and outlet 

plenum are derived. In a second step, these coefficients are used 

as input values for a model, which solves the conservation 

equations for momentum and energy for a representative 

H2O/sCO2 channel pair. The results of the ATHLET simulations 

are in good agreement with the experiments. Compared to the 

mean values of the experiments, almost all simulated cases yield 

a deviation of less than 10 %, concerning transferred power and 

the pressure drop on the sCO2-side. 

INTRODUCTION 

In case of a station blackout and loss of ultimate heat sink 

accident scenario in a boiling water reactor (BWR) or 

pressurized water reactor, the plant accident management 

strongly depends on the availability of electricity, e.g. provided 

by emergency diesel generators or external measures. If not 

available, core integrity will be violated, like in Fukushima 

Dachii. Such scenarios lead to the development of advanced 

decay heat removal systems. Since space is a limitation in 

existing power plants, the supercritical carbon-dioxide (sCO2) 

heat removal system “sCO2-HeRo” was proposed [1], [2]. This 

system consists of a compact heat exchanger, a gas cooler, 

serving as the ultimate heat sink, and the turbomachinery, one 

compressor and a turbine mounted on one shaft. Since the turbine 

is generating more electricity than is used by the compressor and 

the electrical driven fans of the gas cooler, the system is self-

propelling and self-sustaining. The excess electricity can even be 

used to support other accident measures. sCO2 is selected as 

working fluid because of its favorable fluid properties, enabling 

the design of a very compact system. Moreover, sCO2 is not 

combustible, non-toxic and commercially available. The design 

of a compact system is beneficial because it enables the reduction 

of material consumption and cost. In the case of the safety 

system, especially a compact CHX is necessary because the 

space in the containment of existing reactors is limited. 

Furthermore, for next generation power cycles reduced material 

consumption enables steeper transients during the operation. 

Figure 1: sCO2 heat removal system attached to a BWR [1] 

Figure 1 shows a scheme of the sCO2-HeRo system attached 

to a BWR. In the case of an accident the valves, which connect 
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the CHX to the main steam line, open automatically. Driven by 

natural convection, the steam condenses in the primary side of 

the CHX and thereby heats the sCO2 in the secondary side of the 

CHX. The pressurized and heated sCO2 is expanded in the 

turbine, which drives the compressor and generates power for the 

fans of the gas cooler. After the turbine, the remaining heat of the 

sCO2 is removed in the gas cooler to the ultimate heat sink. 

Finally, the sCO2 is compressed and re-enters the CHX. 

For the simulation of the thermo-hydraulic behavior of 

nuclear power plants, different system codes are used, e.g. 

CATHARE, RELAP, TRACE and ATHLET [3]. Because sCO2 

is considered as a working fluid for 4th generation reactor 

concepts as well as for the proposed heat removal system, work 

is in progress to extend these system codes for the simulation of 

sCO2 power cycles [1], [4]–[6]. Venker investigated the 

feasibility of the sCO2-HeRo approach in detail and 

implemented first extensions in the ATHLET code for the 

simulation of the heat removal system. Among other things, heat 

transfer and pressure drop correlations for sCO2 were 

implemented and validated with experimental data. In the frame 

of the sCO2-HeRo-project further reports and studies were 

published, including experiments with a two plate CHX [2], [7]. 

In this paper, these experimental results are used to 

investigate and validate a correlation-based approach to model a 

CHX. The extensions and first validations of the thermo-

hydraulic system code ATHLET (Analysis of THermal-

hydraulics of LEaks and Transients) are summarized and 

discussed. Firstly, the experiments are briefly described and 

secondly, the modelling approach and the relevant correlations 

are explained in detail divided into a general, heat transfer and 

pressure drop section. Thirdly, the results are discussed in the 

same manner. In the end, the conclusion provides the most 

important findings and an outlook to future research activities. 

EXPERIMENTS 

The two-plate CHX test configuration consists of one H2O 

and one sCO2 plate, each with 15 rectangular channels. A 

detailed description of the set-up and the conducted experiments 

by using the SCARLETT test facility and a steam cycle at the 

IKE is given in [7]. The sCO2 plate is schematically shown in 

Figure 2. The channel length is 150 mm and the length of each 

plenum is 13 mm, which results in a total inner length of 

176 mm. The rectangular channels have a width of 2 mm and  a 

height of 1 mm, which is also the height of both plenums. The 

inlet and outlet pipe of each plenum has an inner diameter of 

10.2 mm and is attached perpendicular to the plate. For the H2O 

side the geometries are the same. The heat transfer experiment 

with the CHX were performed in counter-current-flow 

configuration, so the H2O and sCO2 inlet are located at the 

opposite ends of the two-plate heat exchanger. 

The experiments were carried out for three different sCO2 

inlet pressures, namely 9.5 MPa, 10 MPa and 11 MPa. For each 

inlet pressure, 12 measurements were conducted, mainly with a 

high H2O mass flow rate and varying sCO2 mass flow rates. The 

sCO2 inlet temperature was between 38.8 °C and 39.6 °C and the 

H2O inlet temperature between 284.8 °C and 285.6 °C. It is 

assumed that the steam enters the CHX saturated, so the pressure 

is around 7 MPa.  

Figure 2: sCO2 plate [7] 

Case 5, which yielded the highest transferred power, is used 

as a reference in the results section to illustrate the simulation 

results. The parameters of case 5 are summarized in Table 1.  

Table 1: Experimental values of case 5 

Inlet Outlet 

𝒑𝑺𝑪𝑶𝟐 in MPa 10.95 10.91 

𝝑𝑺𝑪𝑶𝟐 in °C 38.8 45.5 

�̇�𝑺𝑪𝑶𝟐 in g/s 36.5 

�̇�𝑺𝑪𝑶𝟐 in kW 1.15 

𝒑𝑯𝟐𝑶 in MPa 7.03 7.02 

𝝑𝑯𝟐𝑶 in °C 285.5 38.8 

�̇�𝑯𝟐𝑶 in g/s 0.50 

�̇�𝑯𝟐𝑶 in kW 1.30 

Deviations in the calculated transferred powers on the H2O and 

sCO2 side, which can be calculated from the experimental values 

of both sides, are caused by measurement uncertainties, heat 

losses and the fact that temperature and pressure are measured 

not directly at the inlet and outlet of the CHX. This also caused 

the equality of the sCO2 inlet and the H2O outlet temperature. 

Therefore, the simulated transferred power is compared against 

the mean of the experimental values. 

MODELLING APPROACH 

Since the CHX is only one component of the heat removal 

system and the interaction with the nuclear power plant will be 

analysed in the future the goal is to develop a fast and sufficiently 

accurate model. In ATHLET no specific CHX model exists. 

Therefore, the basic heat exchanger modelling approach was 

applied. Instead of modelling the entire heat exchanger, only a 

representative pair of channels is modelled and then scaled by 

the number of channels. Additionally, the pressure drop in each 

plenum is modeled by a form loss coefficient. In ATHLET a 

minimum pressure drop or gain caused by a change in the cross 

sectional flow area is already considered. However, the 

measured pressure loss is considerably higher due to the 

perpendicular attached tubes and the geometry of the plenum. 

31



Therefore, additional form loss coefficients at the inlet and outlet 

junction of the heat exchanger are necessary. In the experiment, 

heat transfer also occurs in the plenum. However, due to the 

geometry of the plenum and the inlet effects, the amount of heat 

transferred in the plenum is relatively small. Therefore, the 

plenum is not modelled by an explicit subvolume but is reduced 

to a junction related pressure drop. Consequently, the length of 

the CHX in the simulation is equal to the channel length. In 

Figure 3, the nodalisation of the sCO2 side is shown. 

 

 
Figure 3: sCO2 side nodalisation scheme 

 

ATHLET distinguishes between circular channels and other 

geometries. Other geometries like rectangular channels 

geometry are characterized by flow area and hydraulic diameter. 

It is worth noting, that the heat transfer area can be selected 

independently from the channel geometry if a plate configuration 

is chosen. The heat transfer area of one subvolume is the product 

of the channel length and the plate width. The length of one 

subvolume is fixed by the chosen number of subvolumes but the 

plate width 𝑤 and the plate thickness 𝛿 can be selected by the 

user. This plate object, as shown in Figure 4, is the connection 

between the sCO2 and H2O side. In ATHLET it also referred to 

as heat conduction object. 

 

 
Figure 4: Plate heat conduction in ATHLET (single layer) 

 

For this case, the appropriate plate width and the resulting 

heat transfer area can be selected by taking into account a few 

considerations. In the cross-sectional view, the width over which 

heat is transferred is the perimeter of the channel. However, the 

temperature distribution and the heat transfer are not uniform, 

especially for the two-plate configuration. The major part of the 

heat transfer occurs directly between the two channels, leading 

to the highest temperature difference in this region. On the 

opposite side of the plate, which is insulated against heat losses 

to the environment, the temperature difference and the 

transferred power are much smaller. In Figure 5, the two-

dimensional steady state temperature distribution calculated with 

a finite volume method inside the two-plate configuration is 

shown. It is assumed that the heat transfer for each channel is 

symmetrical. Therefore, the channel middle is located on the 

right border of the diagram and the middle between to channels 

on the left border. Since top and bottom are insulated, all 

boundaries are adiabatic. The symmetry assumption is only 

partly valid because the total number of channels is small. 

However, this simulation is sufficient to evaluate the effects of 

the non-uniform temperature distribution of this configuration. 

The highest temperature gradient can be observed directly 

between the channels. However, also the side walls and even the 

opposite wall contribute to the heat transfer. Therefore, the 

thermal resistance of the whole configuration should be 

considered.  

 
Figure 5: Temperature distribution between two half channels 

with adiabatic boundary conditions (not in scale) 

 

Since the heat transfer is modelled by a simple single layer 

plate configuration in ATHLET, the correct thermal resistance 

must be specified by selecting adequate values for the plate width 

and thickness. As mentioned before the plate width should be the 

perimeter of the channel. When this parameter is fixed an 

effective plate thickness can be determined by comparing the 

thermal resistance of the simulated configuration to the simple 

plate configuration used in ATHLET. For the comparison the 

mean value of the heat transfer coefficient and the wall 

temperature along the channel length are calculated. Then the 

effective plate thickness can be determined by applying the mean 

values to both sides of the simple plate configuration. This 

calculation is conducted for various flow conditions inside the 

channels in order to evaluate if a constant value of 𝛿 is sufficient 

to describe the heat transfer characteristic of this configuration. 

150 mm 

𝜉𝑓𝑜𝑟𝑚,𝑖𝑛 𝜉𝑓𝑜𝑟𝑚,𝑜𝑢𝑡 

subvolume junction 

source sink representative channel of the CHX 

𝛿: effective plate thickness (input) 

∆𝑙: length of subvolume 
𝑤: plate width (input) 

∆𝑙 
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Graphically the effective plate thickness can be interpreted as a 

mean distance for the heat transfer between the two channels. 

The resulting value is always higher than the geometrical 

distance between the channels. Boundary effects like heat losses 

are not considered because they were assumed negligible. 

Since the heat transfer coefficient is temperature dependent, 

its local value also varies along the channel perimeter in addition 

to the local value of the wall temperature. However, in ATHLET 

the heat transfer coefficient and the temperature difference are 

constant in one subvolume and, therefore, also along the channel 

perimeter. If these constant values are not equal to the mean 

values of the real configuration, then a correction factor 𝐶𝑐𝑜𝑟𝑟 is 

required in the equation of the transferred power �̇�, given by 

�̇� = 𝐶𝑐𝑜𝑟𝑟ℎ𝐴∆𝑇. ( 1 ) 

Mathematically, the correction factor is the product of the 

correction factors of the heat transfer coefficient ℎ and the 

temperature difference ∆𝑇. The exact value of the factor depends 

on the set-up and on the conditions inside the channels. Its value 

can also be determined from the steady state heat conduction 

analysis. If the factor is constant, it can be included in the plate 

width calculation. 

 

Heat transfer 

The heat transfer coefficient ℎ is calculated by using 

correlations on both sides. For the sCO2 side, the heat transfer 

coefficient is calculated with the Gnielinski correlation [8], 

which is valid for Reynolds numbers between 2300 and 106 and 

Prantl numbers from 0.6 to 2000. Reynolds, Prandtl and Nusselt 

number including the friction factor 𝜉 can be calculated by 

𝑅𝑒 =
𝜌𝑢𝑑ℎ

𝜂
, ( 2 ) 

𝑃𝑟 =
𝜂𝑐𝑝

𝜆
, ( 3 ) 

𝑁𝑢 =
(

𝜉

8
)(𝑅𝑒−1000)𝑃𝑟

1+12.7√(
𝜉

8
)(𝑃𝑟2/3−1)

, ( 4 ) 

𝜉 = (1.82 log(𝑅𝑒) − 1.64)−2. ( 5 ) 

 

For the proximity to the critical point, different modified 

correlations have been proposed. However, the best correlation 

must still be identified. Additionally, the conducted experiments 

are at least 2.1 MPa above the critical point. Moreover, the 

impact of a modified correlation on the overall heat transfer 

would be quite small, as it will be explained in the results section. 

Therefore, no further modified correlation was implemented on 

the sCO2 side. On the H2O side, two regimes occur, namely first 

film condensation and afterwards forced convection to the liquid. 

For the film condensation, the ATHLET correlations were 

improved and now the correlations given in [9], [10] are used. 

The Nusselt number is calculated for the laminar and turbulent 

film taking into account the film Reynolds number  

𝑅𝑒𝑓 =
�̇�𝑓

𝜂𝑓𝑏
=

(𝜌𝑢)𝑓(1−𝜀)𝑑ℎ

4𝜂𝑓
= 0.25𝑅𝑒(1 − 휀), ( 6 ) 

with the liquid film mass flow rate �̇�𝑓, the viscosity of the film 

𝜂𝑓 and the width of the cooling surface 𝑏. In this case, 𝑏 is equal 

to the perimeter of the channel. Applying the common relation 

for the hydraulic diameter 𝑑ℎ = 4𝐴𝑐/𝑈𝑐, the equation can be 

transformed to the form implemented in ATHLET. However, it 

is important to note that the film Reynolds number differs by a 

factor of 0.25 and one minus the void fraction 휀 from the 

common definition of the Reynolds number used in ATHLET 

[11]. The film Reynolds number increases with increasing �̇�𝑓 

and decreasing 휀. The correlation of the Nusselt number for the 

laminar film [9], [10], which dominates the heat transfer on the 

steam side, is given by 

𝑁𝑢𝑓 =
ℎ𝑓 √𝜈𝑓/𝑔

3

𝜆𝑓
= 0.693 (

1−𝜌𝑣/𝜌𝑓

𝑅𝑒𝑓
)

1/3

. ( 7 ) 

The properties 𝜈𝑓, 𝜆𝑓 and 𝜌𝑓 are determined at the film 

temperature, which is the average of the wall surface and fluid 

bulk temperature. To reduce the calculation effort, for 𝜌𝑓 the 

density at liquid saturation is taken in ATHLET. The vapor bulk 

density 𝜌𝑣 is calculated at the bulk temperature and 𝑔 is the 

acceleration due to gravity. Equation 7 contains a factor 𝑅𝑒𝑓
−1/3, 

which results in a decreasing Nusselt number for increasing �̇�𝑓, 

which is reasonable because the liquid film at the wall inhibits 

the heat transfer. The turbulent Nusselt equation is completely 

empirical and more complicated. In this region, the Nusselt 

number increases again with increasing 𝑅𝑒𝑓. The laminar and 

turbulent equation are combined together, including a few 

correction factors. However, due to the small size of the 

channels, the heat transfer coefficient is dominated by the 

laminar equation. 

The basic Nusselt correlation for laminar film condensation 

was derived analytically for steam condensing on a vertical plane 

and flowing down driven by gravity. Depending on the real 

configuration, different shear stress corrections can be applied. 

Since, the H2O flows downward driven by gravity and a small 

circulation pump, the model for “vertical pipe, rectified flow” [9] 

is most applicable. However, the ATHLET CHX simulations 

yield the same velocity for the gas and liquid phase. 

Consequently, the relative velocity and the shear stress is zero 

and therefore the “uncorrected” equation is used. Additionally, 

the small size of the channels might affect the heat transfer. Since 

the exact contribution of small channels is unclear, the effect is 

neglected in this analysis for both, sCO2 and H2O. 

The heat conduction through the plate is modeled as 

described in ATHLET Models and Methods [11]. The plate is 

modeled as a single layer and for the material properties, the built 

in functions of austenitic stainless steel are used. In the input the 

thickness of the plate must be specified. The thickness of the 

plate can be chosen equal to the direct distance between the 
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channels. However, a slightly higher value might be more 

realistic, because heat transfer occurs over the whole surface of 

the channel as mentioned before. Since the heat flow is 

perpendicular to the isotherms, the average conduction length is 

longer than the direct distance. The influence of the chosen 

thickness is analyzed in the results section in more detail. 

 

Pressure drop 

The occurring pressure drop on the sCO2 side can be sub-

divided into the pressure drop of the inlet plenum, the channel 

pressure drop and the outlet plenum pressure drop. The pressure 

drop in the channel is derived from the Colebrook equation, 

which is recommended for normal pipes as well as for mini-

channels [12]. The implicit correlation is approximated 

explicitly according to [11]. In order to calculate the channel 

pressure drop the wall roughness of the channel must be 

provided.  The inlet and outlet plenum pressure drop can also be 

calculated with the equation used in ATHLET [11], 

𝛥𝑝𝑝𝑙𝑒𝑛𝑢𝑚 = 𝜉𝑓𝑜𝑟𝑚
�̇�2

2𝜌
. ( 8 ) 

An appropriate value for the loss coefficient 𝜉𝑓𝑜𝑟𝑚 must be given 

for the inlet and the outlet plenum. A single from loss is not 

sufficient for both plenums because the inlet and the outlet 

density are different depending on the amount of transferred 

heat. In order to determine the coefficients a single sCO2 channel 

with constant heat input over the channel length was modelled in 

Matlab. The model solves the momentum conservation equation 

including the ATHLET correlations and determines the form loss 

coefficients by a best-fit method, minimizing the deviation 

between the experimental and simulated pressure drop. Instead 

of a constant heat input per channel length, it is also possible to 

implement the heat transfer and energy conservation equations 

to improve the best-fit method further. However, it was found 

that the first simple method provides good results, as shown in 

the results section.  

 

RESULTS AND DISCUSSION 

The correction factor for the transferred power given in 

Equation 1 and the effective thickness of the plate are determined 

by performing the two dimensional heat conduction calculations 

for various conditions covering the entire experimental range. 

For all simulated cases, the effective thickness is around 3.3 mm 

and the correction factor is around unity. The deviations are 

smaller than 6 % for both parameters.  Therefore, no adaption of 

the plate width is necessary and it is chosen equal to the channel 

perimeter, which is 6 mm. The form loss coefficients for the inlet 

and outlet plenum, derived with Matlab, are 27.75 and 2.71, 

respectively. These coefficients must be divided by the square of 

channel cross sectional area for the use in equation 8 and in 

ATHLET. For the wall roughness of the channels, a value of 

5 µm was selected. The influence of the number of subvolumes 

in the CHX was analyzed by varying the number between 5 and 

40. An increasing number of subvolumes leads to a higher 

accuracy but also to a higher calculation effort. It was found that 

the calculation time increases almost linearly with the number of 

subvolumes. Finally, 10 subvolumes were chosen because a 

further increase to 40 subvolumes changes the transferred power 

only by less than 2 %. Decreasing the number of subvolumes to 

5 subvolumes leads to a unstable transient behavior. 

Consequently, 10 subvolumes yield a fast and accurate 

representation of the CHX. 

 

Heat transfer 

Figure 6 displays the deviation of the simulated transferred 

power from the experimental values. Only four cases deviate by 

more than 10 % from the experimental value. The maximum 

deviation is 11.7 %. All higher deviations occur at lower 

transferred powers where less experimental data are available. 

Moreover, all but one simulated value are in the interval which 

is defined by the transferred power for H2O and sCO2, derived 

from the experiments. In addition, the only value, which is 

located outside the interval, differs by less than 1 % from the 

mean experimental value. This is no contradiction because for 

this case the power calculated from the experimental values 

agree very well with each other. The difference between the 

power calculated from the experimental values for H2O and 

sCO2 can be explained by the experimental set-up and the 

measurement accuracy, as described in the experimental section. 

Altogether the simulation predicts the experimental values very 

well. Therefore, no further adaptions to the heat transfer 

correlations were considered here, as mentioned in the last 

section. The slight over-prediction of the transferred power 

might be related to the fact that heat losses were neglected in the 

simulations. 

 
Figure 6: Simulated transferred power compared to the 

experimental values, in between the dashed lines the deviation is 

less than 10 % 

 

In the following, case 5 of the experiments is discussed as 

an example. The boundary conditions for this case are given in 

the experimental section (Table 1). The simulated temperature 

profile of case 5 is shown in Figure 7. It includes the sCO2 and 

H2O bulk temperature and the wall temperature on both sides. 

The wall temperature, as well as the heat transfer coefficient and 

the transferred power are calculated per subvolume. Therefore, 

these values are plotted over the midpoint of each subvolume.  

On the left side of the diagram, the sCO2 inlet and the H2O outlet 
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are located. Due to the high heat capacity rate of sCO2 compared 

to H2O and the high overall heat transfer coefficient during the 

film condensation, the steam is condensed completely in the first 

third of the heat exchanger starting from the H2O inlet. After the 

condensation forced convection cools down the water further. In 

ATHLET, the two regimes are connected with a cosine-shape 

interpolation. Therefore, the transition is smooth and does not 

cause numerical difficulties. 

 
Figure 7: Simulated temperature profile in the CHX for case 5 

 

The cosine-shape interpolation used in ATHLET is controlled by 

the void fraction, which is displayed in Figure 8. For a void 

fractions higher than zero and lower than 0.03 the two regimes 

are interpolated. From Figure 8 it is also visible that the steam 

quality drops below zero before the void fraction reaches zero. 

Therefore, at the end of the condensation process the steam is 

subcooled before it condenses completely. This effect is due to 

the ATHLET models which allow meta-stable states. 

 
Figure 8: Steam quality and void fraction for case 5 

 

During the film condensation the heat transfer coefficient on 

the H2O side, displayed in Figure 9, is relatively high starting at 

16 kW/m²K. The coefficient declines due to the increasing film 

thickness, which inhibits the heat transfer. The sCO2 heat transfer 

coefficient is also relatively high with 4 kW/m²K at the sCO2 

outlet. However, compared to H2O the coefficient is about two 

to four times lower during the condensation process. Therefore, 

the wall temperature is close to the H2O temperature. After the 

condensation, the heat transfer coefficient of H2O drops below 

2 kW/m²K. As a result of the low H2O side heat transfer 

coefficient, the wall temperature is close to the sCO2 temperature 

in this section of the heat exchanger. Since the average of the 

wall temperature and sCO2 bulk temperature, which is used for 

the calculation of the heat transfer coefficient, is close to the 

pseudo-critical temperature, the heat transfer coefficient of sCO2 

increases further. The peak in the heat transfer coefficient on the 

sCO2 side is mainly caused by the peak of the specific heat 

capacity at the pseudo-critical point. 

 
Figure 9: Simulated heat transfer coefficients for H2O and sCO2 

for case 5 

 

Close to the critical pressure and pseudo-critical 

temperature, improved correlations might provide the sCO2 heat 

transfer coefficient with a higher accuracy. However, due to the 

low H2O side heat transfer coefficient, the overall heat transfer 

coefficient and, therefore, the simulation results are affected 

scarcely. Thus, in this case no adaption of the heat transfer 

correlation is necessary. Summarizing, during the condensation, 

the sCO2 side limits the overall heat transfer coefficient. After 

the condensation, the low heat transfer coefficient on the H2O 

side strongly inhibits the heat transfer. 

Because of these two facts, almost all the heat is transferred 

in the section where the condensation takes place. This is directly 

visible from the transferred power per channel length, shown in 

Figure 10. To maximize the transferred power, it is desirable to 

extend the condensation section. This can be achieved by a 

higher H2O or a lower sCO2 mass flow rate. In the current 

experimental set-up, the H2O mass flow rate is restricted by the 

maximum electrical heating power of the evaporator with 

1.6 kW. Moreover, the sCO2 test facility introduces a lower 

bound on the sCO2 mass flow rate. Furthermore, two additional 

effects prevent a higher total transferred power. Firstly, the 

Reynolds number is decreasing with decreasing sCO2 mass flow 

rate and, therefore, the heat transfer coefficient on the sCO2 side 

is also decreasing. Secondly, a lower sCO2 mass flow rate leads 

to higher sCO2 bulk temperatures. As a result, the average 

temperature, which is relevant for the determination of the heat 

transfer coefficient, also increases and departs from the 

pseudocritical temperature. This mainly decreases the specific 

heat capacity, which directly results in a decrease of the heat 

transfer coefficient. 
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Figure 10: Simulated transferred power per channel length for 

case 5 

 

Pressure drop 

In Figure 11, the simulated and measured pressure drops on 

the sCO2 side are compared. All but one case yield a deviation of 

less than 10 %. Therefore, it seems appropriate to model the 

pressure drop divided into channel, inlet and outlet pressure drop 

using the determined form loss coefficients, as described in the 

modelling section. The case with the lowest sCO2 mass flow rate 

at a pressure of 11 MPa deviates by 17.4 %. For this case, the 

measurement might be erroneous because at low mass flow rates 

the control strategy of the SCARLETT test facility has lead to 

mass flow rate oscillations.  

 
Figure 11: Simulated sCO2 side pressure drop compared to the 

experimental values, in between the dashed lines the deviation is 

less than 10 % 

 

In Figure 12 the sCO2 side pressure drop of case 5 is shown. 

The total pressure drop of 42 kPa can be sub-divided into the 

inlet plenum, channel and outlet plenum pressure drop, 34 kPa, 

5 kPa and 3 kPa, respectively. Probably, the perpendicular 

attached inlet and outlet pipes cause the high plenum pressure 

drops. Although, the main pressure drop can be attributed to the 

inlet plenum, it proved inadequate to model the pressure drop 

with just one form loss coefficient for the inlet plenum, because 

a higher sCO2 outlet temperature yields a lower outlet density. 

This affects the plenum pressure drop defined in Equation 8. As 

mentioned before, higher outlet temperatures occur for cases 

with a low sCO2 and high H2O mass flow rate. 

 
Figure 12: Simulated pressure profile for case 5 

 

Mass flow rate variation 

In order to show the influence of the H2O and sCO2 mass 

flow rates on the transferred power, a variation covering the 

experimental mass flow range was conducted. The results are 

provided in Figure 13. Over the whole range, the influence of the 

sCO2 mass flow rate on the transferred power is almost 

negligible. Since the overall heat transfer coefficient during the 

condensation is high, the condensation of the steam takes up less 

than half of the heat exchanger length, for many cases even less 

than a quarter. The remaining length is more than sufficient to 

cool down the condensed steam independent of the sCO2 mass 

flow rate. Only for very low sCO2 and high H2O mass flow rates 

the influence of the low Reynolds number on the sCO2 side, 

which inhibits the heat transfer during the condensation and in 

the cool down phase, becomes visible. On the contrary, for high 

sCO2 and H2O mass flow rates, the investigated heat exchanger 

could transfer considerably more power and would still be able 

to condense and cool down the steam. 

 
Figure 13: Influence of H2O and sCO2 mass flow rate on the 

transferred power for a sCO2 inlet pressure of 11 MPa 

 

CONCLUSION 

In this study, a correlation based modelling approach for a 

sCO2 compact heat exchanger (CHX) is investigated. Since no 

special CHX model exists in ATHLET, the general modelling 
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approach for co-current and counter-current flow arrangements 

is applied. Instead of modelling the whole heat exchanger, only 

one representative channel pair is modelled and the results are 

scaled with the number of channel pairs. The channels are 

divided in subvolumes and the local heat transfer coefficient and 

pressure drop are calculated with correlations. For sCO2 the 

Gnielinski and the Coolebrook correlation are used. 

In order to prove the validity of the modelling approach for 

the sCO2/H2O CHX, a model of a two-plate CHX is prepared in 

ATHLET and the simulation results are compared with 

experimental results. The form loss coefficients, which describe 

the inlet and outlet plenum pressure drop, are calculated with a 

best-fit method using a simple model for one sCO2 channel. 

Additionally, the effective plate thickness is determined by a two 

dimensional steady state heat conduction calculation. For CHX 

with more plates and channels, e.g. for nuclear power plant 

applications, the effective plate thickness is considerably lower 

compared to the two-plate configuration. 

In general, the results of the ATHLET simulations are in 

good agreement with the experimental values. Compared to the 

mean value of the experiments, almost all simulated cases yield 

a deviation of less than 10 % concerning the transferred power 

and the pressure drop on the sCO2 side. 

A closer evaluation reveals that most of the heat is 

transferred in the section of the heat exchanger, where steam 

condensation takes place. Since the heat transfer coefficient on 

the H2O side is high during the condensation, the sCO2 side, still 

being quite high, limits the overall heat transfer coefficient. After 

the condensation, the relation is inverted because the heat 

transfer coefficient of liquid H2O is significantly lower for the 

investigated set-up. Considering the effective plate thickness, the 

influence of thermal resistance of the wall is almost negligible 

except for the small impact during the condensation phase. 

Moreover, an improved heat transfer correlation for sCO2 for 

states close to the pseudocritical temperature would scarcely 

change the results because only downstream the condensation 

section, when the H2O heat transfer coefficient is inhibiting the 

overall heat transfer phase, the temperature relevant for the 

determination of the heat transfer coefficient is close to the 

pseudocritical temperature. Future investigations will analyze 

this relation further. Finally, a variation of the H2O and sCO2 

mass flow rate confirmed the minor impact of the sCO2 mass 

flow rate. Furthermore, since less than half of the heat exchanger 

length is necessary for the condensation of the steam, the 

investigated CHX could transfer considerably more power or be 

shortened by 50% 

In the future, more experiments will be analyzed to further 

validate the proposed approach. Moreover, cooling and cross-

flow will be considered where either improved correlations or 

new models are necessary. After the model development and 

validation, the complete sCO2-HeRo system, attached to a 

boiling or pressurized water reactor, will be simulated in 

ATHLET. 

 

 

NOMENCLATURE 

 

𝐴 heat transfer area of heat exchanger (m²) 

𝐴𝑐 channel cross sectional area / flow area (m²) 

𝑏 width of the cooling surface (m) 

𝐶𝑐𝑜𝑟𝑟 correction factor (-) 

𝑐𝑝 specific isobaric heat capacity (J/kgK) 

𝑑ℎ hydraulic diameter (m) 

ℎ  heat transfer coefficient (W/m²K) 

𝑙  length of heat exchanger (m) 

�̇�  mass flow rate (kg/s) 

Nu Nusselt number (-) 

𝑝  pressure (MPa) 

𝑃𝑟  Prandtl number (-) 

�̇�  transferred power (W) 

�̇�  transferred power per length (W/m) 

𝑅𝑒  Reynolds number (-) 

𝑇  temperature (K) 

𝑢  velocity (m/s) 

𝑈𝑐  perimeter of one channel (m) 

w width of the plate (m) 

 

Greek letters 

 

 

𝛿  effective plate thickness (m) 

∆𝑙  length of one subvolume (m) 

휀  void fraction (-) 

𝜂  dynamic viscosity (Pa/s) 

𝜗  temperature (°C) 

𝜆  thermal conductivity (W/mK) 

𝜈  kinematic viscosity (m²/s) 

𝜉𝑓𝑜𝑟𝑚  form loss coefficient of plenum (m−4) 

𝜌  density (kg/m³) 

 

 

Subscripts 

 

exp experiment 

f  film 

s simulation 

 

Acronyms 

 

BWR boiling water reactor 

CHX compact heat exchanger 

H2O water/steam 

HeRo heat removal system 

sCO2 supercritical carbon dioxide 
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ABSTRACT 

In the sCO2-QA project (Qualification of analysis tools for 

the evaluation of residual heat-driven, self-sufficient system for 

decay heat removal) a residual heat-driven self-sufficient sCO2-

operated decay heat removal system is simulated with the 

German reactor code ATHLET (Analysis of thermal-hydraulics 

of leaks and transients). The decay heat removal system is a 

simple Brayton cycle consisting of a turbo compressor system 

located in the reactor building, a heat exchanger in the outdoor 

area and a compact-heat-exchanger in the containment. For a 

better understanding of the heat transfer characteristics of sCO2 

inside the compact heat exchanger and for the validation of 

ATHLET and other numerical codes experimental data are 

needed. The experimental results will be used for validation 

and/or improvement of heat transfer and pressure drop 

correlations in case of variable fluid properties.  

All experiments were performed in the test facility 

SCARLETT (Supercritical Carbon Dioxide Loop at IKE 

Stuttgart) at the IKE (Institute of Nuclear Technology and 

Energy Systems), which provides sCO2 under defined 

conditions. The heat transfer and pressure drop characteristics of 

carbon dioxide near the critical point were investigated in a 

vertical flow by basic heating experiments on two directly 

electrical heated circular tubes with the inner diameters of 4 and 

8 mm and with a pressure of 7.75 MPa. Variations of the mass 

flux were chosen with 400 and 800 kg/m2s with a heat flux up to 

110 kW/m2. 

In experiments with sCO2 three different heat transfer 

mechanism (HTM) exist: The enhanced, the normal and the 

deteriorated heat transfer (DHT). In some applications e.g. for 

the operation of a supercritical pressure heat exchanger it is 

necessary to be able to predict the onset of DHT. In this 

publication, some of these criteria are presented and validated: 

One criterion based on the effect of flow acceleration, two 

criteria based on the effect of buoyancy and four more general 

criteria based on the heat flux to mass flux ratio.  

INTRODUCTION 

In the heat transfer of supercritical flows three different heat 

transfer mechanisms (HTM) can be observed: The normal heat 

transfer (NHT), the enhanced heat transfer (EHT) and the 

deteriorated heat transfer (DHT). In figure 1 the different 

mechanisms are exemplified for an upward flow in six new 

experiments with three different heat fluxes 30, 50, and 90 

kW/m2 and a mass flux between 800-1000 kg/m2s. Starting with 

the NHT regime (red) it can be seen that the inner wall 

temperature of the test tube depends solely on the local bulk fluid 

temperature has a nearly constant temperature difference to it. In 

contrast to NHT, the EHT (blue) shows a non-constant 

approximation of the inner wall temperature to the bulk 

temperature when the inner wall temperature exceeds the critical 

temperature. By increasing the heat flux at a constant mass flux, 

the course of the inner wall temperature deviates significantly 

from the course of the bulk fluid temperature. The inner wall 

temperature begins to rise after exceeding the critical 
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temperature and reaches a local peak. The occurrence of these 

temperature spike is here defined as DHT. In figure 1 a very flat 

temperature spike (yellow) can be seen. Some authors categorize 

only cases as DHT in which the spike is sharp but they do not 

give any quantitative definitions. The categorization as DHT in 

this publication includes the cases with broad peaks as well as 

with sharp peaks.  

Figure 1: Heat transfer mechanism in a 4 mm with upward flow. 

These mechanisms are due to the strongly variable fluid 

properties of sCO2 near the critical point. The isobaric heat 

capacity reaches a maximum at the pseudocritical temperature 

while the density drops by ~300 kg/m3 in a temperature interval 

of ~5 °C, which is shown in Figure 2. The dynamic viscosity and 

the thermal conductivity, which also reach a peak value at 

pseudocritical temperature, can be seen in Figure 3. For plotting 

the graphs the NIST database REFPROP was used [1].  

Figure 2: Heat capacity and density plotted over the 

temperature.  

Figure 3: Dynamic viscosity and thermal conductivity plotted 

over the temperature. 

This publication concentrates especially on the onset of 

DHT. The effects of the presents of DHT in a fully developed 

flow are well known and called the effects of buoyancy and flow 

acceleration. These have to be distinguished with the 

deterioration of the heat transfer based on thermal inflow effects. 

While heating up a tube the bulk fluid, its density decreases and 

the fluid expands which leads to a flow acceleration in flow 

direction. The radial difference of the fluid properties with a 

lower density in the near wall layer leads to the effect of 

buoyancy. Figure 4 illustrates the qualitative velocity profiles of 

an upward (left) and a downward flow (right). The forced 

convection shapes a parable like profile with a flat spike (red) 

while the natural convection shapes an M-shape profile (blue). 

In the case of a forced upward flow, the natural and forced 

convection have the same direction, thus the effect of buoyancy 

leads to higher velocities in the near wall layer and the resulting 

profile is also an M-shape. In this case, the differential velocity 

between the near wall layer and the bulk fluid decreases with the 

result of a lower heat transfer between these two regions. In the 

case of a forced downward flow the natural and the forced 

convection run in opposite directions with the result of 

increasing the turbulence which leads to a better heat transfer 

between the near wall layer and the bulk fluid [2]. Kurganov and 

Kaptilny validated this velocity profiles experimentally [3].  
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Figure 4: Velocity profiles of an upward and downward flow.  

 

In case of deterioration of the heat transfer, wall 

temperatures can reach peak values after exceeding a critical heat 

flux, which can significantly affect the efficiency of a heat 

exchanger. It has to be considered that often sCO2 is chosen as 

an experimental working fluid because of its critical point at a 

low temperature and pressure (Tcr= 30.98 °C and pcr= 7.38 Mpa) 

in contrast to e.g. water (Tcr= 373.85 °C and pcr= 22.06 Mpa). 

For this reason, early researches were already working on the 

development of criteria to avoid deterioration in heat transfer 

coefficient [4]. This criteria can enable manufacturer e.g. of 

supercritical pressure heat exchanger to develop operation 

guidelines and to specify limits of safe operation.  

A good overview of some criteria for the onset of DHT is 

given by Löwenberg [2]. The first criterion from Petukhov et al. 

[5] is based on the effect of flow acceleration and predicts that 

the region of the NHT is determined by the ratio of the 

acceleration resistance, to the friction resistance which has to be 

smaller than 1-1.3.  

(
𝜉𝑢

𝜉
)
𝑚𝑎𝑥

≤ 1 − 1.3     (1) 

𝜉 = (
𝜚𝑤

𝜚𝑏
)
0.4

(1.82𝑙𝑜𝑔 (
𝑅𝑒𝑏

8
))

2

    (2) 

𝜉𝑢 ≅ 8�̇�𝑏
+      (3) 

The friction resistance 𝜉 can be calculated with the wall 

density 𝜚𝑤, the bulk density 𝜚𝑏 and the Reynolds of the bulk 𝑅𝑒𝑏. 

For the acceleration resistance 𝜉𝑢 the non-dimensional heat 

flux �̇�𝑏
+ is needed, which is discussed by McEligot and Jackson 

[6]: 

�̇�𝑏
+ =

�̇�𝛽𝑏

𝑐𝑝,𝑏𝐺
      (4) 

With the heat flux �̇�, the volumetric expansion coefficient 

𝛽, the isobaric heat capacity 𝑐𝑝 and the mass flux 𝐺. The criterion 

of Petukhov is valid for 𝑅𝑒𝑏 < 2 ∗ 10
4 and will be investigated 

in this publication for higher Reynolds numbers.  

The next criterion is based on the effect of buoyancy and is 

presented by Jackson et al. [7] and contains the area where the 

effect of buoyancy on heat transfer is less than 5 %.  

𝐺𝑟̅̅̅̅ 𝑏

𝑅𝑒𝑏
2.7 < 10

−5      (5) 

𝐺𝑟̅̅̅̅𝑏 =
(𝜚𝑏−�̅�)𝑔𝑑𝑖

3

𝜚𝑏𝜈𝑏
2       (6) 

�̅� =  
1

𝑇𝑤−𝑇𝑏
∫ 𝜚𝑑𝑇
𝑇𝑤
𝑇𝑏

    (7) 

The Grashof number 𝐺𝑟̅̅̅̅𝑏 based on density difference with 

the gravity 𝑔, the inner tube diameter 𝑑𝑖, the kinematic viscosity 

𝜈 and the integrated density �̅� which is approximated in Bae et 

al. [8] as: 

�̅� ≈

{
 
 

 
 

𝜚𝑤+𝜚𝑏

2
 

𝑓𝑜𝑟 𝑇𝑤 < 𝑇𝑝𝑐 𝑜𝑟 𝑇𝑏 > 𝑇𝑝𝑐
[𝜚𝑏(𝑇𝑝𝑐−𝑇𝑏)+𝜚𝑤(𝑇𝑤−𝑇𝑝𝑐)]

𝑇𝑤−𝑇𝑏
 

𝑓𝑜𝑟 𝑇𝑏 ≤ 𝑇𝑝𝑐 ≤ 𝑇𝑤

   (8) 

A formula for calculating the pseudocritical temperature 𝑇𝑝𝑐 

is selected as follows: 

𝑇𝑝𝑐 = 𝑇𝑐𝑟 (1 + 1,3977 (
𝑝

𝑝𝑐𝑟
− 1) − 0,37344 (

𝑝

𝑝𝑐𝑟
− 1)

2

+

0,045 (
𝑝

𝑝𝑐𝑟
− 1)

3

)  

(9) 

With the temperature 𝑇 in °𝐶 and the pressure 𝑝 in 𝑏𝑎𝑟. 

Another buoyancy based criterion for a fully-developed flow is 

given by McEligot and Jackson [6].  

𝐵𝑜∗ =
𝐺𝑟∗

𝑅𝑒𝑏
3.425𝑃𝑟0.8

> ~6 ∗ 10−7    (10) 

𝐺𝑟∗ =
𝑔𝛽𝑏�̇�𝑑𝑖

4

𝜆𝑏𝜈𝑏
2       (11) 

With the Jackson buoyancy parameter 𝐵𝑜∗ and the heat flux 

based Grashof number 𝐺𝑟∗. 
In the literature there are also more general criteria to 

determine the onset of DHT based on a heat flux to mass flux 

ratio. Four of them are presented here, one for sCO2 from Jeon 

et al. (eq. 13) and the others for water.  

 

Yamagata et al. [9]: 

�̇�𝑐𝑟 = 200𝐺
1.2      (12) 

Jeon et al. [10]:  

�̇� > 0.2𝐺2      (13) 

Pioro et al. [11]: 

�̇�

𝐺
≥ 400

𝐽

𝑘𝑔
      (14) 

Styrokovich et al. [12]:  

�̇�

𝐺
≥ 600

𝐽

𝑘𝑔
      (15) 
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To indicate the onset of DHT, a ratio between the 

experimental Nusselt number 𝑁𝑢𝑒𝑥𝑝 and a pure forced 

convection correlation is needed 𝑁𝑢𝑓𝑐 given e.g. by the modified 

Krasnoschekov & Protopopov correlation [8].  

𝑁𝑢𝑓𝑐 = 0.0183𝑅𝑒𝑏
0.82𝑃𝑟𝑏

0.4 (
𝜚𝑤

𝜚𝑏
)
0.3

(
𝑐�̅�

𝑐𝑝,𝑏
)
𝑛

  (16) 

𝑐�̅� =
1

𝑇𝑤−𝑇𝑏
∫ 𝑐𝑝𝑑𝑇
𝑇𝑤
𝑇𝑏

=
𝑖𝑤−𝑖𝑏

𝑇𝑤−𝑇𝑏
     (17) 

𝑛 =

{
 
 
 
 

 
 
 
 

0.4 
𝑓𝑜𝑟 𝑇𝑏 < 𝑇𝑤 ≤ 𝑇𝑝𝑐 𝑜𝑟 1.2𝑇𝑝𝑐 ≤ 𝑇𝑏 < 𝑇𝑤

0.4 + 0.2 (
𝑇𝑤

𝑇𝑝𝑐
− 1) 

𝑓𝑜𝑟 𝑇𝑏 ≤ 𝑇𝑝𝑐 < 𝑇𝑤

0.4 + 0.2 (
𝑇𝑤

𝑇𝑝𝑐
− 1) [1 − 5 (

𝑇𝑏

𝑇𝑝𝑐
− 1)] 

𝑓𝑜𝑟 𝑇𝑝𝑐 < 𝑇𝑏 ≤ 1.2𝑇𝑝𝑐 𝑎𝑛𝑑 𝑇𝑏 < 𝑇𝑤

  (18) 

 

With the Prandtl number 𝑃𝑟 and the specific enthalpy 𝑖.  
 

EXPERIMENTAL SETUP 

The experiments in this publication are carried out with the 

SCARLETT test facility at IKE, University of Stuttgart, for more 

details see Flaig et al. [13].  

For diverse fundamental investigations of the heat transfer 

characteristics of sCO2 near the critical point a new test rig was 

build up at IKE (Figure 5). 

 
Figure 5: P&I Diagram of the test rig. 

 

The test rig consists of three tubular test sections with 

different tube diameters. By bypassing between the three tubes 

the mass flow can be adjusted. It is variably mounted on a rack 

allowing for experiments with horizontal, upward and downward 

mass flows. The first and the second test section have the same 

structure, the only difference is the inner diameter of the used 

test tubes (4 mm and 8 mm). The third test section is used for 

investigations of pressure losses, not part of this publication. The 

test tubes are heated up directly with a DC power supply. To 

insulate the test rig electrically from the test tubes special 

insulating flanges are used. Before the sCO2 passes the test tubes 

the mass flows and the bulk temperatures are measured. For 

measuring the mass flow, Coriolis mass flow meter with an 

accuracy of ± 0.19 % of full scale is used. Figure 6 shows the 

dimensions of the test tubes with an inner diameter of 4 and 8 

mm for the presented experiments.  

 

 
Figure 6: Dimensions of 1st (left) and 2nd (right) test section. 

 

The total length of the first test tube is 2360 mm with a 

heated length of 1640 mm. The second test tube is 2500 mm long 

with a heated length of 2040 mm. Forty temperature sensors are 

tied with a temperature resistant yarn straight in 40 mm intervals 

on the outer surface of the first test tube and fifty sensors on the 

second test tube. The sensors are surface thin-film resistance 

temperature sensors (PT100) with an A-Class accuracy. The 

absolute pressure is measured in front of the heated area and the 

differential pressure is measured over the heated length. To 

measure the pressure inside the test tube without influencing the 

flow a 1 mm hole has been drilled into the tube wall. The 

accuracy of the differential and absolute pressure transmitters is 

± 0.15 % of full scale. With the inner tube diameter 𝑑𝑖 the 

hydraulic inflow length 𝐿ℎ𝑦𝑑 of the fully developed flow has 

been calculated with the empirical formula of Herwig [14] for 

turbulent flow on the maximum expected Reynold number for 

the experiments.  

𝐿ℎ𝑦𝑑

𝑑𝑖
= 4.4𝑅𝑒

1

6      (19) 

Alloy 625 was chosen for the tube material because of its 

high specific electrical resistance. The inner roughness of the 4 

mm tube is Ra= 0,549 µm and Ra= 0,227 µm for the 8 mm tube. 

The applied electrical power heating up the test tubes is 

measured directly at the DC power supply terminals to avoid 

voltage losses in the over-dimensioned copper terminals. The 

monitoring accuracy of the DC power supply is given with ± 0.2 

% of full scale.  
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DATA REDUCTION 

The following table gives an overview of the experimental 

parameter of the presented experiments.  

 

Table 1: Experimental parameter.  

Parameter Unit Value 

inner tube diameter mm 4, 8 

flow orientation - upward 

inlet pressure MPa 7.75 

inlet temperature °C 5, 30 

mass flux kg/m2s 400, 800 

heat flux kW/m2 10, 30, 50, 70, 90, 110 

inlet Reynolds number - 15000-60000 

 

Twenty minute intervals with a 0.25 Hz recording frequency 

were selected for the data acquisition. In the next step, the 

arithmetic mean was calculated using approximately 300 values 

for each parameter. To ensure the reproducibility of the 

measurement each experiment was repeated at least twice to 

three times. All experiments start after having reached steady-

state conditions.  

Subsequently, a short overview of the governing equations 

to calculate the experimental Nusselt number is given. To verify 

an adiabatic state during the experiments, an energy balance of 

the measured thermal and electrical heat flow is calculated 

(Table 3). The National Institute of Science and Technology 

(NIST) database REFPROP provides the fluid properties [1]. 

|�̇�𝑒𝑙| = |�̇�𝑡ℎ| = �̇�     (20) 

�̇�𝑡ℎ = �̇� ∗ [𝑖𝑏,𝑜𝑢𝑡(𝑇𝐵,𝑜𝑢𝑡 , 𝑝𝑜𝑢𝑡) − 𝑖𝑏,𝑖𝑛(𝑇𝐵,𝑖𝑛, 𝑝𝑖𝑛)]  (21) 

�̇�𝑒𝑙 = 𝑃𝑒𝑙 = 𝑈 ∗ 𝐼     (22) 

With the transferred heat Q̇, the mass flux ṁ, the specific 

enthalpy 𝑖, the electrical power 𝑃, the voltage 𝑈 and the electrical 

current 𝐼.  
The heat flux is calculated with the curved surface area of 

the inner surface 𝐴𝑖,𝑠𝑢𝑟 of the tube and the heated length with the 

assumption of an uniform heat generation by the direct electrical 

heating and the heated length 𝐿ℎ.  

�̇� =
�̇�𝑒𝑙

𝐴𝑖,𝑠𝑢𝑟
=

𝑈∗𝐼

𝜋∗𝑑𝑖∗𝐿ℎ
     (23) 

For the calculation of the bulk-temperature across the tube 

𝑇𝑏, 𝑥 a linear approximation of the pressure losses is assumed.  

𝑇𝑏, 𝑥 = 𝑓(𝑖𝑏,𝑥,  𝑝𝑥)     (24) 

𝑖𝑏,𝑥 = 𝑖𝑏,𝑖𝑛 + (
𝐿𝑥

𝐿ℎ
) ∗

�̇�𝑒𝑙

�̇�
     (25) 

With the mathematical heat conduction model of a circular 

tube with uniform heat generation an insulated outer surface and 

a cooled inner surface the inner wall temperature can be 

calculated with the measured outer wall temperature and the 

volumetric heat flux [15, p. 152]. The thermal conductivity of the 

tube-wall was also approximated linearly over the temperature.  

𝑇𝑤,𝑖 = 𝑇𝑤,𝑜 +
𝑞𝑣

4𝜆𝑤
[(
𝑑𝑜

2
)
2

− (
𝑑𝑖

2
)
2

] −
�̇�𝑣

2𝜆𝑤
(
𝑑𝑜

2
)
2

∗ 𝑙𝑛 (
𝑑𝑜

𝑑𝑖
)   

    (26) 

�̇�𝑣 =
�̇�𝑒𝑙

𝜋

4
(𝑑𝑜
2−𝑑𝑖

2)∗𝐿ℎ
      (27) 

With the volumetric heat flux �̇�𝑣, the thermal conductivity 

of Alloy 625 𝜆𝑤 and the outer tube diameter 𝑑𝑜.  

In the last step the heat transfer coefficient ℎ can be 

calculated for each measured tube position.  

ℎ𝑥 =
�̇�

𝑇𝑤,𝑥−𝑇𝑏,𝑥
      (28) 

Consequently the experimental Nusselt number of the bulk 

fluid 𝑁𝑢𝑏,𝑒𝑥𝑝 can be calculated with the heat transfer coefficient 

and the thermal conductivity of the bulk fluid 𝜆𝑏.  

𝑁𝑢𝑏,𝑒𝑥𝑝,𝑥  =
ℎ𝑥 𝑑𝑖

𝜆𝑏,𝑥
     (29) 

The Reynolds number is calculated with the mass flow �̇� 

and the dynamic viscosity of bulk 𝜂𝑏.  

𝑅𝑒𝑏,𝑥  =
4�̇�

𝜋𝑑𝑖𝜇𝑏
     (30) 

 

RESULTS  

To validate the presented criteria for the onset of DHT three 

test series with overall thirteen experiments were carried out. The 

inner wall temperature profiles are plotted over the bulk enthalpy 

in Figure 7 – Figure 9. The first test series (Figure 7) consists of 

five experiments with the 4 mm test tube and a constant mass 

flux around 800 kg/m2s. The set heat fluxes were 30 (red), 50 

(green), 70 (orange), 90 (brown) and 110 (yellow) kW/m2. The 

next test series with the same test tube (Figure 8) were performed 

with a mass flux around 400 kg/m2s and with the heat fluxes of 

10 (blue), 30 (red), 50 (green) and 70 (orange) kW/m2. In test 

series three (Figure 9) the 8 mm tube was used to perform four 

experiments with a mass flux of 400 kg/m2s and the same 

variation of heat fluxes as in the second test series. The inlet bulk 

temperatures for the experiments are 5 °C with the exception of 

exp. 1.1 with 30 °C.  

The first six to ten  measuring points of the experiments with 

a higher heat flux (plotted in grey) were neglected for the further 

calculations to ensure a thermal fully developed flow, which 

represents inflow lengths around 50-100 diameters. These are 

typical values found in literature [16]. All experiments are 

categorized in three heat transfer regimes: EHT, NHT and DHT. 

For the categorization into the DHT regime, the criterion is a wall 

temperature peak reached before the bulk fluid passing the 

pseudocritical enthalpy. More details about the categorization 

can be read in the introduction of this publication.  

The following diagrams (Figure 10-Figure 19) present the 

results for the validation of the criteria for the DHT onset and 

will be described below.  
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Figure 7: Inner wall temperature profile of the first test series. 

 

 
Figure 8: Inner wall temperature profile of the second test series. 

 

 
Figure 9: Inner wall temperature profile of the third test series. 

 
Figure 10: Petukhov’s ξu/ξ-criterion for the first test series.  

 

 
Figure 11: Petukhov’s ξu/ξ-criterion for the second test series.  

 

  
Figure 12: Petukhov’s ξu/ξ-criterion for the third test series.  
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Figure 13: Jackson’s Gr/Re2,7-criterion for the first test series.  

 

 
Figure 14: Jackson’s Gr/Re2,7-criterion for the second test series. 

 

  
Figure 15: Jackson’s Gr/Re2,7-criterion for the third test series. 

 
Figure 16: Jackson’s Bo*-criterion for the first test series. 

 

  
Figure 17: Jackson’s Bo*-criterion for the second test series 

 

  
Figure 18: Jackson’s Bo*-criterion for the third test series. 
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Figure 19: Validation of general criteria for the onset of DHT. 

 

The Petukhov criterion, which is based on the effect of flow 

acceleration, shows a good agreement with the experimental 

results for the onset of DTH (see Figure 10-Figure 12) only three 

experiments disagree with the criterion (exp. 1.2, 1.3 and 2.2). 

The following two buoyancy based criteria from Jackson with 

the Grashof to Reynolds ratio (Figure 13-Figure 15) and the 

Buoyancy number (Figure 16-Figure 18) shows a good 

agreement with the experiments, too. It is remarkable that the 

criterion with the Grashof to Reynolds ratio gives the best 

information about the enthalpy, at which local onset and offset 

of DHT starts, see exp. 2.3 and 2.4. As shown in Löwenberg [2], 

the effect of flow acceleration is greater in small diameter tubes 

whereas the effect of buoyancy is greater in tubes with a bigger 

diameter. One possible reason that both criteria types, flow 

acceleration based and buoyancy based, show a good agreement 

can be that the chosen tube diameters are in a range where both 

effects have a similarly strong effect on the heat transfer.  

Figure 19 shows the validation of the general criteria with 

heat flux to mass flux ratio. It can be seen that the criterion from 

Jean et al. [10] shows a consistency with the experiments. This 

was the only criterion, which was set up especially for sCO2. The 

disagreement in exp. 1.4 and 1.5 is probably because of the low 

level of DHT. One reason for the deviance to the other criteria 

may be the different definitions of DHT as described in the 

introduction.  

In Figure 20 to Figure 22 the ratio of the experimental 

Nusselt to the Nusselt for pure forced convection (see eq. 16) is 

plotted over the Buoyancy number. A ratio smaller than one is 

the regime of the mixed convection (black bold horizontal line 

in Figure 20 to Figure 22). It can be seen that the experimental 

values are located in the mixed convection region and by 

increasing the heat flux the effect of buoyancy is  also increasing. 

 
Figure 20: Effects of buoyancy on convective heat transfer for 

the first test series.  

 

 
Figure 21: Effects of buoyancy on convective heat transfer for 

the second test series. 

 

 
Figure 22: Effects of buoyancy on convective heat transfer for 

the third test series. 
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The next table (Table 2) shows a summary of the compliance 

of all presented criteria to the experiments.  

 

Table 2: Validation of the presented criteria for the onset of DHT. 

exp. HTM 
ξu/ 

ξ 

Gr/ 

Re2.7 
Bo* Ya. St. Pi. Je. 

1.1 EHT O O O X X X O 

1.2 NHT X O O X X X O 

1.3 NHT X O O X X X O 

1.4 DHT O O X X X X X 

1.5 DHT O O X X X X X 

2.1 EHT O O O X X X O 

2.2 NHT X X O X X X O 

2.3 DHT O O O X X X O 

2.4 DHT O O O X X X O 

3.1 EHT O O O X X X O 

3.2 DHT O O O X X X O 

3.3 DHT O O O X X X O 

3.4 DHT O O O X X X O 

O: in compliance with the experiments 

X: not in compliance with the experiments  

 

All experimental parameters can be seen in Table 3. The 

parameter in the last column is for the verification of adiabatic 

conditions.  

 

Table 3: Experimental overview 

exp. 𝑮 

[
𝒌𝒈

𝒎𝟐𝒔
] 

�̇� 

[
𝒌𝑾

𝒎𝟐
] 

𝒑𝒊𝒏 

[𝑴𝑷𝒂] 
∆𝒑 

[𝒌𝑷𝒂] 
𝑻𝒃,𝒊𝒏 

[°𝑪] 𝟏 − |
�̇�𝒕𝒉

�̇�𝒆𝒍
| 

[%] 
1.1 861 31 7.78 26 30 1.6 

1.2 849 51 7.72 42 5 8.1 

1.3 852 71 7.70 35 5 5.4 

1.4 816 92 7.79 41 5 0.3 

1.5 782 112 7.76 64 5 0.5 

2.1 543 10 7.71 57 5 4.0 

2.2 502 31 7.69 17 5 12.6 

2.3 431 51 7.70 7 5 2.0 

2.4 431 71 7.69 8 5 3.9 

3.1 410 10 7.78 36 5 4.1 

3.2 416 30 7.78 28 5 0.7 

3.3 400 50 7.78 78 5 3.0 

3.4 420 70 7.77 71 5 6.8 

 

CONCLUSION AND FUTURE WORK 

Different criteria for the onset of DHT are presented and 

assessed against experiments carries out in the SCARLETT 

facility. One of these criteria is based on the effect of flow 

acceleration (Petukhov et al.), and the other two criteria are based 

on the effect of buoyancy (Jackson et al.). Furthermore, four 

other general criteria are used, which predict the onset of DHT 

through the ratio of heat flux to mass flux. 

Validation of the presented criteria occurred through a series 

of experiments. Especially the Jackson’s criterion showed a good 

compliance with the local prediction of DHT. It is shown, that 

for a simpler assessment of the onset of this effect in sCO2 the 

criterion of Jean et al. can be used. 

 

NOMENCLATURE 

𝐴  : area, [m2] 

𝐵𝑜 : buoyancy parameter, [-] 

𝐶𝑝 : specific heat, [J/(kg K)] 

𝑑  : diameter, [m] 

𝑔 : acceleration of gravity, [m/s2] 

𝐺  : mass flux, [kg/(m2 s)] 

𝐺𝑟 : Grashof number, [-] 

𝑖  : specific enthalpy, [J/kg] 

ℎ  : heat transfer coefficient, [W/(m2 K)] 

𝐼  : current, [A] 

𝐿  : length, [m]  

�̇�  : mass flow rate, [kg/s] 

𝑁𝑢 : Nusselt number, [-] 

𝑝  : pressure, [Pa] or [bar] 

𝑃  : electrical Power, [W] 

𝑃𝑟  : Prandtl number, [-] 

�̇�  : heat transfer rate, [W] 

�̇�  : heat flux, [W/m2] 

�̇�𝑣  : volumetric heat flux, [W/m3] 

𝑇  : Temperature, [°C] or [K] 

Re : Reynolds number, [-] 

𝑈  : voltage, [V] 

 

Greek symbols  

β : volumetric expansion coefficient, [1/K] 

λ  : thermal conductivity, [W/(m K)] 

μ  : dynamic viscosity [Pa s] 

ν : kinematic viscosity, [m2/s] 

ξ : friction resistance, [-] 

ϱ : density, [kg/m3] 

 

Subscripts  

b  : bulk fluid 

cr : fluid properties at critical point 

el  : electric, calculated with el. power 

exp : experimental 

fc : forced convection 

h  : heated length  

hyd  : hydraulic length 

i  : inner wall 

in  : inlet bulk fluid conditions 

max : maximum 

o  : outer wall 

out  : outlet bulk fluid conditions 

pc : fluid properties at pseudocritical point 

sur  : surface of tube 

th  : thermal, calculated with bulk fluid 

u : acceleration resistance 

w  : tube-wall 

x  : local tube position 
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ABSTRACT 

Alternative power cycles based on supercritical carbon 

dioxide (sCO2) are increasingly gaining in importance of 

scientific and industrial research in the energy sector. The 

applications for which this new technology is being discussed 

are mainly in the area of direct heated applications such as coal 

fired, concentrated solar power and indirect heated applications 

such as waste heat recovery and combined cycle power plants. 

Geothermal power generation based on supercritical carbon 

dioxide (sCO2) is a topic of geophysical research and has been 

the object of numerous studies over the past years. In 

comparison to conventional hydrothermal power plants, such 

CO2 based next level geothermal plume power plants (NLGP) 

systems exhibit several thermophysical advantages. Essentially, 

a more effective geothermal heat extraction and less need for 

auxiliary pumping power, due to a much stronger thermosiphon 

effect, compared to water-based geothermal energy extraction 

can be highlighted. In this paper a thermodynamic and energy 

conversion evaluation of NLGP systems is provided. The results 

are compared to conventional hydrothermal power cycles. The 

results of the thermodynamic calculations show that NLGP 

systems can supply significantly more electricity, compared to 

hydrothermal systems, particularly at “shallow" depths of 2-3 

km and at low reservoir permeabilities. Based on the 

thermodynamic simulation calculations, initial turbine design 

considerations are discussed. Initial blade path calculations 

show a compact turbine layout for the CO2 turbine. However, 

compared to fossil application the near critical expansion of a 

geothermal power plant leads to different design requirements. 

Initial cost estimations show that NLGP systems can generate 

electricity at competitive levelized costs of electricity (LCOE) 

at much lower resource temperatures than hydrothermal 

systems, thereby considerably expanding the geothermal 

resource base worldwide. 

INTRODUCTION 
Unlike to other renewable energies such as wind and solar 

energy, geothermal energy is available all year round and with 

virtually no fluctuations. The associated controllable and 

demand-oriented feed-in possibility is a great advantage of 

geothermal power plants. On the other hand, only a few regions 

on earth can be considered as locations for conventional 

geothermal power generation due to the required geological 

boundary conditions. Low temperature levels of the reservoirs 

that can be tapped at shallow depth prevent global economic 

use. Temperatures of around 100 °C make geothermal power 

generation using conventional methods based on a secondary 

Clausius Rankine or Organic Rankine cycle (ORC) 

unprofitable. 

Against this background, the use of supercritical carbon 

dioxide (sCO2) as an alternative energy-extraction medium from 

naturally permeable sedimentary-basin reservoirs and the use in 

direct and indirect geothermal power plant applications has 

been discussed in several publications. [1, 2, 3, 4] 

The basic concept of a NLGP system, which is shown in 

Figure 1, can be outlined as follows: Waste CO2 from one or 

several fossil fuel power plants, or other CO2 emitters, is 

captured using Carbon Capture (CC) technologies. The 

captured CO2 can be transported, for example through 

pipelines, to a NLGP site, where the CO2 is injected into a 

geological CO2 storage formation. In order to ensure 

economical operation of the CO2 system, a high temperature of 

the CO2 storage formation must be maintained, i.e. at least 

about 100°C. These geologic formations or reservoirs also need 

to have sufficient permeability of >10 mD (1 mD = 10
-15 

m
2
) 

and need to be overlain by a caprock of sufficiently low 

permeability of about <0.01 mD to enable efficient CO2 

injectivity into the reservoir through the injection well and to 

prevent CO2 flow through the caprock, against which the CO2 

pools upwardly. In the reservoir, the CO2 is geothermally heated 

and a portion is piped back to the surface power plant, where it 

49



DOI: 10.17185/duepublico/48876 

is expanded in a turbine, driving a generator, and hence 

producing electricity. 

The temperature-dependent density variation of sCO2 is 

large compared to water. In addition, supercritical CO2 has a 

kinematic viscosity that is, under base-case NLGP conditions 

[1, 2, 3] of a reservoir at a depth of 2.5 km, under hydrostatic 

fluid pressure and a temperature of 100
°
C, about 25% the 

kinematic viscosity of water. In other words, under these 

conditions the mobility of sCO2 is four times higher than that of 

water. Furthermore, the thermal expansibility of sCO2 is much 

larger than that of water. The low kinematic viscosity and high 

thermal expansion coefficient of sCO2 result in the formation of 

a strong thermosiphon, a physical effect which circulates a fluid 

without the necessity of a mechanical pump. Driven by this 

thermosiphon a Brayton cycle can be established, generating 

electricity, eliminating this particular parasitic power 

requirement of water-based geothermal systems.  

In this paper a first technical and economic assessment of 

CO2 based geothermal power plants is given. Initial 

performance calculations are presented and basic design 

considerations such as turbine design are carried out. The 

results are compared with conventional hydrothermal power 

plants (brine/ORC). Furthermore, an initial economic evaluation 

is presented based on LCOE calculations. 

Figure 1: Exemplary illustration of a geothermal power cycle 

based on CO2. 

SIMULATION AND MODELING 

The thermodynamic cycle simulations were carried out by 

an in-house simulation software and MS-Excel. Initial sCO2 / 

ORC turbine design calculations were performed with internal 

design tools. The thermodynamic properties of CO2, water and 

the ORC media were provided by the REFPROP (REFerence 

fluid PROPerties) data base developed by the National Institute 

of Standards and Technology. [5] 

The layout of a NLGP system according to figure 1 is 

comparatively simple. The related thermodynamic changes in 

the state of the CO2 cycle are shown in the T-s diagram in figure 

2. The power plant essentially consists of three main

components: 

- turbine (condition 4 to 5) 

- condenser (5 to 6) 

- optional pump (6 to 1) 

Figure 2: Exemplary illustration of a geothermal power cycle 

based on CO2. 

The CO2 is injected into the subsurface in supercooled 

state (1). With increasing depth and thus increasing hydrostatic 

pressure, the temperature and pressure level increase until the 

CO2 reaches supercritical state (2). The flow in the injection 

well is modeled as a vertical pipe considering the hydrostatic 

pressure according to equations 1 to 3. Based on the first law of 

thermodynamics and Bernoullie, the geodetic height 

difference z, the acceleration due to gravity g and the enthalpy 

of fluid h are used to determine the pressure change in the 

borehole. In addition, ζ represents the pressure loss coefficient 

and c the flow velocity of the fluid. Because the fluid density is 

pressure-dependent, an integration over the drilling length is 

necessary. For this purpose, the borehole is divided into 200 or 

rather 100 m long sub-segments where subscripts i and i+1 

mark the beginning and the end of each element. The fluid 

density is considered to be constant within a segment. 
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(1) 

(2) 

(3) 

After compression in the injection well, the supercritical 

CO2 is geothermal heated to reservoir temperature. The flow in 

the geologic reservoir is characterized by Darcy’s law [2]. It 

combines the flow properties of a fluid with the properties of a 

porous medium and enables the calculation of a (fictitious) flow 

velocity in the reservoir in equation 4. Therefore, κ describes 

the permeability of the rock formation, µ the dynamic viscosity 

of the fluid, ΔpRes the pressure loss in the reservoir and LRes the 

corresponding flow length. Assuming a constant mass flow, the 

pressure loss in the reservoir is thus determined by the 

geothermal mass flow geo and the flow cross-section ARes in 

the reservoir according to equation 5.  

(4) 

(5) 

As fixed boundary conditions for the process simulation the 

reservoir temperature and hydrostatic pressure are defined at the 

bottom of the production well in state (3). Afterwards, the 

heated CO2 flows through the production well to the surface, 

where it is used to generate electricity. The supercritical CO2 

expands in the turbine into the two-phase state region (5), is 

cooled in the condenser and converts to liquid state (6). Above-

ground pumping, to state (1), enables a larger geothermal mass 

flow and thus increases the power plant output. Due to the so-

called thermosiphon effect, which is induced by the variable 

density of CO2, it is also possible to operate the system without 

additional pumps. 

The storage formations suitable for NLGP systems are 

much larger than those used for conventional hydrothermal 

geothermal plants. Due to their size, systems with several 

production wells are possible, which increases the thermal 

output of the reservoir. The coordination number N determines 

the number of production wells. The coordination number N =1 

describes a 5-point system with an edge length of one kilometer 

consisting of one injection well and four production wells. The 

above-ground power plant is located centrally in the immediate 

vicinity of the injection well. 

With an increased coordination number, the edge length and 

thus the number of injection and production wells increases in 

the manner shown in figure 3. This makes the system scalable. 

The system size should be chosen depending on the boundary 

conditions of the reservoir and the economic efficiency.  

Figure 3: Hole pattern in relation to the coordination number N 

THERMODYNAMIC EVALUATION 

The cycle layout and reference conditions for the 

thermodynamic evaluation were chosen in accordance to Adams 

et al. [2] for a single 5-spot well pattern (N=1). The “base case” 

conditions, reflecting typical geologic reservoirs, are 

summarized in table 1. In opposite to Adams et al. [2] where 

R245fa was used as ORC-fluid medium, isobutane is used as 

the ORC-fluid medium in the presented investigation because of 

its lower environmental impact, lower costs, and as it is a 

common fluid in the considered temperature range.  

Figure 4 summarizes the results of the thermodynamic 

analysis performed. The cumulative column represents the 

turbine power. Under reference conditions according to table 1 

NLGP systems achieve a significant larger net power output 

(blue bars) compared to conventional, brine based (indirect) 

power plants.  

Table 1: Summary of NLGP base case conditions 

 NLGP 

Base Case 

Coordination number N [-] 1(1km x1km) 

Depth [m] 2500 

Permeability [mD] 50 

Temperature gradient [°C/km] 35 

Well diameter [m] 0.41 

Cooling Type Wet Cooling tower 

Heat Sink Temperature [°C] 15 

Approach Temperature [°C] 7 

The key factor for this result is the strong thermosiphon 

effect and lower pressure losses of the reservoir flow caused by 

the lower kinematic viscosity of sCO2. On one hand the 4-times 

higher mobility of sCO2, compared to water, leads to an 

approximate quadruplication of the CO2 mass flowrate through 
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the turbine. On the other hand, the specific heat capacity 

Figure 4: Comparison of the power output for different 

geothermal concepts (i.e. NLGP and indirect brine) at 

base case conditions. 

of sCO2 is approximately half, so that the transferred heat and 

thus the resulting net electric power output of the NLGP power 

plant, is approximate 2-3 times larger compared to conventional 

water-based (indirect) geothermal power plants. In addition, the 

direct conversion of the thermal energy in the turbine eliminates 

the exergy losses in a heat exchanger, so that the exergetic 

efficiency is higher than that of the indirect systems. In indirect 

systems, the isobutane-driven cycles achieve a higher net 

output. This can be explained by the high parasitic power losses 

in the secondary cycle when a gas, such as CO2, is compressed. 

By installing a dual-pressure ORC process, the efficiency of the 

brine case can be increased, which is also shown in figure 4. In 

this case, the geothermal heat is transferred at two different 

pressure levels to the working medium, which reduces the 

temperature differences between the fluids and thus the exergy 

losses in the heat exchanger. A larger amount of heat is thus 

extracted from the geothermal medium, which improves the 

thermal efficiency and decreases the reinjection temperature. 

The amount of heat absorbed in the reservoir is therefore 

correspondingly larger. Moreover, installing a dual-pressure 

process raises the complexity of the system. However, the 

efficiency and the net power output are still below the results of 

the NLGP cycle. In conclusion, the present thermodynamic 

analysis supports the results of Adam et al. [2]. 

Since geothermal power generation depends on the 

conditions of specific geological formation in the reservoirs the 

impact of reservoir depth and permeability was calculated in a 

next step which is outlined in four different combinations in 

figure 5. 

Figure 5: Illustration of the impact of different geologic 

conditions, (i.e. reservoir permeability and depth) on 

electric power output. 

With increasing depth, the storage temperature and thus the 

temperature of the extracted geothermal fluid rise due to the 

geothermal temperature gradient. In both cycle types the turbine 

inlet temperature increases and thus the turbine power output. In 

addition, in the NLGP system, the higher reservoir temperature 

causes a larger difference in the average density between the 

injection and production wells, thereby enhancing the 

thermosiphon effect. Conversely, in the indirect cycle an 

increased reservoir temperature has an influence on the flow 

behaviour of the brine and thus on the pressure losses in the 

reservoir flow. The lower the dynamic viscosity of the 

geothermal medium, the lower the pressure losses in the 

reservoir flow. In contrast to the dynamic viscosity of CO2, that 

of brine is strongly dependent on the temperature. With 

increasing reservoir depth and temperature the dynamic 

viscosity of the brine decreases significantly. As a result, the 

pressure losses in the reservoir and thus the required pumping 

capacity of the geothermal pump decrease. This enables the 

extraction of a larger brine mass flow and thus larger 

component outputs. Overall, the increase in efficiency due to an 

increased reservoir depth can substantially be explained by the 

temperature elevation in the reservoir and its influence on the 

flow behavior of the brine. At increased permeability (with the 

same depth) the pressure losses in the reservoir, which need to 

be compensated, are lower. This results in a lower required 

pumping capacity and thus a higher net power output. 

For larger drilling depths and simultaneously enhanced 

permeability, the increase in performance is correspondingly 

greater. 

In figure 6 the exergy transferred in the reservoir and the 

resulting net power are shown as a function of the mass flow for 

both the reference case and for changed reservoir conditions. 

The lower two plots in figure 6 show the corresponding exergy 

losses.  
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Figure 6: Comparison of exergy transfer and exergy losses for 

NLGP and brine based systems. 

It is obvious that the amount of absorbed heat increases 

linearly for both studied reservoir cases. As the mass flow 

increases, the pressure losses in the pipes and in the reservoir 

also increase. The quadratic rise of the exergy losses deviates 

depending on the geothermal fluid. In the reference case, the 

limiting factor for the brine (isobutane) system is the pressure 

loss in the reservoir. For an increased permeability, i.e. 100 mD 

and reservoir depth of 3500 m, the pressure loss is reduced so 

significantly that the net output is even greater than that of the 

NLGP system. In this case the net output for both systems 

reaches a maximum at similar mass flow rates. Due to the 

higher isobaric heat capacity of brine, compared to CO2, a 

larger amount of heat is transferred from the reservoir in the 

indirect hydrothermal system. Although the reservoir conditions 

are also of energetic advantage for the NLGP system, the high 

flow velocities of the CO2 limit the net output. In contrast to the 

indirect system the pressure loss of the wells is the limiting 

factor for the NLGP system. 

The evaluations indicate that the net power output strongly 

depends on the conditions of the reservoir and also confirm the 

results of Adams et al. [2]. In summary CO2-based systems are 

advantageous to (indirect) brine-based systems for shallower 

depths and low permeabilities. The higher the reservoir 

permeability, the more the viscosity advantages of CO2 become 

less important and the greater heat absorption capacity of the 

brine leads to a higher net output of conventional plants. 

Analogous to conventional power plants, the ambient 

temperature or the site-specific boundary condition for 

recooling has a significant influence on the performance of the 

power plant. The NLGP concept and the indirect plants with 

brine as geothermal fluid and isobutane are investigated 

regarding their sensitivity to changed ambient temperatures, i.e. 

the heat sink temperature. Figure 7 shows the analysis results. 

The middle column for 15 °C corresponds to the reference case. 

Figure 7: Impact of the ambient air (heat sink) temperature on 

the electric power output of NLGP and brine-based 

systems.  

If the ambient air temperature is reduced from 25°C to 5°C, 

the output of the NLGP system is five times higher and the net 

output three times higher. The lower the ambient air 

temperatures, the lower is the injection temperature of the CO2 

and the higher is the averaged density of the fluid in the 

injection well. Under constant reservoir conditions, the 

difference in the average density between the injection and 

production well therefore increases, resulting in an enhanced 

thermosiphon effect at lower ambient air temperatures. 

Furthermore, the amount of heat absorbed in the reservoir 

increases with decreased injection temperature, which can also 

be seen in the larger parasitic load of the cooling system. In 

addition, with lower ambient air temperature both the 

condensing temperature and the condensing pressure decrease. 

This results in a lower turbine back pressure. The enthalpy 

difference and thus the power output of the turbine are 

accordingly higher.  

At an ambient air temperature of 25°C, the entire process 

runs in the supercritical state area of CO2. The additional use of 

a compressor cannot increase the net output due to the energy-

intensive compression in the supercritical state. Powered 

entirely by the thermosiphon, the system still achieves a higher 

net output, compared to the brine-based systems, even at 

ambient temperatures of 25°C, under the given reservoir 

conditions. In contrast to the brine (isobutane) system, the 

dependence between density and fluid temperature of the CO2 

results in a higher sensitivity on ambient temperature changes of 

the NLGP system. However, for low ambient temperatures, e.g. 
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5 °C, NLGP systems can achieve an even greater net power 

output.  

TURBINE DESIGN CONSIDERATIONS 
Initial blade path calculation and design considerations 

were carried out with Siemens in-house software tools on the 

basis of the thermodynamic calculations described above. The 

pumped NLGP system and the brine (isobutane) system were 

investigated. For both applications highly efficient SST600 

turbine modules were chosen consisting of reaction blades and 

turning at net frequency. Figure 8 shows the comparison of the 

CO2 turbine and isobutane turbine for the base case. For both 

turbines enhance sealing systems have to be applied. However, 

due to the flammability of isobutane the leak tightness 

requirements will be significantly higher for the isobutane 

turbine. In table 2 the most relevant thermodynamic design 

conditions are listed for both turbines. 

Figure 8: Scaled representation of the CO2 turbine (top) and 

the isobutane turbine (bottom) of the reference case. 

Table 2: Thermodynamic design conditions for the CO2 and the 

ORC turbine are geothermal base case conditions 

Value Unit 
CO2 turbine 

(~7MW) 

Isobutan turbine 

(~3MW) 

pin pout [bar] 118.9 61.3 10.1 3.3 

Tin Tout [ °C] 60.0 22.9 66.6 34.8 

[kg/s] 514 74.4 

in out [m³/s] 1.21 1.99 2.83 9.0 

∆h [kJ/kg] 14.6 39.8 

∆p [bar] 57.6 6.8 

Because of the almost sixteen times higher density of the 

CO2 the volume flow in the turbine inlet is less than half 

compared to the isobutane turbine even though the CO2 mass 

flow is almost seven times larger. The near-critical expansion of 

CO2 results in a small density difference compared to isobutane, 

so that the increase in volume flow during the expansion is also 

low leading to a small widening of the flow path. Overall, blade 

path efficiencies for both turbines of approx. 91% can be 

achieved. Due the significant higher pressure differences the 

internal leakages of the CO2 turbine will be higher compared to 

the ORC turbine resulting in a lower overall efficiency. 

The large pressure difference with simultaneous low 

enthalpy drop in the CO2 turbine leads to comparable large 

bending forces in the airfoils. As a result, an enlargement of the 

blade roots and the hub diameter is necessary to avoid 

impermissible stresses in the blade roots and airfoils, which is a 

significant difference compared to CO2 turbines considered for 

fossil applications. To make this clear the expansion line of the 

CO2 turbine for the NLGP was compared with the expansion 

lines of CO2 turbines for waste heat recovery (CCPP) 

applications presented in [12], which is illustrated in figure 9 

and in figure 10. 

Figure 9: Comparison of the CO2 expansion (bold lines) for 

geothermal power cycle and a fossil heat recovery application 

in a T-s-diagram. 

It can be observed that the gradient p/h is significant 

larger for the geothermal application which confirms the 

described design result for the NLGP turbine. Especially for 

large scaled applications with higher power output this can be a 

limiting factor so that optimized design concepts need to be 

developed. A low-speed operation mode for example could 

increase the number of stages and thus decrease the pressure 

drop across a single turbine stage.  
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Figure 10: Comparison of the CO2 expansion (bold lines) for 

geothermal power cycle (blue) and a fossil heat recovery 

application (red) in a log p-h-diagram. 

The impact of varying reservoir conditions on the turbine 

design was investigated exemplarily for an increased 

permeability of 100 mD and a drilling depth of 3500 m. The 

resulting thermodynamic design conditions are summarized in 

Table 3. 

Table 3: Thermodynamic design conditions for the CO2 and the 

ORC turbine at modified geothermal conditions 

(3500m,100mD) 

Value Unit 
CO2 turbine 

(~19 MW) 

Isobutan turbine 

(~29 MW) 

pin pout [bar] 159.8 61.3 18.0 3.3 

Tin Tout [ °C] 86.6 22.9 97.4 41.4 

[kg/s] 820 531 

in out [m³/s] 1.93 3.62 10.92 66.93 

∆h [kJ/kg] 26.5 61.3 

∆p [bar] 98.5 14.7 

Due to the changed process parameters, the mass flow in 

both turbines increases. The thermodynamic analysis shows that 

the geothermal mass flow of the brine (isobutane) system and 

thus the amount of heat absorbed in the reservoir is 

considerably larger under changed reservoir conditions. This 

leads to a seven times larger mass flow of isobutane to absorb 

the amount of geothermal energy. While the inlet volume flow 

of the isobutane turbine increases almost by a factor of 4, it is 

not even doubled in the CO2 turbine. This will result in a 

significantly larger isobutane turbine for changed reservoir 

conditions due to the strong increase in volume flow in the 

isobutane cycle. 

Geothermal power plants are characterised by high heat 

dissipation in the condenser and a low average thermodynamic 

temperature. Thus, the required heat exchanger surfaces are 

large and considerably increase the costs of the cooling system. 

Basic design calculations considering a shell-and-tube heat 

exchanger were carried out resulting in heat exchanger surfaces 

for the NLGP- and the (indirect) brine-based (isobutane in the 

secondary loop) system. Figure 11 illustrates the ratio of the 

respective heat exchanger surfaces depending on the different 

reservoir conditions.  

Figure 11: Comparison of heat exchanger surfaces for NLGP 

and brine based systems for different reservoir conditions 

(depth, geothermal gradient, permeability). 

At base case conditions, the overall heat exchanger surface 

of the ORC system is approximately 20 % larger than that of the 

CO2 plant. Although only half of the amount of thermal energy 

is transferred in the isobutane-condenser, it already represents 

more than 60% of the CO2 condenser, which can be explained 

by the reduced heat transfer in the ORC condenser. In contrast 

to the NLGP system, the isobutane is superheated at the 

condenser inlet. In this gaseous state, the heat transfer is very 

low, leading to a large total heat exchange surface. Combined 

with the additional heat exchanger for the secondary cycle, the 

total required exchange surface of the brine (isobutane) system 

is larger.  

For the modified reservoir conditions, i.e. 3500 m and 

100 mD, the transferred exergy in the reservoir is approximately 

doubled for the (indirect) brine (isobutane) case, which can be 

seen in figure 5. Thus, the emitted heat in the condenser is even 

greater than that of the CO2 plant. As a result, the overall 

required heat exchange surface is approximately six times 

larger. 

Based on the initial design assumptions mentioned above, 

NLGP's surface power plant is less complex, has fewer and 

smaller components than the (indirect) ORC system. However, 

this economic advantage is partly compensated by the higher 

pressure level of the CO2 cycle, which leads to greater wall 
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thicknesses of the components. To evaluate the different designs 

for the overall power plant, a detailed comparative design study 

would be the next step However, a first generic economic 

assessment for NLGP based on LCOE calculations have been 

carried out, which is described next. 

ECONOMIC EVALUATION 

According to Bielicki et al. [6] the levelized costs of 

electricity (LCOE) for NLGP systems are decreasing when the 

power plant capacity is increasing from N=1 to higher 

coordination numbers until a minimum appears to be reached at 

N=5. Therefore, two N=5 cases were investigated for the 

economic evaluation.  

In Table 4 the geologic properties of the reservoirs, the 

thermal boundary conditions of the power plants and the most 

relevant thermodynamic assumptions and characteristics for the 

two considered cases are given. They were chosen to represent 

typical conditions of reservoirs, which are common, where 

NLGP is feasible and geothermal systems are not economical. 

During the assumed operation lifetime of 25 years, no thermal 

depletion of the reservoirs was assumed. 

Table 4: Boundary conditions of the two considered cases for 

the economic evaluation. 

Case 

51 MWe 

Case 

157 MWe 

Coordination number N [-] 5 5 

Depth [m] 2500 3500 

Permeability [mD] 50 100 

Temperature gradient [°C/km] 35 35 

Well diameter [m] 0.41 0.41 

Cooling type 
Wet cooling 

tower 

Wet cooling 

tower 

Ambient air heat sink 

temperature [°C] 
15 15 

Approach temperature [°C] 15 15 

P gross [MWe] 79 255 

P net [MWe] 51 157 

The cost assessment is performed for a project with 

brownfield approach. This means, that an already developed 

well field with existing wells, which can be re-used as CO2-

injection wells, is assumed. This may be the case, for example, 

for carbon capture and storage (CCS) systems and for depleted 

gas or oil fields especially when CO2 is injected for enhanced 

oil recovery (EOR) or enhanced gas recovery (EGR).  

The NLGP energy system may be structured in two parts: 

the well field including surface piping, and the surface power 

plant. Beside well drilling as main cost driver, the wellfield 

costs include all efforts for wellfield completion e.g. costs for 

monitoring equipment.  These costs can vary significantly due 

to project specific boundary conditions such as e.g. soil 

properties, available infrastructure and monitoring or regulative 

requirements. For the first cost assessment, estimates by 

Flaming et al. are used [7]. They are based mainly on the 

detailed cost analysis for geologic CO2 sequestration published 

by the United States Environmental Protection Agency, EPA 

(2008) [8], and well drilling estimates from the Geothermal 

Electricity Technology Evaluation Model (GETEM) [9].   

Cost estimates for the CO2 pipelines are also subject to a 

certain dispersion reflecting variations caused by the impact of 

specific terrain, land use, and population density. In the present 

investigation the costs for the 65 km surface piping are 

calculated on average with ca. 2.2 $/(km m), including all 

necessary equipment, corrosion protection cost as well as all 

efforts e.g. for planning engineering and installation. 

Considering published data [8, 10] this approach is assumed to 

be conservative.  

The estimated costs of the power island include all 

necessary systems, infrastructure, buildings, efforts for 

planning, engineering, commissioning etc. that are typically 

within the scope of a turnkey project. An additional 10% in 

costs is assumed for project development by the project owner. 

The power plant costs were derived by adjusting components 

for conventional power plants. Preliminary calculations, based 

on Siemens’ product portfolio and in-house data show that the 

main cost drivers are related to the heat rejection, i.e. cooling 

tower, and gas cooler. Favourable cooling conditions, for 

example access to direct cooling at coastal or offshore 

locations, can therefore lead to significant cost reductions. In 

sum, the current cost estimates for the surface plant, including 

piping, are 300 M$ (52 MWe) and 480 M$ (157 MWe). Further 

cost optimization potentials, e.g. by improving the heat 

rejection systems, seem likely and need to be investigated.  

To evaluate the economic competitiveness of a NLGP 

power plant, the LCOE can be compared. The LCOE are 

calculated based on assumptions and boundary conditions 

following Lazard’s latest comparative LCOE analysis [11].  

Table 5: Assumptions for LCOE calculation for the two 

example NLGP systems. 

Capacity factor 90% 

Operation lifetime 25 years 

Project development/ 

construction time  
1 year 

Annual O&M cost 360 – 630 $/kW 

O&M cost escalation rate 2.25% 

Equity rate 40% 

Cost of equity 12% 

Cost of debt before tax 8% 

Debt payback period Operation lifetime 

Principal payment type Levelized debt service 

Combined tax rate 40% 

Depreciation schedule Modified accelerated 

cost recovery system 

(MACRS) 5-years 
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The capacity factor defines the assumed operational time of 

the power plant. 

Operation and maintenance (O&M) cost for the wellfield 

and the surface power plant are for first calculations estimated 

in accordance with the assumptions used in GETEM [9] as a 

percentage of the capital costs. The resulting annual costs seem 

quite high, compared to experience with conventional power 

plants. Evaporated cooling water is considered with 1 $/m³.  

In sum, the O&M costs contribute up to 40% to the 

estimated LCOE. Therefore, more detailed cost investigations 

should be conducted in a next step to evaluate the differences 

between NLGP systems and geothermal power plants regarding 

O&M efforts.  

Table 6 shows the resulting LCOE compared to 

Lazard’s [11] results for some conventional and renewable 

technologies in 2018. No revenues or costs of CO2 storage are 

included in this comparison. These will have to be considered in 

addition.  

Given the presented boundary conditions and assumptions, 

Table 6 shows that a 52 MWe NLGP power plant may be too 

small to reach competitiveness. In contrast, the calculated 

LCOE for the 157 MWe example NLGP power plant is within 

the LCOE range that is typical for other baseload-capable 

power plants, such as coal, nuclear or solar-thermal towers, the 

latter with energy storage. It must be emphasized that the 

economic assessment strongly depends on the geologic 

properties of the reservoir. As the presented evaluation is not 

based on reservoirs which were selected especially for 

conditions optimal for NLGP, significant lower LCOE can be 

expected with the right reservoirs. These need to be identified in 

a next step. This aspect is confirmed in principle by Levy et al. 

[13] who have determined the LCOE of approximately 16 $ ct 

/kWh for a 30 MW application (green field approach) for a 

Mexican reservoir with special geologic conditions.  

Table 6: LCOE Comparison for various baseload-capable 

power plants 

Technology 
LCOE 

[$ ct/kWh] 

Lazard 

(2018) [11] 

Solar Thermal Tower 

with Energy Storage  

(110 -135 MW) 

9 – 18 

Geothermal 

(20 -50 MW) 
7 – 11 

Nuclear 

(2200 MW) 
11 – 19 

Gas Combined Cycle 

(550 MW) 
4 – 7 

Coal 

(600 MW) 
6 – 14 

 NLGP 

(brownfield) 

Case 52 MW 20 

Case 157 MW 12 

SUMMARY & OUTLOOK 

The thermodynamic evaluation show that CO2-based 

geothermal power plants can produce significantly more output 

than conventional (indirect) hydrothermal systems, particularly 

at “shallow" depths of 2-3 km and low reservoir permeabilities. 

Higher reservoir temperatures, e.g. due to greater reservoir 

depth, reduce the kinematic viscosity of the brine and thus the 

pressure losses occurring in the reservoir. The greater the 

reservoir permeability and the higher the reservoir temperature, 

the greater the energetic advantage of indirect brine systems 

with a secondary ORC (isobutane) process.  

While the variable density of the CO2 leads to a higher 

performance for relatively shallow reservoir depths, due to the 

thermosiphon effect, this property also results in a greater 

sensitivity of NLGP systems to cooling conditions, compared to 

brine-based geothermal systems, where low ambient air heat 

rejection temperatures are particularly advantageous for NLGP 

systems. 

Initial design considerations showed a compact 

turbomachinery layout leading to a more compact design 

compared to brine/ORC systems especially for larger power 

output. Due to the expansion close to the critical point some 

different design requirements compared to fossil application 

needs to be considered. Thus, optimized designs are necessary 

which needs to be elaborated in the next future.  

The calculated LCOEs for the example cases show, that with 

suitable geologic properties, NLGP systems can generate 

electricity at competitive costs, when a brownfield approach is 

used. Reservoirs with more beneficial geologic boundary 

conditions will lead to a further significant reduction of LCOEs. 

Thus, suitable locations need to be identified; enhanced cost 

analyses should be carried out, to determine the boundary 

conditions for competitive NLGP systems even with greenfield 

approach.  

Including the costs of CO2-emissions and the economic benefits 

of providing CO2 storage in the cost comparison can lead to a 

further shift in favour of NLGP systems.   

NOMENCLATURE 

CC Carbon Capture 

CCS Carbon capture and storage 

CCPP Combined cycle power plant 

EGR Enhanced gas recovery 

EOR Enhanced oil recovery 

GETEM Geothermal Electricity Technology Evaluation Model 

Geo geologic 

h Enthalpy [kJ/kg] 

LCOE Levelized costs of electricity 

ṁ Mass flow [kg/s] 

mD millidarcy 

N Coordination number 

NLGP Next Level geothermal Power Plant 

ORC Organic Rankine cycle 

O&M Operation and maintenance 
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p Pressure [bar] 

P Power output [MW] 

ref Reference 

REFPROP   REFerence fluid PROPerties 

Res geologic reservoir 

sCO2 Supercritical Carbon Dioxide 

T Temperature [°C or K] 

Tm Mean Temperature [°C or K] 

TTD Terminal Temperature Difference [K] 

Volume flow [m
3
/s] 

w/s Water/Steam 

x Steam quality [-]  

Δ Difference 

η Efficiency [%] 

 Permeability 

 Dynamic viscosity 

 Pressure loss coefficient 

ρ Density [kg/m
3
] 
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ABSTRACT 

Co-existence of nuclear-renewable energies in a single 
hybrid power plant is considered as a possibly efficient and 
flexible option to significantly reduce environmental impacts 
due to combination of two climate-friendly decarbonized energy 
sources. The concept refers to an innovative system, which 
locally balances the fluctuating renewable energy source such as 
solar, by the steady base load nuclear output, thereby 
smoothening the energy production. This hybrid system also 
features a thermal energy storage (TES) and the whole 
combination allows accommodating the daily and seasonally 
varying electrical grid demand (which specification is likely to 
sharpen with the increased penetration of renewables energies). 
In the literature, many works address hybridization of solar and 
fossil thermal sources or solar and other renewable sources, 
such as geothermal or biomass. Several concepts of 
hybridization of nuclear and fossil thermal sources have been 
also investigated. On the other hand, few works have been 
reported on hybridization of a solar power plant with a small 
modular nuclear reactor (SMR). In such a system, the proven 
pressurized water reactor technology is usually considered and 
a steam Rankine cycle is used as the power conversion system, 
the operating pressure being lowered compared to conventional 
PWRs. 

Inline, the current preliminary work investigates integration 
of a SMR with a concentrated solar power plant (CSP) 
equipped with a TES. However, a supercritical CO2 Brayton 
cycle is originally applied for power generation. The nuclear 
energy loop transfers heat to the thermodynamic cycle and the 
solar heat allows upgrading the turbine inlet temperature. 
Implementation of the TES enables continuous scO2 heating 
and thereby non-stop plant operation. The proposed high 
temperature hybrid configuration is aimed at benefiting from 
the technological advances as regards key components such as 
heat exchangers and gas turbines so that high performances are 
considered along the plant thermal efficiency optimization 
process. An alternative option based on hybridization of a SMR, 
a low temperature solar power plant, an absorption chiller and a 
cold energy storage, is also investigated.  

1. INTRODUCTION

Solar energy has become a trending topic when talking 
about renewables. However large-scale integration of solar 
energy into the electric grid presents some major technical 
challenges. As an intermittent energy source, solar energy 
requires either energy storage or fuel-based backup power so 
that it can provide dispatchable and reliable power. 
Concentrated solar power (CSP) offers specific benefits as a 
renewable energy source due to the ability to readily 
incorporate energy storage. CSP concentrates sunlight by a 
number of mirrors and uses the heat collected from sun’s 
radiation to heat up a working fluid (oil, molten salt …). The 
heated fluid can then be used with conventional power 
generation equipment (i.e., turbines, generators, etc.) to produce 
electricity. Current CSP power plants consist in three parts 
including the solar field, the thermal energy storage (TES) 
subsystem and the power block. TES is considered as the key 
part of the CSP because such subsystem provides not only 
dispatchable electricity but also stability to the electricity 
network in case of high fraction of renewable production or 
intermittency due to weather conditions. In other words, TES 
allows CSP achieving higher capacity factor. Besides, CSP is 
also advantageous because of its amenability to hybridization 
with other energy sources in order to reduce capital costs by 
sharing equipment as well as to enhance the energy 
dispatchability and reliability. Moreover, co-generation of solar 
energy and another energy source in a hybrid power plant might 
bring opportunity for more flexible operation by alternating 
between energy sources, which can lead to improved overall 
efficiency through synergy of the different energy sources.  

Hybridization of solar energy with other energy source has 
been studied intensively in the literature. A review on the 
studies and published papers concerning conventional and non-
conventional hybrid solar–thermal power plants since 1970s 
was carried out by (Ref. 1). Moreover, the technical and 
economic advantages as well as the issues of the technology 
was also described and analyzed by (Ref. 2). The work of Jamel 
et al. pointed out that hybridization of existing fossil fuel power 
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plants (i.e. steam-cycle power plants, combined-cycle power 
plants and gas-turbine power plants) with solar energy is one 
potential option to overcome the rapid depletion of fossil fuel 
reserves and their environmental effects while generating stable 
and reliable electricity. More interestingly, co-generation of 
CSP with other fossil and renewable power generation also 
allows reducing solar plant capital costs due to joint use of 
common equipment by hybridization (Ref. 1, 3, 4). Up to now, 
several integrated CSP-coal or CSP-natural gas hybrid power 
plants are under construction or already in operation.  

In addition to fossil fuel like gas and coal, hybridization of 
CSP with other energy source like biofuels, geothermal, 
photovoltaics and wind, has been also of interest. Recently, 
Powel and Rashid published a review article in which they 
summarized the findings from the previous works conducted in 
the last ten years in which various energy sources were 
hybridized with CSP (Ref. 5). The article also provides an 
overview of the possible hybrid configurations, with advantages 
and disadvantages discussed. 

Some publications could be found in the literature 
concerning a hybrid concept of a nuclear power plant with a 
thermal energy storage. The aims were to increase the nuclear 
power plant flexibility by employing the thermal storage system 
in an energy grid containing high contribution of renewable 
energy sources such as solar and wind (Ref. 6, 7, 8, 9). It is 
known that the existing nuclear power plants generate constant 
base load power and are most economic when operated at 
constant power levels. In other words, it is needed to run the 
nuclear power plants as many hours annually as possible to 
maintain a high capacity factor. 

While many combinations of solar with another source of 
energy have been proposed and put into practice, integration of 
solar energy with nuclear energy has not been yet investigated 
widely. Ruth et al. introduced a potential concept of nuclear-
renewable hybrid energy systems (Ref. 10). According to the 
authors, integrating nuclear and renewable energies in a single 
hybrid energy system allows balancing the fluctuating 
solar/wind-generated electricity by a portion of nuclear-
generated electricity to response the power demand. If the 
demand is low, the excess nuclear heat is stored in the thermal 
energy storage for later use. Furthermore, such a hybrid system 
could not only provide secure and reliable power corresponding 
to the greatly increasing variability of the electric demand but 
also provide affordable and low carbon energy.  

A conceptual design of solar-nuclear hybrid power plant 
including a nuclear energy loop, a solar energy loop and 
electrical generation loop was demonstrated by Sakadjlan et al. 
in their pattern published in 2015 (Ref. 11). Recently in 2016 
and 2017, Popov et Borissova proposed innovative 
configurations of hybrid nuclear-solar power plant systems 
(Ref. 12, 13, 14). They are described and commented in next 
section. Due to the shortage of strong solar-nuclear hybrid 
power plant concept in the literature, the above introduced work 
will be taken as the reference case. 

Moreover, the current work also suggests an integration of 
a small modular reactor and a concentrated solar power plant 
equipped with a thermal energy storage in which supercritical 
CO2 Brayton cycle is adopted for power generation. Evaluation 
of plant’s performance between a coupled nuclear-solar power 
plant and an ordinary nuclear power plant is reported and 
advantages/disadvantages of utilization of SCO2 Brayton cycle 
instead of classical steam Rankine cycle in such innovative 
hybrid system is also discussed. An alternative option based on 
hybridization of a SMR, a low temperature solar power plant, 
an absorption chiller and a cold energy storage, is finally 
investigated. 

2. NUCLEAR-SOLAR HYBRIDIZATION USING 
RANKINE CYCLE

The nuclear power generation at large scale has been 
commercialized since several decades. Up to now, of all the 
traditional energy sources, nuclear appears to be the only 
candidate which can offer abundant and cheap power without 
emission of greenhouse gas. Despite of the amazingly 
increasing development and penetration of renewable energies, 
typically solar and wind, nuclear still takes an important role in 
generating clean electricity in the power industry. However, 
since the initial investment to construct a large nuclear power 
plant is costly, the licensing procedure and erection time are 
long, most developing countries which do not have experience 
of building nuclear power plants or countries with small grid 
size cannot easily afford. Such conditions initialized new 
projects on small and medium nuclear reactors. Since the years 
of 2000s, there has been a growing interest for the development 
and deployment of small and medium size nuclear power plants 
to meet the expanding need for clean and sustainable power in a 
broader range of energy markets. A small modular reactor 
(SMR) is characterized by its small power capacity (less than 
300 MWe) and involves small and modularized components. 
SMR is substantially factory manufactured and installed in the 
the plant rather than stick-built on the site. Such small size also 
allows a significant reduction of construction period. Because 
of its small and modular characteristics, the SMRs are expected 
to be more flexible and adaptable for integration with other 
energy sources (like solar or wind) in a hybrid power plant.  

Nowadays, more and more attention is given to SMR 
research and development in all nuclear nations around the 
world. Various technologies have been selected for the designs 
of SMR. The majority of operating, under-construction or 
design conceptual SMRs are based on classical PWR nuclear 
power plant technologies using water coolant; whereas, some 
other SMRs take the advanced technologies of 4th generation of 
fast neutron reactors employing metal, molten salt or gas as 
coolant. Moreover, there exist also SMRs designed based on 
nuclear propulsion technology such as submarine, aircraft 
carrier, icebreaker and barge (Ref. 15). In the studies taken as 
references (Ref. 12, 13, 14), SMR design values were derived 
from Nuscale project and are summarized in Table 1. 
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Table 1: Design parameters of SMR plant (from Ref 13, 16) 
Reactor core thermal power 159933 kWt 
Turbine inlet temperature 255 °C 
Turbine inlet pressure 31 bar 
Steam flow 71.3 kg/s 
Feedwater temperature 149 °C 
Condenser pressure 0.085 bar 
Net electric power ~ 43911 kWe 
Thermal efficiency 27.45% 

Figure 1:  configuration of SMR - Solar tower hybrid power 
plant (extract from Ref. 13) 

Three different solar power plant technologies including 
the solar photovoltaics (PV), solar tower and parabolic troughs 
have been selected for coupling with a small modular nuclear 
reactor (SMR) and a thermal energy storage (TES). For clarity 
reasons only solar tower case is described in detail hereafter. 
Similarly to the solar-nuclear hybridization presented by (Ref. 
11), the wide spread Pressurized Water Reactor type has also 
been taken as the reference nuclear power plant and Rankine 
cycle is also coupled in the power block. Heat from solar field 
is also used for superheating and reheating the steam at the inlet 
of turbine stages which results in significant improvement of 
plant thermal efficiency. The most promising configuration is 
shown in Figure 1. The introduced hybrid power plant consists 
of four main parts, which are solar field, thermal storage, SMR 
and power block. Two-tanks molten salt thermal energy storage 
is equipped to the solar field and SMR acts as a steam 
generator. The nuclear steam is superheated by the exchanged 
heat with the hot molten salt circulating in the solar field before 
it enters high pressure turbine. Reheat is also carried out prior 
to steam expansion in the low turbine stages.  

Calculations with Thermoflex were carried out by Popov 
and Borisova to evaluate the performance of hybrid plant and to 
compare to that of the SMR plant alone. In our study, we use 
another simulation tool, named as Engineering Equation Solver 
(Ref. 17), to assess the hybrid plant performance. Calculation 
results provided by EES are given in Table 2 and they are in 
good agreement with Thermoflex results. As clearly seen, 
hybridization of SMR to solar power plant enhances 

significantly the plant efficiency in comparison to that of the 
nuclear power plant. Enhancement of 10 points has been 
obtained for the hybrid plant. 

Table 2:  Performance comparison of hybrid power plant to 
nuclear alone power plant 

Plant parameters SMR alone SMR + CSP + 
TES

Turbine inlet temperature [°C] 255 555 
Turbine inlet pressure [bar] 31 30.4 
Net electric power [MWe] 44 92 
Net electric efficiency [%] 27.45 37.47 

3. NUCLEAR-SOLAR HYBRIDIZATION AT HIGH
TEMPERATURE USING SCO2 CYCLE

The steam-Rankine cycle was the most suitable power 
conversion system for a conventional water cooled nuclear 
reactor for more than 60 years. It has demonstrated a good 
efficiency and system reliability when the reactor operating 
temperature is below 350°C. To improve the economy and 
safety of nuclear reactor systems, two distinct research trends in 
the nuclear technology are considered. One trend focuses on the 
small modular reactor (SMR) development as previously 
mentioned. The other trend concerns the design and 
development of advanced nuclear reactor concepts for next 
nuclear reactor generation (Gen IV nuclear reactor). Since the 
early 2000s, more and more attentions on Gen-IV reactor 
systems are recorded. The working temperature of the advanced 
nuclear reactor goes far beyond that of existing water cooled 
reactor. The aim of increasing the operating temperature over 
500°C is to achieve higher efficiency than in the past. Various 
concepts of Gen-IV reactor systems have been proposed and 
studied using different coolants such as helium, sodium, lead, 
molten salt and gas. In such situation, the supercritical carbon 
dioxide (SCO2) Brayton cycle has been widely considered as a 
favorable candidate for being employed in the next generation 
nuclear reactor power conversion systems. Previous analyses of 
SCO2 Brayton power cycle have demonstrated that the cycle 
shows better efficiency and has many advantages compared to 
the traditional Rankine cycle (Ref. 18, 19, 20, 21, 22).  

In our project, the possibility to employ SCO2 Brayton 
cycle for a nuclear-solar hybrid power plant will be 
investigated. Various Brayton cycle layouts will be applied for 
the power block of a nuclear-solar power plant (NSPP) coupling 
a small modular nuclear reactor (SMR) with a concentrated 
solar power plant (CSP). Similarly to the cited NSPP 
configuration proposed by Popov et Borisova, the CSP with 
thermal energy storage (TES) is located at the outlet of the 
SMR. The heat from CSP serves for heating up the SCO2 
temperature before it enters the turbine. The percentage of solar 
heat contribution is increasing from 0 to 100% and the 
corresponding hybrid plant efficiency is calculated respectively 
using EES.  
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Following conditions and component parameters: 
• The maximum pressure in the SCO2 loop is Pmax =

20MPa (other values of Pmax were considered but 
not presented in this paper) 

• The minimum temperature is the temperature at
the outlet of precooler Tmin = 27°C (condensing 
mode) 

• Turbine efficiency: Eturbine = 93 %
• Compressor efficiency: Ecompressor = 89 %
• Effectiveness of recuperators: Erecuperator = 95 %

These are taken from (Ref. 23) in which the author 
investigated different cycle layouts for coupling of SCO2 
Brayton cycle with a SMR or a sodium-cooled fast reactor 
within a wide range of turbine inlet temperature, from 250°C to 
850°C. Parametric calculations were carried out aiming at 
optimizing the working conditions at a given inlet turbine 
condition (temperature and pressure) including the outlet 
pressure of the turbine, the split ratio (for recompression 
layout), the outlet temperature of the condenser. In our study, 
we firstly applied the model from Ref. 23 and carried out the 
calculations of SCO2 Brayton cycle for a SMR with our tool 
EES. A good agreement has been obtained between the two 
calculation tools.  

Then, the model is used for calculations with the currently 
considered NSPP to evaluate the performance of the hybrid 
plant with SCO2 cycle and compare it to the previously case 
when Rankine cycle is employed for NSPP as shown in (Ref. 
13). The heat output from the SMR and the CSP are taken as 
those from the reference case (i.e. QSMR = 160 MWt and QCSP = 
86 MWt). Additionally, following criteria from the NSPP given 
by (Ref. 13) are taken: 

• The inlet and outlet temperatures of the SCO2
loop passing through the steam-SCO2 heat 
exchanger cannot greater than those of the steam 
cycle , i.e. TOHX ≤ Tout,SMR= 255°C, TIHX ≤ Tin,SMR 
= 149°C  

• Maximum temperature in the SCO2 loop cannot
greater than the maximum temperature provided 
by the solar loop Tmax <= 555°C  

Recompression SCO2 Brayton cycle is examined, as 
illustrated in Figure 2, using a similar methodology. However 
the efficiency of hybrid power plant is much less than that of the 
nuclear power plant. In fact, in the reference hybridization of 
SMR-CSP-TES with a steam Rankine cycle presented by (Ref. 
13), the maximum temperature in the steam can achieve 555°C 
which is 300°C greater than the temperature at the outlet of 
SMR (255°C) and is ~ 400°C greater than the inlet temperature 
of SMR (149°C). Such large temperature difference is essential 
to bring significant efficiency enhancement for the hybrid plant. 
Unfortunately, with a SCO2 recompression cycle, the 
temperature difference between the hot and the cold sides (hot 
side refers to the outlet of the heat exchanger and cold side 

refers to the inlet of the heat exchanger) is more limited. The 
following Table 3 provides the optimal temperature difference 
obtained by a recompression cycle at 20MPa when hot 
temperature is varied from 240 to 555°C. It is seen that the 
recompression SCO2 Brayton cycle is only efficient in a limited 
range of temperature.  

SMR

CSP + TES
Turbine

RC

LTR

HTR

MC

Figure 2:  Recompression layout of SCO2 Brayton cycle for 
NSPP. 

It can be noticed that temperatures appearing in the second 
line of Table 3, correspond actually to the coupling case of the 
SCO2 recompression cycle to the currently considered SMR. 
Considering additionally that the temperature getting out from 
the lower heat exchanger of Figure 2, i.e. 255°C, is also the 
temperature entering the upper heat exchanger (with solar 
cycle), according to the fourth line in Table 3, the 
corresponding outlet temperature of the upper heat exchanger 
should be 399°C in the optimal case. However, with the 
provided solar heat from CSP, the SCO2 temperature only 
increases up to 320°C max which is far away from the optimal 
value. Therefore, a low plant efficiency is observed for this 
hybrid using recompression SCO2 cycle.  

Table 3: Optimal calculation for recompression SCO2 
cycle at 20MPa with varying temperature range 

Pmin 
MPa 

Split 
ratio 

TOHX 
°C 

TIHX 
°C 

∆T 
°C 

Efficiency 
(%) 

8.235 0.684 240 139 101 27.96 
8.2338 0.684 255 149 106 29.46 
7.779 0.624 380 240 120 39.4 
7.779 0.625 399 255 144 40.56 
7.791 0.624 405 260 155 40.92 
7 0.589 555 380 175 49.08 

Other layouts SCO2 Brayton cycle have been also 
considered but none of them provides interesting findings on 
the advantage of employing SCO2 Brayton cycle for 
improvement of NSPP plant’s performance.  

In the following paragraph, a cascaded configuration 
employing three recompression SCO2 Brayton cycle at different 
temperature ranges is introduced (Figure 3). As above 
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explained, the direct employment of recompression SCO2 
Brayton cycle could not help improving the hybrid plant due to 
the limitation of temperature difference between the inlet and 
outlet of heat exchanger. In the below configuration, SCO2 is 
heated up gradually in three steps. The temperature ranges in 
each stage are optimized to obtain maximum overall hybrid 
power plant.  

The overall efficiency for the currently considered hybrid 
NSPP with the proposed cascaded configuration containing 
three recompression SCO2 Brayton cycles is 38.81%. About 11 
points increase of plant efficiency is achieved in comparison to 
when the NPP is alone and simple layout SCO2 Brayton cycle 
is used. For the case when the recompression layout is utilized 
for an alone NPP, more than 9 points of plant efficiency 
enhancement is obtained due to hybridization with the CSP. 

CSP

TES

NuScale

149°C

255°C

565°C

139°C

240°C

240°C

380°C

555°C

380°C

296°C

T1

T2

T3

HTR1

HTR2

HTR3

LTR1

LTR2

LTR3

MC1

MC2

MC3

RC1

RC2

RC3

Figure 3:  Cascaded layout of three recompression SCO2 
Brayton cycle for NSPP. 

It is seen that for a nuclear power plant, SCO2 Brayton cycle 
shows better plant efficiency than the Rankine cycle. About 2 
points of increase in SMR plant efficiency could be obtained by 
replacing the Rankine cycle by recompression SCO2 Brayton 
cycle (29.46% vs 27.45%). Moreover, when being integrated 
with the solar tower power plant (NSPP case), the application of 
SCO2 recompression cycle with cascaded configuration shows 
competitive plant efficiency to Rankine cycle (38.81% for 
SCO2 cycle and 37.47% for Rankine cycle). This result is 
obtained by using certain hypothesis concerning the efficiencies 
of the cycle components (turbine, compressor, recuperators) as 
well as other assumptions for maximum pressure temperature 
and minimum temperature of the cycles. A sensibility study on 
those parameters would be of interest to investigate the effects 
of them on the plant efficiency. Additionally, it should be 
highlighted that beside the advantage in cycle efficiency, other 
factors should be considered including the size and cost of 
components (especially the turbomachinery). 

Table 4: Efficiency of three cascaded recompression SCO2 
Brayton cycles for NSPP 

Loop Imposed 
parameters 

Optimised 
parameters 

Loop 
efficiency 

Upper Pmax = 20MPa 
Tmin = 27°C 
TOHX= 555°C 

Pmin =7 MPa 
TIHX=380°C 
Split ratio = 0.5891 

49.08 % 

Middle Pmax = 20MPa 
Tmin = 27°C 
TOHX= 380°C 

Pmin=7.78MPa 
TIHX = 240°C 
Split ratio= 0.6264 

39.4% 

Bottom Pmax = 20MPa 
Tmin = 27°C 
TOHX= 240°C 

Pmin=7.78MPa 
TIHX = 138.7°C 
Split ratio = 0.6838 

27.96% 

These aspects are not covered in the framework of our 
paper but have been shown in the literature are much more 
favorable for SCO2 Brayton cycles than for Rankine cycle. 
Therefore, it is convincing that the application of SCO2 
Brayton cycle for the nuclear-solar hybrid power plant instead 
of using the classical Rankine cycle has high potential and 
further research should be considered in the future to make the 
concept feasible. 

4. NUCLEAR-SOLAR HYBRIDIZATION AT LOW
TEMPERATURE USING SCO2 CYCLE

As mentioned previously, two nuclear-solar hybrid power 
plant configurations are proposed in the current work. The 
above section presents the so-called high temperature hybrid 
plant configuration. As discussed, at operating temperature up 
to 600°C and utilization of sCO2 Brayton loop for the power 
conversion, the high temperature nuclear-solar hybridization 
provides interesting benefits, including an attractive thermal 
efficiency in comparison to the system employing Rankine 
steam cycle. Moreover, it has several other advantages over 
water cycles (i.e. more compact, lower water consumption …). 
However, the solar power plant as well as the thermal energy 
system operating at high temperature can be expensive (Ref. 
13). Also, the use of such high temperature systems (i.e. molten 
salt) can have some constraints for our application (220°C 
freezing point; proximity of nuclear reactor). Therefore, we are 
investigating an alternative nuclear-solar hybrid power plant 
which does not employ high temperature solar power 
technology or high temperature heat storage. In this section, the 
second hybrid configuration will be introduced, called low 
temperature nuclear-solar hybridization, representing an 
electrical production system based on a nuclear-solar coupled 
heat source at lower range of operating temperature, i.e. less 
than 300°C. More precisely, the low temperature hybridization 
idea is based on the use of low temperature technologies of the 
solar thermal collectors (Ref. 24) and thermal energy storage 
(Ref. 25) allowing operation at a wide but lower range of 
temperature, in between 100°C to 300°C instead of 600°C. 
Moreover the constraint to keep a low temperature under 27°C 
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for the heat sink can be a real challenge and this issue is coped 
with the low temperature concept. 

The heart of the architecture lies in the position of the solar 
heat source in the hybrid system. In the high temperature case, 
the solar source locates downstream of the nuclear heat source, 
serving for superheating the SCO2 flow out going from the 
nuclear-SCO2 heat exchanger so that the SCO2 enters the 
turbine at higher temperature, resulting in significant 
enhancement of the thermal efficiency of the hybrid power 
plant. In the current low temperature hybridization, the heat 
from the solar field will be used to preheat the SCO2 in the 
power conversion cycle before it enters the nuclear-SCO2 heat 
exchanger then the turbine. This aims also at improving the 
overall efficiency of the hybrid power system. In addition, the 
proposed configuration makes the hybrid system flexible. 
Indeed, one part of the solar heat serves for direct generation of 
electricity through a SCO2 Brayton loop as described. The 
other part of the solar heat could be used to feed an absorption 
chiller which in turn will produce cold water for cooling down 
the SCO2 at the inlet of the compressor. This allows the power 
block operating in a condensing mode for which the inlet 
temperature to the compressor could be lowered compare to 
ambient temperature. Such cooling process helps reducing the 
work required by the compressor, hence, increasing the total net 
work done by the system as well as its thermal efficiency. The 
working principle of the low temperature solar-hybrid power 
plant is described hereafter. 

The hybrid system is composed of a molten salt cycle (solar 
heat source), a nuclear heat source and a SCO2 cycle (Figure 
4). The SCO2 first receives one part of the available solar heat 
and is preheated (state 10) before entering the second heat 
exchanger in which it is heated again by the heat from the 
nuclear steam cycle (state 11). Then, the heated SCO2 arrives at 
the turbine inlet (state 1). SCO2 flow is expanded in a turbine 
connected to an electricity generator (state 2). Then, in order to 
increase the efficiency of the cycle, SCO2 exchanges heat to the 
high temperature recuperator (HTR, state 3), then to the low 
temperature recuperator (LTR, state 4). In case of the SCO2 
Brayton recompression layout as shown in Figure 4, at state 4, 
the SCO2 flow is split by a factor X named split ratio. One part 
of the SCO2 flow passes successively through two stages of 
cooling (state 4 up to state 5). The flow is first cooled down to 
ambient temperature due to connection to an external cooling 
source. Then, it passes through another precooler in which the 
heat from SCO2 is exchanged to a cold liquid source. Hence, 
SCO2 becomes cooler. Such cold liquid source is produced by 
an absorption chiller which is fed by a part of the available solar 
heat. The sCO2 is then compressed in a compressor (MC) to the 
state 6. The compressed fluid is heated by the recuperated heat 
from the LTR (state 8). The other part of SCO2 flows extracted 
from the main flow does not pass through the recuperator but 
directly enters the recompression compressor in which it is 
compressed and gets out at state 7. This outgoing flow 
reintegrates to the main flow at state 9 before entering to the 

high temperature recuperator in which the SCO2 is heated up 
again before returning to the solar-SCO2 heat exchanger (state 
10) and the cycle continues.

It is noted that according to the currently presented hybrid 
configuration, depending on the electric demand, the partition 
of the solar heat serving for SCO2 cycle for generating 
electricity and for feeding the absorption machine can be 
adjusted. Also, the cold liquid produced by the absorption 
machine can be used directly for SCO2 cooling or in case of 
excess, it will be stored in the cold storage for other 
applications.  

Figure 4 provides the schematic diagram of the proposed 
low temperature nuclear-solar hybrid plant with details of the 
components existing in the solar field (solar thermal collectors 
and the two molten-salt tanks of the thermal energy storage 
system) as well as the absorption chiller (composed of a 
generator, an absorber, an evaporator and a condenser) with the 
cold liquid storage (with two storage tanks). Absorption chiller 
technology can be either H2O-LiBr type or NH3-H2O type (as 
in Figure 4). In the current study, NH3-H2O is preferred as 
lower temperatures can be obtained. 

As done for the high temperature hybrid plant, static 
calculations with EES have been performed to evaluate the 
thermodynamic performance of the low temperature hybrid 
plant. Similar SMR is employed with nuclear thermal heat 
output of 160 MWt. The solar field with heliostats are now 
replaced by the solar thermal collectors operating at low 
temperature (less than 150°C). An adaptive thermal energy 
storage will be equipped (ex. steam, oil …). However, the 
thermal capacity of the solar field is assumed to be the one 
given by (Ref.13) (Qsolar = 86 MWt). Pressure drop is neglected. 
Assumptions for efficiencies of the components in the SCO2 
cycle (turbine, recuperators, and compressors) are the same as 
in the section 3.1 while the coefficient of performance (COP) of 
the chiller is supposed to be 0.6. 

The temperatures at the cold and hot legs of the nuclear-
SCO2 heat exchanger are maintained at the inlet and outlet 
temperature of the reference SMR (i.e. TIHX = 149°C at state 11, 
TOHX = 255°C at state 1). The inlet turbine pressure (also called 
as the maximum pressure) is imposed at 20 MPa. The SCO2 
flow is supposed to be cooled down to 5°C before entering the 
main compressor (i.e. the temperature of the cold liquid 
produced by the absorption chiller is assumed as 5°C, as an 
example). The inlet temperature to the solar-SCO2 heat 
exchanger (state 10) varies corresponding to varying 
participation of solar heat for SCO2 preheating. The parameters 
to be calculated include the inlet compressor pressure, the split 
ratio, the repartition between the solar heat serving for SCO2 
preheating and the one consumed by the chiller to produce cold 
liquid at 5°C, the optimized output power as well as the overall 
thermal efficiency of the hybrid power system. 
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Figure 4:  Schematic diagram with detailed components of 
solar field with thermal energy storage and absorption chiller 

with cold liquid storage. 

In the following, Figure 5 and Figure 6 exhibit the net 
output power obtained for the currently studied nuclear-solar 
hybrid power plant as a function of the percentage solar heat 
serving directly for SCO2 preheating, respectively. It is seen 
that the participation of solar heat for preheating SCO2 before 
entering the nuclear-SCO2 heat exchanger reveals better 
performance in comparison to the non-preheating case. Indeed, 
up to 18% of power enhancement could be produced at the 
output of the generator, corresponding to about 2 points 
improvement of the plant efficiency.  
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Figure 5:  Net power output obtained by the low-
temperature hybrid plant 

 

It is noted that the ambient temperature is quite high 
compared to low temperature of the cycle (27°C vs 5°C), 
leading to a high demand of cold liquid for the SCO2 cooling 
process (from 27°C to the inlet compressor temperature of 
5°C). Therefore, the main part of the available solar heat is 
consumed by the absorption chiller for cold liquid production. 
Only about 20% of the solar heat will serve for preheating in the 
SCO2 cycle. By contrast, if reference temperature was lower or 
cold liquid temperature higher, the cold liquid requirement for 
SCO2 cooling would be much less and as a result a higher part 
of the solar heat could be used for SCO2 preheating. 

It is observed that in terms of thermal efficiency, the low-
temperature hybrid plant is not as attractive as the high-
temperature one. However, with such configuration, low 
temperature technologies for solar power plant could be 
employed, making the idea potentially competitive thanks to 
cost reduction trends for low-temperature heat generation 
CAPEX (Ref. 24). Furthermore use of low-temperature heat 
storage can be interesting due to low energy capacity cost (Ref. 
25). 
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Figure 6:  Thermal efficiency obtained by the low-
temperature hybrid plant 

CONCLUSIONS 

Both nuclear and solar can provide significant contribution 
to provide clean and sustainable electricity to the power 
industry. Nuclear power plants generally provide constant base 
load power while solar energy is intermittent. Balancing 
fluctuating solar with nuclear energy is considered as the 
solution for the current and future energy systems, in order to 
improve the viability of the nuclear power plant in an electricity 
grid containing a significant fraction of renewable (solar and 
wind) energy sources. A literature survey has been carried out 
and showed that there exist only few works on the design and 
development of nuclear-solar hybrid power plants. The paper 
reviews and provides a detailed analysis of hybrid small nuclear 
reactor – solar tower power plant equipped by a TES, recently 
available in the literature.  

The paper investigates the potential application of the 
SCO2 Brayton cycle instead of a Rankine cycle in the power 
block of the hybrid plant; nuclear and solar heat were chosen to 
be identical with the reference concept plant, without any 
attempt of optimization. Two conceptual architectures for the 
nuclear-solar hybrid power plant employing SCO2 Brayton 
cycle have been proposed for different conditions of operating 
temperatures. The high temperature hybrid power plant takes 
benefit from the solar heat to heat up the SCO2 at the outlet of 
the SMR, allowing an important increase of inlet turbine 
temperature, leading to improvement of the cycle’s thermal 
efficiency. Such high temperature hybrid configuration involves 
three SCO2 loops according to recompression layouts, allowing 
a gradual increase of SCO2 temperature from about 150°C up 
to 555°C. This hybrid power plant reveals a better 
thermodynamic performance in comparison to the case when 
the SMR is alone. An increase of up to 11 points can be 
obtained due to hybridization. Moreover, the idea of SCO2 
Brayton cycle seems to be really competitive to the classical 
Rankine one thanks to its advantageous characteristics such as 
the compactness and the friendliness to the environment.  

Despite many advantages of the high temperature hybrid 
power plant configuration, it can be interesting to propose a low 
temperature alternative. This configuration will be based on 
low-temperature solar heat generation technology currently 
developed for industrial processes and district heating and low-
temperature heat storage. The low temperature hybrid power 
concept consists in a plant in which the solar heat is consumed 
for two purposes, first to preheat the SCO2 before it returns to 
the nuclear-SCO2 heat exchanger and second to feed an 
absorption chiller in order to produce cold liquid which serves 
for precooling the SCO2 at the inlet of the main compressor. In 
terms of thermodynamic performance, due to hybridization, 2 
points of efficiency enhancement could be obtained by such 
hybrid system. More interestingly, the architecture allows 
utilization of low temperature technologies for solar field as 
well as for the TES system. 
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ABSTRACT 

The present work deals with the study of the part-load 

performance and operating strategies of a coal fired sCO2 power 

plant. In sCO2 cycles the compression phase generally starts very 

close to the fluid critical point in a region characterized by 

significant real gas effects, so that depressurization, that is the 

typical operating strategy adopted for closed gas cycles, may not 

be the optimal one. In fact, a significant variation of fluid 

thermodynamic properties along the compression will occur with 

a probable penalization on the overall plant efficiency. A 

recuperative recompressed cycle with High Temperature 

Recuperator (HTR) achieving a cycle efficiency of 41.92% is 

designed and part-load performances of the overall power plant 

are analyzed also taking into account the boiler off-design 

behavior. Different operating strategies are investigated 

considering the combinations of component features such as 

rotational speed and variable geometry at the inlet of 

turbomachinery, fan speed on the heat rejection unit, variation of 

the fluid inventory. The best operating strategy energy-wise is 

finally proposed, providing a numerical estimation of the off-

design overall plant performance and highlighting some design 

criteria for boiler and turbomachinery. 

INTRODUCTION 

Supercritical CO2 cycles for power generation are gaining a 

large interest from industry, institutions and academia as 

demonstrated by the large amount of investments, founded 

projects and research papers. This attention is motivated by the 

potential of sCO2 technology of replacing conventional steam 

plants in a number of applications and likely playing a relevant 

role in the future energy scenario. The H2020 sCO2-Flex [1] 

project is studying the possible application of sCO2 cycles in coal 

fired power plants in order to enhance their flexibility and ease 

the integration with non-dispatchable renewable energy sources 

such as wind and solar. Main advantages of sCO2 power plants 

with respect to USC technology are: (i) potential higher 

efficiency, (ii) compactness of the turbomachinery, (iii) no need 

of water treatment, deaerator, vacuum pump, etc., (iv) high 

performance at part-load and (v) fast transients. The first two 

figures have been numerically evaluated in different independent 

studies while the assessment of flexibility still lacks deep 

investigation. This study focuses on the part-load performance 

and control strategies for a sCO2 cycle used as power cycle in a 

coal-fired power plant. Differently from closed Joule-Brayton 

cycles using for example He and N2 that operate in the ideal gas 

region, in sCO2 power cycles the main compressor is generally 

designed to operate very close to the fluid critical point in a 

region characterized by marked real gas effects (i.e. a region 

where the gas has a compressibility factor Z significantly lower 

than 1) [2]. For these plants, cycle depressurization at partial load 

may involve a significant variation of fluid properties along 

compression with an efficiency penalization that may jeopardize 

also the overall plant performance. The optimization of the part-

load operation of sCO2 power plants is scarcely studied in 

literature and the main unknowns regard the design and the 

operation of turbomachinery. Different operating strategies are 

investigated in this work for a recuperative recompressed cycle 

configuration selected within the sCO2-Flex project and 

considering the combinations of component features: (i) turbine 

and compressor (fixed/variable velocity, with or without variable 

geometry), (ii) heat rejection unit (fixed/variable fan speed), (iii) 

fluid inventory (variable/fixed). For each design combination, 

the best operating strategy in terms of system efficiency is 

proposed, providing a numerical estimation of the part-load 

performance attainable with sCO2 power plants and highlighting 

suggested design criteria for the turbomachinery. 
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METHODOLOGY AND CYCLE LAYOUT 

Due to the large number of possible applications for sCO2 

cycles, more than 50 different sCO2 cycle layouts have been 

proposed in literature [3]. The use of a sCO2 cycle as power cycle 

for coal-fired power plants is being investigated within the 

sCO2-Flex project which has identified 21 promising cycles for 

this specific application. Typically, sCO2 cycles are strongly 

regenerative, limiting the temperature variation across the 

primary heat exchanger: this feature allows achieving high cycle 

efficiencies, but does not ease the coupling with a boiler in which 

it is necessary to cool down as much as possible the hot flue 

gases. Combustion air preheating by means of a Ljungström heat 

exchanger can mitigate this problem, but a compromise between 

cycle and boiler efficiency is required. After a preliminary 

analysis, the sCO2-Flex consortium has identified three cycles 

as the most suitable ones for the selected application. The 

selection was made considering i) the cycle performance, ii) the 

boiler integration and performance and iii) the system simplicity. 

In this study a recuperative recompressed cycle with High 

Temperature Recuperator (HTR) bypass is considered. The cycle 

layout is reported in Fig. 1. 

This cycle is the simplest among the three cycles selected 

within the sCO2-Flex project [4] and guarantees effective flue 

gas cooling thanks to the CO2 stream that bypasses the HTR and 

is heated up in the boiler. The presence of the secondary 

compressor allows a good balance of the heat capacities of the 

cold and hot CO2 streams in the Low Temperature Recuperator 

(LTR), reducing the irreversibilities related to the heat exchange 

and thus boosting the cycle efficiency.  

Figure 1: (top) schematic plant layout and (bottom) T-s diagram 

of the recompressed cycle with HTR bypass.  

The numerical model adopted within sCO2-Flex and used in 

this work for the simulation of the coal-fired sCO2 power plant 

has been developed in MATLAB® [5] and adopts REFPROP 9.1 

database [6] for the calculation of thermodynamic properties of 

CO2. The code is able to solve mass and energy balances, to 

compute the cycle thermodynamic performances and to evaluate 

the main components design parameters for several cycle 

configurations. 

Once the design is performed, the obtained results (e.g. heat 

exchanger surfaces and volumes) are used as input data for the 

part-load simulation. The different part-load operating strategies 

are compared in terms of system efficiency and turbomachinery 

operating conditions, neglecting in this phase of the study the 

variation of the turbomachinery efficiency. 

CYCLE THERMODYNAMIC DESIGN 

The analysis in the present study is carried out for a power 

plant having a gross cycle electric power output (Ẇ𝑔𝑟𝑜𝑠𝑠) of 100 

MWel. Cycle maximum temperature and pressure are set to 

620°C and 250 bar respectively, according to the current values 

used for Ultra Super Critical (USC) boilers. Turbine efficiency 

and compressor efficiencies were evaluated with a preliminary 

sizing in [7]. In order to ease the replicability of the system in 

different sites an air-cooled heat rejection unit is considered. The 

minimum cycle temperature is fixed to 33°C, while the minimum 

cycle pressure is optimized in order to maximise the cycle 

efficiency. As further assumption, the same temperature is 

assumed for the high-pressure CO2 stream exiting the LTR and 

for the CO2 stream exiting the secondary compressor, thus 

guaranteeing no mixing losses. Similarly, the high-pressure CO2 

exiting the HTR and the bypass CO2 stream are isothermally 

mixed. All the main assumptions for the cycle design are 

summarized in Table 1.  

Table 1: Main assumptions for the cycle design 
Cycle assumptions 

Cycle design gross electric power Wgross, MW 100 

Maximum cycle temperature 𝑇5,°C 620 

Maximum cycle pressure 𝑝2, bar 250 

Minimum cycle temperature 𝑇1,°C 33 

Turbine isentropic efficiency, 𝜂𝑡𝑢𝑟𝑏 84.3 % * 

Main compressor isentropic efficiency, 𝜂𝑐𝑜𝑚𝑝1 82.2 % * 

Second. compressor isentropic efficiency 𝜂𝑐𝑜𝑚𝑝2 82.4 % * 

Generator/motor efficiency 𝜂𝑚𝑒,𝑡/ 𝜂𝑚𝑒,𝑐 96.4 % 

LTR pinch point Δ𝑇𝐿𝑇𝑅,°C 10 

HTR pinch point Δ𝑇𝐻𝑇𝑅,°C 10 

HRU CO2 (Δ𝑝/𝑝𝑖𝑛) 0.5 % 

Recuperator hot side (Δ𝑝/𝑝𝑖𝑛) 0.5 % 

Recuperator cold side (Δ𝑝/𝑝𝑖𝑛) 0.5 % 

HRU electric cons. per MW of heat rejected 𝜉 0.0085 
*The reported turbomachinery efficiency value is just indicative.

Cycle thermodynamic efficiency (𝜂𝑐𝑦𝑐𝑙𝑒) is calculated

considering the turbine and compressors work, the mechanical 

and electric efficiencies of generator (𝜂𝑚𝑒,𝑡) and motors (𝜂𝑚𝑒,𝑐) 

and the heat rejection auxiliaries consumption. 

𝜂𝑐𝑦𝑐𝑙𝑒 =
�̇�𝑛𝑒𝑡

�̇�𝑖𝑛,𝑐𝑦𝑐𝑙𝑒
=
�̇�𝑡 − �̇�𝑐1 − �̇�𝑐2 − �̇�𝐻𝑅𝑈,𝑎𝑢𝑥

�̇�𝑖𝑛,𝑐𝑦𝑐𝑙𝑒

=

[𝛥ℎ5−6𝜂𝑚𝑒,𝑡 − 𝑆𝑅
𝛥ℎ1−2
𝜂𝑚𝑒,𝑐

− (1 − 𝑆𝑅)
𝛥ℎ3−8
𝜂𝑚𝑒,𝑐

− 𝑆𝑅𝜉𝛥ℎ8−1]

𝛥ℎ4−5 + 𝐵𝑅 𝛥ℎ3−4

(1) 
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BOILER THERMODYNAMIC DESIGN 

The boiler is fuelled with BILINA HP1 coal, whose ash-free 

chemical composition on a molar basis is C: 37.85%, H: 34.81%, 

O: 9.16%, N: 0.40%, S: 0.25%, H2O: 17.53% with a Lower 

Heating Value (LHV) equal to 16.9 MJ/kg. Closed system coal 

drying is assumed, thus evaporated water enters the boiler 

together with coal and flue gas composition corresponds to coal 

as received. The excess of air with respect to the stoichiometric 

value is assumed equal to 20% in order to guarantee complete 

combustion and to limit boiler stack losses. The stack 

temperature has been limited to 130°C in order to avoid acid 

condenses in the flue gases, mainly caused by the combination 

of sulfur trioxide (SO3) present in the flue gases with moisture to 

form sulfuric acid (H2SO4). The adiabatic flame temperature is 

computed for simplicity without considering air staging, as this 

has secondary impact on the overall boiler energy balance. 

The heat exchangers layout in the boiler is preliminary and 

considers two different boiler zones:  

• A high temperature radiative zone where the main heat

exchange mechanism is the radiation due to the presence of

the flame and the high temperature of the flue gases. This

zone includes the high temperature section of the Primary

Heat Exchanger (HT-PHE) and the flue gases are cooled

down to 1200°C [8].

• An intermediate-low temperature radiative-convective zone

in which both radiation and convection are considered. In

this zone the low temperature section of the Primary Heat

Exchanger (LT-PHE) and the HTR bypass heat exchanger

(HTRB) are considered.

Table 2: Main assumptions for the boiler thermodynamic design 
Boiler assumptions 

Ambient temperature, °C 20 

Minimum allowable stack temperature 𝑇𝑠𝑡𝑎𝑐𝑘,°C 130 

Minimum allowable boiler pinch point ∆𝑇𝑝𝑝,𝑏𝑜𝑖𝑙𝑒𝑟 ,°C 50 

Minimum allowable Ljungström pinch point Δ𝑇𝑝𝑝,𝐿𝑗,°C 30 

Boiler CO2 side Δ𝑝𝑏𝑜𝑖𝑙𝑒𝑟, bar 2.5 

Excess of air 20% 

Flue gas temperature at the radiative zone exit, Tout,rad, °C 1200 

Maximum air temperature at LJ outlet, TLJ,max, °C 350 

Boiler efficiency (𝜂𝑏𝑜𝑖𝑙𝑒𝑟) is calculated considering the heat

loss with the flue gases at the stack, thus neglecting heat losses 

from boiler walls to the environment: 

𝜂𝑏𝑜𝑖𝑙𝑒𝑟 =
�̇�𝑖𝑛,𝑐𝑦𝑐𝑙𝑒

�̇�𝐿𝐻𝑉
= 1 −

∫ �̇�𝑓𝑔𝑐𝑝,𝑓𝑔(𝑇)𝑑𝑇
𝑇𝑠𝑡𝑎𝑐𝑘
𝑇𝑎𝑚𝑏

�̇�𝑓𝑢𝑒𝑙𝐿𝐻𝑉𝑓𝑢𝑒𝑙
(2) 

The plant overall efficiency (𝜂𝑝𝑙𝑎𝑛𝑡) is calculated as the

product between cycle efficiency and boiler efficiency: 

𝜂𝑝𝑙𝑎𝑛𝑡 = 𝜂𝑐𝑦𝑐𝑙𝑒𝜂𝑏𝑜𝑖𝑙𝑒𝑟 =
�̇�𝑛𝑒𝑡

�̇�𝐿𝐻𝑉
(3) 

HEAT EXCHANGERS SIZING 

The detailed design of the heat exchangers is performed 

according to the thermodynamic design of the cycle and of the 

boiler, assuming the pressure drops provided in  Table 1 as target. 

As widely suggested in literature [9][10][11], Printed 

Circuit Heat Exchangers (PCHE) are considered for the LTR and 

HTR and their sizing is made in accordance with the work 

developed by Dostal [9] and with a set of hypotheses already 

used in previous works [4][12].  The recuperators are discretized 

in 50 sections and for each segment the overall heat transfer 

coefficient, the required heat transfer area, metal and sCO2 

volumes are obtained. 

The primary heat exchanger is designed as a two-pass heat 

exchanger. The radiative high temperature section (HT-PHE) is 

considered as a membrane wall heat exchanger while the 

convective-radiative intermediate temperature section (LT-PHE) 

is assumed as counter flow tubular heat exchanger. The HTRB 

heat exchanger is assumed as a counter flow tubular heat 

exchanger as well. The value of the radiative heat flux on the 

membrane walls is computed through a series of Thermoflex [8] 

simulations of the radiant boiler component and its value is 

assumed equal to 117 kW/m2. 

Both tubular heat exchangers in the boiler (LT-PHE and 

HTRB) are discretized in 50 steps, each one exchanging the same 

amount of heat. The internal heat transfer coefficient is computed 

with the Dittus-Boelter correlation [13], while the external heat 

transfer coefficient is computed as the sum of a convective and a 

radiative contribution, both estimated through correlation 

obtained from Thermoflex as function of the flue gases velocity 

and temperature[8], [12].  

The overall heat transfer coefficient referred to the internal 

area for the j-th step 𝑈𝑖𝑛,𝑗  is then obtained as:

𝑈𝑖𝑛,𝑗 =

(

1

ℎ𝑡𝑐𝐶𝑂2,𝑗
+
𝑑𝑖𝑛ln (

𝑑𝑒𝑥
𝑑𝑖𝑛

)

2𝑘𝑡
+

𝐴𝑖𝑛,𝑗
𝐴𝑒𝑥,𝑗

(ℎ𝑡𝑐𝐹𝐺,𝑟𝑎 +ℎ𝑡𝑐𝐹𝐺,𝑐𝑜𝑛𝑣)

)

−1

(4) 

The internal heat transfer area of each heat exchanger in the 

radiative-convective section is finally computed as:  

𝐴𝑖𝑛 =∑
�̇�𝑗

𝑈𝑖𝑛,𝑗∆𝑇𝑚𝑙,𝑗

50

𝑗=1

(5) 

The heat rejection unit heat exchange area is predicted with 

LU-VE proprietary correlations [14] computing the heat transfer 

coefficients, the pressure drops and the overall heat exchanger 

area. 

Finally, the Ljungström air preheater, given its effectiveness 

from the thermodynamic design, is sized with Thermoflex. 

The main geometrical assumptions for the different heat 

exchangers design are reported in Table 3. 
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Table 3: Main assumptions for the different heat exchangers 

design 
PCHE 

Thickness of plate, mm 1.5 

Diameter of semi-circular channel, mm 2 

Thickness of wall between channels, mm 0.4 

Heat exchanger material INCOLOY 800 

HT-PHE 

Tube internal diameter, mm 20 

Ratio of tube pitch to external diameter 1.45 

Tube and membrane material INCONEL 617 

HTRB and LT-PHE 

Tube internal diameter, mm 40 

Ratio of tube pitch to external diameter 1.2 

Ratio of transverse tube pitch to ext. diameter 10 

Tube material INCONEL 617 

DESIGN RESULTS 

The results of the thermodynamic design of the system are 

reported in Table 5. The obtained net cycle efficiency is 41.92%, 

while the boiler efficiency is 94.37%; combining these two 

contributions an overall efficiency of 39.56% is achieved. All the 

main thermodynamic properties of the cycle streams are reported 

in Table 4. 

Table 4: Thermodynamic streams of the sCO2 cycle 
Point Temp. 

(°C) 

Press. 

(bar) 

Density 

(kg/m3) 

Enthalpy 

(kJ/kg) 

Entropy 

(kJ/kgK) 

1 33 81.18 632.40 301.77 1.33 

2 67.13 250 751.30 330.74 1.34 

3 186.68 248.75 343.45 563.33 1.94 

4 481.88 247.51 167.71 946.82 2.59 

5 620 245.51 138.39 1120.15 2.80 

6 491.88 82.41 56.60 974.91 2.84 

7 196.68 81.99 99.65 635.15 2.28 

8 77.13 81.58 168.38 485.70 1.91 

9 531.14 246.80 155.81 1008.4 2.67 

As it is possible to notice from Figure 2, which depicts the boiler 

T-Q diagram, the optimal boiler design presents values of pinch 

point temperature differences at the main HX sections higher 

than the minimum achievable technical value. This fact is due to 

the limitation imposed to the stack temperature and to the 

combustion air preheating temperature.  

Thus, as it is possible to notice from Table 5 that, in order to 

maximize the boiler efficiency, stack temperature is pushed 

down by the optimizer to its lower bound value, while at the 

same time the air combustion temperature at Ljungstrom HX exit 

is pushed to its upper bound value. 

Table 5: Main results of the boiler and cycle design. 
Boiler and cycle optimized results 

CO2 mass flow at turbine inlet, kg/s 1087.12 

CO2 mass flow at HRU, kg/s 698.53 

CO2 mass flow at HTR bypass, kg/s 123.95 

Split ratio SR 0.643 

Bypass ratio BR 0.114 

Minimum cycle pressure 𝑝1, bar 81.18 

Coal mass flow rate, kg/s 14.80 

Air mass flow rate, kg/s 98.22 

Flue gases mass flow rate, kg/s 111.65 

Adiabatic flame temperature, °C 1980.96 

Flue gases stack temperature, °C 130 

Optimal boiler pinch point ∆𝑇𝑝𝑝,𝑏𝑜𝑖𝑙𝑒𝑟 ,°C 209.25 

Ljungström pinch point Δ𝑇𝑝𝑝,𝐿𝑗,°C 45.93 

Turbine electric power, MWel 152.27 

Main compressor electric power, MWel 20.98 

Secondary compressor electric power, MWel 31.28 

Heat rejection auxiliaries consumption, MWel 1.09 

Cycle efficiency 41.92% 

Boiler efficiency 94.37% 

Overall efficiency 39.56% 

Figure 2: Boiler T-Q (temperature vs. thermal power exchanged) 

diagram. 

Table 6 reports the main results of the HX design showing how 

the two recuperators require large overall heat exchange areas 

due to the small Δ𝑇𝐿𝑇𝑅  and Δ𝑇𝐻𝑇𝑅 selected.

Table 6: Main results of the heat exchangers design 

APHHTRBLT-PHEHT-PHE

Flue gases

CO2

Air

9
5

9
4

3

Parameter HRU LTR HTR HT-PHE LT-PHE HTRB 

Heat duty, MW 188.4 162.4 369.3 121.5 66.9 47.5 

Hot side heat transfer coefficient, W/m2K 4880.7 4398.9 3682.7 - 105.7 84.7 

Cold side heat transfer coefficient, W/m2K 75.8 4503.5 3717.4 - 3419.6 4247.1 

Global heat transfer coefficient, W/m2K 53.4 2039.5 1737.6 80.2 98.2 80.3 

Internal heat transfer surface, m2 8912 6898.7 14345.5 1595 1203 1876 

HX metal mass, kg 70316 43258 89953 77331 73573 113787 
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PART LOAD OPERATION 

The analysis of the system at part load is performed 

assuming a reduction of the fuel input and a proportional 

reduction of the combustion air to keep the air-to-fuel ratio 

constant and to guarantee an effective combustion also in off-

design conditions. For the considered preliminary analysis, a 

constant ambient air temperature and a constant compressor inlet 

temperature are assumed as well, since the focus of the work is 

on the different operating strategies available for an active part-

load control. As in design conditions, an isothermal mixing at the 

high pressure exit of the LTR and HTR is imposed by properly 

varying the split fraction to the secondary compressor and the 

one to the HTR bypass. The maximum sCO2 temperature (T5) is 

kept constant in order to simplify the analysis and avoid metal 

overheating in the furnace. The pressure drops in each heat 

exchanger section at part-load are corrected with respect to the 

design value through the following correlation: 

∆𝑝 = ∆𝑝 𝑒𝑠𝑖𝑔𝑛 (
𝜌 𝑒𝑠𝑖𝑔𝑛

𝜌
)(

�̇�

�̇� 𝑒𝑠𝑖𝑔𝑛
)

2

(6) 

The heat transfer coefficients at part load operation on the CO2 

side for LTR, HTR, HTRB and LT-PHE and on the flue gas side 

for HTRB and LT-PHE are computed with a simplified approach 

as function of the ratio between the mass flow rate in off-design 

conditions and the mass flow rate in nominal operation: 

ℎ𝑡𝑐𝐶𝑂2 = ℎ𝑡𝑐𝐶𝑂2, 𝑒𝑠𝑖𝑔𝑛 (
�̇�𝐶𝑂2

�̇�𝐶𝑂2, 𝑒𝑠𝑖𝑔𝑛
)

0.8

(7) 

ℎ𝑡𝑐𝐹𝐺 = ℎ𝑡𝑐𝐹𝐺, 𝑒𝑠𝑖𝑔𝑛 (
�̇�𝐹𝐺

�̇�𝐹𝐺, 𝑒𝑠𝑖𝑔𝑛
)

0.6

(8) 

The different exponents on the mass flow ratios for CO2 and 

flue gases depends on the different correlations used for the 

calculation of the convective heat transfer coefficients [13].  

In the HT-PHE, being the radiation the main heat exchange 

mechanism, the equivalent overall heat transfer coefficient 𝑈𝑟𝑎
computed in nominal conditions (see  

Table 6) is kept constant independently from the load as the 

variation of the adiabatic flame temperature is limited. 

Finally, for the HRU, it has been preferred to adopt ad hoc 

correlations due to the proximity of the CO2 thermodynamic 

conditions to the critical point [15]. 

Heat rejection unit fan consumption is calculated with reference 

to the nominal value and adopting an exponential function as 

reported: 

�̇�𝐻𝑅𝑈,𝑎𝑢𝑥 = �̇�𝐻𝑅𝑈,𝑎𝑢𝑥, 𝑒𝑠𝑖𝑔𝑛 (
�̇�𝑎𝑖𝑟

�̇�𝑎𝑖𝑟, 𝑒𝑠𝑖𝑔𝑛

)

2.78

(9) 

Different options are available for the part-load control of 

the cycle, depending on the turbomachinery features: 

compressors and turbine may be equipped with Variable Inlet 

Guide Vanes (VIGV) and may be able to vary their rotational 

speed. Moreover, a further option available in closed gas cycles 

is related to the possibility of varying the working fluid inventory 

thus changing the operating pressure of the system. In the present 

work different options are considered for the sCO2 turbine and 

their effect on cycle performance and compressors operating 

points are investigated. The turbine is assumed to operate in 

chocked flow conditions, thus the following correlation holds: 

�̇�5√𝑇5

𝑝5𝐴𝑖𝑛,𝑡𝑢𝑟𝑏
=

�̇�5, 𝑒𝑠𝑖𝑔𝑛√𝑇5, 𝑒𝑠𝑖𝑔𝑛

𝑝5, 𝑒𝑠𝑖𝑔𝑛𝐴𝑖𝑛,𝑡𝑢𝑟𝑏, 𝑒𝑠𝑖𝑔𝑛 
(10) 

For simplicity, no variation on turbomachinery efficiency is 

considered. The following cases are identified: 

• CASE 1: Turbine in sliding pressure and fixed minimum

cycle pressure;

• CASE 2: Turbine in sliding pressure and optimized variable

minimum cycle pressure;

• CASE 3: Turbine with partial admission and fixed minimum

cycle pressure.

RESULTS 

CASE 1: Turbine in sliding pressure and fixed minimum cycle 

pressure. 

Figure 3, left depicts the trend of cycle efficiency, boiler 

efficiency and the plant efficiency. The cycle efficiency tends to 

remain constant for a wide range of fuel input as the negative 

effect related to the reduced compression ratio with consequent 

reduction of the net specific power output of the cycle is 

compensated by the increased heat exchangers effectiveness. In 

fact, at part load the heat exchangers are oversized with respect 

to their duty and thus perform in a more effective way as it is 

possible to see from the boiler efficiency trend. For coal mass 

flow rates below 60% of the nominal value cycle efficiency 

drops due to the excessive decrease in the pressure ratio of the 

cycle. Furthermore, the strong reduction of the CO2 mass flow 

rates penalizes the HX heat transfer coefficients limiting the 

internal heat regeneration of the cycle. 

Figure 3, right reports the trends of the adiabatic flame 

temperature and flue gases stack temperature: as the coal mass 

flow rate is reduced and the CO2 is able to cool down the flue 

gases in a more efficient manner, the heat available for air 

preheating decrease thus limiting the combustion air temperature 

and consequently the adiabatic flames temperature. At very low 

loads these effects are limited by the strong penalization of the 

HXs heat transfer coefficients due to the reduced mass flow 

rates.  
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Figure 3: (left) Trends of the cycle efficiency, boiler efficiency 

and plant efficiency as function of the boiler heat input and 

(right) stack and adiabatic flame temperature as function of the 

fuel input for CASE 1.  

CASE 2: Turbine in sliding pressure and optimized variable 

minimum cycle pressure. 

The previous analysis strongly highlights how at lower loads 

could be beneficial to increase the cycle pressure ratio in order 

to limit the penalization on cycle efficiency and power plant net 

power output. This kind of regulation can be obtained with 

different compressor features: a possibility is the adoption of 

VIGV at compressors inlet and/or to employ electrical motors 

equipped with frequency converters to vary the rotational speed 

of the turbomachines. 

A sensitivity analysis is carried out decreasing the minimum 

cycle pressure (equal to 81.18 bar in design conditions) with a 

step of 1 bar with respect to the nominal one in order to have six 

different scenarios. Figure 4 depicts the trend of the plant 

efficiency: it is possible to note that optimal minimum pressure 

decreases with the fuel input thanks to the increased pressure 

ratio leading to a higher net specific power output. Acting 

properly on the cycle minimum pressure allows in the case of 

30% coal mass flow rate to slightly increase the efficiency from 

a value equal to 38.62% up to a value of 39.35%. 

Figure 4: Trends of the plant efficiency as function of the fuel 

input for different minimum cycle pressures (CASE 2). 

Figure 5 and Figure 6 report the main and the secondary 

compressor operating points as function of the fuel input for 

CASE 1 and CASE 2 on a dimensionless  h−𝑉 ̇  chart. The 

white areas on the charts show the operating region for the two 

compressors equipped with VIGV and variable speed 

(60%/105%) according to a preliminary design performed within 

the sCO2-Flex project: line on the top-left represents the surge 

limit, while line on the bottom-right represents the choke limit. 

In CASE 1, at minimum fuel input (30%) the main compressor 

operating point falls out of the operative region crossing the 

surge limit line while in CASE 2 this is avoided. In fact, 

decreasing the minimum pressure with the load allows to walk 

off the critical point limiting the reduction of the volumetric flow 

(the compressibility factor at the compressor inlet and the SR 

increase) not incurring in any issue related to choking or surge. 

The operating points of the secondary compressor reported in 

Figure 6 do not show particular criticalities and do not impose 

further constrains to the operation of the system. Differently 

from the primary compressor, the secondary compressor at 

minimum fuel input and for reduced minimum pressure 

experiences a reduction of the inlet volumetric flow mainly due 

to the reduction of its mass flow rate, proportional to (1-SR). One 

further degree of freedom not investigated in this work is related 

to the possibility of varying the split ratio SR removing the 

isothermal mixing constraint and thus act both on the main and 

secondary compressor volumetric flows. It is important to 

underline once again that a more detailed investigation 

considering also the variation of turbomachinery isentropic 

efficiency is necessary to evaluate the best operating strategy at 

part load.  

Figure 5: Main compressor operating points for the fixed 

minimum cycle pressure equal to the nominal value (CASE 1) 

and for variable minimum pressure case (CASE 2) as function of 

the fuel input. The white area in the figure represents the 

operating region for the main compressor with VIGV and 

variable rotating speed.  
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Figure 6: Secondary compressor operating points for the fixed 

minimum cycle pressure equal to the nominal value (CASE 1) 

and for variable minimum pressure case (CASE 2) as function of 

the fuel input. The white area in the figure represents the 

operating region for the main compressor with VIGV and 

variable rotating speed. 

CASE 3: Turbine with partial admission and fixed minimum 

cycle pressure. 

A further possibility in order to control part-load operation 

of sCO2 power plants is to provide the turbine by Inlet Guide 

Vanes (IGV) or a partial admission arc in order to control the 

cycle maximum pressure. The choice between the two 

technologies generally depends mainly on the size and the type 

of the component (radial centripetal vs axial turbine) and on its 

maximum operating temperature, factors that can significantly 

limit the adoption of these technologies due to the high 

thermomechanical stresses. The analysis is repeated only for the 

nominal value of the cycle minimum pressure assuming a fixed 

value of the maximum cycle pressure, but the analysis can be 

extended combining the contribution of the different control 

strategies. Figure 7 shows how the plant efficiency for CASE 3 

increases thanks to the improved effectiveness of the heat 

exchangers. At 30% of the fuel input the plant efficiency 

achieves 41.76%, 2.41 percentage points more than CASE 2. 

However, a severe drawback of this control strategy is related to 

the compressors operating point (see Figure 8): already at 80-

90% of the coal fuel input the operating point of the compressors 

moves towards the surge zone, crossing it for a value around the 

75% of the load. This fact not only limits significantly the initial 

hypothesis on constant turbomachinery efficiency, but it makes 

impossible to adopt this strategy in order to control the plant at 

partial loads. 

A possible solution is the use of more compressors in 

parallel that can be switched off as the load is reduced. It is 

important to underline anyhow that smaller compressors may be 

characterized by lower performance and higher total costs. 

Another solution is related to the selection of a different design 

point of the compressor. Finally, as for the sliding pressure case, 

a variation of the minimum cycle pressure can positively 

influence the volumetric flow at the compressor inlet. 

Figure 7: Variation of plant efficiency with the fuel input for the 

three different investigated strategies 

Figure 8: Main compressor operating points for CASE 1, CASE 

2 and CASE 3 as function of the fuel input. The white area in the 

figure represents the operating region for the main compressor 

with VIGV and variable rotating speed.   
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CONSIDERATIONS ON CO2 INVENTORY 

From the design of each heat exchanger and assuming 

reasonable piping length between the different components the 

inventory of CO2 was computed in nominal conditions and at 

part load for the three different studied cases. The results 

reported in Figure 9 show how the CO2 inventory variation is 

very limited if fixed pressures are assumed (CASE 3), while it 

can vary significantly if a sliding pressure at the turbine inlet is 

considered. CASE 3 scenario would thus imply smaller volumes 

required to store the excess CO2 during part load operation.  

Figure 9: variation of CO2 inventory within the system with the 

fuel input for the three different investigated strategies 

CONCLUSIONS AND FUTURE WORKS 

In the present work, the study of a recuperative 

recompressed sCO2 cycle with HTR by-pass as power cycle for 

a coal-fired power plant was performed. The achieved cycle 

efficiency is 41.92% and the overall plant efficiency is of about 

39.56%. Once a preliminary design of all the main heat 

exchangers was performed, different part load operating 

strategies were compared in order to identify their impact on the 

plant efficiency and on the operating points of the main and 

secondary compressor. From the overall plant efficiency point of 

view keeping the same turbine inlet pressure at part load (thanks 

to IGV or partial arc admission) guarantees the best performance 

with an increase of plant efficiency at part load of 2.2 points 

percent thanks to the increased recuperators efficiency. This 

operating strategy guarantees also a limited CO2 inventory 

variation, but on the other hand cannot be pursued with a single 

main compressor but requires more compressors in parallel. If 

the turbine works with sliding pressure the plant efficiency 

slightly increases down to 50% of the fuel input and then 

decreases and the CO2 inventory changes significantly. With this 

operating strategy the optimization of the minimum cycle 

pressure has limited impact on the plant efficiency (0.7 points 

percent more at 30% of the fuel input) but can ease the operation 

of the main compressor. Future development of this work will 

include the study of the impact of the turbomachinery efficiency 

variation with the operating conditions and will investigate 

further operational degrees of freedom such as variation of the 

split ratio or of the HTR bypass ratio.   

NOMENCLATURE 

Symbols 

A Area (m2) 

cp Specific Heat Capacity (J/kg-K) 

h Enthalpy (J/kg-K) 

htc Heat Transfer Coefficient (W/m2-K) 

kt Thermal Conductivity (W/mK) 

ṁ Mass Flow Rate (kg/s) 

Q̇ Thermal Power (W) 

T Temperature (°C) 

U Overall heat transfer coefficient (W/m2-K) 

Ẇ Power (W) 

η Efficiency (%) 

ξ Specific HRU Elec. Consumption (Wel/ Wth) 

Z Compressibility factor 

Acronyms 

APH Air Preheater 

BR Bypass Ratio 

HRU Heat Rejection Unit 

HTR High Temperature Recuperator 

HTRB High Temperature Recuperator Bypass 

HT-PHE  High Temperature Primary Heat Exchanger 

HX Heat Exchanger 

LHV Lower Heating Value 

LTR Low Temperature Recuperator 

LT-PHE Low Temperature Primary Heat Exchanger 

PCHE Printed Circuit Heat Exchanger 

SCO2 Supercritical CO2 

SR Split Ratio 

USC Ultra Super Critical 

VIGV Variable Inlet Guide Vanes 
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ABSTRACT 

Supercritical CO2 power generation cycle is a promising 

power generation technology with a high potential to reach high 

thermal efficiency and high flexibility. In this work, a 

recompression cycle with intercooling and preheating is selected 

for the application of supercritical CO2 cycle in concentrated 

solar power. Given the design boundary conditions, all the 

equipment are designed and optimized by in-house code, which 

gives a preliminary geometry for the equipment. The calculated 

geometries are then integrated into dynamic modules to simulate 

the off-design behaviors of equipment. Based on the developed 

equipment dynamic modules, a dynamic physical model of 

selected cycle is built in Modelica language implemented in 

Dymola. Part load transient scenarios are defined with technical 

constraints, such as minimum main compressor inlet temperature 

and minimum molten salt outlet temperature. With these key 

scenarios defined and constraints integrated into the model, 

sensitivity analyses are carried out to understand system 

dynamics. Global operation and control strategies for system 

protection, regulation and performance optimization are 

proposed and designed within MATLAB&SIMULINK to satisfy 

the pre-defined performance criteria. Finally, scenario 

simulations are done with the proposed control strategy and 

tuned control parameters to justify its feasibility. 

INTRODUCTION 

Supercritical CO2 (sCO2) cycle has drawn much attention 

for power generation industry in recent years. Compared to water 

steam Rankine cycle, it has advantages of simpler cycle layout, 

more compact turbo-machineries and high potential to reach 

higher efficiency. In the meantime, CO2 is inexpensive, dense 

and less corrosive than water at same high temperature, with an 

easily reachable critical point at 30.98°C and 73.8 bar. sCO2 

power cycles could be applied to various potential heat source 

including nuclear power, coal-fired power, waste heat recovery 

and renewable energy sources such as concentrated solar power 

(CSP) and fuel cells [1].  

CSP can provide carbon free and renewable energy to meet 

the energy demand. With integration of thermal storage system, 

CSP can decouple the solar-to-thermal and thermal-to-electric 

conversion regardless of the weather condition. However, the 

Levelized Cost of Electricity (LCOE) of CSP is still non-

competitive (120$/MWh, average by 2020, reported in IRENA). 

Compared with the water steam Rankine cycle utilized in the 

existing CSP industry, sCO2 cycles coupled with high 

temperature solar receivers and thermal storage are considered 

to be a solution to increase cycle efficiency and system 

flexibility, then to reduce the LCOE of CSP [2]. 

Dynamic modelling is a useful and efficient tool to help 

verify the equipment and to develop or optimize the control 

strategy of the power cycle. Yan [3] has carried out dynamic 

analysis and control system design for a nuclear gas turbine 

power plant, in which utilization of inventory control and by pass 

control is recommended respectively for keeping cycle 

efficiency and providing fast load regulation. Moisseytsev et al. 

[4] has developed a detailed dynamic model for a recompression 

sCO2 Brayton cycle and has studied the cycle automatic control 

including inventory control, flow split control and etc. In the 

thesis of Carstens [5], a dynamic model for a sCO2 

recompression cycle of 600 MWth has been developed and part 

load simulation has been carried out with designed PID 

controllers. 

In this work, pre-design of a 10 MWe recompression with 

intercooling and preheating sCO2 Brayton cycle for CSP using 

molten salt as heat transfer fluid has been carried out and a 

dynamic model has been developed in Dymola with Modelica 

language. This cycle was designed for Shouhang – EDF 

demonstration project signed in 2018, with the objective of 

retrofit the Shouhang 10MWe CSP plant with sCO2 Brayton 

cycle before the end of 2020. Transient analysis, temperature 

control and part load control have been carried out to analyze the 

dynamic behavior of the model and to study different control 

strategy for cycle part load.  
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SYSTEM CONFIGURATION 

The cycle studied in this work is a recompression cycle with 

intercooling and preheating, which is designed for a net power 

output of 10MWe and is optimized to work with molten salt 

between 530 °C and 290 °C. The cycle layout is presented in 

Figure 1 with main part-load control systems. Auxiliary 

compressor (AC) is for recompression. The intercooling aims at 

minimizing the compressor work by cooling the sCO2 fluid, 

which increases the density of sCO2 [1]. On the other hand, the 

preheating helps increasing the utilization of molten salt while 

maintaining a high efficiency. The minimum cycle temperature 

and pressure are selected to be 35°C and 82.1bar for the 

consideration of the sharp variations of sCO2 properties near its 

critical point. Detailed cycle parameters are presented in Table 1, 

which are optimized statically to achieve the highest output 

power.  

Figure 1 System configuration of 10MWe Recompression intercooling 

and preheating sCO2 Brayton cycle 

Molten salt/CO2 heater, as the primary heater, is used to 

avoid the high challenge from high-pressure receiver design and 

to keep the advantage of full decoupling between sunshine and 

power generation. For the cooling, air cooler is used but with an 

indirect scheme: CO2 is cooled by water that circulates in a 

closed loop while water is cooled by air cooler. Therefore, there 

will be no challenge on the resource of water on site. Figure 25 

presents the yearly temperature in Dunhuang. In the hottest day, 

the maximum temperature is 38°C which will be a challenge to 

the cooling system. However, it could be observed that the daily 

temperature difference is very high in Dunhuang, which is an 

ideal case for cold storage to guarantee the operation of cooler. 

CO2 inventory system is also implemented as one of the main 

measures for load control, and it serves also as the main storage 

system during system startup and shutdown. The charge point is 

set before the inlet of the pre-compressor (PC, compressor 

located before the main compressor of the cycle) as the pressure 

at this point is the lowest in the cycle. In the same way, the 

discharge point is designed after the main compressor where the 

pressure is highest in the cycle. PC is designed to work at 

variable speeds, as another measure for load regulation. 

Figure 2 Inhomogeneous discretization of PCHE 

PRE-DESIGN OF EQUIPMENT 

Figure 3 Algorithm of heat exchanger pre-design tool 

To establish the dynamic model, it is necessary to define the 

geometry of every component in the cycle. Therefore, pre-design 

is carried out for each component in excel. 

1. Heat exchangers

Since they are used in most sCO2 Brayton cycles, including 

those in SNL and Echogen [6], Printed circuit heat exchangers 

Table 1 Key parameters of 10 MWe sCO2 Brayton cycle 

Parameter Unit Value 

Turbine inlet temperature °C 467.6 

Turbine inlet pressure bar 250 

Turbine mass flow rate kg/s 137.7 

MC inlet temperature °C 35 

MC inlet pressure bar 106.3 

Recompression split ratio - 27.74% 

Molten salt inlet temperature °C 530 

Turbine power MWe 16.1 

Main compressor power MWe 2.4 

LTR heat exchanged MW 20.8 

HTR heat exchanged MW 26.5 

Net power output MW 10 
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(PCHE), with straight channel have been chosen in this work to 

represent the two recuperators of the cycle. The pre-design tool 

for PCHE utilizes inhomogeneous discretization method as 

showed in figure 2, which means that the heat exchanged for 

each section remains constant.  

Study has been done to choose an appropriate number of 

sections (Ns) for pre-design. It was found that for Ns > 20, the 

design parameter given by the tool remains stable. As a result, 

20 has been chosen for the number of section in the calculation 

of pre-design. The model considers a 1-D thermal conduction 

and the global heat transfer equation is presented below and the 

signification of parameter is listed in chapter nomenclature. 

1

𝐾𝑖𝑆𝑚𝑖𝑛,𝑖

=
1

ℎ𝑐𝑐𝑜𝑙𝑑,𝑖 × 𝑆𝑐𝑜𝑙𝑑,𝑖

+
1

ℎ𝑐ℎ𝑜𝑡,𝑖 × 𝑆ℎ𝑜𝑡,𝑖

+
𝑒

𝜆𝑆𝑚𝑖𝑛,𝑖

𝑆𝑚𝑖𝑛,𝑖 = 𝑀𝑖𝑛(𝑆ℎ𝑜𝑡,𝑖 , 𝑆𝑐𝑜𝑙𝑑,𝑖)

Figure 3 represents the algorithm of geometry calculation 

for the pre-design tool. This algorithm calculates the length of 

PCHE by importing the height H of PCHE, hot and cold side 

channel diameter Di,hot and Di,cold and inlet and outlet 

thermodynamic properties temperature T, enthalpy h and 

pressure P. Calculation begins from the section one (counted 

from cold side). In each section, the thermodynamic properties 

are calculated by NIST REFPROP and then followed by heat 

transfer and pressure drop calculations. Gnielinski’s correlation 

[7] is used to determine the heat transfer coefficient, listed in 

Table 3. The pressure of each section is supposed to be constant 

in the calculation and it was corrected after the calculation of 

pressure drop. The Darcy factor is determined by Haaland’s 

correlation [8].  

With this algorithm to calculate the length of heat exchanger, 

the pre-design tool minimizes the estimated price by varying the 

channel diameter of both sides and height of the PCHE. As for 

the optimization constraints, pressure drop for both sides was set 

to be 1 bar which is fixed for the cycle design and the minimum 

channel diameter is set to be 0.5 mm. 

The heater and cooler utilized in the cycle are Shell and Tube 

heat exchangers (STHX). The pre-design process of STHX is 

similar with that of PCHE except for the calculation of pressure 

drop which is different for tube and shell sides. The calculation 

of pressure drop in both sides followed the correlations described 

in Kakaç’s book [9]. Table 2 represents the result of heat 

exchanger pre-design. For STHX, cold side diameter represents 

shell internal diameter. 

2. Turbomachinery

For turbo-machinery, predesign of centrifugal compressor 

and radial turbine of single stage has been carried out. In general, 

the preliminary design of turbomachinery consists of rotor 

calculation, stator calculation and performance estimation which 

includes different types of losses. In this work, a one-

dimensional meanline design approach described by Ventura et 

al. [10]was applied for the pre-design of radial turbine. Oh et al 

[11] published an optimum set of empirical loss models for the 

performance estimation of centrifugal compressor. Expected 

isentropic efficiencies of compressor and turbine are 80% and 

85% respectively. 

With the help of these two approaches, geometry of 

turbomachinery was obtained, which was used for the off-design. 

Off-design generates curves of correlation between efficiency η 

and mass flow rate Q and also correlation between pressure ratio 

PR and mass flow rate Q for each rotation speed. 

In dynamic model, it is preferred to introduce the 

performance curves to represent the dynamic behavior of 

turbomachinery for simplicity of dynamic model. However, the 

general performance curves are charts with 5 dimensions 

representing inlet temperature, inlet pressure, mass flow rate, 

rotation speed and efficiency or pressure ratio respectively, 

which still increases the complexity of the dynamic model. As a 

result, the 5-D performance curves were nondimensionalized 

into a 2-D chart according to the approach described in the thesis 

of M. Dyreby [12]. Those 2-D charts represent the relation 

between modified flow coefficient ϕ* and modified efficient η* 

or modified head coefficient ψi
*, which are showed below: 

𝜙∗ =
𝑄

𝜌𝑈𝐷2 (
𝑁

𝑁𝑑𝑒𝑠𝑖𝑔𝑛

)

𝑥

𝜓𝑖
∗ =

Δh𝑖

𝑈2
(

𝑁𝑑𝑒𝑠𝑖𝑔𝑛

𝑁
)

𝑦

𝜂∗ = 𝜂 (
𝑁𝑑𝑒𝑠𝑖𝑔𝑛

𝑁
)

𝑧

The values of x, y and z are chosen according to the case 

studied and to the result of nondimensionalization. N represents 

the rotation speed. Ndesign is the designed rotation speed. D is the 

impeller diameter and U is the impeller tip speed. 

DYNAMIC MODELING 

The dynamic physical model of this cycle is developed with 

Modelica language implemented in Dymola. Modelica is an 

equational and object-oriented modeling language, whose 

compilers translate the equational models to imperative program 

such as C++ to generate executable code [13]. The simulation 

software platform Dymola is a simulation and modeling tool for 

large and complex system, composed of component models, in 

domains within automotive, aerospace, energy and other 

applications. 

In this work, a complete system model has been developed 

in Dymola, which is composed of several component models 

such as turbomachinery, heat exchanger and other models. The 

Table 2 Geometry of heat exchanger determined by pre-design tool. 

LTR HTR C1 C2 PH H1 

Length (m) 0.93 0.88 27.2 12.5 11.8 11.8 

Height (m) 1.53 2.16 - - - - 

Dcold (mm) 0.82 0.85 750 640 522 761 

Dhot (mm) 1.50 1.41 0.03 0.03 0.03 0.03 

U (W/m2/K) 1679 1233 1047 1502 540 501 
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models were developed based on user-defined components and 

ThermoSysPro – a library of component models which is used 

for simulation and modeling of power plants, developed by El 

Hefni [13]. Each component is developed and then validated 

before being integrated into the full system. 

The thermodynamic properties of CO2 are calculated by 

REFPROP integrated in Dymola. As all the components in the 

system operate in supercritical phase, they are modeled as pure 

phase modules. For simplification, sCO2 is separately cooled by 

water in Cooler 1 and 2 because the air cooler is not modelled in 

the system. In cycle pre-design, the pressure drop of valves was 

not considered but in dynamic model, the valve models brought 

certain pressure drop, which made a slight difference on the 

parameters between designed cycle and dynamic model. 

However, this difference should not have major impact on the 

dynamic behavior of the system. 

1. Mass, Energy and Momentum Balance

The mass, energy and momentum conservation are 

fundamental laws that represent the thermal-hydraulic behavior 

of a fluid. Generally, a zero-dimension approach is used for 

thermal process modeling. As a result, the following three 

equations are used in the dynamic modeling: 

, ,
( )

in i out i

p h
V Q Q

p t h t

    
   
   

   

, ,, ,
1 in i out iin i out i

p h
V h h Q h Q h

p t h t

 


      
          

      
 

 in out

dQ
L A p p p

dt
   

Q represents mass flow rate, h represents specific enthalpy 

and p represents pressure. Subscript in and out mean component 

inlet and outlet properties, all the properties without subscript 

means the medium volume average property in the component. 

2. Heat exchanger models

Figure 4 represents the configuration of user-defined PCHE 

model in Dymola which consists of three parts: cold side tube, 

hot side tube and heat transfer wall. Applying the geometry given 

by pre-design, the tube model simulates pressure drop and heat 

transfer process which is considered to be the same in each 

parallel channel and a 1-D thermal conduction was considered in 

this model. 

Figure 4 Configuration of user-defined PCHE model in Dymola 

Table 3 summarizes the correlations used in the calculation of 

heat transfer coefficient and pressure drop for PCHE and STHX. 

Unlike inhomogeneous discretization used in pre-design, 

homogeneous discretization is applied in the dynamic model in 

order to decrease the number of equations to be solved, as well 

as to decrease the simulation time of the model. The heat transfer 

wall represents a series of thermal resistances between cold fluid 

and hot fluid. 

The study of the influence of the number of sections (Ns) on 

the precision of the dynamic model compared to predesign is 

carried out to find a trade-off between precision and complexity 

of the model. The relative difference between achieved duty of 

dynamic model and target duty represents the precision of the 

model. The model is firstly verified at steady-state by comparing 

the heat transfer and pressure drop results with the target values 

and then several scripts are carried out to check the dynamic 

behavior of the model. 

Table 3 Correlations for heat transfer coefficient and pressure drop calculation of PCHE and Shell & Tube heat exchanger. 

Heat Transfer Pressure drop 

PCHE Laminar [3]: 
𝑁𝑢 = 4.089 

Transitional: linear interpolation between laminar 

and turbulent flow 

Turbulent: Gnielinski [3] 

𝑁𝑢 =  
(

𝑓𝐷

8
) × (𝑅𝑒 − 1000) × 𝑃𝑟

1 + 12.7 × √𝑓𝐷

8
× (𝑃𝑟

2
3 − 1)

=  
ℎ𝑖 × 𝑑𝑖

𝑘𝑡

 𝑓𝑜𝑟 𝑅𝑒 > 104 

𝑓𝐷 = 4 × (1.58 ln 𝑅𝑒 − 3.28)−2

Laminar [3]: 
𝑓 = 63.2/𝑅𝑒 

Transitional: linear interpolation between laminar and 

turbulent flow 

Turbulent: Chen (1979) [3] 

𝑓 = (3.48 − 1.7372 ln (2𝜖 −
16.2426 ln 𝐴

𝑅𝑒
))

−2

𝐴 = (
(2𝜖)1.1098

6.0983
+

7.149

𝑅𝑒
)

0.8981

Shell & Tube Same as turbulent regime of PCHE 
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3. Turbomachinery

For each dynamic model of turbomachinery, two 2-D charts 

obtained from pre-design were integrated: 

𝜂∗ = 𝑓(𝜙∗) 

𝜓
𝑖
∗ = 𝑓(𝜙∗)

The rotation speed of turbomachinery is given by user, 

which could be fixed or variable. Other parameters are calculated 

according to the two equations above and the inlet and outlet 

conditions of turbomachinery model. 

TEMPERATURE CONTROL LOOPS 

In this work, four basic Proportional-Integral-Derivative 

(PID) controllers are integrated in the system to ensure that the 

turbomachinery is in the safe operation region and that the 

molten salt is beyond its freezing point.  

PID controllers were designed in Matlab PID tuner. As 

design constraints, the phase margin and gain margin are set to 

be respectively higher than 60 deg and 60 dB. A maximum 

overshoot of 5% was allowed in order to satisfy the demand of 

rising time and oscillation was not accepted. 

PID controllers of main compressor inlet temperature 

(MCIT) and Pre-compressor inlet temperature (PCIT) are 

integrated in the cooling system. They respectively control the 

inlet temperature of MC and PC to 35°C by manipulating the 

mass flow rate of cooling water in C1 and C2 in case of sharp 

properties variation of sCO2 near the critical point, which could 

influence the operation of the compressors. These two 

controllers are important for system part-load during which 

MCIT and PCIT variation commonly occurs. As mentioned 

before, the cooling system is designed to be an air cooler which 

cool down the water for the cooling of sCO2 fluid. Although the 

air cooler was not integrated in the dynamic system, its effect on 

cooling water temperature cannot be ignored. If the air 

temperature decreases, e.g. due to the diurnal temperature 

difference, the cooling water temperature will drop, which leads 

to the variation of MCIT and PCIT and also to the system 

efficiency and power output.  

Molten salt outlet temperature (MSOT) is controlled to 

290°C by acting on the molten salt mass flow rate to avoid the 

molten salt freezing and overheating of cold storage tank. To 

control Turbine inlet temperature (TIT), the manipulated 

variable should be the openness of the valve that connects MC 

outlet and turbine inlet. In order to simplify the dynamic model, 

mass flow rate of the fluid through the valve was selected to be 

the manipulated variable. TIT is controlled not to exceed its 

operation temperature, namely 467.6°C. These two controllers 

avoid overheat of TIT and prevent the freezing of molten salt, 

which could block the molten salt pipe. These two controllers are 

also important during system part-load. Moreover, the molten 

salt inlet temperature could be not stable because it is sensible to 

the solar irradiation and molten salt control which depends on 

real time weather and it also has influence on TIT. 

PART LOAD CONTROL STRATEGY 

Part load control is significant in power plant as the output 

power should satisfy the demand of grid. Several control 

strategies have been proposed for the automatic control of gas 

turbine power plant which could be integrated in the sCO2 

Brayton cycle. Inventory control is an efficient control method 

for part load as the overall cycle efficiency is nearly constant 

during the control process [3]. Bypass control is preferable for 

rapid load control demand although it is less efficient than 

inventory control [3]. 

In this work, three control methods were separately 

integrated in the dynamic model and the study of their 

performance was carried out: inventory control, bypass control 

and variable PC rotation speed control. PID controllers have 

been designed in Matlab and then integrated in dynamic model. 

1. Inventory control

Inventory control uses two tanks of CO2, and is able to 

manipulate fluid injection and releasing in the system to achieve 

part load operation of system. First tank is directly connected to 

injection and release points, which is at around 100 bar and 35°C. 

The pressure of this tank is maintained by a compressor which 

connect these two tanks. The injection and release is achieved by 

manipulating the openness of corresponding valves. The 

released sCO2 will be cooled before enter the first tank. The 

charge and discharge of CO2 in the cycle can be carried out at 

different points of the cycle. It is typically preferred to inject at 

low pressure points, e.g. inlet of PC and to release at high 

pressure points, e.g. outlet of MC. In this work, the charge point 

is selected to be at PC inlet with a sCO2 tank of 160 bar and 35°C 

and the cycle discharges at MC outlet to a tank at 83 bar. These 

two tanks are designed to maintain constant pressure during 

inventory charging and discharging. During discharge, the valve 

between MC downstream and discharge point is opened, the 

mass flow rate and pressure of the whole cycle decrease which 

leads to the drop of load.  

Inventory control is to control the load of the system by 

manipulating the mass flow rate of the fluid through charge or 

discharge valve as showed in Figure 1. As the system 

temperature is changed during part load, the MCIT and PCIT 

should be controlled at 35°C to avoid transcritical phenomena 

and instability of compressor operation. Moreover, TIT and 

MSOT controller should be integrated in the system. The rotation 

speed of turbomachinery is kept constant during inventory 

control. In addition, the inlet pressure of PC should be monitored 

in case of reaching critical pressure. 

2. HTR & Heater & Turbine Bypass Control

By pass control achieves part load by venting fluid from 

LTR cold outlet to LTR hot inlet so that HTR, heaters and turbine 

are bypassed as showed in Figure 1. Turbine output power will 

therefore decrease which leads to the drop of load.  

During the bypass control, the load is controlled by 

manipulating the mass flow rate through the bypass valve. 

Similarly to inventory control, elementary controllers of MCIT, 

PCIT, TIT and MSOT should be integrated. 

3. Variable PC rotation speed control
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In this work, PC is designed to be in a separated shaft in 

order to help performing the start-up, shut down and part load of 

the cycle. Once the rotation speed of PC decreases, the mass flow 

rate and pressure ratio of the turbomachinery will decrease, 

which leads to the drop of load. However, the achievable load 

variation of this method is limited. For this method, there is no 

charge or discharge point in the cycle. Therefore, the total mass 

of CO2 in the cycle will keep constant and the mass flow rate of 

CO2 in the cycle will not have big variation. The distribution of 

pressure in the cycle will keep stable. As a result, the load will 

not much vary. On the other hand, this method could be 

combined with inventory control which has injection and 

releasing point in the cycle. 

RESULTS AND DISCUSSION 

1. Inventory control

In this work, scenario of discharge to 70% load with 

inventory control has been carried out for the system without and 

with elementary PID controllers so that the effect of elementary 

controllers (basic loop control) can be discussed. 

Figure 5 Load level during discharge 

Without elementary controllers, the controller for 

inventory control reacts immediately when a step reference 

signal is sent as showed in Figure 5. The load of system 

decreases and reaches the reference value after an overshoot of 

0.9%. Figure 6 represents the variation of cycle net efficiency 

during the discharge. It can be observed that the efficiency 

decreases from 35.67% to 31.74% and then rises to 33.39%: a 

drop of 2.3% for efficiency which is higher than the same case 

for an ultra-supercritical Rankine cycle. At the beginning, 

reduction of efficiency is mainly caused by the initial decrease 

of TIT and the turbine inlet pressure as showed in Figures 7 and 

8. Moreover, it can be observed in Figure 9 that the LTR hot side

pinch increases 5°C, which is another cause for the decrease of 

efficiency. From figure 26 it can be observed that compared to 

100% load, heat transfer efficiency decreased at 70% load so that 

LTR pinch increases. Then, TIT increases because the mass flow 

rate of molten salt is kept constant but the mass flow rate of sCO2 

in cycle decreases, which yields a slow increase of efficiency.  

It should be noted that the cycle minimum pressure 

decreased to 70.5 bar which is below the critical pressure. Action 

needs to be taken to avoid this situation. A constraint could be 

added in the controller: when the PC outlet pressure is lower than 

a predefined safe pressure (e.g. 74bar), no intervention is applied 

to inventory control.  

As for the cooling system, it can be observed in Figure 11 that 

without elementary PID controller, PCIT decreases from 35°C to 

29°C because the mass flow rate of cooling water is kept 

constant. However, MCIT decreases at the beginning, rises then 

to 37°C and finally decreases slowly to 36°C as showed in Figure 

12. The drop at the beginning should be caused by the decrease

of PC inlet temperature and sCO2 mass flow rate. However, 

when the mass flow rate of sCO2 decreases, according to the 

performance map of the compressor, the efficiency of PC 

decreases so that PC outlet temperature increases which leads to 

the increase of MCIT. From the discussion above, it can be 

concluded that it is important to add elementary PID controllers 

for TIT, MSOT, PCIT and MCIT.  

Figure 7 TIT during discharge 

Figure 6 Cycle net efficiency and load level. 

Figure 6 Cycle net efficiency during discharge 
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Figure 8 Turbine inlet pressure during discharge 

Figure 9 LTR hot side pinch during discharge 

With elementary controllers, it can be observed in Figures 

7, 10 and 11 that TIT, MSOT and PCIT are controlled in their 

reference region. However, MCIT increases to 38.5°C, instead 

of 35°C, as showed in Figure 12. As stated in the last section, 

MCIT is controlled by manipulating the mass flow rate of C2 

cooling water. It should be noted that there is a limit for 

augmentation of mass flow rate of cooling water because when 

it becomes too big, the water pressure drop will increase. In this 

scenario, the pressure drop already reached its highest value and 

the maximum allowed mass flow rate cannot satisfy the cooling 

of MCIT. As a result, the control of MCIT could not be achieved 

only by manipulating the mass flow rate of cooling water. In 

reality, the water is cooled by an aircooler. It is possible to act on 

the velocity of air in aircooler to manipulate the temperature of 

cooling water. And it can be observed in Figures 7 and 10 that 

with current TIT and MSOT controllers, TIT decreases while 

MSOT is kept constant at 290 °C because MS mass flow rate is 

reduced to help keep MSOT at 290 °C and there is no solution to 

increase TIT. 

Figure 10 MSOT during discharge 

Figure 11 PCIT during discharge 

Figure 12 MCIT during discharge 
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As showed in Figure 6, the cycle net efficiency decreased to 

lower value with elementary PID controller. It is mainly caused 

by the decrease of TIT since the mass flow rate of MS decreased 

to keep MSOT at 290 °C. When the load decreased to 70%, the 

difference of cycle efficiency between scenario without and with 

elementary PID is 0.22%. 

2. Bypass control

In this work, a scenario of discharge to 70% load with 

bypass control is carried out for the system and the effect of 

elementary controllers (basic loop control) is discussed. 

Without elementary controllers, the bypass controller 

reacts extremely fast when a step signal of part load is sent as 

showed in Figure 13. However, it can be observed in Figure 14 

that the cycle net efficiency drops from 35.66% to 26.34% 

because of the decrease in turbine inlet flow, which causes a 

decrease in output power. This leads to the continuous rise of TIT 

as showed in Figure 18. Bypass control has no significant 

influence on MCIT and PCIT which increases to 36 °C as 

showed in Figures 19 and 20.  

Figure 13 Load level during bypass control 

Figure 14 Efficiency during bypass control 

Figure 15 LTR cold outlet temperature during bypass control 

After adding elementary controllers, TIT, MSOT PCIT 

and MCIT have been well controlled. 

However, bypass control brings challenge to PCHE. As 

showed in Figure 15, for a step response of part load, LTR cold 

outlet temperature drops from 162°C to 150°C in 40s in the 

beginning, which produces a large thermal stress of PCHE. 

Constraint needs to be added to the by-pass controller to avoid 

large thermal stress of PCHE. Reasonable ramp signal of load 

could be taken to slow down the drop of PCHE temperatures. 

3. Variable PC rotation speed

Same part load scenario as the control strategy before has been 

carried out for the variable PC rotation speed control. However, 

limit on the variation of PC rotation speed restricted the level of 

part load. In this study, the design rotation speed of PC is 9500 

RPM. Besides, the dynamic model could achieve a step of PC 

rotation speed from 9500 to 5000 RPM. As a result, scenarios of 

load decreasing from 100% to 90% without elementary control 

have been carried out for variable PC rotation speed control. 

Figure 16 Load level during part load without elementary PID 
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Figure 17 Cycle Efficiency during part load without elementary PID 

As showed in Figure 16, the load level decreases with the step 

reference and reaches 90% in a short time after an overshoot 

caused by the PID controller. The cycle efficiency decreases of 

0.004% for load from 100% to 90%, which is smaller than 0.8% 

for inventory control and 3.22% for bypass control at same load 

level decrease. As showed in Figures 21 and 22, TIT and MSOT 

had the same variations as during inventory control. For the 

cooling part, both MCIT and PCIT decrease, especially MCIT 

that reaches the CO2 critical temperature as showed in Figures 

23 and 24. Therefore, elementary controllers need to be 

integrated for this control strategy. 

4. Discussion

Three control methods for part load have been tested in this 

work. Inventory control could maintain the cycle efficiency 

within a certain range during part load but it is risky to realize a 

huge discharge flow because the minimum pressure of the cycle 

could go below the critical pressure. Moreover, the controllers 

for MCIT and PCIT are important for the proper operation of the 

compressors. Bypass control has the advantage of fast load but 

the cycle efficiency would have a significant drop and the 

gradient of temperature of PCHE should be monitored in case of 

high thermal stress. Variable PC rotation speed control can better 

keep the cycle efficiency than inventory control but it has its limit 

on the achievable load level and elementary controllers need to 

be integrated. It should be noted that the variable PC rotation 

speed control could be replaced by an inlet guide valve (IGV) at 

industrial scale. 

It is possible to combine these three control methods to find 

an appropriate control strategy according to part load demand. 

For example, for part load from 100% to 50%, inventory control 

and bypass control could be combined to find a trade-off between 

load decreasing speed and cycle net efficiency [14]. Besides, 

bypass control and variable PC rotation speed control could be 

combined to achieve small load decline range. 

CONCLUSION 

In this work, a dynamic model has been developed for a 

10MWe sCO2 Brayton cycle with detailed equipment pre-design 

and off-design. Fundamental physical laws and models found in 

open literature are utilized to develop main sub-models such as 

heat exchangers and turbomachinery. Although simplification 

has been done to reduce the complexity of the dynamic model, it 

remains a highly non-linear system of equations, with nearly 

5000 equations. In particular, the sharp variations of sCO2 

properties near its critical point significantly slows down the 

resolution of this dynamic system. 

Based on the dynamic model, three methods for achieving 

part load of system have been discussed, each with its own 

benefits and shortcomings. Inventory control could keep cycle 

efficiency but strict elementary controllers need to be integrated 

to guarantee the safe operation of turbomachinery and molten 

salt. Bypass control could achieve fast load, but will lose cycle 

efficiency. Variable PC rotation speed control could better 

maintain the cycle efficiency but is limited by its operation 

range. It can thus be concluded that elementary control of 

cooling and heating system is extremely important, as it impacts 

the actual performance of the cycle in operation. In this work, it 

is found that MCIT and PCIT could not be perfectly controlled 

by manipulating only the mass flow rate of cooling water 

because of huge water pressure drop engaged by the increasing 

mass flow rate. Additional measure should be taken to guarantee 

the safe operation of compressors. For example, the design of 

cooler could be modified for larger pressure drop. Moreover, the 

aircooler model could be integrated in the system so that besides 

water mass flow rate, the air velocity could be another 

manipulated variable. As for the heating system, a solution for 

increasing TIT should be found to avoid the possible reduction 

of TIT during inventory control. Although TIT and MSOT 

controllers are designed separately, they have influence on each 

other’s behavior. As a result, it is necessary to design a better 

control strategy for these two parameters.   

 Finally, with these three part load methods, possible 

combination could be made for different part load scenarios 

according to their advantages. Normally, by-pass control could 

be selected for a fast and short-term part-load demand. However, 

if a long-term part-load is requested, by-pass control and 

inventory control could be combined: by-pass control is 

responsible for fast load regulation at the beginning and when 

the load reaches the desired value, the by-pass control could be 

replaced by inventory control to recover the cycle efficiency. In 

addition, variable PC rotation speed control and inventory 

control could be combined for faster and efficient part load 

control as discussed in previous paragraph. These possible 

combinations will be studied in the future work. 

NOMENCLATURE 

Symbols 

p Pressure (MPa) 

Q Mass flow rate (kg/s) 

T Temperature (°C) 

hc Heat transfer coefficient (W/m2/K) 

S Heat exchange Surface (m2) 
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K Global heat transfert coefficient (W/m2/K) 

fD Darcy factor 

f Fanning factor 

e Thickness of heat exchanger wall 

Greek symbols 

𝜂 Efficiency 

𝜙 Flow coefficient 

𝜓 Head coefficient 

𝜆 Conductivity 

Abbreviations 

AC Auxiliary compressor 

C1 Cooler 1 

C2 Cooler 2 

CO2 Carbon dioxide 

CSP Concentrated solar power 

HTR High temperature recuperator 

IC Intercooling 

LTR Low-temperature recuperator 

MC Main compressor 

MH Main heater 

MS Molten salt 
PC Pre-compression / pre-compressor 

PCHE Printed circuit heat exchanger 

PH Preheating / preheater 

RC Recompression 

SCO2 Supercritical CO2 

STHX Shell and tube heat exchanger 

TIT Turbine inlet temperature 

Subscripts/superscripts 
cold cold side flow of heat exchanger 

hot hot side flow of heat exchanger 

in inlet flow 

out outlet flow 

* modified 
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ANNEX A: FIGURES FOR DIFFERENT CONTROL 

STRATEGY 

Figure 18 TIT during bypass control 

Figure 19 MCIT during bypass control 

Figure 20 PCIT during bypass control 

Figure 21 TIT during part load by variable PC rotation speed 

Figure 22 MSOT during part load by variable PC rotation speed 

Figure 23 MCIT during part load by variable PC rotation speed 
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Figure 24 PCIT during part load by variable PC rotation speed 

Figure 26 Temperature - Heat duty diagram (left axes) and LTR pinch 

(right axes) 

Figure 25 Yearly temperature distribution in Dunhuang 
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ABSTRACT 

An efficient instrumentation and control system (I&C), 

which is adaptable to loads variations (temperature, pressure, 

mass flow), is essential for design of power units working with 

supercritical CO2 (sCO2) to ensure high sCO2 cycle 

performance with quick response. Hence, sophisticated model-

based control system design, supported by dynamic system-

level modelling, simulations, and experimental verification is 

needed. This technical paper presents experimental tests and 

numerical simulations of the control system of the experimental 

supercritical CO2 loop at Research Centre Rez (CVR), Czech 

Republic. The measurements covered testing of temperature, 

pressure and mass flow controllers.  Set-up of the controllers 

and dynamic response of the system are investigated for several 

transient scenarios in supercritical and subcritical pressures 

including transition of the pseudocritical region. The 

experimental set-up along with the boundary conditions are 

described in detail, hence the gained data set can be used for 

benchmarking of system thermal hydraulic codes. Such a 

benchmarking was performed with the open source Modelica-

based code ClaRa using the simulation environment DYMOLA 

2019. 

INTRODUCTION 

The power cycle using sCO2 is an innovative concept 

which is a competitive alternative to the dominated steam 

Rankine cycle, gas Brayton cycle or their combination. The 

sCO2 cycles have a clear potential to attain comparable or even 

higher cycle efficiencies than conventional steam Rankine/ or 

Brayton gas cycles [1], [2]. The sCO2 combine many 

advantages of both the steam Rankine cycle (minimizing the 

power requirement for compressing the working fluid + heat 

rejection at low temperatures) and Brayton gas cycle (small 

size, modular design, fast built units). It also achieves a high 

degree of thermal recuperation as both Brayton and Rankine 

cycles. The research activities on sCO2 power plants are 

progressively increasing during the last decades and there is a 

growing interest in the worldwide sCO2 events as well. It 

certainly shows a significant market potential. A report by 

Sandia Nat. Lab. [3] claims the prospective is to bring the sCO2 

cycle to technical readiness level 6 (till 2020) paving the way to 

demonstration projects (from 2020) and to commercialization 

(from 2025). The outlook is in line with the testimony of 

currently running sCO2 projects in Europe, e.g. sCO2-Flex [4]. 

A number of investigators have carried out extensive 

experimental tests and analyses of sCO2. However, their work 

is rather limited to the component behavior studies, i.e. heat 

transfer and pressure drop models in heaters/coolers/heat 

exchangers [5], [6], [7]. An exhaustive literature survey on 

research in supercritical heat transfer is reported in [8]. Very 

few data can be found on operation and analysis of compressors 

and turbines [1], [9]-[13]. This is due to the fact that first 

prototypes of turbomachines are being just built. What is 

missing is simulation tool which is validated on models of the 

system level (component interaction) on both steady states and 

dynamic transients including control system interactions. 

The main objective of this work is to provide evidence that 

the open source Modelica-based code ClaRa [14] is suitable for 

modeling steady states and transient scenarios along with 

Proportional Integral Derivative (PID) controllers’ actions and 

their tuning in sCO2 environment. For this purpose, CVR has 

performed number of experimental tests in the sCO2 facility, 

located in CVR in the Czech Republic. As a part of 

experimental campaign, three steady states were selected 

(covering different temperature levels and pressures) in order to 

benchmark the numerical model at first place. A set of relevant 

parameters are given later in the text along with a detailed 

description of the experimental facility (loop geometry, nominal 
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pressures, temperatures, heating power and mass flow rate, etc.) 

to allow preparation of the computational models. 

Once the numerical model was cross-checked, the tuning 

procedure of the PID controllers was performed. There are 

number of different control loops in the sCO2 loop at CVR. 

However, as the control mode is most often associated with 

temperature, hence the temperature controller at the outlet of 

the heater 2 (H2) was selected to be subject of this work. Many 

various tuning methods have been proposed from 1942 up to 

now for gaining better and more acceptable control system 

response based on our desirable control objectives such as 

percent of overshoot, integral of absolute value of the error, 

settling time, manipulated variable behavior and etc. One of the 

most common PID controller tuning technique used in industry 

was consolidated and evaluated both from experimental data as 

well as from the numerical model. The tuning method chosen 

was the Cohen-Coon method [15] where process dynamics is 

based on a first order plus deadtime model. The tuning settings 

was calculated using the Cohen-Coon rules [16] and 

implemented in both real and Modelica controller. Afterwards, 

several tests were carried out in order to ensure the response is 

in line with the overall control objective of the loop.  

Above mentioned procedure was conducted for a specific 

thermal hydraulic condition (pressure, temperature) in the 

sCO2 experimental loop. For linear processes, where the 

process characteristics do not change significantly with time or 

load conditions, then using the set fixed PID parameters will 

probably be sufficient to ensure effective control. In the case of 

non-linear processes, however, being limited to a single set of 

fixed parameters can become problematic. One would need to 

set the parameters for the worst case, i.e. giving a very low 

gain, not to cause instabilities in higher gain conditions. In 

order to find the best overall response, independent sets of PID 

parameters are needed. Hence, numbers of tests with different 

conditions were executed with numerical models and different 

PID sets were derived. Finally, the new sets were implemented 

in the numerical model and checked for improvements in the 

control of a process. 

The presented results in this paper will benefit to 

researchers, designers, software engineers, thermal hydraulic 

specialists, and operators of sCO2 energy systems through the 

shared measured data in a unique sCO2 facility. 

DESCRIPTION OF THE LOOP AND GEOMETRY 

SPECIFICATIONS 

The sCO2 experimental loop at CVR was constructed 

within SUSEN (Sustainable Energy) project in 2017. This 

unique facility enables component testing of sCO2 Brayton 

cycle such as compressor, turbine, HX, valves and to study key 

aspects of the cycle (heat transfer, erosion, corrosion etc.) with 

wide range of parameters: temperature up to 550°C, pressure up 

to 30 MPa and mass flow rate up to 0.35 kg/s. The loop is 

designed to represent sCO2 Brayton cycle behavior. 

Although the sCO2 loop characteristics are not 

prototypical of the foreseen sCO2 power plant, the experiments 

on this simplified facility is sufficient to assess the capability of 

the numerical codes to deal with the thermal-hydraulic behavior 

of the sCO2 loop. One of the adaptation of the loop is that a 

radial compressor expected on the prospective sCO2 power 

plant is substituted by a piston type pump. In addition, a turbine 

is replaced by a reduction valve.  

Annex A shows the piping and instrumentation diagram 

(PID) of the loop. The primary circuit is marked in thick red 

and it consists of following main components: 

 The piston-type main pump (MP), which circulates

sCO2 through the circuit with the variable speed drive

for the flow rate control.

 The high and low temperature regenerative heat

exchangers (HTR HX/LTR HX), which recuperate the

heat, hence reduce the heating and cooling power.

 The 4 electric heaters (H1/1, H1/2, H2, H3), which

have in total a maximum power of 110 kW and raise

the temperature of sCO2 to the desired test section

(TS) inlet temperature up to 550°C.

 The reduction valve which consists of series of orifices

to reduce the pressure and together with oil

(Marlotherm SH) cooler (CH2) represent a turbine.

 The water cooler (CH1) cools down the sCO2 at the

inlet of the MP by water cooling circuit. The

secondary water cooling circuit is cooled by tertiary

water cooling circuit. PI&D of the sCO2 loop does not

depict tertiary water cooling circuit for simplification

matter of the benchmark exercise. The complete sets

of boundary conditions are defined for the secondary

water cooling circuit allowing this reduced approach.

 Air driven filling (reciprocating) compressor (gas

booster station) which pumps the sCO2 from the CO2

bottles and also controls the operating pressure.

 Exhaust system for the excess amount of sCO2

The P&ID of the sCO2 loop contains all installed key 

measurement devices, such as a mass flow meter, Pt-100 

sensors, thermocouples, pressure sensors and wattmeters. 

The nomenclature of the measurement devices respects the 

KKS identification system for power plants. 

The uncertainties provided by the measurement 

devices, transducer, input card, and control system are 

summarized in Annex B. The errors correspond to 

calibration certificates and manufacturer’s instructions. 

Just for a matter of clarity, the zig-zag line at the P&ID 

stands for the oil cooler CH2 and connected pipeline. This 

line was closed during testing campaign since it was not 

needed to have extra cooling power in oil cooling circuit.  

The main operating parameters of the primary circuit 

are shown in Table 1. 

Table 1: The main operating parameters of the sCO2 primary 

loop. 

Maximum operation pressure 25 MPa 

Maximum pressure 30 MPa 

Maximum operation 550°C 
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temperature 

Maximum temperature in HTR 450°C 

Maximum temperature in LTR 300°C 

Nominal mass flow 0.35 kg/s 

The sCO2 loop layout is depicted in Figure 1 and the top 

view of the built facility is shown in Figure 2. 

Figure 1: 3D CAD model of the sCO2 loop. 

Figure 2: A view from the top on the built sCO2 loop. 

Table 2 summarizes parameters of the MP and the 

schematic cross-section of the MP is shown in Figure 3. 

Table 2: Parameters of the main pump. 

Device Main Pump - PAX-3-30-

18-250-YC-CRYO-drive 

9/FM 

Nominal inlet pressure 12.5 MPa 

Nominal outlet pressure 25 MPa 

Maximal outlet pressure 30 MPa 

Nominal inlet temperature 25°C 

Maximum inlet temperature 50°C 

Nominal isentropic efficiency 0.7 

Rotational speed (manufacturer 

data) 

250÷1460 rpm 

Volumetric flowrate 

(manufacturer data) 

5÷30 l/min. 

Rotational speed -> Volumetric 

flowrate (measurement data) 

555 rpm -> 9.8 l/min 

935 rpm -> 16.7 l/min 

Figure 3: Cross-section of main pump. 

In Table 3, the main parameters of the filling compressor 

are listed. 

Table 3: Parameters of the filling compressor. 

Device Filling compressor - DLE5-15-

GG-C 

Nominal inlet pressure of 

CO2 

0.5 MPa 

Nominal outlet pressure 6.5 MPa 

Maximum outlet pressure 30 MPa 

Nominal flowrate 15 standard litre per minute 

Nominal air pressure 0.6 MPa 

Geometric parameters of the heat exchanging components 

of the sCO2 loop needed for preparation of the model are 

described in  

Annex C. The parameters needed for the model settings 

such as pipe diameters and lengths, layouts of heat exchangers 

and heaters and materials are listed for each component 

according to PI&D scheme in the Annex A. 

The geometry of HTR heat exchangers is demonstrated in 

Figure 4. It is a counter-current shell and tube heat exchanger 

and it concludes of 2 U-tube modules. The LTR heat exchanger 

is of a same type and it includes 6 U-tube modules. 
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Figure 4: HTR heat exchanger. 

The geometry of the tube plate LTR/HTR heat exchanger 

of inserted in a shell is displayed in Figure 5. 

Figure 5: LTR/HTR heat exchanger tube plate in a shell. 

The cross cut of electrical heater rod of H1/1, H1/2, H2 and H3 

is shown in Figure 6. 

Figure 6: Electrical heater rod cross cut. 

The cross cut of electrical heaters of H1/1, H1/2 H3 are 

shown in Figure 7 and H2 in Figure 8. All heaters are equipped 

with guiding tube Ø 36 x 2 mm which directs the flow around 

the electrical heater rods. This tube is plugged on both ends. 

Figure 7: Electrical heater H1/1, H1/2 and H3 cross cut. 

Figure 8: Electrical heater H2 cross cut. 

The electrical heater H3 with nominal power 20 kW is 

positioned at the bypass of the LTR in order to simulate the 

behavior of a recompression cycle.  

The pressure loss coefficients of the valves related to cross-

section areas of corresponding pipelines (inner diameter 14 

mm) are listed in Table 4.  

Table 4: Pressure loss coefficient of the fully-open valves 

Valve type Pressure loss coefficient [-] 

Reduction valve 

(characteristic in Table 5) 
827 

Control valves 

(linear characteristic) 
14 

Closing valves 

(“hot” part of the loop) 
12 

Closing valves 

(“cold” part of the loop) 
4 

The reduction valve characteristic Opening versus Kv/Kvs 

of the reduction valve is displayed in Table 5. Averaged values 

of Kv/Kvs from all measured data covering temperature range 

50°C ÷ 450°C are given (no data from manufacturer are 

available). 

Table 5: Characteristic of the of the reduction valve. 

Opening [%] Kv/Kvs [-] 

0 0.09 

40.5 0.45 

45 0.52 

50 0.59 

55 0.65 

60 0.70 

65 0.74 
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70 0.79 

75 0.85 

80 0.90 

85 0.92 

90 0.95 

95 0.97 

100 1.00 

The geometric parameters of pipelines according to the 

PI&D scheme are summarized in Annex D including the pipe 

diameters and lengths. Parameters of bends are also mentioned 

to allow modelling of local pressure losses.  

The “hot” parts (from inlet to heater H3 and inlet of high 

pressure LTR to outlet of low pressure LTR) of the loop are 

insulated with rock wool Orstech DP 100.  Thermal 

conductivity of the insulation material depending on 

temperature can be found here [17]. The test section and heaters 

are insulated with 0.14 m thickness and the rest with 0.1 m. is 

shown in Table 8. The insulation on the RV (of length of 

approximately 0.5 m) is not installed. 

In Annex E, locations of measurement sensors 

corresponding to the loop layout are listed. The positions of the 

sensors have to be taken into account in the computational 

models as well. The table includes all needed sensors of 

temperature, pressure, mass-flow rate, heating powers and 

pump speed. Apart from this, positions of valves are also 

mentioned. Layout of the sensors can be also seen in the PID 

diagram.   

STEADY-STATES BENCHMARK 

As a part of the CVR sCO2 loop experimental program for 

benchmark on thermal hydraulic code, several steady states 

were achieved. In order to tune the numerical models, 3 

selected steady states (covering different temperature levels and 

pressures) with set of relevant parameters are shown in Annex 

F along with the results from calculation performed Modelica-

based code ClaRa. The simulated results show fair agreement, 

demonstrating reasonable accuracy of the simulation tool. 

There are maximum 2.5 K/0.2 MPa/0.6 kW 

temperature/pressure/heating power errors respectively. 

DESIGN OF A NUMERICAL MODEL IN THE CLARA 

LIBRARY 

The performance of the sCO2 loop CVR is simulated with 

a numerical model, developed in the Modelica language within 

Dymola environment, using the free ClaRa library. 

Modelica 

Modelica is a specialized object-oriented equation-based 

language for physical modelling. Nowadays it is widely used in 

industry and research for object oriented modelling and 

transient simulation of cyber physical systems. It is designed 

for simulation of complex multi-domain systems, e.g., systems 

containing mechanical, electrical, electronic, hydraulic, 

thermal, control, electric power or process-oriented 

subcomponents [18]. The Modelica language is based on 

equations and thus, on the contrary to the block-oriented 

languages (e.g. Simulink), the exact computational strategy is 

left to the tool itself in the compilation phase. This approach 

allows us to combine components (predefined or custom-built) 

using connectors and leave the derivation of computation 

causality to the machines [19]. From the authors’ experience, 

this not only significantly saves time, but helps to avoid a 

number of mistakes and enables component reuse. For these 

features, Modelica is widely used in industry and research for 

modelling and simulation of cyber physical systems.   

Dymola Environment 

Several environments for the Modelica language exist. For 

current analysis, the Dymola (version 2019, Dassault Systemes, 

Paris, France) has been chosen for its compatibility with the 

ClaRa library. 

ClaRa library 

To simplify the modelling process and to avoid 

development of components from scratch, a number of free as 

well as commercial Modelica libraries are available. For this 

study the ClaRa library was used [14] (Clasius-Rankine cycles), 

designed for modelling transient thermal behaviour of power 

plants and power systems. The ClaRa was primarily developed 

for the water-steam cycle and the gas path of coal dust fired 

boilers and heat recovery steam generators. However, with the 

implemented physical property models of nearly each 

substances used in industry today derived from the NIST 

database, the utilization is large. ClaRa features many benefits 

for the user. One of them is that it is easy enhance the code, 

hence creating your own models according to your requirement 

which perfectly meets your needs. 

Several modifications had to be made to enable to model 

sCO2 loop CVR with ClaRa. Hence, the original source code 

has been extended, particularly for the shell part of the model 

of shell and tube heat exchanger (STHX), a model of heating 

rod elements and PID controllers. The extension of the model 

of shell part was based on the existing tube pipe model. 

Geometry as well as corresponding replaceable models of heat 

transfer and pressure drops were created to allow compatibility 

with the new shell model. As for the model of heating rod 

elements, it was based on existing wall structure and a heating 

source term was incorporated into the heating equation. The 

models of PID controllers were enhanced to enable changes of 

PID settings during calculations.  

TUNING OF PID CONTROLLERS INTRODUCTION 

For purpose of control and monitoring the sCO2 loop 

CVR, there is applied I&C with two independent operation 

workstations. The I&C manage measurements, signalization, 

control and adjusting of parameters and protect the technology 

through implemented series of safe functions in case of 

abnormal conditions. Further, it keeps all data archived. The 

I&C is built on integrated control system environment ABB 
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FREELANCE with ABB – AC900F control units and S800 I/O 

[21] modules directly attached on terminal units (for binary 

signals) and Siemens ET200M (for analog signals) [22]. 

Accurate control is critical to every process. As a means of 

ensuring that tasks such as production, distribution and 

treatment processes are carried out under the right conditions 

for the right amount of time and in the right quantities, control 

devices form a crucial part of virtually every industrial process. 

Currently the PID algorithm is the most popular feedback 

controller used in industry. Having a three term functionality 

that deals with transient and steady-state responses, the PID 

controller offers a simple, inexpensive, yet robust algorithm 

that can provide excellent performance, despite the varied 

dynamic characteristics of the process or plant being controlled 

[23]. To get the best out of the PID controllers, many tuning 

techniques have been developed over the past several decades. 

The very first techniques are dated to 1942 when Ziegler and 

Nichols published their paper. They have come with a closed-

loop and open-loop method. The principles of these methods 

still provide the foundation of many of the auto tune algorithms 

used in many modern industrial applications. Despite its 

simplicity, the Ziegler Nichols closed loop method can take a 

long time to perform and also has the potential to create 

uncontrolled oscillations, which affects control stability. Eleven 

years after Ziegler and Nichols published their findings, in 

1953, Cohen and Coon published a new tuning method. Like 

the Ziegler-Nichols open loop rules, the Cohen-Coon rules aim 

for a quarter-amplitude damping response. The Cohen-Coon 

tuning rules are suited to a wider variety of processes than 

the Ziegler-Nichols tuning rules. The Ziegler-Nichols rules 

work well only on processes where the dead time is less 

than half the length of the time constant. The Cohen-Coon 

tuning rules work well on processes where the dead time 

is less than two times the length of the time constant (and it can 

be stretched even further if required) [16]. Hence, the Cohen-

Coon method has been used in this paper. 

It is often forgotten or simply not known that different 

tuning rules were developed for different versions of the PID 

controller algorithm. The engineer responsible for tuning a 

control loop must be aware of the form of the algorithm used 

for the PID controller. The main PID structures (Interactive, 

Non-interactive and parallel) are very well described in [16]. 

The Cohen-Coon rule, used in this paper, utilizes the Non-

interactive algorithm. The algorithm is described in equation 

(1). 

𝑪𝑶 = 𝑲𝒄 ∙ (𝒆(𝒕) +
𝟏

𝑻𝒊
∫ 𝒆(𝒕) 𝒅𝒕 + 𝑻𝒅

𝒅𝒆(𝒕)

𝒅𝒕
) (1) 

The Cohen-Coon tuning rule uses three process 

characteristics: process gain (GP), dead time (td), and time 

constant (Tau). These are determined by doing a step test and 

analyzing the results. In order to derive these characteristics, 

the PID controller which is subject of the tuning needs to be in 

manual and the system has to be stabilized. A step change in the 

controller output (CO) is introduced and after the process 

variable (PV) stabilizes at a new value, the characteristics can 

be determined according to Figure 9. The size of this step 

should be large enough that the process variable moves well 

clear of the process noise/disturbance level. 

Figure 9: Schematic figure of Cohen-Coon characteristics. 

Calculation of new tuning settings using the Cohen-Coon 

tuning rule is described in Table 6. 

Table 6: Cohen-Coon rule [16]. 
Kc Ti Td 

P controller 1.03

𝐺𝑃
(

𝑇𝑎𝑢

𝑡𝑑
+ 0.34) 

PI controller 0.9

𝐺𝑃
(

𝑇𝑎𝑢

𝑡𝑑
+ 0.092) 3.33𝑡𝑑 (

𝑇𝑎𝑢 + 0.092𝑡𝑑

𝑇𝑎𝑢 + 2.22𝑡𝑑
) 

PD 

controller 

1.24

𝐺𝑃
(

𝑇𝑎𝑢

𝑡𝑑
+ 0.129) 0.27𝑡𝑑 (

𝑇𝑎𝑢 − 0.324𝑡𝑑

𝑇𝑎𝑢 + 0.129𝑡𝑑
) 

PID 

controller 

1.35

𝐺𝑃
(

𝑇𝑎𝑢

𝑡𝑑
+ 0.185) 2.5𝑡𝑑 (

𝑇𝑎𝑢 + 0.185𝑡𝑑

𝑇𝑎𝑢 + 0.611𝑡𝑑
) 0.37𝑡𝑑 (

𝑇𝑎𝑢

𝑇𝑎𝑢 + 0.185𝑡𝑑
) 

One has to be careful when calculating the process gain GP 

according to equation (2), since normalized values needs to be 

implemented, i.e. the total change obtained in PV has to be 

converted to a percentage of the span of the measuring device. 

Similarly to the change of CO in percentage. 

𝑮𝑷 =  
𝒄𝒉𝒂𝒏𝒈𝒆 𝒊𝒏 𝑷𝑽 [%]

𝒄𝒉𝒂𝒏𝒈𝒆 𝒊𝒏 𝑪𝑶 [%]
(2) 

TUNING OF PID CONTROLLERS AND COMPARISON 

WITH MEASSURED DATA 

There are number of different control loops in the sCO2 

loop at CVR. However, as the control mode is most often 

associated with temperature, hence the temperature controller at 

the outlet of the heater 2 (H2) was selected to be subject of this 

work. 

As described in previous chapter, the Cohen-Coon method 

is used in this paper to determined PID controller constant. Two 

step changes in the heater 2 (H2) during a stabilized system 

were introduced and process variable (T_CO2_H2_out - 

1LKD40CT004) curves have been generated.   

Step-up 

Firstly, a sudden step-up increase in H2 power output 

(from initial 6.2 kW to final 10.9 kW) was initiated at stable 

system. The response curve of the process variable 

(temperature outlet from H2) is shown in Figure 10.  
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Figure 10: Response curve of temperature outlet from H2 

during step-up test. 

Step-down 

In order to verify the first test, second step test was 

conducted after the stabilization of parameters in the system.  A 

sudden step-down decrease in H2 power output (from initial 

10.9 kW to final 6.6 kW) was initiated at stable system. The 

response curve of the process variable (temperature outlet from 

H2) is shown in Figure 11. 

Figure 11: Response curve of temperature outlet from H2 

during step-down. 

In both cases, the simulated results from the ClaRa model 

follows the measured values of the process variable very well. 

The total maximum error calculated from absolute temperatures 

in Kelvins, does not exceeds 0.5 %. 

Table 7 summarizes the PID tuning settings from both tests 

including the settings derived from simulations. Note that 

calculated controller gain (Kc) is according to recommendation 

[16] divided the by two to reduce overshoot and improve 

stability. For clarity, the process gain (GP) was calculated as 

follows (the step-up experimental values are shown): 

𝑮𝑷 =  

𝒄𝒉𝒂𝒏𝒈𝒆 𝒊𝒏 𝑷𝑽 [𝑲]

𝒓𝒂𝒏𝒈𝒆 𝒐𝒇 𝑷𝑽 [𝑲]

𝒄𝒉𝒂𝒏𝒈𝒆 𝒊𝒏 𝑪𝑶 [𝒌𝑾]

𝒓𝒂𝒏𝒈𝒆 𝒐𝒇 𝑪𝑶 [𝒌𝑾]

=
𝟏𝟓𝟓.𝟑− 𝟏𝟑𝟎

𝟔𝟎𝟎−𝟎
𝟏𝟎.𝟗 −𝟔.𝟐

𝟑𝟎−𝟎

= 𝟎. 𝟐𝟕 (3) 

Table 7: PID tuning settings for measured and simulated 

data 

Kc Ti Td 

Step-up test – measured 29.14 5.60 0.85 

Step-down test - measured 26.79 5.97 0.90 

Average - measured 27.96 5.79 0.88 

Step-up test – simulated 26.79 5.35 0.81 

Step-down test - simulated 26.33 5.24 0.79 

Average - simulated 26.56 5.30 0.80 

The PID constants obtained from both experimental tests 

are in very good agreement. The discrepancy of the PID sets 

derived from simulations and experiment is within 10%. One of 

the possible explanation for error results from the fact that the 

dead time for both test cases are relatively small (around 2.2 s), 

hence even a small error (of few tenths of seconds) in 

determination the dead time from the tangent line at inflection 

point can lead to significant inaccuracy in the PID constants.  

In order to provide complete data for benchmark exercises, 

all relevant parameters of the sCO2 loop CVR at steady state 

conditions, prior to the step changes, are summarized in 

ANNEX G. In addition, the simulated results are shown, 

providing further evidence about the capability of the numerical 

code capturing the measured values. 

TUNING OF PID CONTROLLERS FOR MULTIPLE 

PROCESS CONDITIONS 

Fluid properties of the sCO2 near the critical point 

experiences highly non-linear variations. This is one of the key 

enabling features for the sCO2, however on the other hand, it 

presents challenges for modeling, and exhibits unique behavior 

during transients which greatly complicate the control of the 

system. To demonstrate that series of response curves with 

different conditions (pressure 10 MPa ÷ 20 MPa, temperature 

30 °C ÷ 400 °C) were simulated and tuning constants of the 

PID controller were derived using Cohen-Coon method for 

each case. Once again, the temperature outlet from heater H2 

was selected as a process variable. Notice that the parametric 

values of pressures stated here are meant to be pressures at the 

heater H2 where the response test took place, i.e. high pressure 

side of the loop (from outlet of the main circulation pump to 

reduction valve). Further, mass flow rate through the sCO2 loop 

was kept constant at 0.13 kg/s and so do the low pressure 

values (7.65 MPa) to maintain a core of similarity with the PID 

tuning in the previous chapter. Hence, 10 MPa at the high 

pressure side was the minimum value for a given low pressure 

7.65 MPa taking into account the pressure losses through the 

loop.  

 The resulted tuned controller gains (Kc) for different 

conditions in the sCO2 loop are plotted in Figure 12. Since the 
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integral and derivative time constants did not varied 

significantly and stayed in a relatively small range (Ti = 4 s ÷ 6 

s and Td = 0.6 s ÷ 1 s), they are not shown here explicitly. From 

the Figure 12 it can be observed that the controller gains follow 

the behavior of heat capacity. The specific heat capacity (cp) is 

peaking at so called pseudo-critical temperatures and similarly 

the controller gains. This effect is growing closer it gets to the 

critical pressure. The behavior of controller gains can be 

explained as follows. Where the cp is higher, there the PID 

controller needs higher gain in order to have sufficiently fast 

response. On the other hand, where cp is smaller, there the PID 

controller needs lower gain not to cause oscillations. Note that 

controller gains are gain divided the by two to reduce overshoot 

and improve stability. 

Figure 12: Calculated values of controller gains and specific 

heat capacities at different pressures and temperatures. 

Once the new sets of PID controller were derived, they 

were tested on several examples. Following figures Figure 13, 

Figure 14 and Figure 15 shows the behavior of PID controller 

of the temperature outlet from H2 during the step change of set 

point. For demonstration, two extreme PID sets were chosen 

together with manually tuned constants. One extreme case 

represents the parameters tuned for the highest cp approx. 8 

kJ·kg
-1

·K
-1

 (Kc=118, Ti=3.7 s, Td=0.6 s) and the other for the 

lowest cp approx. 1 kJ·kg
-1

·K
-1

 (Kc=25, Ti=5 s, Td=1 s). Both 

were derived from previous calculation tuned by Cohen-Coon 

method. For the manually tuned PID following constants were 

used (Kc=25, Ti=20 s, Td=1 s), i.e. the setting was the same as 

for the case with the lowest cp, only the integral time constant 

quadrupled. 

Figure 13: Outlet temperatures of H2 at 10MPa controlled by 

PID with different settings (set point at 45°C). 

Figure 14: Outlet temperatures of H2 at 10MPa controlled by 

PID with different settings (set point at 100°C). 

Figure 15: Outlet temperatures of H2 at 10MPa controlled by 

PID with different settings (set point at 400°C). 
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It can be observed that the process variable, controlled by 

PID with settings tuned for high cp, exhibits comparatively 

high overshoots and instabilities, especially for the higher 

temperatures test cases (above 100°C). Improvement can be 

seen for the low cp tuning. It still exhibits quite high 

overshoots, however the oscillations were significantly 

reduced. The manually tuned controller behaves well for all 3 

tested temperatures. It shows no overshoots, no oscillations, 

only for the test at 45°C, time for the process variable to settle 

is quite long (100 s) and it could be improve by increasing the 

controller gain.  

CONCLUSION 

The paper shows a comprehensive insight into the 

experimental investigations and simulations of the sCO2 loop 

in CVR. Rather than focusing on separate component behavior, 

this study aims on a system level (component interaction) for 

both steady states and dynamic transients including control 

system interactions and PID tuning techniques. Particularly, this 

paper contains valuable experimental data of the sCO2 loop and 

their comparison with simulations. 

The first part of the paper presents the sCO2 loop, and 

shows its configuration and specifications. This includes the 

design parameters of all main components as well as the P&I 

diagram with measurements and their positions in the system 

and the piping. Altogether three sets of measured steady states 

data are outlined and together with detail description of the 

loop it gives necessary information for performing the 

benchmark exercise on numerical codes. Such a benchmark 

was performed with the open source Modelica-based code 

ClaRa using the simulation environment DYMOLA 2019. The 

simulated results show fair agreement with measured data, 

demonstrating reasonable accuracy of the simulation tool. 

There are maximum 2.5 K/0.2 MPa/0.6 kW 

temperature/pressure/heating power errors respectively. Further 

measurements and simulations were carried out, particularly 

transients, however it is out of the page limit for the paper. 

Hence, the results of these analyses will be published 

somewhere else. 

Once the numerical model on steady states was validated, 

the transient tests covering the tuning procedure of the PID 

controllers were performed. The scope of the study is to give a 

first approximation of tuning parameters of such a system. For 

this purpose, one of the most utilized tuning technique, the 

Cohen-Coon (C-C) method, was deployed. The temperature 

controller at the outlet of the heater 2 (H2) was selected to be 

subject of this work. A sudden step-up/step-down 

increase/decrease in H2 power output respectively at a given 

condition was executed. The response temperature curves were 

analyzed and PID constants for the controller were calculated. 

The PID constants obtained from both experimental tests are in 

very good agreement. The discrepancy of the PID sets derived 

from simulations and experiment is within 10%. 

For the sake of highly non-linear behavior of sCO2, series 

of response curves with different conditions (pressure 10 MPa 

÷ 20 MPa, temperature 30 °C ÷ 400 °C) were simulated in 

order to find the optimum PID settings for all prospective 

conditions for sCO2 loop in CVR. It was observed that the 

resulted controller gains follow behavior of the specific heat 

capacity, hence they were peaking at the pseudocritical points. 

This naturally intensifies closer it gets to the supercritical 

pressure. Hence, near the pseudocritical temperatures and 

supercritical pressures the PID would need to be given various 

customized sets of constants for particular conditions. Far from 

the pseudocritical temperatures, single PID setting should be 

sufficient.  

Once the new sets of PID controller were derived, they 

were tested on several examples. It has been found that the 

tuned PID constants according to C-C method exhibits 

relatively high overshoots. It is due to the fact that different 

tuning techniques gives preferences to fast response prior to 

stable behavior. The results from the paper indicates that C-C 

method prefers fast response. Hence, if one would like to use 

sole set of PID for all different conditions then it is 

recommended to use the settings tuned for lower values of cp, 

i.e. with lower controller gain. Otherwise, the system might 

oscillates in low cp regions. One has to understand that derived 

PID constants according to C-C method are just first 

approximations and further manual tuning are inevitable. In this 

paper the manually tuned parameters were based on the C-C 

tuning setting for low cp case and only the integral time 

constant was quadrupled. With this PID setting the performance 

of the controller was very much improved with practically 

representative actions. 

Further investigations are planed including deployment of 

several other tuning techniques in order to improve predictions 

of the PID settings. In addition, other control loops of the sCO2 

experimental facility in CVR, i.e. mass flow through the cycle 

driven by circulation pump with frequency convertor or 

pressure in the system driven by reduction valve etc., are 

prospective to be tested. 

NOMENCLATURE 

cp Specific heat capacity, J·kg
-1

·K
-1

 

D Diameter, m 

e(t) Error (Set point – Process variable) 

H Enthalpy, J·kg
-1

 

Kc Controller gain 

Kv Flow coefficient of the valve, m
3
·h

-1
 

Kvs Kv at  a fully-open valve position, m
3
·h

-1
 

L Length, m 

ṁ Mass flow, kg·s
-1

p Pressure, Pa 

P Power, W 

T Temperature, K 

Ti Integral time constant 

Td Derivative time constant 

ρ Density, kg·m
-3
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ACRONYMS 

C-C Cohen-Coon 

CH1 Water cooler 

CH2 Oil cooler 

CO Control output signal of PID controller 

GP Process gain 

H1/1 Electric heater 

H1/2 Electric heaters 

H2 Electric heaters 

H3 Electric heaters 

HP High pressure 

HTR High temperature regenerative heat exchanger 

I&C Instrumentation and control system 

KKS Identification system for power plants 

LP Low pressure 

LTR Low temperature regenerative heat exchanger 

MP Main pump 

PID Proportional Integral Derivative 

P&ID Piping and instrumentation diagram 

PV Process value 

RV Reduction valve 

sCO2 Supercritical CO2 

td Dead time (time difference between the change in CO 

and the intersection of the tangential line and the 

original PV level) 

Tau Time constant (time difference between intersection at 

the end of dead time, and the PV reaching 63% of its 

total change) 

STHX Shell and tube heat exchanger 
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ANNEX A 

PIPING AND INSTRUMENTATION DIAGRAM (P&ID) OF THE SCO2 LOOP, CVR 

ANNEX B 

UNCERTAINTY OF THE MEASUREMENT DEVICES IN SCO2 LOOP, CVR 

Variable Range  Unit Description Device 

error 

Transducer error Input card 

error 

Control system 

error 

Total error 

ṁsCO2 0 - 0.7 kg/s mass flow rate 

1LKB10CF001, 

1LKB70CF00 
1Rheonik (RHM12) 

 0.15 % 

from 1.66 

kg/s 

Rawet - PX310S Siemens 

SM 331 

ABB freelance +/- 0.007 kg/s 

0.1 % from range 0.4 % from 

range 

0.1 % from 

range 

T_sCO2 0 - 600 °C TC (type K) T_sCO2, 
Omega 

+/- 0.5 
K for 

(0÷100°C) 

+/- 0.6 
K for 

300°C 

+/- 1.4 
K for 

500°C 

Rawet - PX310S Siemens 
SM 331 

ABB freelance +/- 4.1 K for 
(0÷100°C) 

+/- 4.2 K for 

300°C 
+/- 5 K for 500°C 

0.1 % from range 0.4 % from 

range 

0.1 % from 

range 

 p_sCO2_LP  0 - 15 MPa sCO2 pressures  at 
low pressure side of 

0.15 % 
from range 

Rawet - PX310S Siemens 
SM 331 

ABB freelance +/- 0.11 MPa 
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the loop, GE (UNIK 

5000) 

0.1 % from range 0.4 % from 

range 

0.1 % from 

range 

 p_sCO2_HP 0 - 30 MPa sCO2 pressures  at 
high pressure side of 

the loop ,  GE 

(UNIK 5000) 

 0.15 % 
from range 

Rawet - PX310S Siemens 
SM 331 

ABB freelance +/- 0.23 MPa 

0.1 % from range 0.4 % from 
range 

0.1 % from 
range 

P_H1/1-2 

P_H2,3 
0 - 30 kW electric power of 

heaters, MT Brno 
0.75 % 

from range 
Rawet - PX310S Siemens 

SM 331 
ABB freelance +/- 0.4 kW 

0.1 % from range 0.4 % from 
range 

0.1 % from 
range 

 T_water 0 - 120 °C water temperature of 

the cooling circuit, 
JSP (Pt 100)  

0.15K+0.2 

% from 
range 

Rawet - PX310S Siemens 

SM 331 

ABB freelance +/- 1.1 K 

0.1 % from range 0.4 % from 
range 

0.1 % from 
range 

ṁwater 0 – 3.8 kg/s water mass flow rate 

of the cooling 
circuit, turbine 

flowmeter, Hoffer 

1.1 % from 

range 

- - ABB freelance +/- 0.046 kg/s 

- - 0.1 % from 

range 

ANNEX C 

UNCERTAINTY OF THE MEASUREMENT DEVICES IN SCO2 LOOP, CVR 

Component Geometry 

HTR + LTR 

(counter-flow shell and tube-type from 
SS 321) 

Length of HTR = 20 m (2 x U-tube vertical), 3 x 2 = 6 high pressure flanges Ø 110 mm (height 25 mm) and the same 6 low 

pressure flanges  
Length of LTR = 60 m (6 x U-tube vertical), 7 x 2 = 14 high pressure flanges Ø 110 mm (height 25 mm) and the same 14 

low pressure flanges 

Number of internal tubes = 7, Internal tube Ø 10 x 1.5 mm, Shell Ø 50 x 5 mm. 

H1/1 + H1/2 
(30 + 30 kW) 

(from SS 321) 

Length = 0.95 m, Number of heating rods = 2 x 6, Diameter of a heating rod Ø 8 mm (cladding tube Ø 8 x 1 mm SS 321, 
ceramic (MgO) filling Ø 6 x 1 mm, ceramic (Al2O3) filling Ø 4 x 1.75 mm, Ø 0.5 mm wire Kanthal alloy (FeCrAl)), Shell 

Ø 100 x 20 mm, guiding tube Ø 36 x 2 mm with plugs on both ends 

H2 

(30 kW) 
(from Inconel 625) 

Length = 0.95 m, Number of heating rods = 2 x 6, Diameter of a heating rod   8 mm (ceramic filling and wire as in H1/1 + 

H1/2), Shell Ø 73 x 6.5 mm, 2 x 1 = 2 flanges Ø 110 mm (height 25 mm), guiding tube Ø 36 x 2 mm with plugs on both 
ends 

H3 

(20 kW) 

(from SS 321) 

Length = 0.75 m, Number of heating rods = 2 x 6, Diameter of a heating rod Ø 8 mm (ceramic filling and wire as in H1/1 + 

H1/2), Shell Ø 100 x 20 mm, guiding tube Ø 36 x 2 mm with plugs on both ends 

CH1 
(counter-flow shell and tube-type from 

SS) 

Length = 7.5 m, Number of internal tubes = 7, Internal tube  Ø 10 x 1.5 mm, Shell Ø 43 x 1.5 mm 

CH2 

(counter-flow shell and tube-type from 
Inconel 625 (CO2 side)/SS 321 (oil 

side)) 

Length = 1.8 m, Number of internal tubes = 7, Internal tube  Ø 10 x 1.5 mm, Shell Ø 43 x 1.5 mm, 2 x 2 = 4 high flanges Ø 

110 mm (height 25 mm) 

TS 
(from Inconel 625) 

Length = 2 m, Shell Ø 73 x 6.5 mm, 2 x 2 = 4 high flanges Ø 140 mm (height 26 mm) 

Reduction valve 

(from SS 321) 

Body weight 125 kg, Length = 0.5 m 

Control valves (3x) 

(from SS 321) 

Body weight 5 kg, Length = 0.3 m 

(each) 

Closing valves Body weight 1 kg, Length = 0.3 m 
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*(“hot” part of the loop) 

(from SS 321) 

(each) 

Closing valves 

**(“cold” part of the loop) 
(from SS 321) 

Body weight 5 kg, Length = 0.3 m 

(each) 

* The “hot” part of the loop is from inlet of heater H3 and inlet of high pressure LTR to outlet of low pressure LTR.

** The “cold” part is the rest of the loop (from outlet of low pressure LTR to inlet to heater H3 and inlet of high pressure LTR. 

ANNEX D 

PIPELINE GEOMETRY OF THE SCO2 LOOP 

Line 1 Pipeline from MP to T-junction LTR by-pass Length = 2.6 m, 1x90° Bend, Tube Ø 22 x 4 mm 

Line 2 Pipeline from T-junction LTR by-pass to LTR Length = 6.8 m, 6x90° Bend,  Tube Ø 22 x 4 mm 

Line 3 LTR by-pass Length = 7.6 m, 2x90° Bend, Tube Ø 22 x 4 mm 

Line 4 Pipeline from outlet of high pressure LTR to inlet of high pressure HTR Length = 0.7 m, 2x90° Bend, Tube Ø 22 x 4 mm 

Line 5 Pipeline from outlet of high pressure HTR to T-junction at the inlet of H1/1 and H1/2 Length = 1 m, 1x90° Bend, Tube Ø 22 x 4 mm 

Line 6a/6b 2 identical pipelines from T-junction at the inlet of H1/1 and H1/2 to H1/1 and H1/2 Length = 1.4 m, 1x60° Bend, Tube Ø 22 x 4 mm 

Line 7a/7b 2 identical pipelines from H1/1 and H1/2 to T-junction at the outlet of H1/1 and H1/2 Length = 1.5 m, 1x60° Bend, Tube Ø 22 x 4 mm 

Line 8 Pipeline from T-junction outlet of H1/1 and H1/2 to H2 Length = 1.9 m, 2x90° Bend, Tube Ø 22 x 4 mm 

Line 9 Pipeline from H2 to test section Length = 2 m, 2x90° Bend, Tube Ø 22 x 4 mm 

Line 10 Pipeline from test section to reduction valve Length = 1.9 m, 1x90° Bend, Tube Ø 22 x 4 mm 

Line 11 Pipeline from reduction valve to T-junction of line 12a/13 Length = 8.4 m, 8x90° Bend, Tube Ø 20 x 3 mm 

Line 12a Pipeline from T-junction of line 12a/13 to T-junction CH2 by-pass (inlet of CH2 by-pass)  Length = 0.4 m, 1x60° Bend, Tube Ø 20 x 3 mm 

Line 12b Pipeline from T-junction CH2 by-pass (inlet of CH2 by-pass) to T-junction of line 12b/13 Length = 0.4 m, 1x60° Bend, Tube Ø 20 x 3 mm 

Line 13 Pipeline from T-junction of line 12a/13 to T-junction of line 12b/13 to Length = 0.9 m, 2x60° Bend, Tube Ø 20 x 3 mm 

Line 14 Pipeline CH2 by-pass Length = 5.5 m, 4x90° Bend, Tube Ø 20 x 3 mm 

Line 15a Pipeline from T-junction of line 15a/16 to T-junction CH2 by-pass (outlet of CH2 by-pass) Length = 0.4 m, 1x60° Bend, Tube Ø 20 x 3 mm 

Line 15b Pipeline from T-junction CH2 by-pass (outlet of CH2 by-pass) to T-junction of line 15b/16 Length = 0.4 m, 1x60° Bend, Tube Ø 20 x 3 mm 

Line 16 Pipeline from T-junction of line 15a/16 to T-junction of line 15b/16 Length = 0.9 m, 2x60° Bend, Tube Ø 20 x 3 mm 

Line 17 Pipeline from T-junction of line 15b/16  to inlet of low pressure HTR Length = 0.8 m, 1x90° Bend, Tube Ø 20 x 3 mm 

Line 18 Pipeline from outlet of low pressure HTR to inlet of low pressure LTR Length = 0.7 m, 2x90° Bend, Tube Ø 22 x 4 mm 

Line 19 Pipeline from outlet of low pressure LTR to CH1 Length = 1.8 m, 2x90° Bend, Tube Ø 20 x 3 mm 

Line 20 Pipeline from CH1 to MP Length = 4.4 m, 7x90° Bend, Tube Ø 20 x 3 mm 

ANNEX E 

POSITION OF THE MEASUREMENT SENSORS 

Measurement type Position Pipeline 

m_CO2_MP (1LKB70CF001) 3.9 m prior to MP inlet line 20 

m_CO2_LTR (1LKB10CF001) 1.6 m from MP outlet line 1 

rotational speed_MP (1LKC10CS001) MP line 1 

power_H1/1 (1LKD40CE011A) H1/1 line 6b,7b 

power_H1/2 (1LKD40CE011B) H1/2 line 6a,7a 

power_H2 (1LKD40CE011C) H2 line 8,9 

power_H3 (1LKD10CE011) H3 line 3 

p_CO2_MP_in (1LKB70CP001) 3.4 m prior to MP inlet line 20 

T_CO2_MP_in (1LKB70CT001) 5.1 m prior to MP inlet line 20 

p_CO2_MP_out (1LKB10CP001) 1.6 m from MP outlet line 1 

T_CO2_MP_out (1LKB10CT001) 1.6 m from MP outlet line 1 

position_valve_LTR_in (1LKB10CG001) control valve LTR inlet line 2 

position_valve_LTR_by-pass (1LKB11CG001) control valve LTR by-pass line 3 

T_by-pass LTR (1LKB12CT001) 0.8 m from H3 outlet line 3 

p_CO2_LTR_p_high_side_in (1LKB10CP003) LTR high pressure inlet line 2 

T_CO2_LTR_p_high_side_in (1LKB10CT002) LTR high pressure inlet line 2 

p_CO2_LTR_p_high_side_out (1LKB20CP001) HTR high pressure inlet line 4 

T_CO2_LTR_p_high_side_out (1LKB20CT001) HTR high pressure inlet line 4 

T_CO2_HTR_p_high_side_out (1LKB30CT001) HTR high pressure outlet line 5 

p_CO2_HTR_p_high_side_out (1LKB30CP001) HTR high pressure outlet line 5 

T_CO2_H1/1_H1/2_in (1LKD40CT001) H1/1, H1/2 inlet (T-junction) line 5 

T_CO2_H1/1_out (1LKD40CT002) H1/1, H1/2 outlet (T-junction) line 7b 

T_CO2_H1/2_out (1LKD40CT003) H1/1, H1/2 outlet (T-junction) line 7a 

T_CO2_H2_out (1LKD40CT004) 1.2 m from H2 outlet line 9 

p_CO2_RV_in (1LKB31CP001) TS outlet line 10 
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T_CO2_RV_in (1LKB31CT001) TS outlet line 10 

position of RV (1LKB31CG001) RV line 11 

position_valve_CH2_by-pass (1LKB40CG001) control valve CH2 by-pass line 14 

p_CO2_HTR_p_low_side_in (1LKB42CP001) HTR low pressure inlet line 17 

T_CO2_HTR_p_low_side_in (1LKB42CT001) HTR  low pressure inlet line 17 

p_CO2_HTR_p_low_side_out (1LKB50CP001) HTR  low pressure outlet line 18 

T_CO2_HTR_p_low_side_out (1LKB50CT001) HTR  low pressure outlet line 18 

p_CO2_LTR_p_low_side_out (1LKB60CP001) LTR  low pressure outlet line 19 

T_CO2_LTR_p_low_side_out (1LKB60CT001) LTR  low pressure outlet line 19 

m_H2O_CH1 (1PGG20CF001) 1.4 m prior to CH1 inlet water circuit 

T_H2O_CH1_in (1PGG20CT001) CH1 inlet water circuit 

T_H2O_CH1_out (1PGG30CT001) CH1 outlet water circuit 

ANNEX F 

MEASSURED AND CALCULATED STEADY STATE PARAMETERS 

parameter Unit 5_meass 5_sim error_abs 37_meass 37_sim error_abs 61_meass 61_sim error_abs 

m_CO2_MP (1LKB70CF001) kg/s 0.227 0.225 0.0 0.187 0.188 0.0 0.198 0.198 0.0 

m_CO2_LTR (1LKB10CF001) kg/s 0.227 0.225 0.0 0.187 0.188 0.0 0.198 0.198 0.0 

power_H1/1 

(1LKD40CE011A) kW 0.806 0.959 -0.2 6.539 6.731 -0.2 3.077 2.676 0.4 

power_H1/2 

(1LKD40CE011B) kW 0.932 0.959 0.0 6.688 6.731 0.0 3.190 2.676 0.5 

power_H2 (1LKD40CE011C) kW 26.865 27.452 -0.6 17.634 17.672 0.0 28.075 28.022 0.1 

power_H3 (1LKD10CE011) kW 0.000 0.000 0.0 0.000 0.000 0.0 0.000 0.000 0.0 

p_CO2_MP_in 
(1LKB70CP001) MPa 8.821 8.841 0.0 7.502 7.529 0.0 7.968 7.989 0.0 

T_CO2_MP_in 

(1LKB70CT001) °C 21.259 21.172 0.1 19.267 19.291 0.0 16.913 16.916 0.0 

p_CO2_MP_out 
(1LKB10CP001) MPa 19.820 19.997 -0.2 20.591 20.806 -0.2 19.920 20.177 -0.3 

T_CO2_MP_out 

(1LKB10CT001) °C 33.980 35.394 -1.4 38.708 36.335 2.4 30.709 31.384 -0.7 

position_valve_LTR_in 

(1LKB10CG001) % 100.000 100.000 0.0 100.000 100.000 0.0 100.000 100.000 0.0 

position_valve_LTR_by-pass 
(1LKB11CG001) % 0.000 0.000 0.0 0.000 0.000 0.0 0.000 0.000 0.0 

p_CO2_LTR_p_high_side_in 

(1LKB10CP003) MPa 19.828 19.944 -0.1 20.624 20.767 -0.1 19.944 20.136 -0.2 

T_CO2_LTR_p_high_side_in 

(1LKB10CT002) °C 32.697 35.059 -2.4 36.755 35.920 0.8 29.060 31.102 -2.0 

T_CO2_HTR_p_high_side_out 
(1LKB30CT001) °C 70.975 71.993 -1.0 208.699 206.823 1.9 342.986 343.688 -0.7 

p_CO2_HTR_p_high_side_out 

(1LKB30CP001) MPa 19.670 19.794 -0.1 20.506 20.655 -0.1 19.808 19.994 -0.2 

T_CO2_H1/1_H1/2_in 

(1LKD40CT001) °C 71.363 71.945 -0.6 209.193 206.702 2.5 344.299 343.570 0.7 

T_CO2_H1/1_out 
(1LKD40CT002) °C 75.001 75.000 0.0 259.999 260.000 0.0 365.060 365.000 0.1 

T_CO2_H1/2_out 

(1LKD40CT003) °C 74.996 75.000 0.0 259.989 260.000 0.0 365.055 365.000 0.1 

T_CO2_H2_out 

(1LKD40CT004) °C 122.019 123.820 -1.8 328.064 329.504 -1.4 470.081 472.544 -2.5 

p_CO2_RV_in 
(1LKB31CP001) MPa 19.697 19.700 0.0 20.508 20.510 0.0 19.768 19.770 0.0 

T_CO2_RV_in 

(1LKB31CT001) °C 123.183 123.471 -0.3 328.633 328.275 0.4 470.068 470.686 -0.6 

position of RV 

(1LKB31CG001) % 63.000 63.000 0.0 57.000 57.000 0.0 60.000 60.000 0.0 

position_valve_CH2_by-pass 
(1LKB40CG001) % 100.000 100.000 0.0 100.000 100.000 0.0 100.000 100.000 0.0 

p_CO2_HTR_p_low_side_in 

(1LKB42CP001) MPa 9.270 9.050 0.2 7.939 7.705 0.2 8.436 8.171 0.3 

T_CO2_HTR_p_low_side_in °C 77.759 77.781 0.0 300.213 300.189 0.0 447.576 447.592 0.0 
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(1LKB42CT001) 

p_CO2_LTR_p_low_side_out 

(1LKB60CP001) MPa 8.877 8.894 0.0 7.562 7.574 0.0 8.020 8.032 0.0 

T_CO2_LTR_p_low_side_out 

(1LKB60CT001) °C 42.177 43.981 -1.8 39.155 39.484 -0.3 37.825 39.390 -1.6 

*Note that all pressures are gauge pressures.

ANNEX G 

MEASSURED AND CALCULATED STEADY STATE PARAMETERS 

parameter Unit 

step-

Up_meass step-Up error_abs 

step-

Down_meass step-Down error_abs 

m_CO2_MP (1LKB70CF001) kg/s 0.001 0.000 0.0 0.001 0.132 -0.1 

m_CO2_LTR (1LKB10CF001) kg/s 0.131 0.132 0.0 0.131 0.132 0.0 

power_H1/1 
(1LKD40CE011A) kW 3.116 3.821 -0.7 1.295 2.123 -0.8 

power_H1/2 

(1LKD40CE011B) kW 3.169 3.821 -0.7 1.373 2.123 -0.7 

power_H2 (1LKD40CE011C) kW 6.206 6.128 0.1 10.901 11.200 -0.3 

power_H3 (1LKD10CE011) kW 15.381 14.131 1.2 14.705 13.247 1.5 

p_CO2_MP_in 

(1LKB70CP001) MPa 7.581 7.533 0.0 7.493 7.433 0.1 

T_CO2_MP_in 
(1LKB70CT001) °C 16.152 16.047 0.1 16.236 16.047 0.2 

p_CO2_MP_out 

(1LKB10CP001) MPa 10.346 10.457 -0.1 10.465 10.723 -0.3 

T_CO2_MP_out 

(1LKB10CT001) °C 17.663 19.454 -1.8 17.947 19.889 -1.9 

position_valve_LTR_in 
(1LKB10CG001) % 0.000 1.000 -1.0 0.000 1.000 -1.0 

position_valve_LTR_by-pass 

(1LKB11CG001) % 100.000 100.000 0.0 100.000 100.000 0.0 

T_by-pass LTR 
(1LKB12CT001) °C 44.978 45.000 0.0 45.000 45.000 0.0 

p_CO2_LTR_p_high_side_in 

(1LKB10CP003) MPa 10.359 10.416 -0.1 10.476 10.683 -0.2 

T_CO2_HTR_p_high_side_out 

(1LKB30CT001) °C 73.478 69.844 3.6 87.678 82.396 5.3 

p_CO2_HTR_p_high_side_out 
(1LKB30CP001) MPa 10.326 10.396 -0.1 10.450 10.662 -0.2 

T_CO2_H1/1_H1/2_in 

(1LKD40CT001) °C 73.506 69.684 3.8 87.697 82.229 5.5 

T_CO2_H1/1_out 

(1LKD40CT002) °C 100.030 100.000 0.0 100.015 100.002 0.0 

T_CO2_H1/2_out 
(1LKD40CT003) °C 100.032 100.000 0.0 100.009 100.002 0.0 

T_CO2_H2_out 

(1LKD40CT004) °C 130.007 130.000 0.0 156.473 157.108 -0.6 

p_CO2_RV_in 

(1LKB31CP001) MPa 10.333 10.320 0.0 10.453 10.579 -0.1 

T_CO2_RV_in 
(1LKB31CT001) °C 131.158 129.322 1.8 157.165 156.287 0.9 

position of RV 

(1LKB31CG001) % 100.029 100.029 0.0 100.029 100.029 0.0 

position_valve_CH2_by-pass 

(1LKB40CG001) % 99.337 99.337 0.0 99.617 99.617 0.0 

p_CO2_HTR_p_low_side_in 
(1LKB42CP001) MPa 7.768 7.649 0.1 7.684 7.549 0.1 

T_CO2_HTR_p_low_side_in 

(1LKB42CT001) °C 116.219 114.154 2.1 142.026 139.466 2.6 

p_CO2_LTR_p_low_side_out 

(1LKB60CP001) MPa 7.597 7.557 0.0 7.509 7.458 0.1 

T_CO2_LTR_p_low_side_out 
(1LKB60CT001) °C 43.855 43.218 0.6 43.919 43.302 0.6 

*Note that all pressures are gauge pressures.
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ABSTRACT 

Supercritical CO2 cycle, due to its potential to reach high 

thermal efficiency and high flexibility, is a promising approach 

to increase the competitiveness of concentrated solar power. By 

taking into account thermal energy storage utilization, this paper 

provides a meaningful comparison of different supercritical CO2 

cycles for application in concentrated solar power. Regenerative, 

recompression, pre-compression and partial cooling cycles are 

considered as four fundamental cycles. By combining these 

fundamental cycles with intercooling, preheating and reheating, 

it results in a wide range of cycle candidates for comparison and 

analysis. Each cycle is modeled and optimized with the objective 

to maximize the specific power output for different thermal 

energy storage utilization. The results show that, with a high 

thermal energy storage utilization, in order to maximize the cycle 

efficiency, it is not optimal for most of the studied cycle to reach 

its upper limit of temperature. Besides, with the thermal storage 

utilization as a constraint for optimization, intercooling, 

preheating and reheating show different efficiency enhancement 

behavior on different region of thermal energy storage 

utilization.  

INTRODUCTION 

In recent years, facing the worldwide environmental 

challenge and the scarcity of fossil fuels in some regions of the 

world, renewable energy is gaining more and more importance 

in the development portfolio of energy industry. Solar and wind 

energy are two major renewable energy solutions which attract 

most of the attentions, however, the highly uncontrollable 

variability of solar irradiation and wind bring huge challenges 

for the electric power grid to match the instantaneous energy 

demand and production. As a result, the renewables are suffering 

serious curtailment, e.g. in 2016, the curtailment of wind and 

solar PV energy reached 57.3 TWh in China [1]. In addition, the 

highly uncontrollable variability of solar irradiation and wind 

also limits the highest share of renewable energy that can be 

integrated into the power system in the future. Concentrated 

solar power (CSP), which can reach a high solar energy 

utilization efficiency and operate with low-cost thermal energy 

storage (TES), e.g. the commercially utilized molten salt, namely 

Solar Salt (60 wt% NaNO3 and 40 wt% KNO3), is a grid-friendly 

renewable solution. Because CSP, if equipped with enough TES, 

is able to completely decouple the solar-thermal and thermal-

electricity conversions, achieving continuous production and 

regulating the power output depending on the grid demand, 

regardless of the weather conditions.  

However, CSP’s high cost, 120 $/MWh in average in 2020 

reported by International Renewable Energy Agency (IRENA), 

makes it difficult for long-term deployment. In order to increase 

its competitiveness compared to other renewable solutions with 

storage, in addition to the efforts done to reduce the capital cost, 

there are two main technology development paths: one is to 

increase the solar-thermal efficiency by optimizing solar 

collector efficiency, the other is to increase the thermal-

electricity efficiency by increasing the thermal storage 

temperature or the power generation cycle efficiency. 

Supercritical CO2 (SCO2) power generation cycle is identified as 

a promising technology with high potential in the second path to 

increase the thermal-electric efficiency and reduce the capital 

cost due to simpler layout and more compact turbo-machinery 

[2–6].  

Besides, CO2 also exhibits many attracting characteristics as 

a heat transfer fluid [7–9]: It is abundant, inexpensive, non-toxic 

and it has a easily-achievable critical point (30.98 °C, 7.38 MPa). 

It also shows a good thermal stability up to 1500 °C and no 

freezing problem down to -55 °C. Gas Brayton cycle operating 

with SCO2 benefits from the real gas behavior of CO2 in the 

vicinity of the Andrews curve, which leads to the reduction of 

specific volume and therefore of the compression work in the 

cycle. More reduction of compression work is achieved when 

CO2 is compressed closer to its critical point, as the fluid 

becomes more incompressible. This mechanical effect, i.e. the 

significant reduction of compression work, results in a 

significant thermal efficiency improvement of SCO2 Brayton 

105



cycle compared to other working fluid for Brayton cycle, e.g. 

helium or air [10]. As the SCO2 cycle operates with high pressure 

and small pressure ratio, the fluid remains dense throughout the 

entire system, as a result, the volume of turbo-machineries is 

significantly reduced, ~90% smaller than water steam turbine 

[10]. The fact that replacing water by CO2 in the power block 

simplifies significantly the operation of CSP plants which are 

mostly located in the droughty areas.   

Feher is one of the first authors who proposed CO2 as a heat 

transfer fluid for power generation cycle and pointed out the 

pinch problems of recuperator in a regenerative cycle [7]. 

Anglino performed one of the earliest and the most detailed 

investigation of SCO2 cycles and introduced novel cycle 

configurations such as recompression, pre-compression and 

partial cooling, to overcome the internal irreversibility problem 

in the recuperator then to improve the cycle performance 

[8,11,12]. Dostal, based mainly on the cycle configurations 

proposed by Anglino, further introduced intercooling and 

reheating, carried out a comprehensive study on SCO2 cycles for 

application to advanced nuclear reactors and concluded that 

recompression cycle yielded the highest efficiency while 

remaining simple.  

With the development of CSP, more and more studies have 

been focusing on the integration of CSP and SCO2 cycle. 

Yamaguchi proposed SCO2 Rankine cycle for solar thermal 

power generation and built an experimental loop to study the 

characteristics of SCO2 cycle coupled with solar energy [13–15], 

but no cycle selection or optimization has been done. Turchi did 

some dedicated study on SCO2 cycles for CSP [2–6,16] and 

concluded that partial cooling cycle outperformed the 

recompression cycle and pointed out that the importance of 

larger temperature differential across the primary heat exchanger 

for more cost efficient thermal energy storage (TES) systems and 

possible more thermally efficient receivers [16]. Many studies 

have also been done for the application of SCO2 cycles in coal-

fired power (CFP) [17–19] and waste heat recovery (WHR)  

[20–22]. Because CFP needs to recover as much as possible the 

combustion heat to maximize the boiler efficiency and WHR 

needs to recover the low-grade heat to maximize the net power 

output from the bottoming cycle, SCO2 cycles with preheating 

are firstly proposed for these applications, in order to achieve a 

larger temperature differential utilization of heat source [17,21] 

More studies are also found in recent years to analyze 

different SCO2 cycles for application in CSP [23–29]. However, 

most of the current cycle studies for CSP have been focusing on 

the comparison or optimization of cycle in terms of thermal 

efficiency or overall plant efficiency, which resulted in poor 

utilization of thermal storage potential. However, for CSP plant, 

due to the fact that TES system represents ~20% of the total plant 

investment, it requires that the potential of thermal storage 

medium should be efficiently exploited in order to reach a more 

cost-efficient design of TES system. In the meantime, the cycle 

thermal efficiency should be kept as high as possible to minimize 

the levelized cost of electricity (LCOE). In order to take these 

two factors together into account, the electric power generated 

from a specific amount of thermal storage, which is equivalent 

to the product of thermal storage utilization ratio and cycle 

thermal efficiency, is selected as a cycle performance criterion in 

this study. Besides, thermal storage utilization ratio, as a function 

of cold-side temperature and hot-side temperature, is the juncture 

among the three main subsystems of CSP, i.e. solar field, TES 

and power block. It influences directly the thermal-electrical 

efficiency of power block, solar-thermal efficiency and the size 

of TES system. Therefore, it is an important indicator for the 

integration of SCO2 with CSP and a better understanding on its 

impact on the performance could provide a clearer guideline on 

the selection of SCO2 cycle for application in CSP.  

This paper aims to provide a meaningful comparison of 

different SCO2 cycles for application in CSP with Solar Salt, by 

taking into account the TES utilization. Regenerative, 

recompression, pre-compression and partial cooling cycle are 

considered as four fundamental cycles. By combining these 

fundamental cycles with several cycle characteristics such as 

intercooling, preheating and reheating, it results in a wide range 

of cycle candidates for comparison and analysis in this paper. 

SCO2 CYCLES 

Regenerative (RG) cycle is the simplest cycle that is able to 

achieve an acceptable performance, but due to the pinch-point 

problem in the recuperator, its potential to reach a high thermal 

efficiency is limited. Most of the complex SCO2 cycles are 

derived from RG cycle, therefore, it is considered as a reference 

for cycle analysis and comparison. Regenerative cycle with 

recompression, i.e. recompression (RC) cycle, solves the pinch-

point problem by splitting part of the hot-side outlet flow of the 

recuperator. One part of the flow passes the cooler, the main 

compressor and recuperator, while the other part of flow enters 

directly into an auxiliary compressor. These two flows join later 

at the cold-side outlet of recuperator. As a result, RC cycle 

achieves higher thermal efficiency compared to RG cycle. Pre-

compression (PC) cycle introduces another approach to reduce 

the effect of the pinch-point problem. It reduces the heat capacity 

difference between low-pressure and high-pressure flows by 

increasing the pressure of the low-pressure flow. Partial cooling 

(PartC) cycle is similar to RC cycle except that the recuperator 

hot-side outlet flow is cooled down and compressed to a higher 

pressure before splitting into two flows. These 4 cycles are the 

most fundamental SCO2 cycles for analysis.  

Besides, there are several cycle characteristics that can be 

combined with these fundamental cycles: (1) Intercooling (IC) 

between stages of compressor is a classical approach to reduce 

the compressor work then to improve cycle efficiency; (2) Pre-

heating (PH) means to split a part of the recuperator cold-side 

outlet flow and make it heated by the low-grade heat of heat 

Table 1 
Fundamental SCO2 cycles with their derivatives 

Fundamental + IC + PH + RH 

RG RG-IC RG-PH RG-RH 

RC RC-IC RC-PH RC-RH 

PC PC-IC PC-PH PC-RH 

PartC PartC-IC PartC-PH PartC-RH 
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source in the pre-heater before entering into the next recuperator 

(if any) or the main heater. (3) Reheating (RH) between high-

pressure and low-pressure turbine is another classical approach 

to improve the cycle efficiency. These four fundamental cycles 

combined with IC, PH and RH, result in sixteen cycles as shown 

in Table 1. All the cycle layouts are shown in Annex A. 

DESIGN BOUNDARY CONDITIONS AND HYPOTHESIS 

This paper aims to present the SCO2 cycle study for the 

current high-temperature CSP technology, i.e. Solar Salt tower 

technology. Therefore, Solar Salt’s physical property and 

operation temperature range 290 °C and 565 °C is used to define 

the TES system, which serves as the design boundary condition 

for power block since TES system is the only interface between 

solar field and power block. The key hypothesis for cycle 

modeling and calculation is listed in Table 2. 

MODELING AND STUDY APPROACH 

1. Equipment Model

All the equipment model used in the cycle performance 

analysis is zero-dimension model based on energy balance 

equation. For cycle analysis, three types of equipment are 

needed: turbine, compressor and heat exchanger. Table 3shows 

the governing equations used for them. 

For the heat exchanger model, in order to avoid internal 

pinch problem, discretized analysis is done for all the heat 

exchangers in the cycle. This analysis assumes that all the heat 

exchangers are counter-flow type. It gives the temperature 

distribution along the flow path, which helps to detect pinch 

problem and to keep the minimum pinch respect the pinch 

constraint in Table 2. 

2. TES utilization

The TES utilization 𝜏 is defined as a ratio between utilized 

temperature range and allowed operation temperature range of 

the TES medium: 
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The allowed TES operation temperature range is defined 

based on the physical property of TES medium. For the 

commercially available Solar Salt currently used in CSP power 

plant, the allowed TES operation temperature range is between 

290 °C and 565 °C. Therefore, if in a certain TES design, the 

Solar Salt leaves the hot storage tank at 500 °C and enters the 

cold storage tank at 300 °C, the TES utilization ratio, based on 

the definition above, is (500 °C – 300 °C) / (565 °C – 290 °C) = 

72.73%. TES utilization ratio could also be defined based on 

enthalpy, with no major impact on the conclusions obtained in 

this study. 

3. Specific Power Output

The specific power output 𝑤 is defined as the power output 

that could be generated from a specific mass of thermal storage: 
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Where 𝑚𝑠𝑡𝑜𝑟𝑎𝑔𝑒  is TES storage molten salt amount in

mass, 𝑡𝑠𝑡𝑜𝑟𝑎𝑔𝑒  is TES storage hour, 𝑃 is cycle net power.

4. Efficiency

The efficiency 𝜂 definition here does not take into account 

the auxiliary consumption or mechanical losses in the turbo-

machineries:  
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Where 𝑊𝑡𝑢𝑟𝑏𝑖𝑛𝑒 is the turbine output power, 𝑊𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟

is the compressor power consumption, 𝑄𝑖𝑛 is the heat duty of

molten salt/CO2 heat exchanger. 

5. Cycle optimization

The algorithm used for cycle optimization is generalized 

reduced gradient method, together with stochastic initialization 

in order to avoid local optimum problem. For cycle optimization, 

the objective is to maximize the specific power output 𝑤 while 

keeping the required TES utilization. The variables �⃗�  to be 

optimized are summarized in Table 4. 

Then the optimization problem can be expressed as: 

Table 2 
Modelling hypotheses for performance preliminary assessment 

Parameters Unit Value 

Maximum molten salt temperature, 𝑇𝑚𝑎𝑥
𝑀𝑆  °C 565 

Minimum molten salt temperature, 𝑇𝑚𝑖𝑛
𝑀𝑆 °C 290 

Maximum pressure, 𝑝𝑚𝑎𝑥 MPa 25 

Main compressor inlet temperature, 𝑇𝑀𝐶𝐼 °C 35 

Pre-compressor inlet temperature, 𝑇𝑃𝐶𝐼 °C 35 

Compressor isentropic efficiency, 𝜂𝑐𝑚𝑝 % 89 

Turbine isentropic efficiency, 𝜂𝑡𝑏 % 93 

Molten salt/CO2 heat exchanger minimum 

internal pinch, Δ𝑇𝑚𝑖𝑛
𝑀𝑆/𝐶𝑂2

 

°C 5 

CO2/CO2 heat exchanger minimum internal 

pinch, Δ𝑇𝑚𝑖𝑛
𝐶𝑂2/𝐶𝑂2

°C 5 

Molten salt /CO2 heat exchanger pressure drop 

(CO2 side), Δ𝑝
𝑀𝑆/𝐶𝑂2

MPa 0.1 

CO2 /CO2 heat exchanger pressure drop, 

Δ𝑝
𝐶𝑂2/𝐶𝑂2

MPa 0.1 

Table 3 
Governing equations for main equipment 

Equipment Governing equations 

Turbine ( )in outW m h h  
 

   ,/turbine in out in out ish h h h   

Compressor ( )out inW m h h  

   , /compressor out is in out inh h h h   

Heat exchanger ( )out inQ m h h  
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RESULT AND DISCUSSION 

The optimization is done case by case and each optimization 

case is defined by cycle layout and TES utilization. The objective 

of optimization for every case is to maximize the power output 

from a specific amount of TES medium.  

Figure 1 shows the final TES utilized temperature range 

given by the optimization for all the studied cases. The 

optimization results show that, for every cycle layout and every 

TES utilization, the maximum utilized temperature is always 

equal to the maximum allowable temperature, i.e. 565 °C for 

Solar Salt. This is not a surprising result, because for a 

thermodynamic cycle which transforms thermal energy into 

mechanical energy, it is always more favorable to use high-grade 

heat in order to maximize the cycle efficiency. Besides, high-

temperature molten salt has a higher specific heat capacity than 

that of low-temperature molten salt. This is another reason that 

it is more advantageous to use high temperature molten salt in 

order to maximize the power output from molten salt. 

Figure 2 shows that, for the fundamental cycles, the specific 

power output decreases monotonically when TES utilization 

decreases. The specific power output reaches its maximum at 

100% TES utilization. Considering that the power output is the 

product of cycle efficiency and thermal power input into the 

cycle, the results means that the cycle efficiency gain due to 

lower TES utilization and higher grade of heat from TES is not 

sufficient to compensate the loss of TES utilization potential. A 

higher TES utilization results in a smaller TES system but a 

lower cycle efficiency of power block, which leads to a bigger 

solar field. The TES utilization is also closely related to the solar 

receiver efficiency which has an important impact on solar field. 

Therefore, TES utilization is an important factor to be optimized 

when integrating SCO2 cycle with CSP. 

Figure 3 shows the evolution of optimized cycle efficiency 

with respect to the TES utilization. With the decrease of TES 

utilization, for each cycle, the cycle efficiency increases 

Table 4 
Governing equations for main equipment 

Cycle Variables to be optimized �⃗� 

+ (𝑇𝑢𝑝𝑝𝑒𝑟
𝑀𝑆 , 𝑇𝑡𝑏,𝑖𝑛, 𝑇𝐿𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝑝𝑙𝑜𝑤𝑒𝑟, 𝑝𝑢𝑝𝑝𝑒𝑟, �̇�) 

RG - 

RG-IC 𝑝𝐼𝐶
RG-PH 𝜏𝑃𝐻,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡
RG-RH 𝜏𝑅𝐻,𝑠𝑝𝑙𝑖𝑡

𝑀𝑆 , 𝑇𝑅𝐻, 𝑝𝑅𝐻
RC 𝜏𝑅𝐶,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡
RC-IC 𝜏𝑅𝐶,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝑝𝐼𝐶
RC-PH 𝜏𝑃𝐻,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝜏𝑃𝐻,𝑠𝑝𝑙𝑖𝑡
RC-RH 𝜏𝑅𝐶,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝜏𝑅𝐻,𝑠𝑝𝑙𝑖𝑡

𝑀𝑆 , 𝑝𝑅𝐻, 𝑇𝑅𝐻
PC 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝐶𝑅𝑃𝐶
PC-IC 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝐶𝑅𝑃𝐶, 𝑝𝐼𝐶
PC-PH 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝐶𝑅𝑃𝐶,𝜏𝑃𝐻,𝑠𝑝𝑙𝑖𝑡
PC-RH 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝐶𝑅𝑃𝐶, 𝜏𝑅𝐻,𝑠𝑝𝑙𝑖𝑡

𝑀𝑆 , 𝑝𝑅𝐻, 𝑇𝑅𝐻
PartC 𝐶𝑅𝑃𝐶, 𝜏𝑃𝐶,𝑜𝑢𝑡,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡
PartC-IC 𝐶𝑅𝑃𝐶, 𝜏𝑃𝐶,𝑜𝑢𝑡,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝑝𝐼𝐶
PartC-PH 𝐶𝑅𝑃𝐶, 𝜏𝑃𝐶,𝑜𝑢𝑡,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝜏𝑃𝐻,𝑠𝑝𝑙𝑖𝑡
PartC-RH 𝐶𝑅𝑃𝐶, 𝜏𝑃𝐶,𝑜𝑢𝑡,𝑠𝑝𝑙𝑖𝑡, 𝑇𝐻𝑇𝑅,ℎ𝑜𝑡,𝑜𝑢𝑡, 𝜏𝑅𝐻,𝑠𝑝𝑙𝑖𝑡

𝑀𝑆 , 𝑝𝑅𝐻, 𝑇𝑅𝐻

Figure 2: Effect of TES utilization on specific power output Figure 1: Effect of TES utilization on optimized TES utilized 

temperature range  
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monotonically, mainly due to higher TIT temperature resulting 

from higher average heat source temperature. However, in 

general, except for reheating cycles, this trend could not be 

continued when it reaches its efficiency limit. The existence of 

this limit mainly comes from the fact that the TIT temperature 

could not be further increased any more when it reaches the 

temperature limit set by the heat source maximum temperature 

and the minimum pinch temperature allowed in the heat 

exchanger between heat source and CO2. For reheating cycles, 

there are two turbines, one high-pressure turbine and one low-

pressure turbine, with the same mass flow rate. As a result, there 

are two TITs to be maximized to the temperature limit, which 

leads to higher requirement on the heat source quality. 

Alternatively speaking, the efficiency limit of reheating cycle 

comes with a much lower TES utilization.  

It is interesting to observe in Figure 4 that for high TES 

utilization level, TIT does not reach its upper limit to have the 

best cycle efficiency. Alternatively speaking, if TIT is set to its 

upper limit for high TES utilization, the cycle efficiency cannot 

reach its optimum. In order to keep TIT to its upper limit and 

reach a high TES utilization level, based on the general 

recuperation cycle layout, it requires the turbine to have a larger 

expansion ratio, then to have a larger temperature reduction 

through the turbine in order to have a better match with the TES 

low-end temperature. This makes the compressors have a higher 

compressor ratio and brings an extra constraint on the 

optimization of compressor operation condition, which results in 

higher compression energy consumption, and consequently, 

lower efficiency.  

For RG cycle, a comparison for 100% TES utilization is 

shown in Table 5 between the full optimization case (RG-FO) 

and the partial optimization case (RG-PO). In the FO case, all 

the variables in Table 4 are optimized by the solver, but in the 

PO case, all are optimized except for TIT and TIT is set to be 

equal to the upper limit, i.e. 560 °C in this study. The final PO 

result shows that the cycle minimum pressure is optimized to be 

69.75 bar. As a consequence, the main compressor has a higher 

compressor ratio of 3.58 and 56% higher compression work. 

This is the main reason that even with a higher TIT, the efficiency 

is only 31.30%, much lower than the FO case where the 

efficiency is 38.80%. 

Among the four fundamental cycles, RG cycle, as the 

reference cycle, gives the lowest efficiency in the studied TES 

utilization range. RG gives efficiency of 38.80% at 100% TES 

utilization and the efficiency increases with the decrease of TES 

utilization and finally reach the highest efficiency of 41.40%. 

With pre-compression to solve the pinch problem in the 

recuperator, compared to RG cycle, PC cycle improves 

Figure 3: Effect of TES utilization on cycle efficiency for 

fundamental cycles 

Figure 4: Effect of TES utilization on turbine inlet temperature 

Table 5 
Comparison between RG-FO and RG-PO cases (All extensive values 

are expressed as a ratio to that of RG-FO case) 

RG-FO RG-PO 

TIT °C 504.23 560.00 

TOT °C 374.63 407.60 

Pressure ratio - 3.06 3.58 

Cycle min. pressure Bar 81.74 69.75 

MCOT °C 78.43 135.76 

LTR UA kW/°C 1.00 0.16 

MH UA  kW/°C 1.00 4.47 

Cooler UA  kW/°C 1.00 1.12 

LTR heat duty  MW 1.00 0.52 

MC work MW 1.00 1.56 

Turbine work MW 1.00 0.97 

MH heat duty MW 1.00 1.00 

Efficiency % 38.80 31.30 
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significantly the efficiency, compared to RG cycle, +2 pt% at 

100% TES utilization and +3 pt% at 49% TES utilization. RC 

cycle deals with the pinch problem by flow splitting. Comparing 

the optimization result of PC and RC cycle given in Figure 3, it 

is clear that flow splitting in RC cycle, in general, is a more 

efficient way to deal with this problem, which helps the cycle to 

recuperate better the exhaust heat from turbine outlet flow, 

especially in the region of low TES utilization. At 49% TES 

utilization, RC reaches the highest efficiency of 47.96%, +3.5% 

higher than PC cycle. PartC cycle outperforms the other three 

fundamental cycles in the region of high TES utilization. 

Compared to RC cycle, the efficiency improvement mainly 

comes from the fact that extra cooling at the outlet of low-

temperature recuperator helps to increase the TIT while keeping 

the TES utilization at a high level. But high TIT and high TES 

utilization leads to a high compression ratio, which makes the 

cycle minimum pressure close to 60 bar. 

This low pressure could make the operation of compressor 

very difficult. However, this extra cooling becomes a constraint 

for exhaust heat recuperation when TES utilization ratio is below 

73%, therefore, RC cycle efficiency becomes higher than that of 

PartC cycle. When reaching the region of convergence, PartC 

achieves its highest efficiency of 46.05%, near -2% lower than 

RC cycle efficiency at convergence.  

As shown by Figure 5, combining IC with the fundamental 

cycles could generally improves efficiency, especially at the high 

TES utilization region, because intercooling helps to reduce 

compressor outlet temperature, then better use the low-grade 

heat from heat source. In the meantime, as shown in Figure 4, it 

helps to reach a higher TIT with the same TES utilization. At the 

low TES utilization region, IC also helps on the efficiency 

improvement but less evidently. Since the intercooling is done 

on the compressor that operates on the whole flow for RG cycle 

and PC cycle, IC helps more significantly to increase the 

efficiency, by +2.09 pt% at 100% TES utilization for RG cycle 

and by +1.52 pt% for PC cycle. For RC cycle, the highest IC 

improvement occurs at 71% TES utilization, near +1 pt%. The 

impact of IC on PartC cycle is almost constant for the studied 

range of TES utilization, with a maximum efficiency 

improvement of +0.75 pt% at 100% TES utilization.  

As shown by Figure 6, combining PH with the fundamental 

cycles could improves efficiency, but only at the high TES 

utilization region. Because PH is designed to split part of the 

low-temperature flow during recuperation to recover the low-

grade heat from heat source, it is not surprising that it could 

achieve a higher efficiency at high TES utilization. At low TES 

utilization, there is no lower grade heat that could match the 

temperature profile during recuperation, therefore, PH is not 

useful any more. PH helps significantly RC cycle to improve 

efficiency because RC cycle is not adapted to utilize low-grade 

heat. PartC cycle, with extra cooling before compression, 

compared to PartC cycle, could behave better with low-grade 

heat, therefore, the impact of PH on PartC is less evident. PH, 

with the flow splitting between recuperator, provide an 

additional approach for PC and RG cycle to improve the 

recuperation, therefore, improvement is also observed for these 

cycles.  

As shown by Figure 7, combining RH with the fundamental 

cycles could improves efficiency, but only at the low TES 

utilization region, which is opposite to the effect of IC and PH. 

For RH, the molten salt flow is divided into two parts to heat the 

whole CO2 flow at different locations. At high TES utilization, 

without additional measure, any effort to divide the molten salt 

into two is difficult for efficiency improvement because this 

leads to mismatch between the mass flow of molten salt and that 

of CO2. With this mismatch, a higher CO2 inlet temperature or a 

smaller CO2 mass flow is required in order to achieve a better 

 

Figure 5: Effect of TES utilization on intercooling efficiency 

improvement effectiveness 

 

Figure 6: Effect of TES utilization on intercooling efficiency 

improvement effectiveness 
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main heater effectiveness. In the first case where a higher main 

heater inlet temperature is required, it is necessary to have a high 

TOT, which has a negative impact on turbine power output then 

leads to efficiency loss. Besides, this is also limited by the high 

TES utilization requirement. In the second case where CO2 mass 

flow should be reduced, in general, in order to still keep power 

output at a high level, it is necessary to reach a high cycle 

pressure ratio. Finally, the optimization is a balance between 

efficiency gain due to reheating and efficiency loss due to the 

necessity to keep a high TOT and a high pressure ratio. 

According to the results, the efficiency gain due to reheating 

dominates the trends when TES utilization is lower than 80%. 

Therefore, generally, RH is a measure to better use the high-

grade heat when available. PartC cycle, due to the existence of 

extra cooling, it achieves a high cycle pressure ratio and a smaller 

CO2 mass flow rate, then it is able to implement RH in an 

effective way and it helps the most for PartC cycle, because 

PartC cycle provides a more suitable structure to match the 

requirement of RH. RC cycle is more suitable for high-grade heat 

source. Because by flow splitting, it could achieve very effective 

recuperation of turbine exhaust heat, it tends to reach the highest 

possible main heater CO2 inlet temperature. But for high TES 

utilization, this trend is limited by the molten salt outlet 

temperature. RH intensifies the same trends as RC cycle, with 

the constraint of TES utilization, it is not useful until very low 

TES utilization. According to the result, when TES utilization 

becomes smaller than 56%, RH becomes effective to the 

efficiency improvement. RG cycle is the basic cycle with poor 

recuperation and poor efficiency. Due to the poor recuperation, 

the main heater inlet temperature cannot be heated to the limit 

set by the turbine outlet temperature and pinch, therefore, there 

is still efficiency improvement margin for RH to be effective in 

RG cycle. In terms of recuperation effectiveness, PC cycle is 

between RG and RC cycle, therefore, in average, the impact of 

RH on PC is between these two cycles. 

Among all the cycle studies, as shown by Figure 8, for TES 

utilization between 100% and 93%, i.e. molten salt exhaust 

temperature between 290 °C and 310 °C, PartC-PH gives the 

highest efficiency from 43.11% to 44.16%. For TES utilization 

between 93% and 75%, i.e. molten salt exhaust temperature 

between 310 °C and 359 °C, PartC-IC gives the highest 

efficiency from 44.16% to 46.73%. For TES utilization between 

75% and 49%, i.e. molten salt exhaust temperature between 359 

°C and 430 °C, RC-IC gives the highest efficiency from 46.73% 

to 48.21%. For TES utilization below 49%, it is observed that 

RC-RH cycle efficiency continues to increase with the decrease 

of TES utilization. When TES utilization reaches approximately 

45%, the RC-RH starts to outperform all the other cycles. Solar 

Salt is allowed to operate between 565 °C and 290 °C, but with 

less than 50% TES utilization, only half of the thermal storage 

potential is used, which means, compared to full utilization, TES 

system needs two times molten salt, much bigger molten salt 

storage tank and auxiliary systems, as a result, much larger 

investment. In this case, even with a higher cycle efficiency, 

there is no guarantee that it will be an optimal cycle for CSP 

project.  

 

CONCLUSION 

In this study, four fundamental SCO2 cycles, together with 

twelve cycle derivatives are modeled, optimized and compared 

in the context of integrating SCO2 cycle with high-temperature 

CSP technology which is currently available for industry, i.e. 

CSP with Solar Salt tower. Based on this comparison, the study 

focuses on understanding the cycle performance behaviors with 

different TES utilization. Main conclusions are drawn as 

follows: 

1) It is always more favorable to use higher-temperature 

molten salt when available. 

2) Lower TES utilization, i.e. higher molten salt exhaust 

temperature, helps to reach higher cycle thermal 

efficiency, but at the cost of reducing specific power 

output of thermal storage system. Alternatively 

speaking, with lower TES utilization, for the same size 

of thermal storage system, it can only produce less 

electricity, even with a higher cycle efficiency. 

3) For high TES utilization, it is not always optimal for 

TIT to reach its upper temperature limit set by the 

maximum molten salt temperature.  

4) Intercooling can help to improve cycle efficiency, and 

in general, it is more effective at high TES utilization. 

5) Preheating can help to improve cycle efficiency, but 

only at high TES utilization. For the considered cycles 

in this study, when TES utilization is lower than 64%, 

preheating could not help any more for efficiency 

improvement. 

6) Reheating can help to improve cycle efficiency, but 

only at low TES utilization. For PartC cycle and RG 

cycle, it starts to be effective when TES utilization is 

lower than 78%. For PC cycle, it starts to be effective 

 
Figure 7: Effect of TES utilization on reheating efficiency 

improvement effectiveness 
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when TES utilization is lower than 64%. For RC cycle, 

it starts to be effective when TES utilization is lower 

than 56%. 

7) Among all the considered cycles, in terms of efficiency, 

PartC-PH cycle is optimal for TES utilization between 

100% and 93%; ParC-IC cycle is optimal for TES 

utilization between 93% and 75%; RC-IC cycle is 

optimal for TES utilization between 75% and 49%. 

In a conclusion, TES utilization is an important factor when 

integrating SCO2 cycle with CSP, because it serves as the key 

interface parameter between solar field, TES and power block. 

As shown by this study, it has an important impact on the 

selection of SCO2 cycle for CSP. It is also evident that TES 

utilization, together with other key parameters such as storage 

hour and design net power output, directly determine the size of 

TES system. In the meanwhile, TES utilization influences 

directly the receiver thermal loss and indirectly the size of solar 

field via thermal cycle efficiency. Therefore, keeping TES 

utilization as a factor to be optimized, a global study that takes 

solar field and TES system into account should be further done 

to analyze the performance of SCO2 cycle.  

 

 

NOMENCLATURE 

 

Symbols  

CR compression ratio 

𝑃 power (MW) 

𝑝 pressure (MPa) 

𝑄 heat duty (MW) 

𝑇 temperature (°C) 

𝑊 turbine/compressor work (MW) 

  
Greek symbols  

𝜂 efficiency 

𝜏 split ratio 

  
Abbreviations  

AC auxiliary compressor 

C cooler 

CO2 Cabon dioxide 

CSP concentrated solar power 

FO full optimization 

HTR high temperature recuperator 

IC intercooling 

LCOE Levelized cost of electricity 

LTR low-temperature recuperator 

MC main compressor 

MH main heater 

PartC partial cooling 

PC pre-compression / pre-compressor 

PH Preheating / preheater 

PO partial optimization 

RC recompression 

RG regenerative 

RH reheating 

SCO2 supercritical CO2 

TES thermal energy storage 

TIT turbine inlet temperature 

TOT turbine outlet temperature 

  

Subscripts/superscripts 
cold cold side flow of heat exchanger 

Hot hot side flow of heat exchanger 

in inlet flow 

MS molten salt 

out outlet flow 

split flow split 

tb turbine 
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ANNEX A 

FUNDAMENTAL SCO2 CYCLES AND THEIR DERIVATIVES 

 

 
 

Figure 9: Regenerative (RG) cycle 

 

 
 

Figure 10: Regenerative (RG) cycle with intercooling (IC) 

 

 
 

Figure 11: Regenerative (RG) cycle with preheating (PH) 

 

 
 

Figure 12: Regenerative (RG) cycle with reheating (RH) 

 

 

 
 

Figure 13: Recompression (RC) cycle 

 

 
 

Figure 14: Recompression (RC) cycle with intercooling (IC) 

 

 
 

Figure 15: Recompression (RC) cycle with preheating (PH) 

 

 
 

Figure 16: Recompression (RC) cycle with reheating (RH) 
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Figure 17: Pre-compression (PC) cycle 

Figure 18: Pre-compression (PC) cycle with intercooling (IC) 

Figure 19: Pre-compression (PC) cycle with preheating (PH) 

Figure 20: Pre-compression (PC) cycle with reheating (RH) 

Figure 21: Partial cooling (PartC) cycle 

Figure 22: Partial cooling (PartC) cycle with intercooling (IC) 

Figure 23: Partial cooling (PartC) cycle with preheating (PH) 

Figure 24: Partial cooling (PartC) cycle with reheating (RH) 
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ABSTRACT 
Korea Institute of Energy Research Institute (KIER) 

develops three supercritical carbon dioxide power cycle (S-
CO2) experimental test loops: kWe, tens of kWe and hundreds 
of kWe class. First, a 4.5 kWe single radial-type turbo-
generator with a labyrinth seal and an angular contact ball 
bearing was developed to operate a simple recuperated 
transcritical cycle. A 86 We of electric power was obtained 
during 30 minutes under a 320°C of turbine inlet condition. 
Second, a 60 kWe single stage axial impulse-type turbo-
generator with a conventional carbon floating ring seal and oil-
lubricated tilting-bearings was developed. A 10 kW of electric 
power was obtained during 4.2 hours by operating on the 
simple transcritical cycle using a liquid CO2 pump. A 212°C of 
temperature and 123 bar of pressure were maintained at the 
turbine inlet. A continuous closed loop was successfully 
operated by adding a leakage make-up loop. Third, a 120 kWe 
dual Brayton test loop for a 500°C and a 130 bar of turbine 
inlet conditions is now being developed. A flue-gas heater, a 
centrifugal compressor with a dry gas seal and two recuperators 
were developed, now, these components are being 
commissioned respectively. 

INTRODUCTION 
Researchers have studied the supercritical CO2 (S-CO2) 

cycle as a promising power cycle technology that has benefits 
of improved thermal efficiency, reduction in size, LCOE 
(Levelized cost of electricity), water use, quick response time, 
and various conventional and renewable heat sources 
applications. USA is now constructing a 10 MWe indirect S-

CO2 pilot plant operated by GTI, Southwest Research Institute 
(SwRI) and GE Global Research with support from U.S. 
Department of Energy/National Energy Technology Laboratory 
(U.S. DOE/NETL) [1]. The Southwest Research Institute and 
GE Global Research have been designing a 10 MWe S-CO2 
turbo-expander as a Sunshot program which 700℃ turbine 
inlet temperature and are commissioning it at a 1 MWe testing 
facility [2]. Naval Nuclear Laboratory previously Bechtel 
Marine Propulson Co. has developed a 100 kWe test loop for 
marine application and is testing a dynamic performance of the 
component and the cycle [3]. Peregrine Turbine Technologies 
has developed a 1 MWe S-CO2 turbopump and is testing the 
device on the test loop facility of the Sandia National 
Laboratory [4]. Echogen has developed and tested an 8 MW S-
CO2 system and now is developing a 1.3 MWe leak-free S-CO2 
system [5]. 

A direct-fired S-CO2 cycle as known as Allam cycle, 
NetPower collaborated with Toshiba is now commissioning a 
50 MWth demo plant [6]. KEPCO (Korea Electric Power 
Corporation) with Hanhwa Power system have started project 
to develop 10 MWe-class direct-fired S-CO2 system [7]. 

The Korea Institute of Energy Research (KIER) is 
operating two lab-scale S-CO2 experimental test loops which 
are 500℃-kWe-class and 200℃-tens of kWe-class and is now 
constructing the final 500℃-hundreds of kWe-class test loop 
consists of two axial-type turbines for distributed power source 
applications. In 2017, preliminary electricity generation tests of 
both test loops were successful. A 287 We electricity was 
obtained from kWe-class radial type turbo-generator under 
400°C/112bar turbine inlet conditions. A 10 kWe electricity 
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was obtained from tens of kWe-class axial type turbo-generator 
under 205°C/100bar [8].  

In this paper, first, the target final 500℃-hundreds of 
kWe-class test loop cycle configuration and development 
strategy are presented. After that, continuous power generating 
operation results of tens of kWe-class transcritical cycle with an 
axial-type turbo-generator for 200°C turbine inlet temperature 
is described. Then, continuous power generating operation 
results of a kWe-class transcritical cycle with a radial-type 
turbo-generator for 500°C turbine inlet temperature are 
presented. Finally, back to the first, development of key 
components for the final test loop are described. 

HUNDREDS OF KWE-CLASS TEST LOOP (FULL 
CYCLE) 

KIER designed a hundreds kWe-class test loop with a 
turbine inlet temperature of 500°C, as described on the left of 
Fig. 1. This cycle consists of two turbines, one compressor, two 
recuperators, and a flue-gas heater. 

In case of fuel-fired heat source such as a biomass, waste 
heat recovery and a bottoming cycle which the heat of the wide 
temperature range of the heat source has to be utilized, higher 
power of the cycle is preferred rather than the cycle efficiency. 
In this study, as shown in Fig.1, the cascade-type Brayton cycle 

is designed with two turbines described as a turbine A and B. 
To design and manufacture realistic components under limited 
budget, mass flow rate of the cycle which determines capacity 
of each component is determined as a 3.7 kg/s for the sake of 
manufacturable compressor impeller blade height and operable 
rotating speed limited by a bearing and a seal.  

The maximum cycle pressure/temperature was determined 
as 135 bar/500°C, which is a similar level to the world’s 
optimal operating conditions, as reported by the Sandia 
National Laboratory. The efficiency of the compressor and two 
turbines are determined to 65% and 80% respectively which 
are realistic values from previous researches. Detailed 
descriptions of the cycle are presented in our reference [11]  

Because a great deal of cost and time is required to 
construct a full cycle test loop, as a phased approach, a 
relatively low-temperature turbine with an inlet temperature of 
392°C, described as turbine B in the schematic, was designed 
and manufactured as an axial impulse-type turbo-generator, as 
illustrated on the right of Fig. 1. In order to drive this turbine, a 
tens of kWe-class transcritical test loop was developed using 
existing 300°C-class heat source and pumping facilities. 
Because our heat source temperature is limited to 300°C, the 
turbine was tested at an inlet temperature of 200°C, which is 
the off-design condition. During construction of the entire test 

Figure 1: KIER hundreds kWe-class S-CO2 dual Brayton cycle test loop and construction strategy [8] 

117



loop, by operating this turbine B, we could determine the cycle 
characteristics and improve the design of the test loop, 
including the axial turbo-generator and its components such as 
bearings, seals, rotordynamics and leakage management. After 
preliminary power generating operation implemented in 2017 
[8], in this study, the design of test loop and turbo-generator is 
reviewed and continuous operation results are presented.  

AXIAL-TYPE TURBO-GENERATOR (TURBINE B) 
In order to overcome reported gas-foil bearing failure 

problems of the radial-type turbine induced by high rotational 
speed and axial force [9], an axial-type impulse turbine and 
partial admission nozzle was designed and manufactured to 
reduce axial force and the rotational speed by up to 45,000 
RPM. A carbon ring-type mechanical seal and conventional oil-

lubricated tilting-pad journal and thrust bearings were used. A 
mean diameter of turbine wheel was 73 mm and the blade 
height was 8.36 mm. A 60 kWe permanent magnet (PM) 
generator type was also designed. Using an axial-type turbine 
with a mechanical seal similar to the dry-gas -seal and oil-
lubricated bearings, the design is meaningful as it can be 
applied to further MW-scale turbo-generator designs. Details 
were described in our other reference [10]. 

TENS OF KWE-CLASS TRANSCRITICAL TEST LOOP 
FOR DRIVING AXIAL-TYPE TURBO-GENERATOR AT 
200°C 

As the first step to developing an S-CO2 power cycle, a 
transcritical S-CO2 power cycle was constructed at the turbine 
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inlet at 200°C in one step. For this purpose, the turbo-generator 
originally designed and manufactured under the target 
condition of 392℃ is operated for off-design operation at 
200°C. An un-recuperated transcritical cycle test loop 
neglecting the cycle efficiency was designed and fabricated, as 
illustrated in Fig. 2. 

The maximum temperature was 200°C as the first step 
target, which is a relatively mild condition for the system. 
Liquid CO2 at 20°C, 57 bar, and 1.57 kg/s was pressurized into 
a supercritical state at 135 bar using a plunger-type 
reciprocating liquid CO2 pump (Catpumps, USA) with an 
inverter-controlled electric motor in order to test the various 
flow conditions. An LNG-fired thermal oil boiler heated the 
CO2 to 200°C through a printed circuit heat exchanger (PCHE), 
and after driving the turbine the CO2 was cooled through the 
PCHE. 

In order to use a technically stable oil-lubricated bearing, a 
floating carbon ring type mechanical seal was installed in the 
turbo-generator, which inevitably leads to turbine leakage flow. 
In the current turbo-generator design, a 2 to 3% leakage flow 
was estimated; therefore, the leakage management system was 
constructed to re-inject CO2 into the system. An oil separator, 
cooler, and buffer tank were constructed for cooling the hot 
leakage flow and removing incoming bearing oil. A three-stage 

reciprocating oil-free-type CO2 compressor was constructed for 
pressurizing up to 80 bar in order to recharge the atmospheric 
leakage flow into the main loop. The leakage flow amount was 
measured with a Coriolis mass flow meter. Also, details of test 
loops are described in our reference [8, 11]. 

CONTINUOUS POWER GENERATING OPERATION 
RESULTS (AXIAL TURBO-GENERATOR, TURBINE B) 

For the operation of the cycle and turbo-generator, the test 
loop was assembled, and the leakage and hydraulic pressure 
test were carried out using nitrogen. Thereafter, each 
component, such as auxiliary equipment for turbine driving, a 
main pump, boiler, chiller, leakage management system, CO2 
supply system, control, and measurement. A vacuum pump was 
used to remove all air in the test loop, and the vacuum level 
was approximately 1.33 Pa. Following this, CO2 was filled into 
the system. The amount of working fluid in the closed cycle 
was an important factor in the system operation. The CO2 
filling mass in the system was determined while monitoring the 
temperature and pressure through the preliminary operation. 

After operating the system through the turbine bypass 
valve and confirming the S-CO2 cycle configuration, the 
turbine inlet and outlet valves were opened and the bypass 
valve was closed, allowing S-CO2 to drive the turbine. The 

 
Figure 3: A 4.2 hours continuous power generating operation result [11] 
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operation procedure and strategy for bearing oil lubrication, the 
mechanical seal barrier gas supply, turbine leakage re-injection 
system, and inverter driving start were developed and operated. 
As a result of the high operating pressure of above 57 bar, a 
high axial force occurred at the thrust bearing. In order to 
overcome the maximum static friction force of the bearing at 
the start, before the turbine valves opened, the turbo-generator 
was driven by the inverter at 30,000 RPM. [8] 

Figure 3 displays the continuous experimental results of 
the electric power production operation. The turbine output was 
adjusted by controlling the main CO2 pump speed, boiler 
heating temperature, re-injection/make-up amount of CO2 and 
load of the load bank. An average of 10 kWe of electric power 
(Max. 12.6 kWe), measured by the power meter, was obtained 
at a maximum turbine inlet temperature of 212°C and pressure 
of 123 bar, and the continuous operation time of the turbine 
power production was 4.2 hours. Our target was 2 hours. From 
the start operation, the temperature of the turbine inlet is 
maintained below 200°C for safe continuous operation to check 
all parameters of the test loop. Vibration level of the rotor was 
stable, pressure and temperature conditions at each part of the 
test loop were well controlled. The temperature of the bearing 
was stable under 60°C.  

The turbine leakage from the seal was larger than the 
estimation at the start before heat-up, as the turbine body was 
heated up leakage flow decreases. Because the turbine B was 
designed at the temperature of 392°C, the leakage flow passage 
was designed suitable for original operating conditions. So, 
leakage mass flow rate was inevitably larger than the design 
value at relatively low temperature condition in this test. Also, 
the mass flow rate of the leakage compressor was designed at 
the conditions of 392°C operation that leakage flow was 
estimated as a 2-3% of the main stream, so in this low 
temperature off-design operation, the mass flow rate exceeded 
over capacity of the leakage compressor. Therefore, the back 
pressure was increased up to 8 bar at the mechanical seal flow 
passage, so injection pressure of the barrier CO2 gas from the 
gas tank was increased to above 9 bar. In addition, bypass line 
was installed between the turbine leakage outlet and the 
leakage compressor inlet to throw away the excess leakage 
flow from the seal. So, the charging mass in the test loop was 
slightly decreased during operation. Therefore, the CO2 was 
continuously refilled using a filling liquid pump from the liquid 
CO2 tank.  

After 2.7 hours operation without any problems, the 
turbine inlet temperature was increased above 200°C which is 
operating goal of the Transcritical cycle test loop. After 
additional 1.5 hours operation, test was normally shut-downed 
for the next step operation. 

In Fig. 3, low frequency oscillations of pressures and 
temperatures were because of slow response of a thermal oil 
boiler temperature on/off control. And oscillations of the 
leakage flow from the seal as a temperature change induced 
charging mass in the system, so pressure of the turbine inlet 
was oscillated. Therefore, amount of the driving air of the 

filling pump was continuously controlled by using a control 
valve opening level in order to adjust amount of the charging 
mass. 

Although these experimental results are not perfect for the 
design conditions, it is important to note that the objective of 
this project was not to demonstrate the efficiency benefits of S-
CO2 power cycles. Rather, the objective of the project was to 
develop an S-CO2 power generation system with an axial-type 
turbine resolving bearing failure problems reported by other 
research groups by applying turbomachinery technology 
applicable to a commercial plant. Through continuous 
operating results during 4.2 hours, it was shown that robust and 
stable operation and control was possible [11]. 

In addition, it was the first operating results of S-CO2 test 
loop with a re-injection system to compensate the turbine 
leakage from the mechanical seal. To configure make-up 
system, a barrier gas to the floating carbon ring seal was 
supplied from pure CO2 gas tank, a 3-stage oil-free 
reciprocating CO2 compressor, a reservoir, an oil separator and 
a cooling system were installed. In addition, operating strategy 
was developed according to turbine operating procedure. 
Theses caused additional costs and power loss which affect 
total plant efficiency and LCOE. It is inevitable and important 
technical issue in the S-CO2 system. From these lessons 
learned, a novel CO2 leakage re-injection strategy studies by 
using an ejector cycle and a heat pump cycle were done and 
presented in the our references [12, 13]  
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Figure 4: A kW-class radial turbo-generator for 500°C inlet 

condition [8] 
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Figure 5: Schematic of kWe-class sCO2 transcritical cycle test loop [8] 

KWE-CLASS TRANSCRITICAL TEST LOOP FOR 
DRIVING RADIAL-TYPE TURBO-GENERATOR AT 
500°C 

As a two-track development strategy, in order to 
experience 500°C of supercritical carbon dioxide condition 
before development of the final test loop, a small kWe-class 
radial turbo-generator and its test loop assembled by tube 
fittings were developed and operated.  

Figure 4 shows a 4.5 kWe-class radial type turbo-
generator and Figure 5 shows its test loop for 500°C turbine 
inlet condition. From development experience of the small-
scale radial turbo-generator during 2014-2016, the first design 
criteria was to reduce the rotational speed of the turbine under 
extremely small mass flow rate condition. Therefore, a 1/10 
partial admission nozzle was designed. A target rotational speed 
was 120,000 RPM. In addition, in order to reduce axial force, 

the scalloped geometry was applied to the turbine wheel. Most 
challenging work was thermal design induced by high inlet 
temperature at high pressure. In order to cool the rotor, cooling 
block was installed just after the turbine wheel. As a result, the 
length of the rotor increased, so the rotordynamics was 
difficult. To overcome challenging rotor instability, bearing 
stiffness and damping were sophisticatedly considered. 
Because of small diameter and high speed of the rotor, the 
labyrinth seal and the conventional oil-lubricated angular 
contact ball bearings were used. [8]  

In Fig.5, a simple recuperated transcritical test loop 
configuration is described. The main components are two 
pumps, a turbo-generator, two immersion type of electric 
heaters, a printed circuit heat exchanger (PCHE) type 
recuperator, a settling chamber, a chiller, and pressure vessels. 
The two liquid pumps pressurized liquid CO2 into supercritical 
state. The supercritical CO2 flows through the recuperator and 
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Figure 6: Power generation of the kWe-class sCO2 test loop 

is heated by the residual heat of turbine outlet flow. In the two 
electric heater, CO2 is more heated until the turbine inlet 
condition is reached and then, its flow characteristic becomes 
uniform at the settling chamber. Next, the heated sCO2 drives 
the turbo-generator by the expansion work and the generated 
power is measured with a power meter. In the turbine outlet, 
because the supercritical CO2 still has a large amount of energy, 
it is cooled down at the recuperator. In the cooler PCHE, it is 
cooled to make a pump inlet condition which is equal to the 
minimum temperature of the cycle. A separator is used to 
divide two phase CO2 into liquid and gas because pump can 
pressurize the liquid CO2 only. A reservoir and an inventory are 
used to control the filling amount of CO2 in the test loop. [8] 

CONTINUOUS POWER GENERATING OPERATION 
RESULTS (RADIAL TURBO-GENERATOR) 

A preliminary test at the 300℃ is first performed prior to 
a test at 500℃. Test results are shown in Fig. 6. An electric 
power is generated for 30 min and its average is measured as 
86 W at an average turbine inlet temperature of 320℃. The 
fluctuation of the power results from the leak of the turbo-
generator and variability of a heater control system. When the 
10% amount (7 g/s) of main mass flow rate (70 g/s) CO2 leaks 
through the turbo-generator, the filling amount of CO2 in the 
system is decreased. Therefore, the filling pumps starts to 
operate and then, make-up CO2 is injected into the test loop. In 
this process, the filling amount continue to change and the 
turbine inlet conditions such as pressure and temperature are 
changed together. In addition, slow response of the electric 
heater also affects to the variation. In the future work, a test 
will be performed at the maximum temperature of 500℃ with 
the kWe-class test loop. In addition, based on the experience of 
tens of kWe-class and a kWe-class test loops, the final test loop 
will be manufactured and operational in November 2019. 

DEVELOPMENT OF HUNDREDS OF KWE TEST LOOP 
(CONSTRUCTION) 

Back to our final target test loop described in Fig.1, Figure 
7 shows main components of the test loop. First, a 90 kW 
centrifugal type compressor with a mass flow rate of 3.7 kg/s 
was developed by our research group collaborated with 
domestic research institute and domestic vendor. A 77 bar of 
compressor inlet pressure condition was determined for the 
sake of stable operation at the slightly far from the critical point 
of carbon dioxide. A 135 bar of compressor outlet pressure was 
determined to similar level of Sandia National Lab’s test loop 
target. A compression ratio of 1.7 and a rotational speed of 
70,000 RPM compressor was designed. The diameter of the 
compressor impeller is 43.6 mm, and the efficiency was 
estimated by a CFD analysis as 79.3%. Using a dry gas seal 
(DGS) which is well known as the best low leakage 
conventional seal technology and high speed oil-lubricating 
tilting-pad bearings compressor layout was designed and 
rotordynamics analysis was performed.  

In particular, in order to reduce leakage though the 
compressor at high pressure, high axial force and high speed 
condition, the DGS and DGS control system that 
supplementary CO2 and N2 supply equipment were designed. A 
CO2 booster and a CO2 electric heater were added in this DGS 
control system to maintain dry condition of the CO2 at the seal 
face. Because of Joule-Tomson effect at the seal face, CO2 can 
be iced due to large pressure decrease and it could occur seal 
failure. Also in order to reduce axial force imposed on the 
compressor, the DGS part was designed and modified 
according to compressor layout design. Leakage was estimated 
to be 0.1 to 0.2% of main mass flow rate. Using a high-speed 
coupling and a high-speed driving motor supplied by domestic 
vendor, the compressor is now on the commissioning process. 
After component level test on the compressor test-rig, 
performance curves will be obtained and then the compressor 
will be assembled to the final test loop. 

A 500°C-class turbine described as turbine A in Fig. 1 was 
designed as an axial-type turbo-generator as shown in Fig. 7. A 
capacity of turbine power was 110 kW, a wheel mean diameter 
was 52.7 mm and a rotational speed was 70,000 RPM. As 
similar to the turbine B, oil-lubricated tilting-pad journal and 
thrust bearings and a floating carbon ring-type mechanical seal 
were used. A 56% of partial admission nozzle was also 
designed. To reduce axial force imposed to the thrust bearings, 
a balancing piston was designed between two journal bearings. 
A compressed air of 6 bar from utility air compressor would be 
supplied to the back face of the balancing piston to compensate 
axial force. A pressure of air is controlled by sensing axial force 
measured by a load cell installed at the end of the shaft. To 
reduce length of the shaft for better rotordynamics, the 
balancing piston and a high speed generator stator were 
designed to have short length as possible.  
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Figure 7: The final hundreds of kWe-class sCO2 cycle test loop 

To generate 500°C supercritical carbon dioxide at 135bar 
condition, a LNG-fired flue gas heater was designed and 
manufactured by domestic vendor. It consists of a burner and a 
shell-and-finned tube type heat exchanger. A capacity of the 
burner and the heat exchanger were 1,500,000 kcal/hr and 648 
kW respectively. A 650°C of hot gas is generated in the burner 
by mixing with a cool air using a blower. A 5 kPa of supply 
pressure and a 6,000 Nm3/hr flow rate conditions were 
satisfied. The heat exchanger was fabricated with the 
A312TP321 shell and A213TP310S seamless tubes. The outer 
diameter of the tube was 42.7 mm and the thickness was 9 mm. 
Finned tubes were assembled to the manifold and 2500 class of 

3 inches ANSI flanges were welled. In order to mitigate 
thermal expansion of the burner and the heat exchanger 
estimated as a 15 mm, a high temperature expansion joint was 
fabricated with A312TP321 by domestic vendor. Now 350℃ 
flue-gas was generated to heat S-CO2 up to 120 ℃ by 
preliminary combustion test. 

Two PCHE recuperators and one PCHE cooler were 
designed and fabricated by VPE(USA). A pressure drop 
conditions for all nozzles were 0.3 bar and the material was 
SS316L. Strainers were included at the flanges. High 
pressure/temperature globe type control valves were also 
designed and fabricated by domestic vendor to configure 
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operating strategy such as bypass operation, compressor 
operation and turbine operations. A 2 inches ANSI 2500 class 
flanges were fabricated. Simultaneously, piping design and 
preliminary piping stress analysis were performed including all 
major devices, supports and control valves as following ASME 
B31.1 standard. 

Now, we are commissioning each components, designing 
and fabricating other components, after that, preliminary 
operation results will be obtained on November, 2019. [11] 

CONCLUSIONS 
A hundreds of kWe-class S-CO2 test loop with a 500°C 

turbine inlet temperature condition was developed and partially 
fabricated. Two axial-type turbo-generators, one centrifugal-
type compressor, two PCHE recuperators, one flue gas heater 
and one PCHE cooler were designed. As a step-by-step 
approach, the low temperature turbine which inlet temperature 
of 392°C was designed and manufactured with a carbon 
floating mechanical seal and an oil-lubricating tilting-pad 
bearing which are suitable technologies for a commercial large-
scale plant. To drive this turbine, existing test facilities were 
used. A 4.2 hrs continuous electricity generating operation test 
was conducted at 200°C off-design condition. Turbine leakage 
flow was re-injected to the system by using a leakage 
compressor. It shows additional technical issue of the S-CO2 
system. 

In addition, a small kW-class radial turbo-generator and its 
transcritical test loop which operates at 500℃ was developed 
and operated to investigate characteristic of S-CO2 components 
at the high temperature condition. A 30 mins of continuous 
power generation was succeeded over 300°C turbine inlet 
temperature condition. Because of thermal design of the rotor, a 
shaft has to be long, it causes rotordynamics problems. It would 
be improved after modifying rotordyamics of the high speed 
turbo-generator. 

Finally, a centrifugal type compressor with a dry gas seal 
and a tilting-pad bearings and an axial type turbo-generator 
with a balancing piston, floating carbon ring seal and a tilting-
pad bearings were developed for the final test loop. A LNG-
fired flue gas heater with a shell-and-finned tube heat 
exchanger that generate 500°C S-CO2 was also designed and 
preliminarily tested. Other parts such as recuperator, cooler and 
piping systems were also designed and partially manufactured. 
It is expected to operate entire test loop in end of 2019. 
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ABSTRACT 

Due to its fluid properties at certain temperature and 
pressure, supercritical CO2 (sCO2) allows to build compact 
power cycles for certain applications. This characteristic of 
sCO2 is utilized in the sCO2-HeRo project to design a compact 
heat removal system as a simple Joule cycle. This paper presents 
the experiences and one set of measurements from these initial 
tests together with a description of the start-up and control 
strategy and procedure. The control and operation capabilities of 
the sCO2-HeRo loop during filling and circulation operation are 
qualitatively compared to those of the other two sCO2 loops 
(SCARLETT and SUSEN) employed within the project. The 
consequences of using different components in the loops on the 
operation are analyzed. It is pointed out that employing a filling 
compressor to add high-pressure CO2 gives great operation 
flexibility while the use of piston accumulators may be used to 
stabilize cycle pressure and increase filling speed. Furthermore, 
if sCO2 is only required in the test section, a transcritical cycle 
may be used, offering faster filling and simpler control. 
Additionally, the paper describes the sCO2-HeRo cycle’s design 
parameters, including detailed geometrical information and 
performance parameters of the assembled components required 
for the simulation of the loop. These may be used together with 
future measurement results for the validation of simulations.  

INTRODUCTION 

The system developed within the EU funded sCO2-HeRo 
project will raise nuclear reactor safety to a higher level. In case 
of a combined Station Blackout (SBO) and Loss of Ultimate 

Heat Sink (LUHS) accident scenario, it transfers the decay heat 
to a secondary ultimate heat sink, e.g. the ambient air (Benra et 
al. [1]). Due to its compactness, it can be retrofitted to existing 
nuclear power plants. Within the sCO2-HeRo project, a small-
size sCO2 demonstrator cycle was developed and constructed at 
the PWR glass model at the Simulator Centre of KSG/GfS in 
Essen. The PWR glass model allows to simulate and visualize 
different accident scenarios. While the single components were 
already tested, the coupling of the sCO2-HeRo cycle to the glass 
model allows to experimentally examine the function of the 
sCO2-HeRo system in total and its interaction with the PWR 
cycle. Main objective of the system test is to proof the heat 
extraction from the core and to validate the operation strategy of 
the system. Thus, by completing the system integration tests, the 
system is brought to Technology Readiness Level 4 (TRL 4). The 
measurement results will further be used for code validation.  

The presented paper describes two aspects. The first being 
the operation experiences made at the sCO2-HeRo loop and its 
comparison with the SCARLETT and SUSEN loop. These loops 
were used for component testing within the sCO2-HeRo project. 
The focus of the comparison lies on the filling and circulation of 
CO2, revealing the influence of the different cycle layouts on 
cycle operation within these operating phases. To give a deeper 
understanding of the whole sCO2-HeRo cycle, the second aspect 
of the paper is the detailed description of the loop itself. This 
contains the piping and instrumentation diagram (P&I), the main 
components, the measurement equipment and the cycle 
dimensions and thus allows to use future measurement results for 
code (cycle simulation) validation.   
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Figure 1:  CAD-Drawing and component position of the sCO2-HeRo cycle

GENERAL CYCLE FUNCTION AND LAYOUT 

This paragraph gives a generalized description of sCO2-
HeRo cycle function and layout. The sCO2-HeRo cycle is 
attached to the glass model according to the scheme in Fig. 8 in 
Annex A (Strätz et al. [8]) with the components depicted in Fig. 
1. Here, in the 3D-CAD model on the left, the components of the
glass model are colored in gray and the components of the sCO2-
HeRo cycle are marked with different colors. The height scheme 
on the right indicates the positions of the components on the 
three levels: the ground floor, the basement and the outdoor area. 
The corresponding detailed description of all components and 
their arrangement is provided in the second part of the paper. 

In case of postulated accident scenario with sCO2-HeRo 
operation, valve 1, connecting the steam generator of the glass 
model to the heat sink, is closed and valve 2 opens establishing 
a natural circulation driven cooling loop on the steam side of the 
PWR glass model. Driven by natural convection, the steam flows 

upwards into the compact heat exchanger (CHX, pink), where 
the heat is transferred to the sCO2 side by condensation heat 
transfer. The condensate can be observed in a glass tube depicted 
in shaded blue below the CHX in Fig. 1. Through this tube it 
flows downwards driven by gravity and re-enters the steam 
generator through the feedwater line, which results in continuous 
heat removal from the primary circuit via the u-tubes. In the 
sCO2-HeRo loop downstream of the CHX a slave electrical 
heater (SHE, red) is installed in the basement. It provides 
predetermined inlet conditions to the turbine and enables 
transient experiments and operation of the sCO2-HeRo loop in 
off-design conditions. Such flexible conditions allow for 
operation of the sCO2-cycle close to operation boundaries 
without any negative feedback effect to the glass model. 
Downstream of the SEH, the turbine of the turbomachine (TAC, 
green), which consists of turbine, alternator and compressor, 
expands the sCO2. It then flows outside into the gas coolers of 
the ultimate heat sink (UHS, light blue), from which it is 
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delivered to the CHX by the compressor. In the design point of 
the system the turbine provides more power than required for the 
compression leading to a self-sustaining system with excess 
electricity at the alternator. In the nuclear power plant, this 
electricity will be used for the electrical driven fans of the UHS 
and for different kinds of auxiliary devices. Additional to the 
previously mentioned components, Fig. 1 also contains the 
piston pump (PP, yellow) for circulation and leakage feedback 
and the pressure vessels, designed as piston accumulators, for the 
start-up procedure and compensating fluid expansion (PV, dark 
blue). 

OPERATIONAL EXPERIENCES 

This section describes the filling and circulation procedure 
of the sCO2-HeRo cycle as well as of the two other cycles 
SCARLETT (Flaig et al. [3]) and SUSEN (Vojacek et al. [10]) 
which were used in the sCO2-HeRo project for component tests. 
The cycles are constructed for different purposes and thus have 
different layouts and operation strategies. Their influence on the 
overall procedure is analyzed. 

FILLING AND CIRCULATION PROCEDURE - SCO2-
HERO 

The sCO2-HeRo cycle was particularly designed for the 
system tests and consists of numerous components. Those 
important for the filling and circulation operation, are depicted 
in Fig. 2 which represents a simplification of the detailed piping 
and instrumentation (P&I) diagram shown in Fig. 9 in Annex B. 
Additional to the main components, it includes the pipe numbers 
(squares) and measurement numbers (circles) according to Table 
3 and Table 1 respectively. The TAC is not included because it is 
bypassed in the circulation operation.  

Figure 2: P&I diagram - sCO2-HeRo circulation loop 

The filling procedure starts with the evacuation of the loop 
using the vacuum pump until a pressure of less than 0.1 bar 
absolute is reached. Holding the vacuum without running the 
vacuum pump reveals possible leakages. After evacuating the 
cycle, it is filled with gaseous CO2 from the bottle. To drive the 
CO2 into the cycle, the bottle is heated maintaining a driving 
pressure difference. The evaporation enthalpy of the CO2 and the 
heating power induced to the CO2 determine the filling speed. 
Valve 21 needs to be opened before evacuation and closed 
thereafter. Otherwise starting of the filling procedure by opening 
valve 20 leads to an increase of the pressure in the glass model, 
which uses the same vacuum pump as the sCO2 cycle. With the 
cycle having a volume of about 200 l without the two PV, 
different masses of CO2 need to be filled to the cycle depending 
on the desired operation conditions. First subcritical gaseous 
tests required about 23 kg of CO2 while about 30 kg will be 
required for initial tests with sCO2 (without PV). After filling, 
the cycle volume was recalculated from the CO2 conditions and 
filled mass of CO2. A comparison to the sum of volumes of the 
single components and piping showed good agreement, 
validating the volumetric cycle model. The unavoidable leakage 
rate (e.g. through packing glands of the valves) can be 
determined as long as the CO2 is completely gaseous. In the 
sCO2-HeRo, it is determined to be around 5 mg/s at 40 bar and 
20 °C which is related to the number of valves and connections 
and equivalent to a bore of a diameter of 20 μm. Note that the 
sealing of the PP leads to a quite large leakage rate and thus it is 
disconnected from the cycle in standby. Another option for 
filling, used to reach supercritical pressure, is to fill CO2 directly 
to the PV while the valve towards the loop (valve 11) is closed. 
To do so the “zero-pressure” of the PV is initially set below the 
saturation pressure of CO2, which lies at approximately 57 bar at 
20°C ambient temperature. The pressure value determines the 
mass of CO2 that is filled before reaching stationary conditions 
in the PV. Raising the nitrogen pressure to the desired value 
determines the CO2 pressure making it liquid. This is easily 
possible as nitrogen in gas bottles is stored at much higher 
pressure as the maximum cycle pressure. It is noted that this 
procedure could also be applied during cycle operation. 
However, the required automated control and filling unit at the 
PV is currently not installed. 

To start the circulation operation, the loop is filled up with 
the mass of CO2 to reach the desired operating conditions. PV I 
can be employed to balance the pressure before the CHX and PP. 
As it is held at room temperature it may take a huge amount of 
CO2. When filling of the cycle is finished, the cycle reaches 
steady state conditions after a certain amount of time. At this 
standby condition, the PP is started. If the standby condition lies 
within the 2-Phase region, the SEH must be turned on prior to 
the PP to evaporate liquid CO2 in the SEH as the PP is designed 
for single phase gaseous CO2. Considering the arrangement of 
the components in Fig. 1, it is evident that except for the little 
amount of liquid CO2 that deposits in the SEH all liquid CO2 will 
be in the UHS. This leads to two restrictions when the cycle is 
started. First, valve 27 may not be opened from the beginning if 
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the standby conditions lead to liquid CO2 in the UHS. Note that 
the temperature and thus the CO2 conditions in the UHS depend 
upon the ambient temperature outside, which can be well below 
room temperature. Secondly, the heating power in the SEH 
directly after starting the PP must be sufficiently high to 
evaporate all liquid CO2 coming from the UHS to avoid phase 
change of the CO2 at the PP. In operation the cycle pressure is 
determined by PV I if valve 11 is opened. Since the volume of 
PV I is large, low deviations from the pre-set pressure are 
expected. If valve 11 is closed, there is no pressure balancing 
device anymore, and the pressure depends only on the filled mass 
of CO2 and the temperature levels within the cycle. However, the 
pressure in the cycle can be reduced by releasing CO2 via the 
blow off valve 5 to the ambient air (Fig. 2). 

Table 1 contains the measurement results of one “cold” 
circulation run. During this circulation run the PP operated at full 
flow rate (valve 27 closed) and the heating power of the SEH 
was 0 kW while some heat was transferred via the CHX. 
Furthermore, valve 2 was fully opened while valve 11 and 27 
were closed. Note that the CO2 was cooled in the SEH because 
it did not reach steady state conditions due to its large thermal 
inertia. These measurements prove the heat transfer in the CHX 
and are used to validate calculated pressure losses. 

Table 1: Measurements for subcritical circulating 
operation 

Measurement 
position p / bar T / °C ṁ /  

1 44.4 15.0 0.2 

2 43.8 44.3 

3 43.0 43.7 

4 42.7 22.7 

5 48.7 34.3 

6 48.4 20.1 

FILLING AND CIRCULATION PROCEDURE - 
SCRALETT 

Figure 3 shows a simplified P&I diagram of the sCO2 
SCARLETT (Supercritical Carbon Dioxide Loop at IKE 
StuTTgart) loop at the Institute of Nuclear Technology and 
Energy Systems (IKE), Stuttgart, Germany (Flaig et al. [3]).  

At the start, the SCARLETT loop is evacuated by the 
vacuum pump and filling unit, shown on the left side in Fig. 3. 
Valve 1 and valve 2 are opened, valve 3 remains closed and the 
vacuum pump is switched on. During the evacuation it must be 
guaranteed that all valves in the cycle are opened to ensure that 
the entire loop is evacuated. The process is monitored by 
pressure gauges, and it is stopped after a few hours of operation 
until the pressure stabilizes at a value of less than 0.05 bar. 
Afterwards, valves 1 and 2 are closed. In the following, a CO2 

gas bottle is connected to the filling unit, and valve 2 and 3 are 
opened. Gaseous CO2 is filled into the loop until a pressure of 
about 7 bar is reached. After closing valve 2 and 3 the CO2 gas 
bottle is replaced by a CO2 dip tube bottle which delivers liquid 
CO2 through valve 2 and 3 into the storage vessel with a volume 
of about 120 l until a mass of about 40 kg is reached. Afterwards, 
valve 2 and 3 are closed, and the cycle is ready for operation. 
Due to saturation conditions, there is a pressure of about 57 bar 
(20 °C) in the entire facility, and gaseous as well as liquid CO2 
exists in the storage vessel.  

Figure 3: Simplified P&I diagram - SCARLETT loop 

Before starting operation, auxiliary devices like cryostats, 
measurement data acquisition and the control system are 
switched on. At the beginning of the operation, the evaporator 
(H1) heats the CO2 until a temperature difference of about 5 °C 
is reached between the CO2 in the storage vessel and the CO2 at 
the outlet of H1. Reaching this point, the reduction valve (RV) is 
closed and the piston compressor (PP) is switched on, leading to 
a flow of liquid CO2 from the storage vessel through the 
electrical heated H1 where it is evaporated and superheated. The 
heating power is controlled and adjusted to ensure a CO2 
superheating of about 15 °C. After leaving the droplet separator, 
in which remaining liquid CO2 droplets are separated from the 
flow, it enters the compressor (PP). There, the CO2 is compressed 
and simultaneously compression heated, leading to a pressure 
increase at the high-pressure side of the SCARLETT loop. In the 
following, the conditioner (H2), the gas coolers (CH1) and the 
condenser (CH2) are switched on for the conditioning of the 
sCO2. After reaching a defined pressure of about 40 bar on the 
high-pressure side of the loop, the RV automatically increases or 
decreases the opening degree, controlled by the control system. 
In CH2 the CO2 is completely condensed before it re-enters the 
storage vessel. The start-up procedure is finished when a sCO2 
pressure of 80 bar and a mass flow rate of about 60 g/s is 
provided at the inlet of the test section (TS), when a constant 
superheating of about 15 °C is reached and when both 
controllers, the pressure and mass flow controller, are in 
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operation. These controllers are used for adjusting the opening 
degree of the RV, the revolution speed of the PP and the cooling- 
or heating power of the conditioning units, leading to steady state 
conditions at the inlet of the TS. For all experiments to be carried 
out in the modular TS attached to SCARLETT, these values are 
the stable initial conditions which can be modified for different 
purposes, e.g. heating or cooling experiments.  

FILLING AND CIRCULATION PROCEDURE - SUSEN 

The P&I diagram of the sCO2 SUSEN loop at CVR is 
described in Fig. 4. The very first procedure necessary before 
starting-up the loop is vacuuming by means of a vacuum pump 
to get rid of the moisture (vacuum drying) and non-condensable 
gases like air. In order to intensify the cleaning technique, CO2 
is let into the loop. The desired purity is checked by sampling. 

The next process is the filling. To fill the loop with the 
required mass to achieve operating conditions, CO2 vapor from 
a standard 50 l pressurized bottle with pure CO2 (4.5 – 99.995%), 
where 2 phase CO2 is stored, is introduced just before the water 
cooler CH1. Hot air might be used to heat up the bottle to speed 
up the filling. The weight of the bottle is measured to know how 
much CO2 goes into the loop. As the pressure in the system rises 
and approaches the pressure in the bottle, the process slows 
down. Hence, an air driven reciprocating filling compressor (FC) 
is used to speed up the filling. When a fixed mass based on model 
predictions gets near the normal operating mass (in our case 
around 40 kg of CO2 for total cycle volume of about 95 l), the 
main circulation piston pump (PP) can start circulating the CO2 
content around. To increase the pressure in the system, the 
heaters are switched on. The maximum limit of 50 K/h 
temperature increase is controlled. As the system heats up and 
pressure rises, the mass flow rate increases as the density at the 
inlet to the PP increases. If further mass adjustments are needed 
to reach the desired parameters, the FC is used to fill the CO2 to 
the loop. Reducing the pressure can be performed through 
opening the bleeding valves (BV) with orifices installed in the 
pipe. For setting the inlet temperature to the PP, the frequency of 
the water pump is adjusted to control the water flow rate through 
the CH1 cooler. The operation of the loop is controlled by the 
main pump speed drive. Flow rate of sCO2 is measured with a 
Coriolis flow meter. It is possible to adjust the flow rate through 
the low temperature recuperator (LTR) by-pass so to simulate a 
recompression cycle, as well as to adapt flow rate through the 
CH2 (simulating the turbine heat power release). The loop is 
divided into the low- and high-pressure part. The separation is 
performed by the reduction valve. The pressure in both parts is 
adjusted by the opening position of the valve.  

To protect the loop against over pressure several pressure 
relief valves are installed at positions, where increase of pressure 
might occur. These are e.g. the heating parts equipped with 
closing valves both at the inlet and outlet as well as the pump. 

The shut-down procedure is performed through the heating 
power control. The 50 K/h temperature change should be 
satisfied to bring the loop to the cold state (20°C). If there is a 

need for repair, the necessary part or the whole loop is evacuated 
trough the release valves and system of orifices to slow down the 
pressure change. 

Figure 4: P&I diagram – SUSEN loop 

COMPARISON 

The described loops are substantially different regarding 
the components with effect on the operation strategy. Two 
aspects related to the filling and first circulation operation of the 
sCO2-HeRo cycle are compared to each other hereafter.  

The first operation aspect is the filling of the loop. As 
described in the previous section filling of all loops starts by 
evacuating the loop to pressures below 0.1 bar. After that, the 
loop is filled from the bottle up to a certain pressure limit 
determined by the saturation pressure. The SCARLETT loop 
employs, different from the other two, dip tube bottles to fill 
liquid CO2 to a storage tank. Compared to conventional gas 
bottles, this enables the filling of a higher CO2 mass. SUSEN and 
sCO2-HeRo fill gaseous CO2 directly into the loop which opens 
the possibility of heating up the gas bottle. The SUSEN loop 
allows to increase the pressure to over the saturation pressure of 
CO2 by using the FC while the sCO2-HeRo loop applies the PV. 
Note that in this way the storage unit in the SUSEN cycle are the 
gas bottles which are only connected to the FC and disconnected 
from the cycle itself. Therefore, they do not contribute to the 
cycle volume. The SCARLETT loop supplies the test section 
with sCO2 by compressing the gas leaving the evaporator 
downstream of the storage vessel. The storage vessel itself is 
always subcritical. Thus, the SCARLETT loop is strictly 
speaking transcritical, and no additional filling over the 
saturation pressure is required. It can be concluded that the filling 
of the SCARLETT loop is the quickest because of its it 
transcritical operation requiring only saturation pressure in the 
storage vessel. The filling of the entirely supercritical loops 
SUSEN and sCO2-HeRo may require (related to the desired 
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operation conditions) to add more CO2 after saturation 
conditions are reached. Applying the prefilled PV in the sCO2-
HeRo cycle allows to increase the pressure quicker than using 
the FC. However, as the vessel is primarily meant to stabilize the 
pressure in the cycle, the connection valve must be open after 
filling. Therefore, only one pressure can be set by the PV 
determined by careful calculation while the FC allows to set any 
pressure independently and is thus more flexible.  

The second aspect is the dynamic setting of operation 
conditions in the desired test section. SCARLETT compresses 
the CO2 coming from the subcritical storage vessel at stable 
saturation pressure with the compressor before conditioning it to 
the desired temperature. Pressure and temperature in the test 
section can be freely set by the compressor speed, the expansion 
valve position and the conditioning power. It is limited only by 
the mass in the storage vessel because increased mean density or 
volume of the test specimen in the sCO2 section requires 
additional mass to be fed. In the SUSEN loop the conditions are 
set, applying the release valves or FC respectively. This allows 
operation independent of filling conditions. The sCO2-HeRo 
cycle allows only one preset pressure, which relates to the 
selected pressure in the PV, determined by the initial filling mass 
of CO2 and the preset N2 pressure in the other chamber. The 
sCO2-HeRo has a release valve (valve 5), too. However, the 
pressure in the cycle does not change significantly as long as the 
PV are connected because the CO2 mass within the PV is large 
and a change of pressure relates only to the movement of the 
piston and thus decrease of the N2 pressure. Subsequent increase 
of pressure is then no longer possible because there is currently 
no possibility to add N2 to the PV during cycle operation. Even 
with such an apparatus, the amount of CO2 in the PV is lower 
after pressure reduction and increasing the N2 pressure will only 
increase the cycle pressure as long as the piston in the PV does 
not reach the lower limit and the CO2 part is empty. Thus, it is 
not possible to do large pressure variations multiple times even 
if the N2 pressure is regulated during operation.  

SCO2-HERO DESIGN SPECIFICATIONS 

Following on the already introduced 3D-CAD in Fig. 1, the 
sCO2-HeRo cycle is introduced in more detail, allowing to 
reproduce the cycle model. This includes the complete P&I 
diagram, showing the arrangement of the components, the 
specifications of each component as well as those of the piping 
and measurement instruments.  

PIPING AND INSTRUMENTATION DIAGRAM 

The P&I diagram in Fig. 9 in Annex B represents the base 
of the cycle model. It includes the components of the main sCO2-
HeRo system, components for start-up procedures, as well as the 
measurements at each location. Furthermore, it can be divided 
into 8 sections which are described in the following.  

Section 1 is marked with red (high pressure) and blue (low 
pressure) pipes and depicts the components of the main sCO2-
HeRo cycle, like the compressor, CHX, SEH, turbine and UHS. 

Furthermore, temperature (T), pressure (p), density (ρ), load (M), 
revolution (n), vibration (f), voltage (U), current (I) and mass 
flow rate (F) measurement devices as well as different kind of 
valves are installed.  

The region marked with number 2 shows the TAC system 
with the frequency converter as well as the PP. The TAC is the 
heart of the cycle as it is the component inducing the flow and 
thus transporting the decay heat from the core via the CHX to the 
UHS. Furthermore, the turbine produces the driving force for the 
compressor and for the alternator from the decay heat. Therefore, 
it makes the system self-sustaining. The frequency converter 
controls the mechanical load, the revolution speed, the excess 
electricity and the temperature at the alternator. To reduce 
friction losses at the alternator and to prevent any kind of damage 
in the bearings of the TAC, the PP independently reduces the 
pressure at the alternator and bearings by drawing a defined CO2 
leakage flow from the housing of the TAC (Fig. 5). The leakage 
flow and pressure are adjusted by recirculating a part of the flow 
rate of the PP. Another purpose of the PP is the circulation of CO2 
in the cycle when the TAC is not used. 

The SEH (in section 3) is required because the heat 
provided by the glass model via the CHX is insufficient to 
operate the sCO2-cycle at conditions of nuclear power plants. 
The heat input into the sCO2 is either realized as a constant 
electrical heating power or via a master slave control. Thus, the 
SEH allows a decoupling of the sCO2-HeRo cycle from the 
PWR glass model cycle for certain test cases because its heating 
power is sufficient to operate the sCO2 cycle without the CHX. 
On the other hand, in the master slave configuration, the heating 
power is adjusted according to the heat input from the compact 
heat exchanger.  

The UHS is numbered with 4 in Fig. 9. Since the heat 
removal to the UHS is supported by electrical driven fans, 
voltage and current values can be adjusted and monitored to 
regulate the air flow and thus cooling power. 

 Section 5 shows the CHX. Measurement devices for 
measuring the pressure and temperature at the inlet and outlet of 
the CHX as well as for measuring the steam mass flow rate at the 
inlet of the CHX are installed. The two needle valves on the 
steam side of the CHX at the inlet and outlet are used for 
connecting or disconnecting the CHX from the glass model and 
regulating the steam flow.  

The two PV are in Section 6. They are required for the 
sCO2-HeRo cycle to be able to start via a pressure surge. 
Additionally, PV II has the function of maintaining a constant 
compressor inlet pressure. It is assumed that in case of a start-up 
procedure valves 2, 4, 15, 25, 28 and 29 are open. Then, valve 11 
at the bottom of PV I will be opened, and due to the adjusted 
pressure difference between the main cycle and PV I, the 
inventory is forced to flow into the sCO2-HeRo cycle. With 
valve 6 closed, it is heated up in the CHX and SEH before 
entering the turbine, where it forces the shaft to start rotating. 
Following on the expansion in the turbine, it flows through the 
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UHS and through in the lower chamber of PV II. After reaching 
the breakeven point, when the compressor outlet pressure 
exceeds the pressure in PV I and the turbine provides more power 
than needed for the compressor, the start-up procedure is finished 
by closing the compressor bypass valve 2 to open valve 6. Then, 
the sCO2-HeRo system is self-sustaining closed loop operation. 

Before the entire sCO2-HeRo cycle can start operation, it 
has to be evacuated and filled with CO2. The vacuum pump unit 
for evacuation is numbered with 8 while the filling-unit 
consisting of a heated gas bottle and a valve is in section 7. 

COMPONENT SPECIFICATIONS 

The specifications of the components in the cycle, given in 
this section, define the capabilities of the sCO2-HeRo cycle. For 
reasons of limited length of the paper, only the main parameters 
are given. More detailed information regarding design and 
testing of the components can be found in the referenced papers.  

TAC: The TAC was designed and manufactured by the 
Chair of Turbomachinery at the University of Duisburg-Essen 
and consists of a radial compressor with an outer impeller 
diameter of 40 mm and a radial turbine with an outer impeller 
diameter of 66 mm. Both impellers are mounted to opposite sides 
of one shaft. The shaft also includes the alternator in the middle 
and the bearings in between the alternator and the impellers (Fig. 
5). All components are in one hermetic casing which is designed 
for a maximum pressure of 130 bar. The design rotating speed of 
the TAC is 50,000 rpm with a design electric power of about 7 
kW. For monitoring the bearing temperatures and the vibration 
of the shaft, four temperature und three vibration measurement 
devices are installed. For more information on design of the 
TAC, please refer to Hacks et al. [4]. They describe the design 
procedure in detail and published the whole compressor 
geometry while Hacks et al. [5] present the first compressor 
performance tests and validation of the compressor performance 
map.  

Figure 5: sCO2-HeRo TAC [4] 

CHX: The CHX was designed and manufactured by the 
Institute of Nuclear Technology and Energy Systems (IKE) at the 
University of Stuttgart. The inlet conditions for the design of the 

CHX were derived from experimental investigations at the glass 
model and from sCO2-HeRo cycle calculations. In the design 
point of the system, sCO2 enters the CHX with a temperature of 
46.8 °C, a pressure of 117.5 bar and a mass flow rate of 0.65 kg/s. 
A steam condensing power of 6 kW was calculated according to 
a steam temperature of 70.3 °C, a steam pressure of 0.32 bar and 
a steam mass flow rate of 2.6 g/s at the inlet of the CHX (Strätz 
et al. [8]).  

Figure 6: Components of a compact heat exchanger 
with milled channels 

In the following, the design of the CHX was determined 
under consideration of given boundary conditions, received data 
from single effect experiments as well as from numerical 
analysis.  Straetz et al. [9] give a description of the single effect 
experiments. The counter current flow between condensing 
steam and sCO2 was applied because it provides the highest heat 
transfer capacity per surface area. The steam plate was designed 
with 15 straight rectangular channels with a channel width of 2 
mm and a channel height of 1 mm. The wall thickness between 
two channels is 1.4 mm and the plate thickness is 2.4 mm. The 
sCO2 plate with 15 rectangular channels, a channel width of 2 
mm, a channel height of 1 mm, a wall thickness of 1.4 mm and 
a plate thickness of 2.4 mm is quite similar. The “Z Shape” of 
the sCO2 channels is necessary to connect two of the four 
plenums with the steam side and two of the four plenums with 
the sCO2 side - under consideration of a stacked CHX (Fig. 6) 
with more than one plate on each side. The effective channel 
length for sCO2 is 150 mm, which is the straight length of the 
middle part of the channels. The entire amount of plates for the 
CHX is 28, with respect to a necessary transferred heat power of 
6 kW and a maximum allowed sCO2 pressure drop of 0.5 bar. In 
addition, 14 plates with 15 channels per plate results in 210 
channels on each side of the compact heat exchanger.  

Compressor TurbineAlternator

Bearings Leakage 
extraction
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SEH: The SEH was bought from Elmess Thermo System 
Technik and is of the type HK with a maximum electrical heating 
power of 240 kW. The internal DN50 piping is manufactured as 
a coil with an outer diameter of 590 mm and height of 2,000 mm. 
The internal volume is about 110 l and the maximum allowed 
pressure is 155 bar. A protection device monitors the temperature 
of the heating elements and protects them against overheating by 
shutdown. A controller was implemented, which is regulating the 
heating power according to the measured outlet temperature. The 
heating power is calculated from squared effective voltage of the 
phase angle control.  

UHS: The supercritical CO2 in the sCO2-HeRo system is 
cooled by means of air, hence providing heat sink to ambient for 
an unlimited period of time. The UHS consist of two parallel 
units designed as air cooled sCO2 finned-tube with the design 
parameters shown in Table 2. The two units are of the type 
GGHV CD 090.1QF/11E-31 delivered by Güntner GmbH & Co. 
KG. The internals of sink UHS include stainless steel AISI 304 
tubes in staggered arrangement with rectangular aluminum fins 
(metal sheet). The arrangement is such that the flow on the sCO2 
side is purely horizontal (except the inclined bends placed 
outside the air flow) while on the air side the flow is completely 
vertical. An illustrative scheme is shown in Fig. 7. Vojacek et al. 
[11] show a conceptual design drawing of one unit of the UHS. 
With an overall size of about 1.6 m in length 2.2 m in width and 
a height of 1.4 m each single unit features an overall heat transfer 
area of 361 m² and a total internal volume of 40 l including 
headers. More details of the geometry of the UHS are as follows. 
Number of tubes = 8, number of rows in depth = 6, tube diameter 
Ø 12 mm x 0.7 mm, number of passes = 5.5, length of one tube 
= 46.2 m (1.4 x 6 x 5.5 = 46.2 m), thickness of fin = 0.5 mm, 
pitch between the fins = 2.4 mm, staggered arrangement, pitch 
of tubes perpendicular to the air flow direction =50 mm, pitch of 
tubes above each other from the air flow sense =25 mm and pitch 
of tubes behind each other (diagonal) from the air flow sense =35 
mm. The performance of one unit of the UHS was determined in 
performance test within the SUSEN-loop at CVR by Vojacek et 
al. [11]. They describe the test procedure and the measured 
cooling performance as well as internal pressure losses in detail. 

Figure 7: Illustrative picture of the internals of sink 
UHS including tubes with rectangular fins [2] 

Table 2: Design parameters of one UHS unit [11] 

Pressure of sCO2 inlet to sink UHS 78.3 bar 

Temperature of sCO2 outlet of sink UHS 33 °C 

Temperature of sCO2 inlet to sink UHS 166 °C 

Mass flowrate of sCO2 0.325 kg/s 

Thermal power of sink UHS 92.5 kW 

Temperature of air inlet to sink UHS 25 °C 

Temperature of air outlet of sink UHS 50 °C 

Volumetric flowrate of air outlet 12500 m3/h 

Electric power of EC fans 0.33 kW 

PP: The piston pump is of the type P72/225-80 III and 
supplied by Speck-Triplex-Pumpen GmbH & Co. KG. It has a 
design power of 3.8 kW at a flow rate of 120 l/min. Since it runs 
at a fixed speed of 260 rpm, the flow rate is adjusted by using a 
re-circulation of the flow via pipe 10, which is adjusted by valve 
27 (Fig. 9). Its maximum pressure is 80 bar. Furthermore, it is 
designed for gaseous CO2 and phase changes at the PP are 
prohibited. 

PV: The two piston accumulators are supplied by Roth 
Hydraulics GmbH. The product number is AK 100-220-36. They 
have a nominal volume of 100 l of CO2 each, with a design 
pressure of 220 bar. A piston accumulator consists of two 
chambers inside a cylinder, separated from each other by a 
sliding piston with here 360 mm diameter. Two piston 
accumulators are attached to the sCO2-HeRo loop, one for the 
high-pressure part and one for the low-pressure part. The CO2 
conditions in the lower chamber of PV I and PV II are measured 
with pressure gauges and Pt100. The upper chamber is filled with 
nitrogen with high quality. This gas works as a cushion for the 
mostly incompressible hydraulic fluid in the lower chamber, in 
this case liquid carbon dioxide. Working pressure is defined by 
filling the nitrogen chamber with “zero pressure”, with an empty 
liquid chamber. By filling up the liquid chamber with fluid, the 
pressure of the nitrogen cushion will increase. Hence, only a 
fraction of the nominal volume will be used. A pressure increase 
from a setpoint of 70 bar by 10 bar will occur from 9.1 l liquid 
CO2 at adiabatic conditions. On isothermal conditions with very 
slow changes in pressure, the same increase will be caused by 
13.6 l liquid, starting empty at 70 bars and 20 °C. Because of this 
stiff characteristic, the accumulators will be used as mere buffers 
for temperature related expansion and for pushing the turbine for 
startup, but not as storage tanks for the coolant volume of the 
sCO2-HeRo loop.  

Piping: The seamless piping is made of stainless steel of alloy-
316 (1.4435). The 316 alloy is resistant in corrosive 
environments. The vendor Swagelok limits the pressure for ¾ 
inch pipes (catalogue number SS-T12-S-065-6ME, outer 
diameter 19 mm, with 1.6 mm thickness) to 227.5 bar (3300 psig) 
for a normal temperature range and 218 bar for higher 
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temperatures up to 204 °C, which is well above the maximum 
operational pressure of 130 bar of the loop. The cross-sectional 
area of a typical pipe is slightly below 2 cm². Hence, with an 
estimated mass flow ṁ of 0.65 kg/s and a minimum density ρ of 
about 100 kg/m³ after the turbine a maximum flow velocity of 
w=32 m/s is to be expected. Using a Moody chart (Moody, L.F. 
[6]) a Darcy-Weisbach friction factor of λ=0.015 results for a 
wide range of Reynold’s numbers with an estimated roughness 
of 5 μm. Hence, for each meter pipe length L the dimensionless 
loss factor ζ can be estimated to be 0.94 resulting in a pressure 
loss of 0.5 bar/m. Thus, a pipe length of about 4.5 m between 
turbine exhaust and UHS-branching line will lead to a loss of 
about 2.3 bar. Losses by a check valve in this line are to be 
considered separately and are assumed to be in the same order of 
magnitude. Hence, pipe size is assumed to be sufficient. In other 
lines, because of lower flow velocity, only fractions of this 
pressure loss should be expected. The piping includes bends with 
large radii to avoid additional pressure losses, typically adding a 
loss factor ζ of about 0.13 for a 90° bend (Martin et al. [6]). Table 
3 shows the different pipe lengths and number of bends in the 
cycle. Note that in pipe number 1 and 5 the flow is divided 
because of the two parallel UHS units. The pipe length is reduced 
accordingly to compensate the lower flow rate. Further, the pipes 
are not insulated.  

Table 3: Piping parameters 

Pipe- 
No. 

Length / 
m 

No. of 45° 
bends 

No. of 90° 
bends 

No. of 
elbows 

1 6.6 0 10 0 
2 6.6 5 1 1 
3 9 1 6 0 
4 1.8 0 4 0 
5 4.5 0 7 0 
6 1.6 0 2 1 
7 2.0 1 3 1 
8 1.8 0 3 0 
9 3.2 0 4 0 
10 1.1 1 0 0 
11 0.4 0 0 2 

Fittings: Pipe junctions and branches are done by fittings 
of Swagelok. All parts are made from alloy 316 steel. Welding 
was avoided, so parts can be easily remounted and mounted. As 
long as there is no “knee” in the pipe junction, there should be 
only negligible pressure loss. A knee with a sharp 90 ° turn can 
contribute a loss factor ζ of up to 1.3 (Martin et al. [6]). Fittings 
allow a maximum operational pressure to 200 bar.  

Valves: Because of the fittings’ compatibility, the four 
different kinds of valves were ordered mostly from Swagelok.  

1. Ball valves with the product number SS-65TS12 with
straight flow line to avoid losses are made from stainless
steel of 316 type and PTFE seats. To avoid pressure
hammers, these valves are mostly operated manually, e.g.
to isolate components, like the piston pump. The use is
limited for combination with Swagelok fittings below 190
°C because of fluoride rubber materials used for tightness.

2. Needle valves (SS18-RS12) are used to control the flow
and offer the option to be equipped with a motoric drive.
The flow direction within the needle valve will be changed
by more than 90 ° twice, and an orifice narrows the flow
path, so losses will be inevitable. In the used valves, the
orifice’s diameter is 9.5 mm, the Cv-Value is 1.8 (Kv =
1.56). With a flow of 0.65 kg/s at density about 500 kg/m³
(after compressor), a pressure loss of about 4.3 bar is to be
expected at valve 4 (Fig. 9).  On the other hand, because of
closure time, pressure hammers will be avoided.

3. Check Valves (SS-CHS12-1/3) are used to avoid backflow
to compressor or turbine during start-up with the PV or
circulating medium with the PP. Because of materials used
in the fittings, temperature is limited to 190 °C.

4. Safety relieve valves are employed to ensure limited
pressure in the cycle of maximally 130 bar in the high and
113 bar in the lower pressure part.

Pressure sensors: Industrial quality ceramic membrane
pressure sensors are used, adapted to the different temperature 
ranges and a pressure from 0 to 160 bar. Position of pressure 
transformers is nearby a temperature measuring, so the state of 
the coolant can be followed from pT-characteristics, especially 
in the supercritical and single-phase regions. Precision is given 
as +/- 0.5 % of full range, meaning +/- 0.8 bar deviation from 
linear behavior. Additionally, a temperature dependence of the 
signal must be taken into account, with no data available for the 
transmitters used. Typically, deviations can be about 0.3% full 
range (+/- 0.5 bar) for each 10 K temperature difference, even in 
the range of temperature compensation. Last but not least, the 
stability or reproducibility of the signal has to be taken into 
consideration, some kind of hysteresis or statistical error, which 
is typically in the order of 0.05 % (about +/-0.1 bar) of full range. 
Thoroughly measuring and numerically calibrating the different 
transmitters can be used to compensate non-linear effects and 
temperature influence. Statistical error can be estimated by 
repeated measuring under comparable conditions.        

Temperature sensors: Temperature sensors are Pt100 
resistor thermometers with Class A specification, manufactured 
by Electronic Sensors. This demands deviations less than 0.35 
°C up to 100 °C and 0.55 °C in the range up to 200 °C. 
Temperature sensors for TAC bearings are type K 
thermocouples. There is no special necessity to precision, fast 
indication is needed to protect the TAC.     

Flow meters: Two Coriolis type flow meters are used, 
PromassFP (CNGmass DCI) from Endress&Hauser. In industry, 
theses transmitters are designed for the use with natural gas. A 
mass flow between 0-1.33 kg/s can be measured in the DN15 
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lines. By measuring principle from phase shift between 
oscillations in between the two branches of the device, mass flow 
is measured independently from density. The flow meters are 
also used to measure the density, which is especially important 
at the compressor inlet, which is close to the critical point, 
because determining the fluid properties via REFPROP is less 
prone to density uncertainties than temperature uncertainties. 
Precision relies on calibration. Deviation from calibrated values 
is given with 0.5 %.  

Control and electrical power supply: Control of 
components is done by SIEMENS S7 Control Technology, with 
PCS7 as surface to operate and monitor. It was included to the 
existing parts operating the glass model. Heater control is done 
by JUMO phase angle control, fitted to the S7 Environment. 
Monitoring of CO2 concentration and subsequent ventilation is 
independently realized. Shutdown of electrical power supply as 
protective action will be hard wired. Same is valid for 
overheating protection of the SEH. The electrical power for SEH 
can be shut off independently from other components, thus 
allowing operation of the sCO2-HeRo loop for commissioning 
purpose or tests.  Because components are located outside the 
building, common grounding was thoroughly done to avoid 
differences in electrical potential. 

COMMISSIONING AND SAFETY 

Several safety features have been employed to safely operate 
the sCO2-HeRo cycle. The safety concept is checked and 
approved by the TÜV according to the present guidelines. First 
of all, access to the rooms containing the components is 
restricted. These rooms will not be entered in principle once a 
certain pressure and temperature margin is exceeded. 
Additionally, the rooms are equipped with CO2 detection systems 
and ventilation systems, which detect leakages and warns the 
personnel in case the CO2 concentration in the room gets too 
high. The ventilation helps to reduce the concentration quickly. 
Furthermore, pressure relieve valves provide safety against 
overpressure and fail-save safety measures against overheating 
of the SEH and the motor/bearings of the TAC prevent severe 
machine damage in case of control failure. Additionally, the 
vibration of the TAC is monitored and special fast acting 
pneumatic driven ball valve. protects the TAC from overspeed, 
bypassing the flow to the heat sink immediately. 

CONCLUSION 

The paper describes the general operation of the sCO2-
HeRo cycle for filling and circulation procedures. These 
procedures are qualitatively compared with the operation of the 
other sCO2-cycles within the sCO2-HeRo project, namely the 
SCARLETT and SUSEN loop. These cycles show significantly 
different layouts in terms of used components. It is pointed out 
that filling of a transcritical cycle with a large storage vessel such 
as the SCARLETT loop is possible using CO2 bottles only. The 
use of dip-tube bottles may allow filling in more mass more 
quickly. In addition, the size of the storage vessel determines the 

range of operation conditions within the test section due to the 
different mean density in the loop. Furthermore, due to saturation 
pressure in the vessel, it provides stable compressor inlet 
pressure simplifying the control of the conditions in the test 
section. The SUSEN and sCO2-HeRo loop apply standard CO2 
gas bottles to fill the loop. As they operate entirely in the 
supercritical regime, adding additional CO2 after filling from the 
bottle may be required. Different approaches are the use of a FC 
in the SUSEN loop and PV with adjustable pressure in the sCO2-
HeRo loop. It can be concluded that the change of operation 
conditions by control of the CO2 mass in the cycle is more 
flexible applying a FC, but the PV are faster. Generally, it can be 
concluded that each cycle must be designed according to the 
according needs, and the given examples help to select a suitable 
approach. A first set of measurements is given in this paper, 
representing a simple circulation of yet subcritical, gaseous CO2, 
allowing a first validation of pressure losses. Further 
measurements will be carried out and published in the near future 
including stationary and transient test cases. 

The second part of the paper gives a comprehensive 
overview of the sCO2-HeRo cycle configuration and 
specifications. This includes the design parameters of all main 
components, number and types of valves, the piping as well as 
measurement equipment. The P&I diagram and the height 
scheme present the position of all components. The referenced 
papers give more sophisticated information and a deeper insight 
in the design and testing of the components TAC, CHX and UHS. 

NOMENCLATURE 

D Diameter 

L Length 

ṁ Mass flow 
p Pressure 

Q Heat flow 

T Temperature 

w Flow velocity 

ζ Loss factor 
ηis Isentropic efficiency 

λ Darcy-Weisbach friction factor 

π Pressure ratio (total to static) 
ρ Density 

ABREVIATIONS 

BV Bleeding valve 

CH Cooler 

CHX Compact heat exchanger 

F (Mass-)Flow measurement 
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FC Filling compressor 

H Heater 

HTR High temperature recuperator 

LTR Low temperature recuperator 

LUHS Loss of ultimate heat sink 

p Pressure measurement 

P&I Piping and instrumentation diagram 

PP Piston pump 
PV Pressure vessel (piston accumulator) 

PWR Pressurized water reactor 

RV Reduction valve 
SBO Station black out 

sCO2 Supercritical CO2 

SEH Slave electrical heater 

T Temperature measurement 

TS Test section 
TAC Turbomachine (turbine, alternator, compressor) 

UHS Ultimate heat sink 

ρ Density measurement 
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ANNEX A 

SCHEME OF THE GLASS MODEL WITH SCO2-HERO 

Figure 8 shows a schematic sketch of the sCO2 cycle with the interface to the PWR glass model and valves important for operation in the glass model. Here, 
the CHX at the interface is denoted with PCHE in Fig. 8 and valve 2 is actually realized by two valves (valve 32 and 33, see Fig. 9) in order to completely disconnect 
it from the original glass model.  

Figure 8: Scheme of the glass model with sCO2-HeRo [8] 
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ANNEX B 

P&I DIAGRAM OF THE SCO2-HERO CYCLE 

Figure 9 shows the P&I diagram of the sCO2-HeRo cycle only. The connection to the PWR glass model, schematically presented in Fig. 8, is realized by the 
steam pipes in section 5. 

Figure 9: P&I diagram of the sCO2-HeRo cycle 
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ABSTRACT 

Supercritical CO2 power cycle, due to its potential to reach 

high thermal efficiency and high flexibility, is a promising 

approach to increase the competitiveness of concentrated solar 

power. Shouhang and EDF signed a collaboration contract in 

May 2018, with the objective to retrofit Shouhang’s 10MWe 

concentrated solar power plant with a 10MWe supercritical CO2 

power cycle before the end of 2020. As the first industrial scale 

application of supercritical CO2 cycle on solar thermal power 

plant in the world, this project aims to demonstrate several key 

technical aspects, including optimal cycle design for 

concentrated solar power, equipment design and operation, 

system operation and control. In addition to all the technical 

aspects related to supercritical CO2 cycle, high-temperature 

molten salt and cold storage are also novel concepts to be 

investigated during this project. The 10MWe supercritical CO2 

cycle to be demonstrated is designed to work with the current 

existing solar field and thermal storage field. As a good 

compromise of demonstration interest for future commercial 

project, salt utilization, cost, complexity and efficiency, 

recompression cycle with intercooling and preheating is 

selected. In this paper, project concept and system design are 

presented, as well as the recent progress. Technical 

considerations on overall selection of technology path, 

equipment and system design, especially the problem related to 

the integration of SCO2 cycle with CSP, are also addressed.  

INTRODUCTION 

In recent years, facing the worldwide environmental 

challenge and the scarcity of fossil fuels in some regions of the 

world, renewable energy is gaining more and more importance 

in the development portfolio of energy industry. Solar and wind 

energy are two major renewable energy solutions which attract 

most of the attention, however, the highly uncontrollable 

variability of solar irradiation and wind brings huge challenges 

for the electric power grid to match the instantaneous energy 

demand and production. As a result, the renewables are suffering 

serious curtailment, e.g. in 2016, the curtailment of wind and 

solar PV energy reached 57.3TWh in China [1]. In addition, the 

highly uncontrollable variability of solar irradiation and wind 

also limits the highest share of renewable energy that can be 

integrated into the power system in the future. Concentrated 

solar power (CSP), which can reach a high solar energy 

utilization efficiency and operate with low-cost thermal energy 

storage (TES), e.g. the commercially utilized solar molten salt 

(60 wt% NaNO3 and 40 wt% KNO3), is a grid-friendly 

renewable solution. Because CSP, if equipped with enough TES, 

is able to completely decouple the solar-thermal and thermal-

electricity conversions, then achieving continuous production 

and regulating the power output depending on the grid demand, 

regardless of the weather conditions.  

However, CSP’s high cost, 120$2016/MWh in average in 

2020 reported by IRENA, makes it difficult for long-term 
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deployment. In order to increase its competitiveness compared 

to other renewable solutions with storage, i.e. photovoltaic with 

battery, in addition to the efforts done to reduce the capital cost, 

there are two main technology development paths: one is to 

increase the solar-thermal efficiency by optimizing solar 

collector efficiency, the other is to increase the thermal-

electricity efficiency by increasing the thermal storage 

temperature or power generation cycle efficiency. Supercritical 

CO2 (SCO2) power generation cycle is identified as a promising 

technology with high potential in the second path to increase the 

overall thermal-electric efficiency and reduce the capital cost due 

to simpler layout, more compact turbo-machinery and possibly 

higher flexibility during startup and shutdown [2–6].  

Besides, CO2 also exhibits many attracting characteristics as 

a heat transfer fluid [8–10]: it is abundant, inexpensive, non-

toxic and less corrosive compared to water at the same high 

temperature with easily-achievable critical point (30.98 °C, 7.38 

MPa). It shows also a good thermal stability up to 1500 °C and 

no freezing problem down to -55°C. Gas Brayton cycle operating 

with SCO2 benefits from the real gas behavior of CO2 in the 

vicinity of the Andrews curve, which leads to the reduction of 

specific volume and therefore of the compression work in the 

cycle. More reduction of compression work is achieved when 

CO2 is compressed closer to its critical point, as the fluid 

becomes more incompressible. This mechanical effect, i.e. the 

significant reduction of compression work, results in a 

significant thermal efficiency improvement of SCO2 Brayton 

cycle compared to other working fluid for Brayton cycle, e.g. 

helium or air [7]. Compared to Helium Brayton cycle, SCO2 

cycle needs a much lower turbine inlet temperature to achieve 

the same efficiency [7], which brings less challenge for the heat 

sources, especially for CSP. As the SCO2 cycle operates with 

high pressure and small pressure ratio, the fluid remains dense 

throughout the entire system, as a result, the volume of turbo-

machineries is significantly reduced (Without considering the 

giant condenser after the water steam turbine, the volume of the 

SCO2 turbine designed for this 10MWe project is only ~6% of 

that of the currently onsite 10MWe water steam turbine.). 

Replacing water by CO2 in the power block also simplifies 

significantly the operation of CSP plants which are mostly 

located in the droughty areas. 

Due to its potential to reach high efficiency and high 

flexibility with compactness and simplicity, in recent years, there 

are more and more efforts from academies and industries, with 

the support of government funding, to build test facilities from 

kW-scale to MW-scale, in order to better understand the system, 

investigate possible technical problems and discover feasible 

solutions to deal with the underlying challenges. Here is a 

summary of important projects which already built a test facility 

or is building one: (1) In 2010, Bettis Atomic Power Laboratory 

and Knolls Atomic Power Laboratory, under the support of 

Naval Reactor Program, completed the installation of a 100kWe 

/ 300°C / 16.5MPa simple recuperated closed-loop SCO2 cycle 

with a two shaft design: a turbine driven compressor and a 

turbine driven generator [11–13]; (2) In 2012, Sandia National 

Lab completed the installation of a 250kWe / 540°C / 13.5MPa 

SCO2 closed-loop recompression cycle with two turbo-

alternator-compressors, one gas chiller of type printed circuit 

heat exchanger (PCHE), two recuperator of type printed circuit 

heat exchanger and six heater of type shell and tube heat 

exchanger [14]; (3) In 2012, Southwest Research Institute , with 

the support of Sunshot Program and its industrial partners, 

launched a SCO2 project to design a high temperature and high 

efficiency SCO2 turbine and to build a 1MWe test loop to test the 

turbine at off-design conditions, i.e. at 1MWe scale. The high-

temperature testing of turbine at reduced flow has been finished 

recently[15,16]. (4) In 2015, Nuclear Power Institute of China 

(NPIC) started the design and construction of 1MWe SCO2 

simple recuperated test loop [17]. (5) In 2016, Xi’an Thermal 

Power Research Institute (TPRI) started the design and 

construction of a natural gas fired 5MWe / 600°C / 20MPa SCO2 

recompression cycle with preheating and reheating [18,19].  

Figure 1. Shouhang Dunhuang 10MWe CSP plant 

With all the research done before by the academies and 

industries, Shouhang and EDF, in May 2018, signed a 

collaboration contract to retrofit Shouhang’s 10MWe CSP plant 

with a SCO2 power cycle, in order to push its technical readiness 

to a higher level, then to assess its technical and economic 

feasibility in large-scale commercial projects. The objective of 

Table 1 
Key design parameters of Shouhang Dunhuang 10MWe CSP plant 

Parameters Value 

Location Dunhuang, Gansu, 

China 

Design net power (MWe) 10 

Annual power generation (GWh)Year 2017 10.67 

Thermal storage hour (h) 15 

Storage medium Solar Salt 

Molten salt amount (ton) 5800 

Design max. MS temperature (°C) 565 

Design min. MS temperature (°C) 290 

Tower height (m) 138 

Heliostat amount (#) 1525 

Heliostat surface (m2) 115.5 

Total reflective surface (m2) 176138 

Cooler Air cooler 
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this demonstration project is to build a 10MWe closed-loop 

SCO2 cycle adapted to the heat source characteristic of CSP. In 

the scope of this project, some key technical aspects that are 

critical for the future commercial application of SCO2 cycle in 

CSP will be investigated: (1) Optimal SCO2 cycle design for 

CSP; (2) 15MWe-scale high-temperature and high-efficiency 

turbine design and operation; (3) Near-critical point compressor 

design and operation; (4) 40MW-scale compact heat exchanger 

design and operation; (5) Near-critical CO2 cooler design and 

operation; (6) 30MW-scale molten salt/CO2 heat exchanger 

design and operation; (7) High-temperature (>620°C) heat 

transfer fluid selection; (8) High temperature (>620°C) thermal 

energy storage system design and operation; (9) High 

temperature (>620°C) electrical heater; (10) System operation 

and control; (11) System flexibility analysis; (12) Material test 

for SCO2, molten salt and high-temperature heat transfer fluid; 

(13) Cold storage. This papers aims to give an overview of 

project concept. System design and technical considerations 

behind are presented and discussed. 

SHOUHANG DUNHUANG 10MWE CSP PLANT 

The 10MWe CSP plant to be retrofitted is located in 

Dunhuang, Gansu Province, North-West of China, which started 

operation since 2016. This is a solar thermal power plant 

operated with molten salt tower, 15h two-tank molten salt 

storage, a 10MWe water steam Rankine cycle and a 20MW air 

cooler. With the design scale of thermal storage, it could provide 

enough heat to realize 24-hour continuous operation. More 

information is given in Table 1. 

SCO2 + CSP DEMO SYSTEM DESIGN 

Figure 2. Demonstration system concept 

The demonstration system design concept is shown in Figure 

2. It consists of heliostat field, solar tower and receiver, thermal

energy storage system with one hot tank and one cold tank, SCO2 

power block, superheating block, cooling system with cold 

storage. The demonstration project keeps the current existing 

solar field and thermal energy storage system with minor 

modification on the instrumentation, piping and pumping system 

of TES system.  

A SCO2 power block is built in parallel with the current 

water steam Rankine cycle. Since the water stream Rankine 

cycle is kept, it is possible to use the electricity generated by it 

to help the startup of SCO2 cycle. One of the demonstration 

project objectives is to investigate high-temperature operation of 

SCO2 turbine (>= 620 °C), but using the current existing molten 

salt system, the maximum temperature that can be achieved is 

565 °C, which is not enough for high-temperature turbine 

operation, therefore, a super-heating block is added after the 

main heater between current molten salt and CO2 to heat CO2 

temperature to the desired temperature. With extra heating, it is 

expensive to operate in long-term, as a result, the high-

temperature operation mode is kept only for research purpose. 

During normal operation, the only heat source comes from the 

current solar filed and TES system.  

The cooling system is an indirect water cooling system with 

atmosphere as the final heat sink. SCO2 cycle is sensitive to the 

fluctuation of cycle minimum temperature, especially for the 

near-critical compressor operation. The indirect cooling is 

selected to attenuate the fluctuation of local air temperature 

through the intermediate cooling water cycle. With this indirect 

cooling design, it is also possible to integrate cold storage into it, 

which can be beneficial to stabilize cycle operation and achieve 

higher overall efficiency.   

SCO2 POWER BLOCK DESIGN BOUNDARIES 

The supercritical CO2 cycle to be demonstrated is designed 

to operate with the existing solar field and thermal storage 

system in a commercial project. Therefore, there are more 

constraints to be respected during the SCO2 system design phase: 

1) Design net power output to be 10MWe: The retrofitting

will be done in a commercial project to replace the

original water steam Rankine cycle, therefore, according

to the local regulation, the design power output cannot be

modified.

2) Molten salt exhaust temperature to be lower than 320 °C:

The cold storage tank is design to operate with molten salt

at 290 °C, in order to avoid any technical risk regarding

Table 2 
Main design boundary conditions and hypotheses for preliminary 

performance assessment of demonstration project 

Parameters Value 

SCO2 cycle net power (MWe)  10 

Molten salt maximum temperature (°C)  530 

Molten slat exhaust temperature (°C)  >290 

Design molten salt mass flow rate (kg/s) 80 

Compressor isentropic efficiency (%) 80 

Turbine isentropic efficiency (%) 85 

Heat exchanger min. pinch temperature (°C) 10 

Heat exchanger pressure drop (bar) 1 

Max. CO2 pressure (bar) 250 

Min. CO2 temperature (°C)  35 
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cold tank cooling and thermal expansion, after consulting 

the design team of thermal storage system, 320 °C is 

selected as the upper limit for molten salt exhaust 

temperature.  

3) Molten salt inlet temperature for main heater to be 530°C:

The original design molten salt maximum operation

temperature is 565 °C, but due to the complexity of solar

field control and high variation of weather conditions, the

maximum molten salt achieved is mostly 530 °C.

4) Dry cooling: The 10MWe CSP plant locates in one of the

most water-deficient area in China, therefore, any cooling

system with high need or high consumption of water is

strictly prohibited. Only dry cooling is allowed in this

region.

Figure 3. RC-PH: recompression cycle with preheating 

As a demonstration project, it is important to demonstrate 

performance but in the meanwhile, the risk should be well 

controlled. Higher cycle pressure can help to improve cycle 

efficiency, but it brings also high risk for the design and 

operation of turbine. For ultra-supercritical water steam cycle, a 

30MPa high-pressure turbine design is already achieved and 

commercialized, but for SCO2, a less mature technology, a 5MPa 

margin is taken to reduce the risk of less of experience. 35°C is 

selected as the design minimum cycle temperature in order to 

keep a safe margin with the critical temperature of 31.10°C. For 

the efficiency of turbo-machineries, 89% and 93% is expected 

for compressor and turbine when the technology becomes 

mature, but at the current stage, a 9% margin is taken as a first 

estimation due to lack of experience for most of the suppliers. 

Compared to turbo-machineries, there are more effective and 

comparable reference for heat exchanger, but considering the 

cost, 10°C / 1bar is selected as the minimum pinch temperature 

and maximum pressure drop for the main heat exchanger in the 

cycle. The main design boundary conditions are summarized in 

Table 2. 

Figure 4. RC-DPH: recompression cycle with direct preheating 

SCO2 CYCLE DESIGN 

For the selection of SCO2 cycle, as a SCO2 demonstration 

project to prepare for the commercialization of SCO2 in CSP, the 

selected cycle layout should be optimized for CSP application, 

or at least able to demonstrate all the key cycle configurations. 

In the meantime, the complexity should be moderate in order to 

control the project risk well. Cost is also an important factor to 

be considered. Therefore, all the reheating cycles are not 

considered due to an extra turbine increases significantly the cost 

and has no direct benefit in terms of new technology 

demonstration. Two different approaches are adopted for cycle 

T1

MH

HTR LTR

AC MC

C1

PH

Table 3 
Summary of considered cycles 

Cycle Max

.T 

Min.

P 

CO2 
flow 

Split  ratio Power Eff. MS Outlet 

T+ 

HX UA 

(100% = 4857 

kW/°C)* 

Complexity  

(Nbr. 

Turbomachinery) 

°C bar Kg/s % MWe % °C % 

RG-IC 520 68.5 96.2 - 10.06 34.6 290 100.00 3 

RC-IC 438 82.6 145.9 31.67 9.95 34.2 290 107.47 4 

RC-IC 470 82.0 126.5 33.04 9.33 36.6 320 98.68 4 

RC-PH 439 87.1 162.94 34.17 10.01 34.4 290 133.05 3 

RC-DPH 464 86.9 141.8 24.92 10.18 34.9 290 100.29 3 

RC-IC-PH 468 82.1 137.7 27.74 10.35 35.6 290 113.87 4 

PartC-PH 485 72.3 122.0 41.32 10.40 35.8 290 101.00 4 

*100% means UA=4857 kW/ °C, higher than 100% means the heat exchanger needs more UA 
+ The available molten salt temperature utilization range for this project is 290 °C ~ 530 °C. To maximize the overall power output, the result shows that the molten salt 

will always be 100% utilized, i.e. between 290 °C and 530 °C. 
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selection: one based on expertise and the other based on a SCO2 

cycle superstructure developed by Zhao Qiao in EDF R&D [20]. 

In order to achieve a good compromise of demonstration 

interest for future commercial project, salt utilization, cost, 

complexity and efficiency, a wide range of cycles are studied, six 

among them are presented in this paper: 

1) Regenerative with intercooling (RG-IC)

2) Recompression with intercooling (RC-IC)

3) Recompression with preheating (RC-PH)

4) Recompression with direct preheating (RC-DPH)

5) Recompression with intercooling and preheating (RC-

IC-PH)

6) Partial cooling and direct preheating (PartC-PH)

Figure 5. RC-IC-PH: recompression cycle with intercooling and 

preheating 

With the cycle power output as the final optimization 

objective function (Details on the optimization can be found in 

another study of the author [21]), these 6 cycles are modeled and 

optimized within the imposed boundary conditions by this 

project. The key parameters after optimization for each studied 

cycle is shown in Table 3. The final results show that SCO2 

cycles tend to use 100% of the molten salt available to maximize 

the power output. RG-IC offers a very good performance 

especially considering its simplicity and underlined lower risk 

for development and low cost. However, due to its incapability 

to solve the pinch problem in the recuperator, RG-IC could not 

achieve a high efficiency which would be interesting enough for 

the future commercial project. Therefore, RG-IC is not selected 

for this project which is dedicated to demonstrate an optimal 

cycle for CSP. Within the constraint imposed, especially the one 

that limits molten salt outlet temperature to be lower than 320 

°C, RC-IC cycle could possibly reach a higher efficiency of 

36.6% with MS exhaust temperature of 320 °C, but it produces 

less power. Preheating, in this case, helps to improve slightly the 

efficiency at the cost of 30% more heat exchanger. A different 

way to implement preheating, called “Direct preheating”, can 

improve further the efficiency and with smaller heat exchanger, 

by using only one recuperator in the cycle and make the 

recompression flow go directly into the preheater. The better 

performance of “Direct preheating” mainly comes from the 

hypothesis made for the performance evaluation, because with 

only one recuperator, it helps to save compression work. The 

difference between PH and DPH is shown by Figure 3 and Figure 

4. RC-IC-PH and PartC-PH cycles give very similar

performance, with a higher efficiency than the others. However, 

PartC-PH cycle is a trans-critical which will bring big challenge 

to the design and operation of compressor. Therefore, RC-IC-PH 

cycle is finally selected for the implementation, even with a 14% 

bigger heat exchanger.  

In the RC-IC-PH cycle, with the demonstration boundary 

conditions imposed, the CO2 flow is heated to 468 °C by 530 °C 

molten salt in the main heater, then is discharged in the turbine 

from 250 bar to 85 bar. The hot outlet flow of turbine goes 

through the recuperators to transfer the remaining thermal energy 

into the cold CO2 flow on the other cycle of cycle, then is split 

into two parts. One flow, ~72% of total flow, goes into the pre-

cooler to be cooled to 35 °C, pre-compressed to 107 bar then re-

cooled to 35 °C for the final compression to 250 bar, the high 

pressure flow then enters the LTR to recuperate the thermal 

energy of turbine outlet flow. The other flow, ~28% of the total 

flow, goes into the auxiliary compressor to be compressed 

directly to 250bar, then mixed with LTR cold outlet flow. Before 

entering HTR, one part of flow, ~30%, is re-split into the 

preheater to be heated by the low-temperature molten salt which 

comes from the outlet of main heater, the other part goes into 

HTR to be heated by hot turbine outlet CO2 flow. These two flow 

mix before the main heater, and are then heated to the maximum 

temperature before entering turbine. This cycle achieves 35.6% 

of cycle net efficiency and 100% utilization of molten salt, which 

brings no significant modification to the operation of storage 

system and solar system. It produces 10.35MWe as the gross 

power with maximal temperature and pressure of 468°C and 

250.0bar, minimum temperature and pressure of 35.0°C and 82.1 

bar, recompression split ratio of 27.74%. A summary of turbo-

machinery parameters and heat exchanger parameters is given in 

Table 4 and Table 5. 

Table 4 
Summary of turbomachinery parameters 

Turbine PC MC AC 

Power (MW) 16.1 0.6 2.4 2.8 

Inlet T (°C) 468 35 35 68 

Inlet p (bar) 250 82 106 83 

CR 2.9 1.3 2.4 3.0 

Mass flow rate (kg/s) 137.7 99.5 99.5 38.2 

Table 5 
Summary of heat exchanger parameters 

LTR HTR PH MH C1 C2 

Heat duty (MW) 20.8 26.5 7.5 21.6 14.5 4.2 

Average LMTD (°C) 15.5 18.9 25.4 36.5 15.3 10.6 

UA (kW/K) 1488 1468 339 745 1094 396 

Effectiveness (%) 88.6 89.1 90.6 91.5 70.6 57.9 
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SUPERHEATING SUBSYSTEM 

SCO2 cycle starts to show advantage compared to water 

steam Rankine cycle when the cycle maximal temperature 

reaches around 550 °C (This temperature depends on the design 

of SCO2 and water steam cycle). Even with the current molten 

salt, when turbine and compressor design and manufacturing 

become mature, i.e. compressor efficiency reaches 89% and 

turbine efficiency reaches 93%, it is also possible for a SCO2 

cycle without reheating of 500 °C / 30 MPa to reach the same 

level of cycle net efficiency as a water steam cycle (around 

45.3%) at the cost of around 4% loss of molten salt storage 

potential. Considering SCO2 has the potential to save power 

block cost, increase significantly flexibility and reduce parasitic 

energy consumption, it remains a strong competitor of water 

steam cycle at this temperature level. However, in order to be 

able to fully demonstrate the feasibility of SCO2 cycle for the 

future generation of CSP technology with higher temperature 

thermal storage medium in the scope of this project, it is 

necessary to raise the SCO2 cycle temperature to a higher 

temperature, at least beyond 620°C.  

Yet, with today’s solar system and solar salt in Dunhuang 

plant, the molten salt can only be raised to 565°C at most, which 

is not enough compared to the desired temperature. Therefore, a 

superheating system is considered. To realize the superheating 

block, seven options have been preliminarily reviewed: three 

options with direct heating of CO2 and four options with indirect 

heating of CO2, with an intermediate heat transfer fluid (HTF): 

1) Direct heating by gas combustion: CO2 enters a natural

gas boiler at a temperature around 500 °C and leaves at

620 °C. Considering the SCO2 gas boiler has been used

in TPRI’s 5 MWe project, there is no significant technical

barrier to overcome. However, with a high inlet flow

temperature of around 500 °C, the efficiency of gas boiler

is very low. It is possible to redesign the boiler to make

use of the low-grade heat of flue gas, but this increases

significantly the system complexity with no interest for

the future CSP application. In the meantime, natural gas

is expensive.

2) Direct electrical heating supplied by a PV solar farm: CSP

with PV is a commercially interesting concept to be

demonstrated. After evaluation with self-developed

dynamic model, a 5MWe solar PV farm is needed to

generate enough electricity for superheating, which

implies a large amount of supplementary investment. In

addition, the policy complexity of coupling a commercial

PV project with a demonstration project also brings huge

challenge to make this PV farm profitable. Another

reason is that the instability of PV electricity production

may make the experimental plan unpredictable or high

additional cost from the purchase of electricity from the

grid.

3) Direct electrical heating supplied by auto-consumption:

This approach could be implemented if the high

temperature operation mode is not too often and for

research use only. Nevertheless, electric heater that is able

to withstand very high pressure (200~300bar) are 

expensive. 

4) High temperature heat transfer fluid in the receiver and

storage: This approach has been seriously considered as

the receiver design of the demonstrator is able to

withstand up to 900°C. But the molten salt and the storage

system is not able to withstand a temperature up to 620

°C. New heat transfer fluid and new storage tank can be

implemented but only after a dedicated material corrosion

test on the new heat transfer fluid. Besides, the investment

is very high.

5) High temperature heat transfer fluid heated by electrical

heating from auto-consumption or PV farm: To simplify

the electrical heater design and cut its cost down, the use

of indirect heating is considered. Besides, this option

allows the demonstration of high-temperature HTF / CO2

heat exchanger, high-temperature HTF electric heater and

the high-temperature HTF operation, which is useful for

the design of future-generation of CSP. This option will

be prioritized for this conceptual design.

6) High temperature heat transfer fluid heated by gas

combustion: This option reduces some potential

difficulties in the design of the gas heater and allow the

demonstration of a HTF/CO2 superheater, but it has the

same problem as mentioned in option 1.

7) High temperature heat transfer fluid heated by gas engine

exhaust: This option aims to mitigate the fuel cost of gas

heating by the cogeneration of electricity and high

temperature HTF but today there is no available gas

engine or gas turbine with an exhaust gas temperature

above 650°C at the required scale. Moreover, it is very

unlikely that this option could contribute to reduce

lifetime cost of the demonstration.

Based on this review and analysis, option 5 (indirect 

electrical heating) will be considered as main solution, mainly 

due to its long-term interest for future generation of CSP. 

Technical and economical assessment of this option is ongoing. 

If it is not validated at the current phase or classified as high risk, 

a smaller scale high-temperature HTF operation loop will be 

built for material test and loop operation study. In the meantime, 

option 1 and option 3 are taken as backup solution if no 

technically and economically feasible HTF is found.  

Several promising candidates for HTF under discussion now 

are Chloride salts (ClMgNaK and ClZnNaK), Nitrate Salt, 

sodium and low melting point glass. 

COOLING SYSTEM WITH COLD STORAGE 

Dunhuang, located in North-West region of China, belongs 

to temperature continental climate zone, whose main 

temperature charateristics is the large annual mean temperature 

difference. As indicated by Figure 6, Dunhuang has an annual 

temperature difference of 58.7 °C and an annual mean 

temperatrue of  9.78 °C. Besides, the daily temperature 

difference is also very high: even during the hotest day when the 

daily highest temperatrue is 38 °C, the minimum temperature can 

be as low as 17 °C. This kind of annual temperature distribution 
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makes it an ideal case to test cold storage. Figure 7 shows the 

average daily temperature for every month in Dunhuang. It can 

be observed that even during the hottest monthes, i.e. June, July 

and August, there are only 9 hours per day when ambient 

temperature is higher than 25 °C. For the rest 15 hours, the 

ambient temperature is lower than 25 °C with an average 

temperature of 20 °C and a minimum temperature of 16 °C. 

Based on this daily temperature difference, together with proper 

sizing and operation of air cooler, there can be sufficient cooling 

source to maintain the SCO2 cycle operated with the highest 

efficiency during a whole day.  

Figure 6. Yearly temperature distribution in Dunhuang 

Figure 7. Daily temperature profile in Dunhuang 

A simplified dynamic model is build for the cooling system 

with the objective to conduct a preliminary performance 

assessment. The model consists of the following key modules: 

 Air cooler: the air cooler is modeled assuming that there

is an ideal controller to reduce the cooling water

temperature to the desired temperature level which is the

real time air temperature – design air cooler pinch.

 A water/CO2 heat exchanger: it is modeled in detail to

give a precise estimiation on the cooling water flow

required to cool down the CO2 flow to the design

temperation before entering compressors, when the

temperature of cooling water changes due to ambient

temperature variation. For more modeling detailes, you

can refer to another paper presented by EDF R&D China

on dynamic modeling and control system design.

 Cold storage water tank: it is modeled as a perfectly

stirred reactor.

The main opeation logics of cooling system are: 

 The air cooler is operated at full load whenever the

ambinet temperature is below design ambient

temperature. Otherwise, it is stopeed.

 The cold stoage is discharged whenever the cooling

water is needed, at the required flow rate.

Figure 8. 24-hour continuous full-load operation during a typical day in 

August, with air-CO2 pinch of 15 °C, initial storage water temperature 

of 25 °C, an oversized air cooler, two times capacity than that required 

during cycle full load: (1) Evolution of cold water storage amount; (2) 

Evolution of ambient temperature; (3) Evolution of cold water storage 

temperature; (4) Evolution of required cold water for SCO2 system. 

For the selected demonstration cycle, given a constant 5 °C 

temperature pinch for air cooler and 10 °C pinch for the CO2 

cooler, the maximum design ambient temperature is 20 °C. 

Thereforem, the air cooler is set to operate only when ambient 

temperature is below 20 °C. The dynamic model created is used 

to simulate a 24-hour full-load continuous cycle operation in a 

day with a typical daily temperature profile in August, which 

represents the typical temperarture profile that one of the hottest 

month would have. Figure 8 shows the transient behavior of cold 

storage during the day with an oversized air-cooler capacity, two 

times capacity than that required during cycle full load. The cold 

storage tank is initiated with 10k tons 25 °C water. At the 

beginning of the day, the ambient temperature is higher than the 
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design temperature, air cooler does not work at the moment, then 

a slight decrease is observed. But later, the ambient temperature 

decreases below 20 °C. It creates a perfect heat sink for air 

cooler, therefore air cooler is controlled to work at full load, 

generates two times than necessary cold water, resulting in an 

accumulation of cold water in the storage tank. The storage is 

used later during the day when ambient temperatrue is much 

higher than the design temperature. Finally, with the over-sized 

air cooler, at the end of day, there is still enough water storage 

for the next-day operation even with a hot weather like this day. 

Air cooler only works 42% of a day while the cycle operate at 

full time and full load, with no impact from hot ambient 

temperature on the cycle operation and efficiency. The peak 

storage is reached when the temperatrue starts to exceed the 

design criterion. During the day, due to the lower ambient 

temperature region, the storage water temperature decreases 

monotonically until the moment when air cooler does not work 

any more. This trend helps a lot to reduce the consumption of 

cold storage because with a lower cold temperature, a lower mass 

flow rate is sufficient to achieved the same cooling requirement. 

Figure 9. 24-hour continuous full-load operation during a typical day in 

August, with air-CO2 pinch of 10 °C, initial storage water temperature 

of 30 °C, an sub-sized air cooler, 80% capacity than that required during 

cycle full load: (1) Evolution of cold water storage amount; (2) 

Evolution of ambient temperature; (3) Evolution of cold water storage 

temperature; (4) Evolution of required cold water for SCO2 system. 

If the air/CO2 temperature pinch is reduced to 10 °C, 5 °C 

for air/water and 5 °C for water/CO2, as shown by Figure 9, the 

peak storage is significantly reduced to 160k ton, meaning that 

the storage could be reduced as well as the initial investment. In 

the meantime, the air cooler allowed operation time is increased 

from 8 hours to 12 hours, therefore, the air cooler capacity is 

reduced to 80% of that required at cycle full load. This further 

reduce the cost of air cooler, even compared to the case with no 

cold storage. Besides, it should be emphasized that this is the 

operation during the hottest day with no deep optimization on the 

control of storage. If more efforts could be done, there is still 

space for further optimization. 

Alternatively, by taking into account the possibility to 

implement cold storage, the design minimum temperaure could 

be reduced to further increase the cycle design efficiency, even a 

SCO2 Rankine cycle could be considered. For a recompression 

cycle with intercooling and preheating, given the mature 

technology hypothesis (turbine efficiency 93%, compressor 

efficiency 89%, 5 °C pinch and 1 bar pressure drop for heat 

exchangers), Figure 10 underlines the benefit of reducing cycle 

minimum temperature. In this case, when cycle mnimum 

temperature is reduced by 5 °C, efficiency is increased by 

+1.34pt%. Considering the significant efficiency improvement 

potential and the daily electricity price variation, it could also be 

economically feasible to implement extra cooling facility with 

cold storage. Detailed techno-economic analysis will be done 

further evalute its feasibility and benefit. 

Figure 10. Variation of cycle efficiency with respect to cycle minimum 

temperature for a recompression SCO2 cycle with intercooling and 

preheating, which operates with molten salt between 565 °C and 290 

°C, turbine efficiency of 93%, compressor efficiency of 89%, heat 

exchanger pinch of 5 °C and heat exchanger pressure drop of 1 bar  

During winter, as shown by Figure 7, the maximum daily 

temperature is only 0 °C. Freezing may bring problems to the 

operation. Therefore, necessary insulation or putting the main piping 

underground are considered to prevent the freezing risk. Base the 

experience of thermal power plant operated in the same region, these 

measures should be enough to solve this issue. 

CONCLUSION 

In this paper, the Shouhang-EDF SCO2 demonstration 

project is presented, in terms of overall system design, key 

technical path selection and consideration. The main conclusions 

are as follows: 

1) As an industrial scale SCO2 project integrated with a

commercial CSP plant, it is able to demonstrate

equipment design, system design and operation that could

be scaled up to large industrial application of SCO2 cycle.
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2) Superheating solutions are now under investigation. It

will be implemented in the second phase of project, but

during the design in the first phase, all the necessary space

and connections are kept for the further implementation

of superheating block. Besides, in the first phase, material

test will be done for high-temperature heat transfer fluid,

and a small test loop for high-temperature heat transfer

fluid is under discussion.

3) The climate in Dunhuang makes it an ideal place to

implement cold storage in order to achieve better overall

efficiency. The detailed investigation is ongoing to find

the optimal design by taking into account the power plant

operation and cost.

4) The SCO2 RC-IC-PH cycle is selected for the final

implementation as a compromise demonstration interest

for future commercial project, salt utilization, cost,

complexity and efficiency. It achieves a net efficiency of

35.6%. 

The conceptual design and the first-round discussion with 

possible suppliers are finished. The second round discussion will 

be closed before the end of May, 2019, when a short list of 

suppliers will be determined for the following detailed 

discussion. In parallel, the basic design is ongoing, cooperating 

with design institute. The final determination of key equipment 

supplier will be fixed before June, 2019. Because after the clear 

definition of project scope, the project is progressing 

aggressively recently, it is expected to have more to discuss 

during the conference in September. 

NOMENCLATURE 

Symbols 

A Heat exchanger area (m2) 
𝑃 power (MW) 

𝑝 pressure (bar) 

𝑇 temperature (°C) 

U Heat exchange coefficient (W/m2/K) 

Abbreviations 

AC auxiliary compressor 

C cooler 

CO2 carbon dioxide 

CR Compression ratio 

CSP concentrated solar power 

HTF heat transfer fluid 

HTR high temperature recuperator 

HX Heat exchanger 
IC intercooling 

LCOE levelized cost of electricity 

LMTD log mean temperature difference 

LTR low-temperature recuperator 

MC main compressor 

MH main heater 

MS Molten salt 
PartC partial cooling 

PC pre-compression / pre-compressor 

PCHE Printed circuit heat exchanger 

PH Preheating / preheater 

PV Photovoltaic 
RC recompression 

RG regenerative 

RH reheating 

SCO2 supercritical CO2 

TES thermal energy storage 
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ABSTRACT
Replacing steam water by supercritical CO2 is a promising track

for increasing the thermal efficiency of concentrating solar power
plants, likely to facilitate the development of this industry. Adopt-
ing this new working fluid requires first a careful optimal design
of the power cycle. In this work, we propose a novel, fully data-
driven approach to address this task. Unlike state-of-the-art meth-
ods, which rely on some expert knowledge and an intrinsically lim-
ited search space, our method freely explores the solution space in
an unconstrained and efficient manner. We revisit cycle design and
formulate this problem as a machine learning task consisting in
training a statistical generator. Starting from a limited number of
random power cycle layouts, we are able to train a model, namely
a recurrent neural network, from which new layouts can be sam-
pled. These new configurations are thermodynamically valid, i.e.
they do correspond to cycles from which a thermal efficiency can
be computed. Besides, we show how to transform the model to
bias the samples towards regions of both high thermal efficiency
and net shaft power. The final model is efficient, with at least 86%
of the newly created layouts outperforming a target specification
of 30% thermal efficiency and 10 MW net shaft power. Numerical
experiments finally prove that the method successfully generates a
large pool of good cycles that compare favourably with standard
expert designs, suggesting thus that machine learning can chal-
lenge expert knowledge in process synthesis problems.

INTRODUCTION
Improving the thermal-to-electric conversion efficiency of ther-

mal power plants is an active field of research, because of the
pressing need for reducing the carbon dioxide (CO2) emissions
released by the power industry. Whereas most thermal plants,
whether they are nuclear, fossil or concentrating solar power (CSP)
plants, are based on a steam cycle, closed-loop Brayton cycles us-
ing supercritical carbon dioxide (SCO2) as a working fluid are now
being investigated [1–4]. Compared to steam, SCO2 is thought to

bring cost and environmental impact reduction as a result of an in-
creased efficiency, a more compact turbomachinery, and a simpler
configuration of the power block. These desirable properties stem
from the high-density and strongly non-linear behaviour of car-
bon dioxide near its easily reachable critical point, at 30.98◦C and
73.8bar. In particular, the compression work for CO2 cycles near
the critical point is greatly reduced compared to other working flu-
ids [1]. Looking more specifically at CSP cycles, advantageously
replacing steam by SCO2 could thus further foster the develop-
ment of this emerging industry. Indeed, while CSP coupled with
thermal energy storage is able to handle the intrinsic variability of
the solar radiation by decoupling the solar-to-thermal and thermal-
to-electric conversions, its cost remains high - typically from 60 to
around 100 $/MW in the near future according to the International
Renewable Energy Agency (IRENA). By improving the thermal-
to-electric efficiency of the power cycle, SCO2 could help lower-
ing the cost of CSP. However, while the techno-economic perfor-
mances of the steam cycle for CSP are well understood, SCO2 cy-
cles remain largely theoretical objects whose layout and parameter
optimization should be further examined. How then to synthesize
a highly efficient SCO2 power cycle for CSP application?

This task, called process design, is a complex parametric op-
timization problem. Expert methods were first developed: some
cycle layouts are selected using domain knowledge, and the free
parameters of each layout are then optimized with respect to some
criteria, for instance energy efficiency [5], exergy efficiency [6] or
cost and performance trade-off [7]. Typical layouts are the regen-
erative, recompression, intercooling, pre-heating cycles, etc. [8].
This strategy fails nevertheless to design power cycles automati-
cally, and do not enable the comparison of many configurations,
such that more relevant ones could be missed.

Optimization-based approaches have thus emerged, to extend
expert designs. They usually rely on a superstructure which con-
tains a combinatorial number of layout alternatives. For instance,
the superstructure in [9] involves 1152 layouts of a SCO2 coal-
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fired power plant. Superstructure optimization is a mixed-integer
nonlinear programming problem, where the best cycle configura-
tion and its corresponding best design parameters are found si-
multaneously [9, 10]. Although the solver converges towards an
optimal configuration within the superstructure, the optimization-
based approach suffers from the same limitation as the expert de-
sign. Even if larger, the search space remains intrinsically limited
by the current state-of-the-art knowledge since the superstructure
is drawn by an expert. Potentially relevant solutions outside the
superstructure are therefore also left out. Besides, defining a com-
prehensive superstructure is a complex error-prone task.

Consequently, optimization-based yet superstructure-free syn-
thesis approaches are currently searched for in order to better ex-
plore the solution space. In this regard, see for instance the use of
evolutionary algorithms applied to a population of power cycles in
[11, 12]. Such algorithms usually iterate through three main steps:

1. generate new power cycles;

2. evaluate their fitness (e.g. their thermal efficiency);

3. learn from the previous steps to search for better cycles.

Step 1 focuses on proposing new power cycle layouts. In [11–13],
this is achieved by carefully choosing the mutation operator of the
evolutionary algorithm. Step 2 requires solving a generally non-
linear optimization problem for every fitness computation. Finally,
step 3 may take several forms, e.g. selection rules in evolutionary
algorithms [11–13]. A distinguishing feature of the new method-
ology is thus its genericity, with little to no application-specific
knowledge. Another feature is the data-driven approach, by eval-
uating the fitness of successive sets of possible candidates, until
the algorithm converges towards a pool of good power cycles with
high fitness. Because these already existing data-driven contribu-
tions require either further validation on the complex power plant
design problem [13] or a non-negligible expert knowledge for de-
signing the mutation operator [11], we identify the need for explor-
ing new fully data-driven approaches going beyond evolutionary
algorithms.

Study objectives

Our main purpose is to propose a new data-driven process syn-
thesis method able to challenge expert designs. The method should
freely and efficiently explore the search space, in order to produce
a large set of good power cycles and look for solutions experts
could have missed. The recent advances of deep learning [14]
suggest to formulate this machine learning problem as a gener-
ative statistical task. This means that, given a predefined set of
power cycles, we aim at estimating a statistical model from which
we can sample new power cycles, close but distinct from the ini-
tial set. As a first step, we investigate whether a state-of-the-art
deep learning model, namely the recurrent neural network, is able
to fulfill this task by generating new layouts that are all thermody-
namically valid, i.e. that correspond to actual power cycles whose
thermal efficiency can be assessed (regardless of its actual value).
The second objective is then to derive a statistical generator that

C1 X1 M X2 H

TC2SA

Figure 1: Graph representing the recompression SCO2 power cy-
cle. T: turbine, C: compressor, A: cooler, H: heater, X: heat ex-
changer with cold (resp. hot) stream flowing horizontally (resp.
vertically), S: splitter, M: mixer.

not only produces new, thermodynamically valid, layouts, but also
concentrates specifically on highly efficient designs. We will use
transfer learning, i.e. adjust the parameters of the statistical model
trained during the first step, to derive this specialized model.

We focus here on SCO2 CSP power cycles, with heat transferred
from molten salt (60 wt% NaNO3 and 40 wt% KNO3), and solar
tower technology. Yet, the methodology applies equivalently to
any other power cycle. Before describing in more details the mod-
els and results obtained in this work, the next section introduces
the data representation and available dataset.

DATASET

1. Representing power cycles

Graph representation

In this paper, a supercritical carbon dioxide power cycle is rep-
resented by a directed graph. The components of the cycle are the
elementary units that may be part of any power cycle, namely a
heater (molten salt-CO2 heat exchanger), a turbine, a compressor,
a cooler, a CO2-CO2 heat exchanger, and 2-branch splitters and
mixers. They are converted into the vertices of the graph, whereas
CO2 flowing from component A to component B is equivalent to
a directed edge between the corresponding nodes. Without fur-
ther input, the graph only informs about the topology (layout) of
the cycle, and not about its thermal state. As an example, see the
recompression cycle depicted in Figure 1.

String representation

We introduce furthermore a string representation of a power cy-
cle, and state that a power cycle may be uniquely represented by
a word, i.e. an ordered sequence of letters. Consider indeed the
alphabet A = {T, C, H, A, a, b, c, d, 1, 2, 3, 4, 5,

-1, -2, -3, -4, -5}, where script-size letters a, b, etc. de-
note semi-heat-exchangers, a positive integer denotes a mixer and
its opposite value the corresponding splitter, while T, C, H, A

are as in Figure 1. The alphabet A is given in its (arbitrarily de-
fined) lexicographic order. A power cycle graph is then translated
into a word as follows:

1. start from an empty string, select the unit ranked first in lexi-
cographic order, i.e. a turbine, and append the corresponding
letter to the string. The word reads thus T. In case of multiple
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"..aa.."

◦
"..-1a..-1a..."

Figure 2: Examples of thermodynamically infeasible (left, fluid
heating itself) or unsuitable (right, shared inlet conditions) heat ex-
changer designs, and corresponding words with spelling mistakes.

turbines, select the one whose successor appears first in A .
Example: for a cycle including two turbines, one followed by
a heat exchanger, the other by a heater, choose then the latter
one, since H comes before a in A .

2. ”follow the flow”: move to the unique successor of the tur-
bine, append its associated letter to the word, and iterate until
the successor of the current component is the initial turbine.

A few special rules are added to guarantee the uniqueness of the
word. (i) Every heat exchanger in the cycle appears twice in the
word, for it has two sides. These two sides are denoted by the same
letter, e.g. a, meaning that they belong to the same exchanger - it
is not necessary to distinguish between cold and hot. (ii) 2-branch
splitters and mixers always come in pairs, one pair should be de-
noted by a single index in absolute value (e.g. a pair (-1, 1)). (iii)
The first encountered heat exchanger should be denoted a, the sec-
ond b, etc. i.e. the numbering respects the standard lexicographic
order. Similarly for pairs of splitters/mixers. (iv) Assume the cur-
rent component is a splitter. Because it has two successors instead
of one, the ”follow the flow” rule is complemented as follows:

• append its letter (say e.g. -1) to the word;

• explore the first branch in lexicographic order, follow the flow
and augment the word, until the associated mixer 1 is met;

• if the mixer has been seen before, i.e. 1 appears now twice in
the word, then continue the exploration forward, i.e. move to
the unique successor of the mixer 1;

• otherwise, return to the root splitter -1, augment the word by
following the flow in the other branch until mixer 1 is met.
Mixer 1 appears now twice in the word, so the exploration
continues forward from 1.

A splitter appears thus exactly once in the word, its corresponding
mixer exactly twice. Example: the word equivalent to the recom-
pression cycle in Figure 1 is Tab-1C1ACb1aH.

The benefits of using words lie in the uniqueness and compact-
ness of the representation. Because of the specific properties of a
power cycle, the lexicographic order defined on A and these sim-
ple spelling rules, there is indeed a one-to-one bijection between
graphs and words. Hence, the finite alphabet A and the rules de-
fined in this section form a language for describing power cycle
layouts. This formal grammar is built in analogy to the SMILES
format for representing molecular structures [15].

Table 1: Supercritical CO2 CSP plant design constraints.

Symbol - description Value

Tmax - maximum operating temperature 560◦C
Tmin - minimum operating temperature 35◦C
Pmax - maximum operating pressure 250bar
d pc - pressure drop (cooler) 0.5bar
d phx - pressure drop (heater, exchanger) 1bar
∆T - temperature pinch (heat exchanger) 5K
ηc - isentropic efficiency (compressor) 0.89
ηt - isentropic efficiency (turbine) 0.93
ṁ - molten salt mass flow 80kg/s
T1 - molten salt minimum temperature 290◦C
T2 - molten salt maximum temperature 565◦C

2. Available data

In order to assume the least possible expert knowledge in the
course of process design, the initial database consists of a set of
random cycles. More precisely, building on the graph represen-
tation, each cycle is obtained firstly by creating a closed graph
containing the minimal set of units, i.e. turbine, cooler, compres-
sor and heater. Then, a random number of random components
are inserted in the cycle at random locations, with equal probabili-
ties. Finally, graphs that are thermodynamically infeasible are dis-
carded. To do so, they are first converted into words. Then, a set of
hand-designed rules are established in order to link invalid power
cycles to invalid sequences of letters. Indeed, the link between
graph structure and thermodynamic feasibility can easily be spot-
ted by using the equivalent string representation. Example: Figure
2 shows some sequences of letters that yield unsuitable cycles. For
instance, words including the pattern "..aa.." are rejected, be-
cause they correspond to cycles having an exchanger whose outlet
stream of the first half is used as input to the second half. Simi-
larly the pattern "..-1a..-1a..." is unsuitable, since it means
that the exchanger a has two inlet streams at the exact same ther-
modynamic conditions (coming from the same source, the splitter
-1). These two rules, and additional ones omitted here for sake of
brevity, are enough to assess the validity of a word.

Fitness evaluation

A labeled dataset is obtained by maximizing a user-defined fit-
ness function, chosen here to be the product P×η of the net shaft
power output P = (|Pt |− |Pc|) in MW and the thermal efficiency
η = P/Qabs in %, where Pt is the power generated by all the tur-
bines of the cycle, Pc the power consumed by all the compressors
and Qabs the total heat transferred to the working fluid in molten
salt/CO2 heat exchangers. Each power cycle configuration is sub-
jected to the same set of design constraints, representative of the
expected technology advancement for developing a 10 MW SCO2
CSP plant with solar salt (60 wt% NaNO3 and 40 wt% KNO3)
tower technology, and summarized in Table 1.

The free parameters are the target temperatures of the heaters
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and coolers, the pressure ratios of the turbomachinery as well as
the mass fraction of the splitters. The static equations leading to η

may be found in any thermodynamics textbook, e.g. [16].
This problem is implemented in Python, with thermodynamic

fluid properties computed by the CoolProp library [17]. NetworkX
[18] is used to handle graph data, with the thermodynamic state of
each component stored as node attribute. The nonlinear optimiza-
tion task is solved by a Particle Swarm Optimizer (PSO, [19]) with
100 randomly initialized particles. The best particle after conver-
gence of the PSO is then used as initialization of a simplex algo-
rithm (Nelder-Mead algorithm, [20]).

METHODS
Given the dataset described in the previous section, we are now

ready to formulate our machine learning task. Starting from a
collection D0 of power cycle layouts, the first step towards data-
driven process design is to learn a statistical model able to sample
from the unknown distribution underlying D0, i.e. able to produce
new power cycle layouts, representative but distinct from the cy-
cles in D0. Using the string representation, the model should thus
generate new valid words. By valid word, we mean a sequence of
letters in the alphabet A that can be converted into a power cycle
from which a thermal efficiency actually can be computed. Exam-
ple: Tab-1C1ACb1aH (recompression cycle) and TaACaH (regen-
erative Brayton cycle) are valid sequences, but TAH (no compres-
sor C in the cycle) and TaaACH (infeasible heat exchanger) are not.
The purpose is therefore to learn “the language of power cycles”,
we refer to this task as the language, or spelling, learning.

The second task consists then into specializing the statistical
model such that it generates only power cycles with certain desired
properties, for instance a high thermal efficiency.

1. Recurrent neural networks

The statistical generative model is chosen to be a recurrent neu-
ral network (RNN), a class of neural networks that allows feedback
to handle sequential data [21]. RNNs are used e.g. in natural lan-
guage processing, to automatically generate meaningful sequences
of words, i.e. sentences [22]. Power cycles are also sequential
data, being ordered sequences of units represented by letters in
A . The inputs of our RNN will be sequences of fixed-size vec-
tors, where each unit is converted into a unique vector by adopting
one-hot encoding: to the ith letter of A corresponds a vector of
size |A |, whose entries are 0’s, except the ith one set to 1. A
power cycle is thus a sequence of one-hot vectors. RNNs are at-
tractive models since they allow for persistency of the information,
i.e. memory, and can deal with correlations between data points
close in the sequence. Besides, they can handle inputs of variable
dimension, i.e. power cycles with a variable number of units.

Assuming that it operates over vectors x(t)
N
t=1, with index t refer-

ing to the order of appearance in a sequence, a RNN is a N-layer
neural network, with the concept of memory of the network trans-
lated by introducing the notion of a cell. At a given step t, the
cellt is the result of the previous cellt−1 and the current input x(t).
The content of cellt determines then both the output at the current

cellt−1

x(t−1)

o(t−1)

cellt

x(t)

o(t)

cellt+1

x(t+1)

o(t+1)

. . .. . . W W W W

U U U

V V V

Figure 3: Unfolded recurrent neural network representation.

step and the next state of cellt+1, as shown in Figure 3. Let vector
ht denote the hidden state of cellt , ht encapsulates the memory of
the network. We have ht = σ(Ux(t)+Wht−1), with σ a nonlinear
function, e.g. the sigmoid σ : R 3 x 7→ 1/(1+ exp(−x)) ∈ (0,1).
The output at step t is o(t) = f (V Ht), with f a given function. For
instance, if f = softmax, the vector o(t) is then a probability dis-
tribution across A for the next item X (t+1) in the sequence. The
weight matrices U,V,W are shared across time: the same task is
performed at each step, only with different inputs.

Long short-term memory A major shortcoming of conven-
tional RNN is their poor ability to catch long-term dependencies in
the data, failing to account for close relations between x(t) and x(t

′)

for t ′� t. Long short-term memory (LSTM) networks, a subclass
of RNNs, were thus introduced to address this issue [23]. They
share the structure depicted in Figure 3, except that the design of
the cell is modified: LSTM cells have fours layers, against one for
RNNs. These four layers interact in order to remove or add infor-
mation to the cell state. See [23] for further information on the
detailed structure of LSTMs.

Generative net Consider a RNN whose output o(t) is the
probability distribution of the next input x(t+1): o(t) =
P(x(t+1)|x(1), . . . ,x(t)). For instance, here, the RNN computes the
probability of the ith component of a cycle given the first i−1 units.
Suppose, by convention, that any word starts with a GO token and
ends with an EOS (end of sequence) token. Then, once the RNN
is trained, it can be used to generate new sequences: start with a
GO token, sample the next element in the sequence from the output
P(x(t+1)|x(1), . . . ,x(t)) = P(x(2)|x(1)), and iterate until an EOS token
is sampled. Hence, sequences of variable length may be generated.

2. Language learning from few data

In practice, training RNNs requires large amounts of diversified
data, which we do not have. We proceed thus to data augmentation
and suggest to use RNNs alternatively in training and generative
modes in order to enlarge an initial set D0 of random cycles.

1. Set index k = 0.

2. Use the cycles in Dk to train a RNN model.

3. Use the model learned in 2. to generate new cycles, filter out
the invalid cycles, append the remaining ones to Dk, forming
a new, augmented, dataset Dk+1.
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4. k← k+1, return to 2. until a maximum number of iterations
is reached.

For the procedure to be relevant, we use the rules described in
the Dataset section to automatically filter out invalid words. The
rules are applied at step 3 of the procedure, and not during step 2:
the trained model is merely told what to imitate (the input data),
not what to avoid. Observe also that the RNN trained from Dk+1
is not a finetuned version of the RNN trained from Dk, since its
parameters are randomly initialized. Each model is trained from
a database of increasing size, such that after a few iterations, the
RNN should be able to mostly generate valid power cycles.

3. Finetuning

For the purpose of power cycle design, the actual machine learn-
ing task we aim at is to generate highly efficient cycles, not merely
power cycles. Here, we want power cycles with fitness P×η > δ ,
for a predefined threshold δ . Because the number of cycles in D0
meeting this criterion is very small, training a RNN directly from
this subset would produce an overfitted model. Instead, the desired
model is achieved by a process called transfer learning, or finetun-
ing. Firstly, a RNN is trained to generate thermodynamically valid
layouts, regardless of their fitness value. This language model,
denoted M1, is obtained following the methodology described in
the previous section. M1 is then re-trained on a smaller subset
of cycles sharing the property P ×η > δ , yielding a new model
M2 with the same RNN architecture but different parameters. M1
learns thus general features of power cycles; this knowledge is
stored in its parameters after training. Although M2 is trained
on a different dataset, its parameters are initialized to the values
obtained by M1. In this manner, knowledge (about how to draw a
thermodynamically valid layout) is transferred to the second model
(specialized in generating highly efficient power cycles).

In the end, new layouts are sampled from the finetuned model.
We emphasize the fact that this deep learning method does not pro-
vide any guarantee regarding its convergence towards the ”best”
layout. Its interest lies rather in its ability to create large sets of
data, hopefully meaningful for the process engineer. We say thus
that the exploration of the space of power cycles is efficient if the
new cycles do have their fitness above the predefined threshold δ .

RESULTS AND DISCUSSION

1. Experimental settings

The purpose of the numerical experiments is two fold. Starting
from a small database of power cycles layouts, the first step con-
sists in generating virtually infinitely many new, distinct, power
cycles - regardless of their thermal efficiency. The second task
is more specific: we want to generate power cycles whose layout
guarantees a minimum level of thermal performance of the cycle.
The first task is achieved by (i) training a RNN on the initial, ran-
dom, database, (ii) using this model in generative mode, to produce
new cycles (iii) append valid new cycles to the initial database,
and (iv) iterate until the training set has sufficiently grown and the
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Figure 4: Structure of the RNN model for generating new power
cycles. In training mode, the model learns to predict the compo-
nent (compressor C) that comes next given the beginning of the
cycle (GO token, turbine T, cooler A).

learned model has reached a good success rate in generation mode.
In this case study, we train the RNN to predict the next letter given
the first part of a word (sequence-to-one model). Hence, to every
power cycle w of length n in the training set correspond n−1 pairs
of input-output data for the RNN. These pairs are formed by the
one-hot sequences of the first i letters of w as input, and the one-hot
representation of the i+1th letter as output, for i = 1, . . . ,n−1.

The architecture of the RNN model is displayed in Figure 4. It
has 3 stacked layers, two LSTM layers, each with a hidden state
vector of size 32, and a dense output layer with softmax activa-
tion. The softmax function normalizes the dense layer output in
order to form a probability distribution over the alphabet A . The
dense layer comprises thus 20 units, corresponding to the size of
the alphabet A , including GO and EOS tokens. In total, the model
contains 15,764 parameters to tune. The training is performed us-
ing Keras [24], by minimizing the categorical cross-entropy using
the Adam optimizer (see [14,24]), keeping 15% of the training set
for validation. In generation mode, we sample letters, i.e. power
cycle components, from the distribution given by the softmax ac-
tivation function. All computations are carried out on Python 3.6.

The second part of the study is carried-out by finetuning the
RNN model obtained previously. In particular, the architecture of
the RNN model displayed in Figure 4 is kept unchanged, and so
are the cost function, optimizer and training/validation ratio.

2. Learning the structure of a power cycle

Data augmentation The training process is initialized with a set
D0 made of 450 distinct valid words randomly generated. In this
case study, the words in D0 all contain at most one heat exchanger
as well as at most one pair of splitter/mixer. 10 iterations of the
procedure described in the previous section yield 53,959 unique
words that can be converted into valid power cycles, with learning
curve depicted in Figure 5. Thus, even if the initial dataset is very
small, the iterative procedure succeeds in growing a dataset to a
more reasonable size, along with an accurate model.

Although the alphabet A allows for up to 5 heat exchangers and
5 pairs of splitter/mixer, the generated words are all according to
the initial dataset D0, i.e. with at most one of each of these two
components. This illustrates a limitation of our data augmentation
method: RNN are not able to go beyond the initial dataset, regard-
less of the alphabet, and cannot suggest for instance to use more
heat exchangers. Hence, the shape of D0 strongly determines the
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Figure 5: (Left) Number of power cycles in the training sets Dk
and (right) proportion of valid and unique cycles generated by the
RNN trained on Dk.

kind of layouts produced afterwards by the RNN.

Language model Starting from the 53,959 distinct power cycles,
of which 15% are kept for validation, we trained then another RNN
model, denoted M1, with randomly initialized weights, and gen-
erated 100,000 words. Out of these 100k words, there are 93.1%
valid words that can be converted into power cycles, out of which
87% are unique, of which 86% are new cycles. M1 is thus able
to generate a large number of new layouts, and thereby to explore
the space of SCO2 cycles, within the boundaries set by D0 (e.g.
no more than one heat exchanger). It has learned the language of
power cycles, in the sense that 93.1% of the sequence of letters
it generates do correspond to a power cycle layout from which a
thermal efficiency can be computed. These statistics compare well
with state-of-the-art RNN generative models trained on another
problem, namely de novo drug design. See for instance the RNN
in [25], which generates 94% valid words, out of which 90% are
new. These results are all the more encouraging given that RNNs
in drug design are trained on datasets of typically 105 to 106 sam-
ples, whereas our training set scales in 104.

In order to assess whether the power cycles generated by M1
are functionally similar to the original, random, database, we es-
timated the optimal shaft power P and thermal efficiency η for
approximately 10,000 cycles in each one of the two collections,
where the optimal design is obtained by maximizing the product
P × η . This yields the normalized distributions drawn in Fig-
ure 6. The rather close agreement between the two distributions
proves than M1 has successfully learned how to produce large sets
of new power cycles, at the same time similar (in performances)
and distinct (in layouts) from the original samples.

Figure 6 also underlines the need for finetuning, as it can be
observed that a large share (43%) of the cycles generated by M1
actually consume more power than they are able to produce, and
only a small proportion (less than 4%) have a reasonably good ef-
ficiency (greater than 30%). Again, RNN is intrinsically limited to
its training set, and cannot improve it. However, this illustrates by
contrast a key benefit of RNNs compared to random generators:
while a random generator is bound to produce cycles all sampled
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Figure 6: Distributions of the optimal efficiency (left) and net shaft
power (right) achieved respectively for 11,744 cycles randomly
generated (blue) and 9,116 cycles sampled by model M1 (orange).

from the distribution in Figure 6, RNN parameters can be subse-
quently modified to shift the distribution towards regions of higher
values of η and P . Hence the need for finetuning, to efficiently
guide the exploration of the search space, addressed next.

3. Finetuned model

Targeting the design of a 10 MW CSP plant, we applied fine-
tuning to produce cycles with P × η > 300, i.e. we aimed to
generate cycles at least equivalent to a theoretical cycle with 30%
efficiency and 10MW net shaft power output (all the heat available
from molten salt is absorbed by the theoretical cycle).

M1 is finetuned into M2 on a dataset containing 457 samples
(15% kept for validation) with fitness P×η > 300. Because it is
a small scale database, we adopt a training procedure similar to the
first step. At each iteration, the model is finetuned for 5 epochs,
with 5,000 cycles generated at each epoch. Nevertheless, the com-
putational cost of evaluating the fitness of these 25,000 cycles, i.e.
of solving a nonlinear optimization problem, is too heavy. To cir-
cumvent this issue, we trained a classifier on a separate database,
prior to the finetuning. The task of the classifier is to assign every
cycle in either one of two classes, namely P×η > 300 (positive
class) or P×η ≤ 300 (negative class). The prediction is formed
based on the cycle layout only, and is not helped by any thermody-
namic computation. At each iteration, the classifier replaces thus
the fitness evaluation step, avoiding to solve the optimization prob-
lem. The outcome of the iterations is a pool of cycles predicted to
be positive by the classifier. Using the classifer, fitness evaluation
is replaced by fitness prediction. Actual fitness evaluation occurs
then only when the iterations stop, in order to provide the actual
designs of these good cycles.

Here, the classifier combines a LSTM layer with 32 hidden units
and a 1-unit dense output layer with sigmoid activation. The train-
ing set contains 11,359 samples, of which 44% are positive. The
performances of the classifier on a 1,000-sample test set are: 98%
in accuracy (total error rate), 97% recall (fraction of true positive
cycles that the classifier also predicts to be positive) and 98% in
precision (fraction of predicted positive cycles that actually are
positive). Although an important contribution of this work, the
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Figure 7: (Left) Fraction of valid generated cycles that are pre-
dicted to be positive (P × η > 300) and (right) fraction of the
generated cycles that are both new and valid, during the course of
the training of the finetuned model M2.

solution of this complex problem is not further described, for sake
of brevity.

The training procedure results in 25,000 cycles per iteration, out
of which those that have not been seen during previous iterations
and that are predicted to be positive by the classifier form then the
new training set for the next iteration of finetuning. The learning
curve showing the performances of the finetuned RNN M2 at each
iteration is displayed in Figure 7 (left). Similarly to the results
in Figure 5, M2 is quickly able to generate a large proportion of
cycles which will be detected as positive by the classifier - hence
most likely with P×η > 300. After a few iterations where the
model loses some information acquired before finetuning, the fi-
nal model generates almost only valid words not included in the
training set, as shown in Figure 7 (right).

In total, 307,165 cycles have been predicted to be positive and
valid during the finetuning process of the RNN. We proceeded then
to the actual optimization of the fitness function P×η of 17,212
cycles randomly selected in this set, in order to study their thermal
performances. Figure 8 confirms the effectiveness of the finetun-
ing: compared to the map obtained without finetuning (model M1,
Figure 8, left), the cycles generated by M2 are almost all located
towards region of higher values of P ×η , beyond the boundary
P ×η = 300 (Figure 8, right). 86% of the 17,212 cycles actu-
ally are above the threshold P ×η > 300, which is less than the
precision of the classifier (98%). This difference might partially
be explained by the fact that the optimizer only converges towards
a local minimum, with no guarantee of reaching the absolute best
value. Besides, predicting the fitness based on the layout infor-
mation is a complex task. In particular, cycles on either sides
of the boundary P × η = 300 might not be significantly struc-
turally different from each other - observe that the negative cy-
cles are mostly located close to the border (94% of the cycles are
such that P ×η > 250). On the other hand, without finetuning,
less than 4% of the cycles are above the threshold. These results
demonstrate how a finetuned RNN model can efficiently explore
the search space and generate thousands of “good” power cycles.

By choosing the product P × η as fitness function, we want
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Figure 8: Performances (P,η) of 1000 cycles sampled from M1
(left, no finetuning) or M2 (right, finetuning). Cycles on the main
diagonal have full salt use rate τ = 100% and maximum amount
of heat transferred from molten salt to the cycle (η = P/Qabs).

to promote the design of cycles with both high efficiencies and
high net power input. Unsurprisingly, this results in a majority of
cycles with high salt use rate, where the salt use rate, or thermal
energy storage (TES), τ , is the ratio τ = (T ?

2 −T ?
1 )/(T2−T 1), with

T1, T2 the maximum temperature range allowed for the molten salt,
as in Table 1, and T ?

2 , T ?
1 the effective temperature range of the

molten salt achieved by the optimal design. With τ = 100%, the
maximum amount of heat Qmax

abs is transferred from molten salts to
the power cycle. Since η = P/Qabs, this means that for a fixed
target power output P , any cycle must have η ≥P/Qmax

abs - hence
the shape of Figure 8, with every point above the dashed line τ =
100%. 63% of the tested cycles are such that τ > 0.9. For other
layouts, however, the best design finds a trade-off characterized by
0.6 ≤ τ ≤ 0.9. Figure 9 sheds light on this trade-off. In general,
cycles with higher TES τ will produce more power P . On the
contrary, the efficiency η tends to increase with lower values of τ ,
consistently with the definitions of η and τ: smaller values of τ

mean less heat Qabs provided to the cycle, hence larger values of
η . Besides, this trade-off has economical consequences. Indeed,
having high TES τ enables to reduce the size of the storage system.
On the other hand, lower values of η come with bigger solar fields,
for a given target power P . Hence, the criterion P × η gives
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Figure 9: 1000 cycles in (left) the (τ,η) plane and (right) the
(τ,P) plane, sampled from the RNN model after finetuning.
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Figure 10: Best performances P, η obtained by the finetuned a
RNN model M2 (blue circles) or by expert design (black squares)

a preview of what techno-economic design could result in. The
best cycles in Figure 9 are those able to reach high TES while
maintaining an elevated thermal efficiency, thereby decreasing the
cost of both the storage system and the solar field.

Furthermore, observe that the generated cycles all have at most
one heat exchanger, whereas it is well known that splitting the heat
exchanger in two, respectively for the low and high temperature
recuperations may help improving the thermal efficiency. Hence,
most expert designs include one or two heat exchangers. Typi-
cal expert SCO2 cycles, not described extensively here for sake of
brevity are the Regenerative (RG, TaACaH), Recompression (RC,
Tab-1C1ACb1aH), Pre-compression (PC, TaCbACbaH) and Partial
cooling (PartC, TabAC-1C1ACb1aH). These fundamental cycles
may be combined with standard improvement strategies, such as
Intercooling (IC), Pre-heating (PH) and Reheating (RH). We com-
pared the best designs achieved for these 16 state-of-the-art cy-
cles (from RG-IC, RG,PH,... to PartC-RH), obtained by maximiz-
ing the same fitness function P ×η , to those obtained with our
method. It can be seen from Figure 10 that the best cycles sam-
pled from the RNN model M2 perform equally well in the sense
of the criterion P×η , and even slightly better for some of them,
than the expert cycles. Although M2 was not trained with any a
priori knowledge on the meaningful ordering of the components
(the initial dataset D0 is random), it succeeds thus in challenging
state-of-the-art expert designs.

From a more qualitative standpoint, the best layouts
found in this case study are the words TaACAC-1CH1ACa1H

and TaAC-1CH1ACACaH1, respectively with P,η ,τ =
43.3 %,14.4 MW,100 % and P,η ,τ = 43.2 %,14.3 MW,99 %.
Since these two words almost are the same, it means that both
cycles are structurally very similar. See Figure 11 for a graph
representation of TaACAC-1CH1ACa1H and TaAC-1CH1ACACaH1,
confirming the closeness of these two cycles. In this experiment,
the data-driven method slightly improves the expert design,
in terms of best fitness function P × η . Yet, several findings
are worth mentioning and show how relevant machine learning
design is for cycle design. First of all, the best cycles displayed
in Figure 11 actually both are a combination of PartC and IC,
plus PH for TaACAC-1CH1ACa1H. This proves that the method

T C C C C

A A A

HH

a

T C C C C

A A A

H

H

a

Figure 11: Layouts of the best cycles generated by the RNN,
(above) TaACAC-1CH1ACa1H (η = 43.3%, P = 14.4 MW) and
(below) TaAC-1CH1ACACaH1 (η = 43.2%, P = 14.3 MW).

described in this work has gained physical insights despite being
conceived without domain knowledge. The concepts of partial
cooling, intercooling and preheating stand out, which is a valuable
information for designing cycles with other constraints. On the
other hand, M2 adds some creativity, observed for instance in
the original heating scheme of TaAC-1CH1ACACaH1 (see Figure
11, below). Besides, the main advantage of machine learning
based design is that it can provide a whole population of (virtually
infinitely many) very good cycles. Hence, the designer is able to
pick a cycle that corresponds more closely to the constraints of a
given project while maintaining equivalent level of performances.
This profusion might be even more interesting when considering
the techno-economic design.

Although computation time is not necessarily critical when
dealing with power cycle design, our method suffers from a heavy
computational cost. Because it is data intensive, the difficulty lies
in the evaluation of the fitness function of a huge number of dif-
ferent power cycles. This limitation was also identified in other
data-driven approaches, e.g. [11]. The numerical challenge varies
with the layout of the cycle, with layouts containing at most one
heat exchanger being more straightforward to simulate. The me-
dian of the 17,212 cycles sampled from the finetuned RNN is typ-
ically around one minute on one core of a 2.70 GHz, 16 GB-RAM
laptop. Finding ways to efficiently solve the non-linear maximiza-
tion of P ×η could thus increase the pace of exploration of the
solution space.

CONCLUSION
This study aimed at revisiting power cycle design, with appli-

cation to supercritical CO2 CSP cycles, by adopting a data-driven
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approach. Starting from a small set of random power cycle lay-
outs, we used recent deep-learning techniques to train statistical
models able

1. to imitate the initial database by generating new power cycles
with similar structure and thermal properties (model M1);

2. to improve the initial database by producing specialized
power cycles, all with a high thermal-to-electric efficiency
and high net shaft power (model M2).

The main achievement is thus that the finetuned model M2 can
produce large sets of distinct power cycles sharing good thermal
properties. This could prove valuable to find a layout that suits
best the peculiar constraints of a given project. Expert knowledge
on power cycle design was not used at any step in the training
of the deep learning model. In particular, the initial dataset D0
was randomly created, with no help of any domain expert. Yet,
the successful cycles found in our experiments exhibit well-known
patterns. For instance, partial cooling, intercooling and preheating
schemes are included in the best layouts. The definition of the ini-
tial database is key to the process, because the model simply learns
to imitate the cycles that belong to the training set. For the sake
of demonstration, we chose here the most unfavourable setting by
starting from a database with a limited number of power cycles,
created at random. However, the constraint of randomness can be
relaxed, by including expert layouts in D0. Beyond the few cycles
discussed here (RG, RC, etc.), we can exploit already proposed
superstructures to list many alternatives. Using the string repre-
sentation of power cycles introduced in this article, it is easy to see
for instance that the superstructure in [9] with 1152 configurations
actually contains 450 unique cycles that can be added to D0.

In any case, it is to be noted that the definition of D0 is key to
the process, because it will shape the distribution of the statistical
model. In particular, the ratio of expert to random layouts in D0
controls the amount of expert knowledge transmitted directly to the
model. If much greater than 1, the RNN language model M1 will
most likely learn to infer the best concepts from those provided by
the expert. On the contrary, if it tends to 0, as in this work, M1
will promote the best concepts from scratch - at the expense of
more ”waste” at the beginning of the training.

This preliminary study on machine learning based design of
power cycle may be extended in several ways. One line of work
consists in improving the fitness evaluation step, in terms both of
convergence of the optimizer and efficiency of the solver used to
perform the static simulation of the cycles. This would alleviate
the computational cost of this expensive step, thereby opening the
way to allow for more complex cycles to be included in the original
database, e.g. with more than one heat exchanger.

Another promising extension is to proceed to the techno-
economic design of SCO2 cycles for industrial scale applications.
This difficult task could indeed benefit from the large pool of ther-
modynamically similar but structurally different cycles generated
by the RNN to lower the energy price of CSP.

Finally, let us mention that this work has enabled the creation
of large datasets. They could be exploited to test alternative gen-

erative statistical models, such as the variational autoencoder [26],
as well as more sophisticated finetuning strategies, for instance
within reinforcement learning framework [25].

NOMENCLATURE

Acronyms
CO2 carbon dioxide
CSP concentrating solar power
IC intercooling
KNO3 potassium nitrate
LSTM long-short term memory
MS molten salt
NaNO3 sodium nitrate
PSO particle swarm optimizer
PartC partial cooling
PC pre-compression
RC recompression
RG regenerative
RH reheating
RNN recurrent neural network
SCO2 supercritical carbon dioxide
TES thermal energy storage

Symbols
-1,-2,... tokens representing splitters
1,2,... tokens representing mixers
A alphabet of power cycle components
A token representing a cooler
C token representing a heat exchanger
D0 collection of randomly generated cycles
Dk collection of cycles sampled from the RNN
H token representing a heater
M1 RNN trained on a large dataset (language model)
M2 finetuned RNN model (specialized model)
P net shaft power output (MW)
Pc compressor work (MW)
Pt turbine work (MW)
Qabs heat duty (MW)
T token representing a turbine
T1 minimum allowed MS temperature (◦C)
T ?

1 actual minimum MS temperature (◦C)
T2 maximum allowed MS temperature (◦C)
T ?

2 actual maximum MS temperature (◦C)
U,V,W parameter matrices of a RNN
a,b,... tokens representing a heat exchanger
h hidden state of a RNN
o output vector of a RNN
x input vector of a RNN

Greek symbols
δ threshold for the fitness function
η thermal-to-electric efficiency (%)
σ activation function in a neural network
τ salt use rate
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ABSTRACT 
The development of a tens-kWe turbo generator that uses 

supercritical carbon dioxide (sCO2) cycle technology at the lab 
scale is described herein. The design concept for the turbo-
generator involves using commercially available components to 
reduce the developmental time and to increase the reliability of 
the machine. The developed supercritical partial-admission 
CO2 turbine has a single-stage axial-type design with a 73-mm 
rotor mean diameter. The design of the sCO2 turbine uses 
impulse and partial admission. The design concept can reduce 
the axial force and rotational speed, and also secure the 
processability of the turbine. We simulated the flow of the 
designed sCO2 turbine. To increase the simulation accuracy, a 
real gas property table is coupled with the CFD solver. The 
turbine performance test apparatus and test results are 
described; then, the turbine is continuously operated for 4 
hours 12 minutes. The maximum turbine power is 22.9 kW, and 
the maximum electric power is 12.6 kWe. 

INTRODUCTION 
 The supercritical carbon dioxide (sCO2) power cycle is 
gaining increasing attention as a technology that can potentially 
replace the conventional power cycle. One of the major 
advantages of the sCO2 power cycle is that it reduces the 
turbomachinery size because of the high density of the 
supercritical phase [1]. The power cycles of sCO2 have the 
potential to attain significantly higher cycle efficiencies 
compared with a conventional stream Rankine cycle [2]. High 
cycle efficiency will automatically lead to low fuel cost and 
low water usage; for fossil fuel heat sources, it will lead to low 
greenhouse gas emissions. 
 Furthermore, the sCO2 cycles operate at high pressures 
throughout the cycle, thereby generating a high-density 

working fluid. Owing to this, equipment size and plant 
footprint are reduced, thereby reducing the capital cost [2]. 

Numerous studies have been conducted on the sCO2 cycle 
and the essential components of this cycle. Table 1 summarizes 
the specifications for sCO2 power turbines derived from various 
studies. Sandia National Lab (SNL) developed a 250-kWe sCO2 
power generation test loop [3-5]. Bechtel Marine Propulsion 
Corporation (BMPC) developed a 100-kWe sCO2 Brayton cycle 
integrated systems test loop [7-9]. Tokyo Institute of Technology 
(TIT) developed a 10-kWe sCO2 power generation test loop [10]. 
Southwest Research Institute (SwRI) and GE Global Research 
have been designing a 10-MWe sCO2 turbo-expander; they are 
also building a 1-MWe test facility to test the design with a 
reduced capacity [11]. Echogen developed an 8-MWe sCO2 
power generation system for waste heat recovery, and this system 
has generated 2.4 MWe of power [12].  

Figure 1: KIER sCO2 dual-cycle loop 
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 Since 2013, the Korea Institute of Energy Research 
(KIER) has been studying the sCO2 power cycle to develop test 
loops. The first test loop developed at KIER was a 10-kWe-
class simple unrecuperated Brayton power cycle. The loop was 
designed to test the feasibility of sCO2 systems and to develop 
feasible designs for small-scale sCO2 systems. In the 
preliminary test, the test loop was successfully operated [13-
14]. The second test loop was developed in 2014 for analyzing 
the cycle characteristics and investigating the cycle operation 
data. Owing to the heat source limitations, a radial power 
turbine with partial admission and a sub-kWe capacity was 
designed. In 2016, the turbine was driven successfully on the 
test loop, and the maximum turbine power was 670 We [15].  
 A dual-cycle loop suitable for recovering waste heat is 
being developed at KIER. The cycle comprises two turbines, 
one compressor, two recuperators, a combustion heat source 
heater, and a cooler. Fig. 1 shows the cycle loop. The Turbine A 
design will be accomplished in 2019. Turbine “B” was 
developed first to reduce the developmental costs and time. The 
components of the previous 10-kWe-class test loop were 
upgraded for using them in a turbo generator. Turbine “B”, 
shown in Fig. 1, was designed as an axial-type impulse turbine. 
The test-loop facility has been designed and manufactured for 
developing Turbine “B” at KIER. 
 This study presents and discusses the numerical simulation 
and test results on the cycle loop for the Turbine “B”. 

TURBINE AERODYNAMIC DESIGN 
 sCO2 has a small volumetric flow rate and a small turbine 
size with a high rotational speed. In addition, the high inlet 
pressure creates a high axial force. Owing to these 
characteristics, it is difficult to choose the bearing, and a high 
possibility for bearing failure is involved. To solve these 
problems and ensure robust operations, tilting-pad bearings 
were used although it would reduce the efficiency. A tilting-pad 
bearing design has a relatively large mechanical loss and low 
operating speed than a ball bearing; however, it has a robust 
bearing and can resist the high axial and radial forces. To use 
this bearing, the turbine operation speed was restricted and a 
high loss was permitted. We chose an axial impulse turbine to 
reduce the axial force. Fig. 2 [16] shows that the axial turbine 
and the tilting-pad bearing are appropriate for developing a 

Megawatt-class engine. Our component and technology 
choices were aimed toward developing the know-how and 
technology for the Megawatt class. 
 Tilting-pad bearings cannot constitute the hermetic layout 
of the turbine, and a seal is required to prevent CO2 leakage. 
Thus, the basic layout of the turbo generator was the turbine-
seal-generator. To reduce the leakage level to <2%, carbon ring 
seals were selected and placed between the turbine and the 
bearing. This tilting-pad bearing restricted the rotational speed 
to <45,000 rpm under the normal operation conditions. 
However, the turbine inlet condition demands over 100,000 rpm 
as the operating speed in the optimal design. Table 2 displays the 
design condition for Turbine “B”. The total temperature of the 
turbine inlet was 392°C, the total inlet pressure was 135 bar, and the 
specific work was 53.08 kJ/kg. 
 In the preliminary design of the turbine, the low rotational 
speed reduced the blade height more than the high rotational 
speed. In addition, the minimum gap between the rotor 
passages was over 2.5 mm for the five-axis computer numerical 
control (CNC) machining. Designing an adequately sized 
turbine for CNC machining and for good performance under 
rotational speed and mass flow rate constraints is difficult. 
Table 3 displays the design results. The rotor mean diameter of 
the turbine is 73 mm. The turbine efficiency of the design point 
was 86.1% without the rotor tip clearance. The specific work 
was predicted as 57.07 kJ/kg. The clearance/span ratio (3.6%) of 
the turbine was selected by considering the turbine performance, 
manufacturability, and allowable assembly tolerances. 

Figure 2: Component and technology options for sCO2 systems [16] 

Table 1: Specifications for sCO2 power turbines 

KIER 
(South Korea) 

SNL 
(USA) [3-5] 

BMPC 
(USA) [7-9] 

TIT 
(JAPAN) [10] 

SwRI/GE 
(USA) [11] 

Echogen  
(USA) [12] 

Capacity (kWe) 93 250 100 10 1000 8000

Turbine Axial Radial Radial Radial Axial Radial

Bearing Tilting pad Gas foil journal Gas foil journal Gas foil journal Tilting pad Tilting Pad 

Power generation 
(kWe / °C / bar) 

12.6/216/123 15/477/105 40/282/141 0.11/260/105 -/700/250 2350/275/- 
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  Table 2: Turbine “B” design conditions 

Specific work kJ/kg 53.08 

Inlet total pressure bar 135 

Inlet total temperature °C 392

Pressure ratio (PRTT) - 1.75

Rotational speed rpm under 45,000

  Table 3: Turbine “B” preliminary design results 

Nozzle vane height mm 8.36 

Rotor blade height mm 8.36 

Rotor mean diameter mm 73 

Rotational speed rpm 45,000 

Partial-admission ratio % 100 

Specific work kJ/kg 57.07 

Efficiency (ηTT) * % 86.1 

* without rotor tip clearance

NUMERICAL ANALYSIS 
 Based on the preliminary design results, a numerical 
analysis was performed to determine the final design of the 
turbine using the commercial computational fluid dynamic 
(CFD) solver ANSYS CFX [17]. We also used the Reynolds-
averaged Navier−Stokes two-equation model: the k-ω shear 
stress transport of Menter [18]; wall functions were also 
applied. For the analysis, we resolved the boundary layer to an 
approximate average y+ value of 3. The total mesh size was set 
to approximately 6.1 million. 

Figure 3: Numerical domain and mesh 

The inlet boundary condition was defined by the total 
pressure and temperature. The outlet boundary condition was 
defined by the static pressure. At the wall boundary condition, 
non-slip and adiabatic wall boundary conditions were applied. 
A mixing-plane model was defined between the interface of the 
stationary and rotating zones. CFD analysis was performed 
under conditions of full admission because of the 
computational cost. Fig. 3 shows the numerical domain and the 

boundary conditions of Turbine “B”. The CFD was performed 
based on real gas characteristics using the NIST REFPROP 
software. 

Fig. 4 shows the performance maps of the turbine with the 
full admission condition for efficiency and the mass flow rate 
based on the rotational speed. The efficiency (ηTT) on the 
design point (PRTT 1.75, N/NDP 1.0) is 78.5%. A peak 
efficiency of 80% was achieved at the design rotational speed 
(N/NDP 1.0). As the rotational speed increased, the efficiency 
decreased in accordance with the decrease in pressure ratio. 
The turbine flow was choked at the nozzle near the design 
pressure ratio (PRTT 1.75). Fig. 5 shows the Mach number 
contours based on the pressure ratio at the design rotational 
speed (45,000 rpm). Above the design pressure, the flow was 
choked at the nozzle throat. At PRTT 3.0, the flow was also 
choked at the rotor passage. 

    (a)                       (b) 

Figure 4: Performance maps predicted by CFD showing (a) 

efficiency and (b) mass flow rate 

    (a)             (b)             (c) 

Figure 5: Mach number contours of each pressure ratio at 50% 

span efficiency at the design rotational speeds of (a) PRTT 1.25, 

(b) PRTT 1.75, and (c) PRTT 3.00 

Fig. 6 shows a schematic view of axial thrust force and the 
surface pressure contours at the design point. Fig. 7 is the graph 
for the area-weighted average surface pressure and the force 
according to the rotor radius, as shown in Figs. 6 and 7. Near 
the rotor hub region, the surface pressure at the back-face is 
higher than that in the front-face. However, the area of the 
back-face of the rotor is smaller than the front-face because of 
the shaft. Therefore, an axial force acts from the front-face of 
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the rotor to its back-face. The axial force generated by the CFD 
was approximately 5.8 kN at the full admission condition. 

    (a)                         (b) 
Figure 6: Schematic view of axial thrust force (a) and surface 
pressure contours at the design point (b) 

   (a)                       (b) 
Figure 7: Area-weighted average (a) surface pressure and (b) 
axial force at the design point 

TURBINE ASSEMBLY 
Fig. 8 shows the designed turbine geometry, manufactured 

nozzle, and rotor. The turbine tests were conducted under 
16.7% partial-admission condition because the burner had 
limited capacity. A partial-admission plate was installed, as 
shown in Fig. 8. Two principal types of losses, such as 
pumping losses and driving-fluid losses, occur with partial 
admission. The performance based on the partial admission was 
corrected using the performance test results of a reference [19] 
because the turbine had a full-admission design. 

A configuration of KIER’s turbo generator was used to 
separate the turbine part and the generator part using a 
mechanical seal and applying tilting-pad bearings. In this 
turbine-generator layout, the turbine exerted a large amount of 
axial force on the axis. The axial force could not be canceled 
because of the absence of a compressor. Thus, a tilting-pad 
thrust bearing was adopted to resist the axial force. Fig. 9 
shows a layout of the turbo generator. 

Fig. 10 shows the flow diagram of the turbine, as well as 
the oil supply lines for lubricating the tilting-pad bearings and 
the coolant lines for cooling the generator and turbine. When 

the test was prepared, an unacceptable amount of flow leakage 
occurred despite applying the carbon ring seal because of high-
pressure operating conditions. This leakage required a leakage 
management system. The leakage management system, which 
used a reciprocating CO2 compressor to re-inject the leak flow 
into the main test loop, was developed at KIER. A barrier gas 
was used to control the leakage flow, and the leakage flow and 
the barrier gas were re-injected into the main test loop using the 
leakage management system. 

Figure 8: Manufactured rotor and nozzle of Turbine “B” 

Figure 9: Layout of a turbo generator with Turbine “B” 

Figure 10: Flow diagram of the system with Turbine “B” 
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PERFORMANCE TEST FACILITY 
The test loop was built by modifying the previous 10-kW 

cycle built by KIER researchers to test the performance of 
Turbine B before developing the sCO2 dual cycle shown in Fig. 
1. As shown in Fig. 11, the test loop comprised a turbo generator,
a liquid CO2 pump, a PCHE heater, a PCHE cooler, a burner, a 
separator, and a leakage management system. Fig. 12 shows the 
turbo generator assembly in the test loop. Fig. 13 shows a test-
loop facility to drive the axial turbo generator with Turbine “B”. 
Using a test-loop control system, we conducted tests to control 
the valves, pump, and burner. The test data, such as the 
temperature, pressure, mass flow rate, electric power, rotational 
speed, and vibration, were obtained using a data measurement 
system. 

Figure 11: sCO2 test loop of Turbine “B” 

Figure 12: Turbo generator assembly with Turbine “B” 

Figure 13: KIER sCO2 test-loop facility for Turbine “B” 

PERFORMANCE TEST 
Turbine B was tested with the inlet temperature of 200°C 

and 16.7% partial admission because of limited burner and 
pump capacities. The test condition was the off-design 
condition. The test condition is shown in Table 4. 

   Table 4: Test conditions for Turbine “B” on the test-loop cycle 

Inlet total pressure bar 135 

Inlet total temperature °C 200 

Pressure ratio (PRTT) - 2.36

Rotational speed rpm under 45,000

Partial-admission ratio % 16.7 

Based on a previous cycle test research, the procedure for 
operating the test-loop cycle was modified to make it 
acceptable to this cycle [15]. The turbine performance test was 
performed after satisfying the cycle conditions for the test using 
the turbine bypass loop. When the cycle conditions were 
satisfied, the inlet and outlet valves of the turbine were opened 
to measure the data related to the turbine performance. The 
initial startup of the turbine was performed by converting the 
generator into a motor. When the turbine operated smoothly, 
the motor functioned as a generator and produced electric 
power. 

Figure 14: Pressure, temperature and mass flow rate at turbine 
inlet according to time lapse 

Fig. 14 plots the pressure, temperature, and mass flow rate 
data at the turbine inlet measured via the performance test of 
Turbine “B” in the test-loop cycle. The maximum inlet pressure 
of the turbine obtained through the test was 122.8 bar, and the 
maximum temperature was 215.7 °C. The turbine test was not 
performed the target test conditions because of several 
problems in the turbo generator assembly and the test facility. 
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In addition, it was not easy to keep the inlet and outlet 
conditions of the turbine constant under the desired conditions 
because the test loop was a Rankine cycle, and the leakage 
management system was additionally installed. 

Figure 15: Generated turbine power and electric power 
according to time lapse 

Fig. 15 shows the generated turbine power and electric 
power of the turbo generator over time. The turbine was 
continuously operated for 4 hrs. 12 minutes to produce power. 
The maximum turbine power was 22.9 kW, and the maximum 
electric power was 12.6 kWe. However, the turbine power and 
electric power values fluctuated substantially because it was 
difficult to keep the turbine inlet and outlet conditions constant. 
As mentioned above, a tilting-pad bearing has a relatively large 
mechanical loss compared with other common bearings. 
Therefore, the turbine power and electric power data have a 
relatively large difference. 

Figure 16: Comparison CFD and experimental results for 
isentropic efficiency according to spouting velocity ratio 

Fig. 16 shows comparison the experimental results with 
the CFD results for the isentropic efficiency according to the 
spouting velocity ratio (U/C0S) at several test conditions. The 
uncertainty for the spouting velocity ratio is ±1.02% and the 
uncertainty for the efficiency is ±2.34% [20]. For comparative 
conditions, most CFD results are within the uncertainty of the 
test, and the maximum error within the comparison condition is 
4.1%. Therefore, the CFD results for the experimental cases are 
in good agreement with the test results. 

Fig. 17 shows the estimated full admission efficiency for 
each test case. Based on the CFD results for performance with 
partial admission ratios, the correlation for estimated full 
admission performance was derived. The correlation is a 
function of U/C0S and partial admission ratio. The estimated 
isentropic efficiency for full admission at U/C0S of 0.51 is 
about 76.3%. 

Figure 17: Estimated full admission efficiency for each test cases 

SUMMARY AND FUTURE WORK 
A turbine for use in the KIER dual sCO2 cycle for the 

recovery of waste heat was developed. To incorporate the 
technology applicable to the Megawatt class, axial turbine and 
tilting-pad bearings were used to develop a turbine. We 
performed the preliminary design of the turbine and verified 
the performance and design based on the preliminary design 
results using numerical analysis. Then, the test-loop facility for 
the turbine performance test was designed and fabricated. 

The turbine maximum inlet pressure in the test was 122.8 
bar, and the maximum temperature was 215.7 °C. The turbine 
was operated continuously for 4 hrs. 12 minutes to produce 
electricity. The maximum turbine power was 22.9 kW, and the 
maximum electric power was 12.6 kWe. Based on the 
experimental results, the CFD results were verified and the 
results confirmed that the CFD results were in good agreement 
with the test results. 
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The problems (large mechanical losses, not maintained 
steady test conditions, low data sampling rate, etc.) were 
encountered during the test and developmental processes. We 
plan to revise and improve the test facility and turbine with 
upgrading a DAQ system, installing a dynamometer system and 
a balancing piston, modification of the oil system. In addition, 
we have a plan to test the turbine inlet temperature up to 500 ° 
C by the end of 2019 through improved test equipment. 

NOMENCLATURE 

C  velocity 

c  chord 

ks  
equivalent sand 
grain 

h  height 

m mass flow rate 

N  rotational speed 

PR  pressure ratio 

P  pressure 

Pw  power 

U  rotational speed 

T  temperature 

η  efficiency 

SUBSCRIPTS 

DP  design point 

S  static 

0S  isentropic 

T  total 

TC  tip clearance 

TT total to total 
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ABSTRACT 

Nickel-base alloys are required for many of the high 

pressure components in advanced ultra-supercritical steam and 

CO2 power systems operating at temperatures and pressures 

exceeding 650°C and 25 MPa. Age-hardened alloys offer a 

distinct advantage over traditional solid solution strengthened 

Nickel alloys and stainless steels by virtue of their significantly 

higher creep strength. This makes it possible to reduce wall 

thickness and thereby minimize total construction cost. 

INCONEL® alloy 740H (UNS N07740) is an age-hardened 

alloy that was developed and extensively characterized for 

advanced ultra-supercritical steam boilers. Extensive material 

testing led to ASME Code Case 2702 covering UNS N07740. 

Alloy 740H is the first age-hardened nickel-base alloy permitted 

for welded construction for use in the creep limited temperature 

regime. More recent development work on the alloy has focused 

on applications for supercritical CO2 systems. Various 

laboratories have reported on oxidation properties of the alloy 

under simulated operating conditions. This paper reviews the 

mechanical and corrosion properties of the candidate materials 

and focuses on the manufacturing and properties of piping 

products that are being applied for the various advanced ultra-

supercritical steam and supercritical CO2 projects now planned 

or underway. As many of the structures are constructed by 

welding, a review of welding practices is presented, including 

dissimilar welds and their properties. 

INTRODUCTION 

Many of the planned advanced sCO2 energy 

conversion systems are projected to operate at temperatures 

above 700°C. This is above the temperature capability of 

ferritic stainless steel and austenitic steels that have greatly 

reduced strength that would require impractical wall thickness 

to contain high pressure fluids. Solid solution strengthened 

nickel-base alloys such as 800HT, 230 and 617 have been used 

successfully in chemical process, energy and aerospace 

industries for many years; however, at the high pressures 

projected for many applications, impractically thick walls 

would be required for these materials as well [1]. For this 

reason, high strength age hardened alloys were evaluated for 

service, initially in a succession of European programs, then the 

US Advanced - Ultra Supercritical (A-USC) Consortium and 

then by advanced energy programs around the world. Alloy 740 

(UNS N07740) was specifically developed under the 

THERMIE program for boiler tube for coal fired power plants 

[2]. The alloy featured high strength, sufficient ductility for 

fabrication into tube, weldability and resistance to oxidation and 

coal ash corrosion. Later the US program considered it for use 

in headers and reheat pipes. For this application better 

microstructure stability and heavy section weldability was 

needed. The alloy composition was subsequently optimized to 

improve these properties [3]. The optimized alloy, called 740H, 

fell within the original broad alloy definition. The composition 

of the optimized alloy is shown in Table 1. 

During the period from 2002-2010 the US A-USC consortium 

conducted an extensive evaluation of mechanical properties and 

fabricability. This work has been documented in numerous 

technical publications [4-6] and culminated in submission of a 

data package that led to the ASME Code case 2702 [7]. Alloy 

740H is the first age-hardened alloy to be accepted for 

fabrication of pressurized equipment. The advantage for alloy 

740H in the temperature range of current 
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TABLE I.  MAXIMUM, MINIMUM AND NOMINAL OF PRIMARY 
COMPOSITIONAL ELEMENTS OF ALLOY 740H. 

Max/Min/Nominal Ni Fe Cr Co Mo 

Max Bal 3.0 25.5 22 2.0 

Min Bal --- 23.5 15 --- 

Nominal Bsl 0.25 24.5 20 0.5 

Max/Min/Nominal Al Ti Nb Si  C 

Max 2.0 2.5 2.5 1.0 0.08 

Min 0.2 0.5 0.5 --- 0.01 

Nominal 1.4 1.4 1.5 0.15 0.03 

interest for advanced power plants is shown in Figure 1 

(values for alloys 617 and 800HT from ASME BPVC Section 

II, Materials, Part D, Properties, Table 1B; values  for alloy 

740H from ASME code case 2702). The rules of the current 

code as they apply to fabrication of complex systems will be 

discussed in this paper. Following Code approval, Special 

Metals working with consortium members, suppliers and 

selected fabricators began an extensive program to determine 

the limits of mill product dimensions, manufacture of fittings, 

and welding using a variety of processes, materials and 

configurations. This work has been reported in numerous 

venues [8-9]. 

FIGURE 1. ASME MAXIMUM ALLOWABLE STRESS FOR ALLOYS 740H, 
617 AND 800HT. 

Age-hardened alloys have characteristics that are very desirable 

for power plant use. They are relatively soft and formable in the 

solution treated condition. In this condition they can be rolled 

and drawn to form sheet and tube, and tube can be cold formed 

by bending. Subsequently the components are again solution 

treated and aged. Direct aging of cold formed parts is restricted 

due to a loss of creep strength. Alloys of this type can be 

welded successfully although strict protocols must be followed 

and high energy processes cannot be used. Concerns about use 

of age-hardened alloys in this application include long time 

microstructure stability (> 100,000 h. at temperature), impact 

toughness, creep, creep-fatigue, over temperature damage 

tolerance and strain-aging and stress relaxation cracking of 

welds. Understanding of the issues is being developed through 

continued laboratory work, component manufacture, and in-

plant test loops and pilot plants. The following discussion 

presents recent developments using alloy 740H.  

Although alloy 740H was developed under A-USC programs, in 

recent years it has been considered for sCO2 service as well. 

Although A-USC in-plant test loops to gain fabrication and 

operating experience have been installed [10] to date a full 

operating system has not yet been constructed. In the interim 

sCO2 programs have advanced including Sunshot [11] and 

Supercritical  Transformational Electric Power (STEP) [12].  

RESULTS AND DISCUSSION 

Mechanical properties 

Tube and pipe are the primary product forms used in advanced 

energy systems and hence have been the focus of much of the 

development work. Although there is no clear distinction in 

codes between tube and pipe on the basis of fabrication 

methods, for this paper tube will be defined as extruded, cold 

worked annealed and aged product whereas pipe is defined as 

extruded and directly annealed and aged. While there is 

considerable size overlap between the two products, tube tends 

to lie at smaller diameters and thinner wall product. There also 

is an inherent grain size difference between tube and pipe with 

tube having a much wider possible range of ASTM #3-8. In the 

case of pipe the grain size may be ASTM #1-5 depending on 

pipe size. Grain size in as extruded pipe can be more difficult to 

refine due to the relatively high temperatures required for the 

extrusion operation. Generally alloy 740H will be producible 

over the standard range of nickel alloys. Tube has been 

produced by both drawing, pilgering and roll forming 

processes. Pipe has all been produced by extrusion on presses at 

Special Metals (Huntington, WV and Hereford, UK) and 

Wyman-Gordon (Houston, TX and Livingston, UK) 

TABLE 2.  TYPICAL ROOM TEMPERATURE MECHANICAL PROPERTIES 
FOR VARIOUS SOLUTION ANNEALED AND AGED PRODUCT FORMS 

OF ALLOY 740H. 

Product Form 
0.2% PS 

MPa 

TS, 

 MPa 

El. 

% 

Pipe 728 - 741 1083 - 1094 31 - 34 

Tube 731 - 769 1153 - 1174 33- 42 

ASME 2702 620 min. 1035 min. El. 20 % min 
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Mechanical properties have been extensively evaluated and 

documented in the literature (3-7, 10). Generally additional 

production has confirmed the data used in the data package 

submitted for ASME code approval.  The ASME specified heat 

treatment for 740H is a solution anneal at (1100°C) (2010°F) 

minimum and aging at 760-816°C (1400-1500°F).   

Microstructure and stability 

Many superalloys undergo microstructural changes if they are 

held for long periods of time at elevated temperatures. These 

changes may include formation of complex carbides, growth of 

γ́ and the formation of a variety of topological close-packed 

(TCP) phases including Laves and sigma. These phases may 

form undesirable morphologies that reduce ductility and 

toughness. In the application of superalloys for power plant use 

it is necessary to demonstrate that they will be stable for the 

design lifetime of the plant. To evaluate the microstructural 

stability of 740H, material obtained from commercially 

produced pipe was exposed stress-free for times up to 10,000 h 

at 700°C (1292°F), 750°C (1382°F) and 800°C (1472°F). 

Longitudinal Charpy V-notch impact tests were conducted and 

the microstructure was analyzed in detail. The results of this 

investigation reported by deBarbadillo [13], are shown below in 

Figure 2. This high temperature exposure study demonstrate the 

material shows some loss of  ductility as carbides form on the 

grain boundaries, however the material retains an adequate level 

of impact strength after 10,000hrs.  

FIGURE 2. CHARPY IMPACT TOUGHNESS AFTER HIGH TEMPERATURE 
EXPOSURE FOR TIMES UP TO 10,000 HOURS 

A representative scanning electron micrograph (SEM) of 

material in the as heat treated condition is shown in Figure 3. 

The grain interiors show a uniform fine γ́ precipitate. The grain 

boundaries are almost completely covered with M23C6 and 

coarse γ́. Material exposed for 5,000 h at 750°C (1382°F) is 

shown in Figure 4. Note that the γ́ has grown significantly, but it 

continues to maintain a generally cubic morphology. Larger 

chunky γ́  decorates the grain boundaries. Most of the remaining 

grain boundary area is covered by M23C6 carbide. No evidence 

of η or G phase. Sigma phase is predicted by Thermo-Calc to 

form at 650°C (1202°F) in this alloy at very long exposure 

times, but to date, it has not been reported. Creep deformation 

sometimes accelerates microstructural changes by providing 

enhanced diffusion and nucleation sites. Based on limited 

observations this does not seem to be the case for 740H. Figure 

5 shows the structure near the fracture surface of a specimen 

tested at 750°C (1382°F) with an initial applied stress of 280 

MPa (40.6 ksi) that broke in 1087.4 h. The structure is similar 

to the starting structure, but a chain of grain boundary voids is 

visible. Test bar fracture occurs by linking of these voids. There 

was no sign of a precipitate-free zone adjacent to the grain 

boundary although this feature has been observed in welds of 

740H. 

FIGURE 3. SEM MICROGRAPH SHOWING SOLUTION ANNEALED AND 
AGED MATERIAL 

FIGURE 4. SEM MICROGRAPH SHOWING SOLUTION ANNEALED AND 
AGED MATERIAL AFTER 5000HRS EXPOSURE AT 750C 
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FIGURE 5. SEM MICROGRAPH SHOWING REGION NEAR FRACTURE 
FACE OF A CREEP RUPTURE SPECIMEN FAILED AT 1087.4 H AT 750C 

AND 280 MPA 

Corrosion in supercritical carbon dioxide 

The Brayton cycle system, using supercritical carbon 

dioxide as the working fluid, is being used and developed for 

use in various power generation systems, including nuclear, 

solar, and fossil/biofuel.  This system provides a means of 

achieving very high levels of efficiency when compared with 

using a steam power cycle.  The University of Wisconsin-

Madison has devised an apparatus to evaluate the corrosion 

behavior of metal samples in high high-pressure carbon dioxide 

at temperatures up to 650°C(1202°F) [14]. The results indicate 

that 740H has a very low rate of mass gain at temperatures up to 

650°C. More recent work by Kung et al at EPRI at 700°C and 

200 bar on alloy 740H has shown only very thin oxide scales of 

1 um develop after exposures of up to 5000 hours in CO2 

containing 3.6% vol O2 and 5.3% vol H2O [15].  

Manufacturing Demonstration 

Tube has been made in alloy 740H by extruding billet, cut from 

forged bar, to tube shell and cold working to size using multiple 

cold work and anneal cycles. This tube process is similar to that 

used for other “hard” alloys such as 625 and 718.  

Large pipe of 740H sections have been extruded at Wyman-

Gordon Houston TX. This 378 mm OD x 88 mm W x 10.5 m L 

pipe is shown in Fig 6. A 762 mm diameter VIM/VAR Ingot 

was used for this extrusion. VAR was selected as the remelt 

step in order to minimize the risk of solidification segregation. 

Excellent chemistry uniformity and microstructure was 

obtained. The detail for this work has been reported previously 

[13].  

FIGURE 6. HEAVY WALL 740H PIPE EXTRUSION. 

Welding 

Fusion welding is an essential joining method for power plant 

construction. Welding studies on alloy 740H showed that it 

could be readily welded by GTAW and GMAW processes with 

good operability, tensile and bend properties. Successful girth 

welds were made on superheater tubes. Alloy 740H has 

excellent resistance to liquation cracking while retaining the 

operability characteristics of the original alloy. An SMAW 

electrode is not currently available for alloy 740H due to the 

difficulty of transferring Al and Ti through the flux. Alloy 263 

fluxes have been developed and it is expected that SMAW 

capability will be adopted into the ASME code case 2702. 

Process parameters have been optimized by making butt welds 

on restrained 75 mm (3 in) thick plates and these parameters 

were then used to make circumferential welds on 378 mm 

(14.9) OD x 88 mm (3.46 in) wall extruded, solution annealed 

and aged pipe. The welds were made using a hot-wire narrow-

groove GTAW process with a fixed torch and rotating work 

piece. Argon-25% He was used as the shielding gas for the 

matching composition filler wire. Welds were made with 5, 2, 

and 1 degree beveled V-grooves with a 1.57 mm (0.062 in) 

land. A cross-section of a weld with a 1 degree bevel is shown 

in Figure 7. Note that the entire weld of 33 passes is one bead 

wide. The full pipe section was aged per ASME code 

requirement for 5 h at 800°C (1472°F) using a ceramic tile 

heating blanket. This method is commonly used for post-weld 

heat-treatment of field welds. No fissures, porosity or cracking 

were detected with ultra-sonic, radiographic or microscopic 

examination. Details of microstructure and weld qualification 

properties have been previously been reported [16]. Key 

requirements for successful heavy section 740H welds are 1) 

use of proper shielding gas, 2) careful management of heat 

input and inter-pass temperature, 3) maintenance of correct 

bead geometry, and 4) frequent removal of residual surface 

oxides. 
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FIGURE 7. MACROGRAPH OF 88MM THICK PIPE SECTION WELDED 
WITH HOT WIRE-GTAW. 

FIGURE 8. SIMULATED FABRICATION OF A HEAVY WALL PIPE HEADER. 

Once it was determined that sound welds could be made in 

heavy-wall pipe, a full scale header section was fabricated. For 

this simulated header, the nipples were inserted in predrilled 

holes and GTAW welded on the inside with a special rotary 

torch. The external welds were made manually by GTAW. This 

prototype header section is shown in Figure 8.  

The alloy 740H will need to be joined to ferritic steels, 

austenitic stainless steel and other nickel alloys in various parts 

of the heaters, recuperators or to the turbine Work by several 

fabricators is underway to evaluate dissimilar metal welds. 

Work by Moody et al [17] and Baker et al [18] showed the 

development alloy 740H pipe welds to 316H and P92 steels. 

Restrained, V-groove plate welds were made using GTAW (FM 

82, P87 and 617) and SMAW (WE 182 and P87). The 740H 

was in the aged condition and welds were stress relieved for 4 h 

at 775°C. All combinations produced sound welds and all 

except SMAW with WE P87 passed ASME tensile and bend 

qualification requirements with failure in the steel base metal. 

Creep, stress relaxation and fatigue tests were used to generate 

data for an FEA analysis of the high temperature joint design.   

FIGURE 9. WELDING TRIAL DEMONSTRATING PIPE JOINT BETWEEN 
316H, 740H AND P92. 

NOMENCLATURE 

A-USC = Advanced-Ultrasupercritical 

EPRI = Electric Power Research Institute 

ASME = American Society of Mechanical Engineers 

ASTM = American Society for Testing and Materials 

GTAW = Gas Tungsten Arc Welding 

GMAW = Gas Metal Arc Welding 

SMAW = Shielded Metal Arc Welding 

UNS = Unified Numbering System 

VIM = Vacuum Induction Melting 

VAR = Vacuum Arc Remelting 

ESR = Electro-slag Remelting 

OD = Outside Diameter 

ID = Inside diameter 
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ABSTRACT 

Among all the equipments required for advanced Brayton 

cycles using supercritical CO2 (s-CO2), heat exchangers 

are clearly key components. Fives Cryo, with its expertise 

in thermal-hydraulic design and brazing fabrication is 

developing a compact, and highly efficient heat 

exchangers for s-CO2 power cycles, thanks to their heat 

exchange capability with low pinch and high available 

flow sections. The aim of the development of this 

specific heat exchanger technology is to achieve an 

elevated degree of regeneration with recuperators at low 

and high temperatures. Plate-Fin Heat Exchanger (PFHE) 

is then a seductive solution to meet the desired thermal 

duty with low pressure drop leading to a reduction in size 

and capital cost. The enhancement of the mechanical 

integrity of PFHE equipment would lead to compete 

with, and even outweigh, Printed Circuit Heat 

Exchangers (PCHE) technology. 

s-CO2 Cycle conditions expose heat exchangers to severe 

conditions up to 500 °C and 250 bar. Base material 

selection is essential, and for cost reasons, it is important 

to keep affordable heat-resistant austenitic stainless steel 

grades, much cheaper than a nickel-based alloy. Another 

advantage of high compactness of PFHE is the 

diminution of the amount of material used in the heat 

exchanger fabrication, decreasing even more its cost. 

The challenge presented here is to qualify PFHE, 

especially its mechanical resistance, at cycle operating 

conditions. To reach the requirements, several fabrication 

fields were explored. 

One critical point is the design of the fins. As secondary 

surface they permit the maximization of heat transfer at a 

low pressure drop. At the same time mechanical strength 

has to be guaranteed. To withstand high pressure, fins 

thickness has to be significant, which makes the 

implementation complicated. Efforts were dedicated to 

successfully obtain an optimal shape. Forming of fins 

was therefore improved compared to conventional 

techniques. Important work was undertaken to define 

industrial settings to flatten the top of the fins leading to a 

maximum contact between the brazing alloy and the fins. 

Consequently brazed joints quantity is minimized 

inducing a diminution of the presence of eutectic phase, 

which is structurally brittle and limits the mechanical 

strength of the construction.  

A detailed metallurgical study brings other elements 

leading to the prevention of premature rupture of the 

brazed structure. The idea is to determine an optimized 

solidification path and to identify a temperature range 

and holding time where the brazed joint is almost free of 

eutectic phase during the assembly process in the vacuum 

furnace.  

INTRODUCTION 

The Brayton cycle is the working principle of gas turbine 

engines. It can be a closed or open cycle. For classical 

open Brayton cycles, the working fluid from the 

compressor is injected into a combustion chamber where 

the high pressure fluid is mixed with fuel. In this case, the 

fluid is generally air. Closed Brayton cycles replace the 

combustion chamber with two heat exchangers following 

the compressor and the turbine. The working fluid in this 
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case is recycled continuously. The heat exchanger 

following the compressor, enhance the energy of the 

working fluid in order to activate the turbine, goes 

through the second heat exchanger which cool it to 

restore its initial conditions to go back into the 

compressor ([1], [2]). The working principle of the closed 

Brayton cycle shows the importance of heat exchangers 

in the thermodynamic process. These equipments need to 

be compact and able to be operated under severe 

mechanical and environmental constraints.  

For Brayton cycles applications using supercritical CO2, 

PCHE technology is mostly used thanks to its design 

capabilities: PCHE can be used for very high pressure 

and temperature conditions, compared to classical FPHE 

([3], [4], [5]). Nevertheless, according to their important 

compactness and their economic interest, if the 

mechanical properties of FPHE and its integrity could be 

improved to reach PCHE performances, it would be the 

perfect choice in this field, since PCHE is a very 

expensive equipment, due to its important material 

density and the diffusion bonding assembly technique. 

Our work presented in this paper is achieved in the 

framework of this goal.  

At Fives Cryo, we have a good knowledge in designing 

and manufacturing brazed PFHEs, which help us 

developing very efficient heat exchangers, in order to 

meet the requirements needed for s-CO2 power cycles as 

part of the s-CO2-flex European project. Recuperators are 

therefore developed, which should operate under 

pressures up to 250 bars and temperatures of about 

500°C, in a s-CO2 corrosive environment, due to its 

impurities content (water, oxygen …). PFHE can be made 

with quite large channels compared to PCHE, which 

permit to reach moderate pressure drop. The main 

objectives of the development are to propose a heat 

exchanger based on that technology that meets several 

requirements while increasing the cycle’s efficiency. 

Quite a few aspects were investigated and among them to 

perform the design, the manufacturing, and to test it 

under the defined conditions.  

The main tasks to consider are thus:  

- to define appropriate materials for contact with 

high temperature impure s-CO2 on the basis of 

corrosion tests, 

- to achieve mechanical tests to satisfy operating 

conditions, 

- to design and manufacture the heat exchanger by 

brazing and welding 

- Finally, to confirm thermal and hydraulic 

performances of the heat exchanger. 

The diagram below summarizes these tasks. 

This paper mainly focuses on the work performed in the 

frame of manufacturing a plate-fin design that can 

withstand high-temperature and high temperature 

conditions and also survives in corrosion environment. 

The technical challenge is to determine a suitable 

configuration for all the constraints imposed by this 

process.  

MATERIAL SELECTION 

Depending on material interaction with CO2 stream and 

available information on impurities content such as 

oxygen or water that affect corrosion rates, some 

candidate alloys cannot be employed. Brazing as an 

assembly technique has also to be evaluated on potential 

reaction rates with the circulating working fluid in the 

cycle. Little information is available, especially in 

supercritical conditions thus, corrosion data results are 

needed.  

Furthermore, corrosion consideration has to be done in 

accordance with suitable mechanical strength. A selection 

of materials has to be discarded as they are not permitted 

to be employed at a level of 500 °C according to the 

boilers and pressure vessels regulation. Other concerns 

mainly deal with fins formability, and capacity of the 

alloy to be assembled by brazing and welding.     

Pressure 

vessels 

regulation 

Fins 

forming 

Brazing 

PFHE 

material 

selection 

s-CO2 

corrosion 
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Consequently, a shortlist of 3 different alloys was 

established: were selected, an austenitic stainless steel 

alloy compatible with brazing/welding conditions and 

aluminized in order to improve its corrosion resistance; a 

nickel-based alloy, which is certainly the more 

convenient choice for high corrosion resistance in drastic 

conditions and high mechanical resistance but presents 

the higher cost ; and a coated carbon steel alloy, which is 

a very innovative solution and could be very interesting 

economically and mechanically, but it needs to be 

validated for industrial use. The testing of these materials 

is still carried out by external contributors to the project, 

at s-CO2 cycle’s maximum temperature (500°C), hence, 

the results will not be included in the present paper. 

This material selection clearly impacts the design of 

PFHE which is the result of a compromise but it should 

keep an advantage of high recuperation capacity at a 

moderate cost. 

Despite the current lack of information on the corrosion 

resistance of the selected materials, we will relate in the 

sequel of this paper, the work achieved to enhance the 

mechanical resistance of PFHE assembly. 

MECHANICAL RESISTANCE 

An overview of basic elements necessary for the 

construction of a Plate-Fin Heat Exchanger can be seen 

on Figure 1, where the 3 flows are modeled by green, 

blue and red colors to illustrate the capability of this 

technology to withstand multiple flows. For s-CO2 cycles, 

only 2 fluids are circulating for heat exchange. 

Figure 1: Example of a standard design of a Plate- Fin 

Heat Exchanger (PFHE) manufactured at Fives Cryo.  

It consists of multiple layers of corrugated metal fins, 

separated by plates and closed with bars at the edges. The 

structure is joined together by brazing (Figure 2). The 

fluids circulate in the different layers thanks to headers 

welded on the collecting areas.  

In the light of the project, PFHE have to be qualified 

considering that this heat exchanger technology is not 

known as the best solution for s-CO2 Brayton cycles due 

to the maximum temperature and pressure limitations. 

PCHE (Printed Circuit Heat Exchanger) is preferred 

regarding its structural characteristics ([3], [4], [5]): it is 

manufactured with a succession of printed plates. It can 

handle very high mechanical constraints at the cost of 

higher pressure drop and economical cost compared to 

PFHE. The differences between these two technologies 

are described in Figure 2 below.  

Figure 2: Comparison of two compact heat exchangers: 

PFHE versus PCHE 

Forming process of the fins 

In order to understand the mechanical design of a PFHE, 

it is important to clarify how Fives Cryo proceeds to form 

the fins:  

We manufacture our own fin dies, according to defined 

fin geometry, and we install them on a hydraulic fin press 

machines. Fins are obtained by successive bending of flat 

sheets. 

The continuous challenge is to control the deformation of 

the material to give the desired shape to the material. 
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Brazing process 

Fins parts are then cleaned in order to remove the grease 

of the stamping machines or any dirt that could affect the 

quality of the brazing procedure. 

The parting sheets are recovered by a specific amount of 

Ni based brazing filler metal. The melting point of this 

filler metal is slightly lower than the stainless steel (the 

filler metal liquidus is below the solidus of the base 

metal), which will ensure the stiffness of the assembly 

when it solidifies. 

The different elements constituting the heat exchanger 

(fins, bars, parting sheets and external plates) are then 

stacked according to detailed sketches.  

After the stacking of all these elements, the assembly is 

compressed via a specific tool, in order to prevent any 

movement or displacement of the stacked elements which 

may compromise the integrity of the exchanger. 

The brazing occurs in a vacuum furnace. A confidential 

specific cycle is applied, and the evolution of the 

temperature in the matrix is monitored via 

thermocouples. This step is very important to ensure a 

homogeneous heating of the assembly. 

The manufacturing of such equipments is submitted to 

the requirements of pressure vessels codes, among them 

the ASME (American Standards of Mechanical 

Engineers) code. 

Validation of mechanical strength is mandatory to 

authorize the equipment and to operate the heat 

exchanger at temperature and pressure imposed by the 

specifications. This is particularly recommended to 

perform bursting tests on representative brazed samples 

(see on Figure 3). As the assembly technique should not 

be the weak point of the structure, the rupture should 

occur in the fins which are formed from the base material 

selected.  

The bursting tests allows to validate the ability of the fins 

to resist the actual applied pressure to the heat exchanger, 

applying a safety factor. 

According to the regulation, we need to determine a 

Maximum Allowable Working Pressure (MAWP) via an 

approved method by the code.  

Figure 3: example of a burst brazed sample 

The bursting test (Figure 3) consists of manufacturing a 

triple layer prototype of PFHE, which will be tested 

under pressurized water flowing in the middle layer (the 

top and bottom layers are dummys). The rupture should 

happen in the legs of the fins (base material). Otherwise, 

if it occurs in the brazed joint, the test fails.  

The obtained bursting pressure is then converted to a 

MAWP via formulas given by the applicable pressure 

vessels code. This MAWP will determine the limit of the 

design pressure of the equipment at design temperature. A 

safety factor is then applied: for example, considering the 

ASME code, the MAWP strongly depends on the 

operating temperature. In fact, the bursting pressure is 

converted first into a maximum allowable working 

pressure at ambient temperature (which is the bursting 

test temperature), and then, to a maximum allowable 

working pressure at the operating temperature (which is 

equal to 500°C for our s-CO2 cycle), according to the 

following formulas: 

Where P is the maximum allowable working pressure at 

the design temperature; S the maximum allowable stress 

value at the design temperature, but not exceed S2, which 

is the maximum allowable stress value for the material 

used in the test at test temperature; B the bursting test 

pressure, S the specified minimum tensile strength at 
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room temperature; and Savg the average actual tensile 

strength of test specimens at room temperature. 

One aim of the work undertaken here is to successfully 

design a PFHE matrix compatible with s-CO2 Flex cycle 

conditions and competitive with PCHE.  

Two types of heat exchangers are required for the cycle: a 

low temperature recuperator (LTR) and a high 

temperature recuperator (HTR). One stream is circulating 

in these heat exchangers at a high pressure close to 250 

bars. The focus of the present study is the development of 

a HTR, which can be operated at s-CO2 cycle conditions. 

A dedicated fin with preliminary characteristics is 

proposed (see Table 1 below for geometry description). 

The geometry was evaluated to conform to design 

conditions, as material mechanical strength is varying 

with temperature.  

Table 1: Geometrical description of the fins 

HT-HP Fin characteristics 

Thickness (mm) 0.3 

Height (mm) 4 

FPM (Fin Per meter) 787.4 

Geometry 

A 316 stainless steel grade is used to manufacture brazed 

samples and fins in particular.  This material has 

normalized mechanical characteristics. 

According to the ASME code, a value of approximatively 

1500 bar would be necessary to achieve at the bursting 

tests for qualifying this assembly for a use at 500°C at 

250 bar. 

First tests results indicated that a bursting pressure of 800 

bar were reached. This value is low compared to the 

required one. Furthermore, the rupture occurred in the 

brazed joint (Figure 4) and not in the fins legs, this does 

not validate the test. 

Intrinsically, this structure should resist at a higher level 

of mechanical stress. The analysis of the location of the 

rupture (Figure 4) revealed that the brazed zone is 

composed of a brittle phase and a ductile one. The ductile 

phase is located on the top of the fins only, which is not 

sufficient to preserve the mechanical properties of the 

entire brazed joint. The microstructure in this area has to 

contain as little fragile phase as possible, in order not to 

be mechanically limiting. 

Figure 3: Fins rupture area, showing the presence of a 

ductile zone and a fragile brittle zone in the filler metal. 

A metallurgical study was carried out to better understand 

what the root cause of this weakness is. It revealed that 

the origin of the premature rupture is the formation of a 

eutectic brittle phase (Figure 5), which influences highly 

the mechanical resistance of the assembly. 

Figure 4: Micrograph images of the brazed region 

between fins and the plate, showing the presence of a 

eutectic phase on the edge of the brazed joint 

Brittle 

zone 

Ductile 

zone 
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In order to reduce the area of the eutectic phase and 

increase the mechanical properties of the brazed joint, it 

is possible to consider the following options: 

- To optimize the fins’ geometry by forming a flat 

top and get a square overall shape and thus 

limiting the amount of brazing in this critical area 

(Figure 6), 

- To improve the brazing cycle to lead to a 

homogenization of the microstructure. 

Figure 5: Schematic representation of the geometric 

enhancement of the fins with circular and square shape 

Optimization of the fins geometry 

Fins are obtained from flat sheets by successive bending 

thanks to fin stamping presses used in conjunction with 

fin dies. These tools are designed for deformation and 

this deformation application gives the desired shape to 

the material. 

In order to reduce the amount of the brittle phase in the 

brazed joint, the geometry of our stamping machine tools 

was adapted, to flatten as much as possible the top of the 

fins (Figure 7). A proprietary system was developed to 

do so. 

Circular shape Square shape 

Figure 6: Micrograph images of the fins before and after 

the shape modification 

The bursting tests realized on brazed samples assembled 

with these new fins showed an important increase in the 

mechanical strength of the brazed structure. Indeed the 

bursting pressure reached was 1200 bars, and the rupture 

occurred in the base metal that time (Figure 8).  

Analyzing intimately the rupture, it can be observed that 

it started at the fins radius. This area is clearly thinned by 

15% compared to the initial thickness of the strip coil due 

to the forming process. 

The challenge is to counter this thickness reduction, 

which will lead to a higher mechanical strength, by 

working on the shape of the stamping machine tool. 

Another way is to change the base metal with a material 

having higher mechanical properties. For the last option, 

it is mandatory to find a compromise between the 

material strength and its stamping ability to form suitable 

fins. 

Figure 7: View of the rupture location of a brazed 

sample composed of “square”-shaped fins 

Understanding of the solidification kinetics during the 

brazing cycle 

A study is carried out focusing on transient liquid phase 

bonding (TLP) joining the austenitic stainless steel base 

metal using a nickel based brazing alloy. 

The aim is to characterize the filler alloy and the joints 

bonded by TLP, in order to better understand the 

solidification path and improve the brazing cycle and 

assembly quality. 

The process of TLP bonding consists on inserting a layer 

composed of a melting point depressant alloying element 

between the base metal layers. The melting of this 

interlayer at the brazing temperature results of joining the 

structure. 

An isothermal holding time at this temperature permits 

the melting depressant element to diffuse into the base 
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metal, which will modify the liquidus [6] and results in 

isothermal solidification (Figure 9). 

For some cases, the isothermal solidification is 

incomplete: some of the liquid phase remains, solidifies 

while cooling, which leads to the formation of a eutectic 

brittle phases in the joints. 

Long isothermal holding can prevent the appearance of 

these brittle phases, but has also a negative impact on the 

corrosion resistance of the base material due to 

sensitization by chromium depletion. In fact, in austenitic 

stainless steels, chromium carbide precipitates at grain 

boundaries: this phenomenon is called intergranular 

corrosion [7].  

Long isothermal holding is also not economical from an 

industrial point of view and very time consuming.  

All these points bring the high issues to determine the 

minimum time required to complete the isothermal 

solidification. 

316 stainless steel specimens were prepared from 4 mm 

thick plate. The mating surfaces of the plates were 

mechanically ground to remove surface oxide layer, and 

the filler metal was applied. The plates were put in 

contact, and compressed with a stainless steel tool. TLP 

bonding was operated in a primary vacuum furnace at 

1180°C, and then quenched in water. The thermal cycle 

details and the measurements techniques are explained in 

[8]. 

The phases formed in the filler metal after brazing, at the 

equilibrium were identified via measures of chemical 

compositions using EDX (energy dispersive X-ray 

spectrometry). The results details of these measurements 

will not be disclosed in this paper, due to some 

confidentiality issues. The identified phases are an 

austenitic solid solution and two silicides (which will be 

designated as phase A and phase B on Figure 10). 

This permits to identify diffusion controlled aspects of 

the isothermal solidification. An investigation is in 

progress to determine an empirical formula. The aim is to 

estimate the necessary time for the completion of the 

isothermal solidification, based on the diffusion 

parameters. This will help to define a convenient brazing 

cycle leading to keep fair properties of the material 

regarding corrosion issues as explained before. 

Figure 8: Stages of TLP bonding. The concentration of 

the melting point depressant is evidenced by the grey 

shading and the movement of the solid-liquid interface by 

the arrows [6] 

Figure 10: Si EDX and BSE (Back-scatter detector) 

maps of a solidified microstructure of the filler metal 

Phase B 

Phase A 
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CONCLUSION 

The s-CO2 flex project aim is to develop and validate 

a Brayton cycle using supercritical CO2 which will help 

to adapt fossil fuel power plants to integrate renewable 

energy sources.  

Because of the nature of this working fluid, severe 

operating conditions are possible. In particular heat 

exchangers are confronted to a high level of temperature 

and pressure.  

Usually, PCHE technology is the prior choice for this 

application thanks to its mechanical integrity and its 

thermal and hydraulic performances, but PFHE 

developed at Fives Cryo could be a better candidate for s-

CO2 Brayton cycle applications with its high degree of 

compactness at a moderate cost, if its mechanical and 

corrosion resistance are improved to bring internal 

structure at an opportune level. 

To that end, a specific development is performed: in the 

frame of s-CO2 flex project, Fives Cryo develops the 

manufacturing of both recuperators of the cycle (LTR & 

HTR), which are stainless steel heat exchangers, 

centering on following topics: 

- selection of a material with high mechanical 

properties resistant to corrosion against impure 

supercritical CO2 and validation by means of 

corrosion tests under real cycle conditions, 

- extension of the mechanical strength of the PFHE 

structure to meet the process requirements, by 

developing new “square”-shaped fins. This 

modified geometry reduces the brittle phase 

presence in the brazed joint hence enhancing the 

solidity of the assembly, 

- understanding of the solidification kinetics 

during the brazing cycle and determining of the 

most appropriate cycle parameters to get brazed 

joints as free as possible from brittle phases, 

while preserving the mechanical strength and the 

corrosion resistance of the base metal. 

Currently, much progress has been made on the second 

and last topics. There is a fair confidence to succeed 

qualifying PFHE technology to be part of future s-CO2 

Brayton cycles in power plants.  
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ABSTRACT 
Printed circuit heat exchangers (PCHX) fabricated from 

high nickel alloys have shown promise as primary heat 
exchangers, recuperators, and solar receivers for high 
temperature and pressure supercritical carbon dioxide power 
cycles.  There are numerous challenges in fabricating these 
devices including forming channel features, joining via diffusion 
or transient liquid phase bonding, and brazing/welding of 
headers. Commercial entities are understandably hesitant to 
share propriety best practices, and both commercial and non-
commercial entities working on these components tend not to 
publically share failures and mistakes. However, sharing of this 
information could prevent similar costly errors and further the 
understanding of the coupled manufacturing, materials and 
mechanics issues in creating these components.  

Thus, in this paper, we document the challenges, failures, 
and mitigation methods uncovered in fabrication of prototype 
micro-pin based solar thermal receivers constructed of Haynes 
230 and fabricated through a combination of photochemical 
machining (PCM), wire electrical discharge machining (EDM), 
transient liquid phase (TLP) bonding, vacuum brazing, and gas 
tungsten arc welding (GTAW). The receiver is designed to 
absorb concentrated solar fluxes greater than 140 W cm-2, while 
heating supercritical carbon dioxide from 550 °C to 720 °C at a 
pressure of 20 MPa to 25 MPa. The prototype receiver consists 
of a thin (~ 450 µm), Haynes 230 coversheet bonded to a 15 cm 
× 15 cm Haynes 230 micro-pin plate. The pieces are joined using 
a TLP bonding process with a nickel-phosphorus interlayer. Prior 
to bonding, micro-pins with height ~150 µm and diameter 300 
µm are fabricated using PCM in the plate, and through slot 
features are made using wire EDM. Finally, flow headers are 
joined to the microchannel plate through a combination of 
vacuum brazing and GTAW.  

During hydrostatic proof testing, the prototype device failed 
when the coversheet delaminated from the pin array at a pressure 
of 290 bar. A failure analysis including scanning electron 
microscopy (SEM) to view failure sites and energy-dispersive X-
ray spectroscopy (EDS) to evaluate elemental analysis of the 
failed areas was conducted. The failure modes can be broadly 
categorized as (1) failures potentially relating to reliquification 
of the transient liquid phase bonds between the micro-pins plate 
and coversheet during post-processing, (2) failures related to 
manufacturing defects, and (3) failures attributed to design.    

INTRODUCTION 
 The United State Department of Energy (DOE) has 
identified supercritical carbon dioxide (sCO2) Brayton cycles 
with turbine inlet temperatures >720 °C as the most promising 
power cycle for next generation concentrated solar thermal 
power (CSP) systems [1]. In these systems, a field of two-axis 
tracking heliostats concentrate solar radiation on to a receiver 
located atop a central tower. The concentrated thermal energy is 
then transferred to the sCO2 power system or to thermal storage 
through a circulating gas, liquid molten salt, or through solid 
particles [1]. 
 In ongoing work by the authors, we are developing a solar 
receiver technology that uses concentrated solar flux greater than 
140 W cm-2 to heat sCO2 from an inlet temperature of 550 °C to 
an outlet of 720 °C at an operating pressure of > 20 MPa. The 
receiver must have an efficiency greater than 90%, meaning that 
for every 1 MW of concentrated solar flux incident on the 
surface, 900 kW of energy is transferred into the sCO2. This 
efficiency is inclusive of optical reflection losses, reradiation 
losses, and convective losses from the receiver surface. Gas 
based solar receivers (air, helium, etc.) are typically constructed 
of multiple tubes in parallel/circuited flow arrangement to 
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minimize pressure drops. However, the gas-side convective heat 
transfer coefficient is relatively low, resulting in high receiver 
surface temperature and unacceptable thermal losses [2]–[4]. 
Furthermore, using high pressure sCO2 in a tubular receiver 
would require thick walled tubes, further increasing thermal 
resistance and surface temperature. 
 Thus, we have pursued a micro-pin (DH ~ 300 µm) concept 
to meet the challenges of high temperature/pressure operation 
and the need for extremely high gas-side convective heat transfer 
coefficients. Micro-pins were chosen over microchannels as they 
are more resistance to plugging and provide better flow 
distribution. A blocked microchannel could result in local 
overheating and failure of the device.  

This technology allows incident fluxes greater than 140 W 
cm-2 with efficiency > 90%, and the use of very thin walls to 
contain the pressures. Figure 1 shows a conceptual schematic of 
how micro-pin based receivers could be numbered-up to multi-
MW central receivers. Here, multiple-parallel unit-cells are 
fabricated into modules (~ 1 m × 1 m), which are then arranged 
into a central receiver and plumbed in parallel. Supercritical CO2 
from the main receiver riser is split into each module, and then 
further subdivided into each unit-cell where it is heated, 
recombined in the outlet headers and sent back to the power 
cycle/thermal storage. This approach minimizes parasitic 
pressure drop of the sCO2 [5], enables the possibility of zoned 
flow control within the receiver to maximize annualized 
performance [6], and allows for the realization of economies of 
scale in the manufacturing of the individual modules. 

The goal of our ongoing work is to demonstrate the ability 
to fabricate and test a scaled prototype (15 cm × 15 cm, 
approximately 15 kW of thermal input) in a concentrated solar 

dish. The prototype consists of multiple unit-cells and is 
designed to heat sCO2 to temperatures of 720 °C using 
concentrated solar flux. Materials, mechanical, and thermal  
computational and experimental studies [5], [7]–[11] were used 
to specify designs and fabrication techniques that would meet the 
performance targets and survive the extreme conditions.  This 
paper describes the challenges, failure modes, and opportunities 
for improvements from the initial attempt to synthesize these 
separate effects investigations into the design and fabrication of 
a prototype unit. 

RECEIVER MATERIAL AND DESIGN 
To survive the extreme operating conditions, only nickel-

based solid-solution-strengthened and precipitation-
strengthened superalloys were considered. After considering (a) 
the availability of material in the required form factor (sheet, 
plate, and bar), (b) the corrosion resistance with sCO2 at 
temperature and pressure, (c) the ease of fabricating micro 
features, and (d) our experience with diffusion and transient-
liquid phase bonding of the materials,  we selected Haynes 230, 
a solid-solution-strengthened alloy. First, although Haynes 230 
is primarily a solid-solution-strengthened alloy, it contains high 
volume fraction of M6C phase, which is instrumental in 
stabilizing matrix grain size at high bonding temperatures. 
Haynes 230 is known as one of the most grain-growth-resistant 
materials in the solid-solution-strengthened superalloys family. 
Second, Haynes 230 is one of the most corrosion-resistant alloys 
at high temperatures. Third, we had prior bonding experience 
with this alloy. Finally, we were able to demonstrate excellent 
channel depth tolerances using sinker electrical discharge 
machining (EDM) (±0.7%) and photochemical machining 
(PCM) (±3.9%) using Haynes 230, as well as identify vendors 
that could scale these processes to a 1 m × 1 m scale. 

With this material as the basis, a conceptual rendering of a 
single unit-cell within the prototype is shown in Figure 2. Each 
unit-cell consists of a thin, flat, coversheet coated with a high 
absorptivity material (Figure 2a). The inside of the unit-cell 
consists of a flow passage containing a staggered array of micro-
pins (detailed schematic shown in Figure 3). The flow length of 
a unit-cell is determined by the maximum allowable pressure 
drop within the device. As shown in Figure 2b, each unit-cell 
consists of two inlet headers (from the left and right), and a 
central outlet header. Supercritical CO2 enters from both sides, is 

  Figure 1: Conceptual schematic of numbering-up 
concept. 

Table 1: Dimensions of unit-cell and pin array. 
Variable 

Name 
Dimension Value 

t Coversheet thickness 450 µm 
L Unit-cell base length 5 cm 
W Unit-cell base width 15 cm 

Dpin Pin diameter 300 µm 
hpin Pin height 150 µm 
SL Longitudinal pitch 520 µm 
ST Transverse pitch 600 µm 
SD Diagonal pitch 600 µm 
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heated to the desired outlet temperature, and leaves through the 
middle. The dimensions for the unit-cell and staggered pin-array 
in the prototype device are provided in Table 1. 

The prototype module consists of three unit-cells in parallel 
(Figure 4). Figure 4a shows a top view of the three-unit-cell 
prototype with the coversheet removed. Figure 4b shows the 
backside of this pin array with flow distribution headers and 
Figure 4c-d shows the cross section of the unit-cell and module 
headers with important dimensions. Flow enters through the 
module inlet header (in green) from the main receiver riser. The 
sCO2 is distributed to the four unit-cell inlet headers (in blue), 
and then exits each unit-cell through the three unit-cell outlet 
headers (in red). Finally, flow from each unit-cell outlet header 
is collected in a module outlet header (in yellow), and returned 
to the main receiver downcomer. The dimensions for the 
prototype unit headers are shown in Table 2. 

Table 2: Dimensions of unit-cell and module headers. 
Header W 

(mm) 
L 

(mm) 
D 

(mm) 
t 

(mm) 
(A) Unit-cell header 8.125 16.25 6.25 5 
(B) Module header 22.7 22.7 12.7 5 

Finally, penetrations were made through the micro-pin plate 
to allow sCO2 to flow between the micro-pin array and the unit-
cell inlet/outlet headers, shown conceptually in Figure 5. The 

width of these slits was 0.20 mm, and the length was 10 mm. 
They were staggered from the top of the unit-cell to the bottom 
to enable flow to be well distributed. 

RECEIVER FABRICATION APPROACH 
A process flow diagram for the fabrication of the prototype 

receiver is shown in Figure 6. Raw material inputs are shown in 
green. First, a hot-rolled plate of Haynes 230 with a thickness of 
6.35 mm was cut to size (~ 15 cm × 15 cm) and then the micro-
pin array design was etched using a vendor proprietary 
photochemical etch process (Step 1 in Figure 6). An example of 
etched pin-array is shown in Figure 7. Then, the plate was sent 
to a second vendor for a wire EDM of the 0.2 wide mm slits (Step 
2). A graphite punch was used to create a through hole to thread 

Figure 2: Schematic of unit-cell with representative 
dimensions (a) with bonded coversheet on and (b) 
coversheet removed showing internal pins and sCO2 flow 
paths. 

Figure 3: Detailed schematic of micro-pin array. 

 Figure 4: Schematic of three unit-cell prototype (a) with 
coversheet removed (b) unit cell and module headers 
shown and (c-d) header cross section with dimensions.  

Figure 5: Rendering of the inlet/outlet slits for transition of 
flow from unit-cell headers to micro-pin array. 
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the cutting wire. Each staggered slit required a new through hole 
to be made.    

 Then, a 450 µm thick sheet of cold-rolled Haynes 230 was 
cut to size for the receiver coversheet. The micro-pin plate and 
cover sheet bonding surfaces were prepared with an alkaline 
cleaning and hydrofluoric acid etch (3). The treated surfaces 
were then joined using a transient liquid phase bonding process 
(9). Here, the parts are subjected to a high temperature and 
pressure. The faying surfaces are plated with a material that 
contains a melting point depressant (in this case, phosphorous), 
causing the joint to liquefy at high temperature. Then, the 
melting point depressant diffuses into the base metal, resulting 
in an isothermal solidification of the joint. Initially, a NiCl strike 
was applied to help increase adhesion. Then, a 2 µm sulfonated 
layer of pure nickel was electrically deposited, followed by a 2 
µm electroless mid-phosphorus layer (~6% P). This resulted in a 
phosphorous content of approximately 3% in the interlayer.  The 
bonding temperature was 1150 °C at a vacuum pressure less than 
1 × 10-5 torr for a dwell time of 4 hours. Once bonding was 
complete, the combined part was ground flat on the faying 
surface for the unit-cell headers. 

In parallel, the unit-cell header plate was milled out of hot-
rolled Haynes 230 plate to achieve the dimensions shown in 
Table 2, previously. Rather than individual parts as shown 
conceptually in Figure 4, a single plate was used that contained 
all the unit-cell headers with inlet/outlet ports (Figure 8). After 
machining, the part was stress relief annealed at 1200 °C for 1 
hour (3 °C per minute ramp up/down), and ground flat. The unit-

cell header plate was  then joined to the micro-pin plate via a 
vacuum brazing process (Table 3) using a 50 µm nickel based 
brazing foil containing boron as a melting point depressant 
(MBF-51 in [12]).  

Finally, the module headers were machined from Haynes 
230 bar and joined to the unit-cell header plate via a gas tungsten 
arc welding (GTAW) process. GTAW was also used to repair an 
external leak from the TLP process, and to join a set of Haynes 
230 tubes for pressure testing. The entire part was shown to be 
hermetic to a shop air test of approximately 0.76 MPa. A 
photograph of the complete prototype receiver is shown in 
Figure 8.  

Figure 6: Process flow diagram for fabrication of prototype receiver. 

Table 3: Vacuum brazing parameters. 
Step Description Purpose 

1 Ramp to 950 °C @ 5 °C 
per minute 

2 1st Hold: 950 °C for 1.5 
hours 

Ensure part evenly 
heated 

3 2nd Hold: 1195 °C for 2.5 
hours 

Liquefy braze and 
diffuse away boron and 
silicon 

4 Cool to 1100 °C (2 °C per 
min) in 1.5 mbar Argon 

Solidify braze for 
diffusion hold 

5 3rd Hold: 1100 °C for 3.5 
hours 

Diffuse away any 
residual boron or 
silicon 
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PROOF TESTING AND FAILURE ANALYIS 
Prior to installing the prototype on-sun, a room temperature 

proof test was conducted using the standards outlined in ASME 
Section VIII Div. 1 Hydrostatic Pressure Testing - Article UG-
99(b). The hydrostatic test pressure was determined from 
Equation 1. 

1.3 T

D

P MAWP



     (1) 

where MAWP, σT , and σD are the maximum allowable working 
pressure/design pressure (20 MPa), the allowable stress at test 
temperature (20 °C), and the ASME maximum allowable stress 
at design temperature (720 °C). For Haynes 230 at these 
temperatures, the values of σT and σD were determined to be 207 
MPa and 65 MPa, respectively [13]. This resulted in a room 
temperature required proof pressure testing of 82.8 MPa. The 
testing procedure is based on the ASME guidelines, summarized 
in Figure 9. 

After confirming the unit showed no external leakage with 
air at 0.76 MPa, the unit was connected to a manual hydraulic 
pump and filled with hydraulic oil. The first step in the test 
required pressure to reach 33 MPa. The unit was ramped up to 
33 MPa by first increasing pressure to 10 MPa, holding a minute, 
increasing pressure to 20 MPa, waiting a minute, and then 
increasing pressure to 33 MPa. During the last ramp to 33 MPa, 

the unit failed at approximately 29 MPa. Failure occurred when 
the coversheet produced a bulge due to separation from the 
micro-pins (Figure 10). No external leakage occurred during the 
failure event.  

The bulged area shown in Figure 10 was removed via laser 
cutting (Figure 11a), cleaned in an ultrasonic acetone bath, and 
sectioned using wire EDM (Figure 11b). We then conducted 
detailed scanning electron microscopy (SEM) to view failure 
sites and energy-dispersive X-ray spectroscopy (EDS) to 
evaluate elemental analysis of the failed areas. Analysis was 
conducted of the top coversheet, and the micro-pin plate in the 
failed region. This analysis revealed several potential failure 
modes that can be broadly categorized as (1) failures potentially 
relating to the transient liquid phase bonds between the micro-
pins and 0.45 mm coversheet during post-processing, (2) failures 
related to manufacturing defects, (3) failures attributed to design. 
Each are described below, followed by some suggestions for 
mitigation of the failures that may be of use to the sCO2 
community fabricating high temperature/pressure heat 
exchangers based on printed circuit type architectures. 

Figure 7: Example of etched pins. 

Figure 8: Complete receiver prototype. 

Figure 9: Proof pressure testing operating specifications. 

 Figure 10: Photograph of coversheet bulge failure. 
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Failures Related to TLP Bond 
In general, the SEM analysis showed that the fracture took 

place in the bond region in a ductile manner. Notably, the failure 
appears to be centered over the series of slits in the micro-pin 
array which function as fluid inlet/outlets (Figure 11a). Within 
the failed region, some pins were not adhered, or were poorly 
adhered to the top plate (Figure 12a-b). These “missing” bonded 
pins were sporadically located, and likely not the sole cause of 
failure. In regions where pins were partially adhered, aluminum 
oxide particles were found using EDS, causing a local brittle 
failure (Figure 12c). For pins that were well adhered, Al-oxide 
was found in the periphery of the bond, causing local brittle 
failure, despite a general ductile failure in the center (Figure 13). 
In both the well and poorly adhered pins, voids within the 
bonding region were detected (Figure 14). Finally, the profiles of 
both the adhered and poorly adhered pins show “liquid-like” 
wavy solidification features (see Figure 14) that are inconsistent 
with the original smooth photochemical etching process.  

All of these findings support a hypothesis that failure was at 
least in part due to the TLP bond  re-liquefying during the high 
temperature vacuum brazing and post-processing (heat treatment 
process). In this prototype, phosphorous was used as the melting 
point depressant based on prior work at Oregon State University. 
Phosphorous is much slower to diffuse than the more industry 
standard boron used in many TLP process. If all of the 
phosphorous did not diffuse out during the bonding process, then 

during the brazing or heat treatment process, the coversheet may 
lift off the pins or slide (article was not horizontal), causing the 
observed sporadic attachment and voids/inclusions. 
Furthermore, a liquefied bond would be much more susceptible 
to oxygen diffusion, resulting in the formation of Al-oxide within 
the bonding area of poorly adhered pins, and at the periphery of 
the well bonded 

Failure Related to Manufacturing Defects 
The fluid inlet/outlet slits are machined in the micro-pin 

plate using a wire-EDM process, as discussed above. The 
through hole for insertion of the wire is made with a graphite-
based tool. SEM images of the pins near the slits show that some 

Figure 11: (a) Top view of coversheet showing bulge 
section removed and (b) side view of section micro-pin 
plate. 

Figure 12: SEM of bottom side of coversheet showing (a) 
regions where not all pins were adhered (b) close up of 
“missing” pin area showing limited bonding and (c) 
backscatter image of “missing” pin area showing dark Al-
oxide regions (red arrows) and areas of limited ductility 
(green arrow). 
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pins are cut due to misregistration of the wire, reducing the cross 
section and bonding area (Figure 15). Furthermore, carbon 
contamination near the slits was observed (dark color in Figure 
15b), attributed to the graphite hole punching tool. The carbon 
contamination was not removed by the cleaning process prior to 
electroplating and TLP bonding process, potentially altering the 
TLP bonding process. The probability of the contribution of both 
of these factors to the failure is increased due to the apparent 
initiation of failure in the region of the fluid inlet/outlet slits, 
shown in Figure 11a. 

During the failure analysis there was some concern that the 
micro-pin array may have been over etched during the PCM 
process, yielding smaller than expected pins. This concern was 
due to the small pin cross sectional area observed in the failed 
regions as shown in Figure 15a. However, we analyzed the pin 
geometries in a region without failure by machining away the 
thin coversheet to reveal the pins, shown in Figure 16a. Here, the 
pin spacing and diameter are as expected (Table 1). Thus, the 
observed decreased area in the failed region is believed to be 
from necking of the pins during failure.  

Failures Related to Design 
We identified the inability of the design to accommodate 

manufacturing defects related to the TLP bonding and wire EDM 
processes as a key failure mode. The use of micro-pins versus 
continuous microchannels allows the device to be resilient to 
plugging. In a solar application, if even a single channel were 
plugged, a hot spot could develop leading to failure. To specify 
the geometry of the pin array design, the primary constraints 
were mechanical, manufacturing, and hydraulic. 
      The target lifetime of the solar receiver is >10,000 cycles. 
The type of failure observed in the proof test (i.e., coversheet 
delimiting from micro-pin array) was identified as the most 
critical potential failure mode to address.  To develop a design to 
avoid this, elasto-plastic properties of TLP joined samples of 
Haynes 230 with patterned features similar to those of the 
prototype were obtained at room temperature and operational 
temperature of 760 °C. The data were then used to calibrate a 
FEA model of the joint, where the yield strength of the bond 
layer was iteratively changed and resulting force-displacement 
simulations compared to the data [9]. It was found that the joint 
materials’ elastoplastic behavior was similar to that of the base 
material. Using these elastoplastic properties, FEA was 
performed for a range of micro-pin geometries (spacing and 
diameter) to detect the onset of plastic failure at 25 MPa and 
material properties at operation temperature (from [13]). The 
FEA model used to examine the deformation of the micro-pin 
included a bottom plate, pins, and a top plate, as well as a bonded 
region between the top plate and the pins. A pressure of 25 MPa 

Figure 13: SEM of bottom side of coversheet showing 
failure of a well adhered pin with Al-oxide (dark spots) in 
bond periphery and local brittle failure. 

Figure 14: Observed voids in bond region of (left) poorly 
adhered pin and (right) well adhered pin. 

Figure 15: Image showing (a) cut pins and (b) potential 
carbon contamination (dark spots) in vicinity of wire EDM 
slit. 
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was applied to all interior surfaces. Potential designs were then 
limited to geometric combinations that would remain elastic. The 
avoidance of plastic failure would also prevent failure of the joint 
via low-cycle fatigue, i.e., > 10,000 cycle life.  

When fabricating the pins with PCM, the pin-to-pin 
span/height ratio was approximately 2. This, combined with the 
mechanical model results specified the geometric limits of the 
pin array. With these limits, computational fluid dynamics 
simulations were used to evaluate the thermal hydraulic 
performance of the prototype unit-cells with different pin 
geometries and unit-cell flow length, as described in Hyder and 
Fronk [5]. These analysis considered axial conduction through 
coversheet, radiation and reflection losses for different optical 
coatings, and convection losses for different ambient conditions. 
The thermal analysis was confirmed with lab-scale experimental 
data from [14]. The design targets were a receiver efficiency > 
90% (with assumed optical coating) and pressure loss less than 
0.4 MPa, while heating 20 to 25 MPa sCO2 from 550°C to 
720°C. The pin-array dimensions reported in Table 1 met these 
targets with a mechanical safety factor > 1.2 at operating 
temperature using conservative mechanical properties of Haynes 
230 [13]. 

However, over the 15 cm × 15 cm area of the prototype 
device, there are approximately 125,000 pins. Thus, even for 
highly controlled manufactured processes, there is a relatively 
high statistical likelihood that one or more pins may not be 
fabricated to tolerance, bonded correctly (Figure 12), and/or 
damaged during other fabrication process (Figure 15). The 

observed failure indicates that a more defect tolerant design of 
the pin array would increase the likelihood of prototype success. 
Many other sCO2 recuperator and primary heat exchanger 
printed-circuit type designs fabricated with similar methods use 
micro channels with continuous walls rather than micro-pins. 
This increases the area available for bonding and increases the 
resilience of the device to manufacturing defects. However, this 
comes at the cost of decreased resilience to channel plugging and 
flow maldistribution, which is unacceptable for concentrated 
solar applications. Some alternatives are discussed below. 

LESSONS LEARNED AND CONCLUSIONS 
Fabricating high temperature and pressure heat exchangers 

is challenging and expensive, and the subject of multiple 
ongoing efforts across the world. The extreme operating 
conditions of the concentrated solar thermal environment make 
the problem even more challenging. This paper presented details 
on the design, fabrication, and identified failure modes in a 
printed-circuit type heat exchanger. From the challenges 
presented above, a few lessons learned can be of value to the 
sCO2 community working with high-nickel content alloys. 

Joining: One of the key failure mechanisms was related to 
the joining process. Joining of nickel-based alloys is widely 
studied in the literature. Generally, these studies are done with 
carefully controlled tensile test articles, and not with full 
components. As shown here, there can be difficulties when 
scaling proven laboratory processes to actual devices. Based on 
prior success of transient liquid phase bonding Haynes 230 with 
a Ni-P interlayer in 5 cm and 8 cm scale devices [15], the 
approach was adopted here, with approximately 3% P as a 
melting point depressant within the interlayer. Transient liquid 
phase bonding has the positive aspect that the bond region 
liquefies and can potentially fill some surface defects during the 
bonding process. However, due to the relatively slow diffusion 
of phosphorous into the base metal, there is some concern that 
the bond in the prototype device may have become liquid during 
other processes, causing degradation in the bond. Boron will 
diffuse faster than phosphorus, which would help ensure 
isothermal solidification of the joint during bonding. However, 
there is the possibility that because it diffuses so fast, uneven 
heating of large parts during the thermal ramp to the bonding 
temperature could cause the melting point depressant to non-
uniformly diffuse out of some regions of the part before it is at 
the desired temperature. 

To retire these risks, we have moved to a solid-state 
diffusion bonding process for Haynes 230. Here, the interlayer 

Figure 16: Image showing top view (a) of failed pin array 
with decreased pin diameter and (b) pin diameter in region 
without failure. 

Figure 17: Image showing top view (a) of failed pin array 
with decreased pin diameter and (b) pin diameter in region 
without failure. 
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and bond region will remain solid throughout the diffusion 
bonding process and, therefore, surface features have a more 
pronounced effect on porosity along the bond line. Based on the 
work of Kapoor et al. [16] for diffusion bonding of Haynes 230, 
we have identified process parameters (temperature, pressure, 
time) that will provide high percent bonded area without 
significant creep, permitting us to move forward with a solar 
receiver prototype design based on solid-state diffusion bonding. 
In our preliminary work exploring this approach, we are 
considering sub-scale prototypes either with or without a pure 
nickel-layer, with promising initial results in terms of joint yield 
strength and percent bonded area. Our second generation 
prototype will be fabricated using a diffusion bonding process.  

Design: Another key lesson is to develop designs that are 
resilient to manufacturing defects, particularly when fabricating 
many small micro features. In our first prototype design, the 
failure of one pin potentially caused a cascade of failures 
resulting in “unzipping” of the bonded coversheet from the 
micro-pin array, as observed. In the failure analysis, some poorly 
bonded pins due were observed, although it was not possible to 
identify one single pin as the initiation of the failure. To mitigate 
this, we are considering designs consisting of arrays of pins and 
short bars (Figure 17). This type of design maintains resistance 
to plugging and blocking of the flow, while also increasing the 
area available for bonding. FEA analysis shows that this two 
feature design is more resilient to “missing” pins or bond area 
defects than a pure pin array. Work is ongoing to identify the best 
statistical distribution of defects to assess the resilience of the 
design.  

In sum, we hope that the challenges, failure modes and 
lessons learned presented here can be used by others in the sCO2 
field to develop designs and fabrication strategies for their own 
applications that have a higher probability of success. Ultimately, 
this will decrease the time and cost in moving sCO2 technology 
from the laboratory to the field.  

NOMENCLATURE 
Dpin  pin height (µm) 
hpin  pin height (µm) 
L  unit-cell base length (cm) 
MAWP max allowable working pressure (MPa) 
P  pressure (MPa) 
SD  diagonal pitch (µm) 
SL  longitudinal pitch (µm) 
ST  transverse pitch (µm) 
t     coversheet thickness (µm) 
W  unit-cell base width (cm) 
σD allowable stress at design temperature (MPa) 
σT allowable stress at test temperature (MPa) 
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ABSTRACT 

In this work models of a centrifugal compressor and radial 

inflow turbine are presented. The models serve as a way to 

perform the initial design of the turbomachines for application in 

small- to medium-scale power cycles. The models are based on 

the classical mean-line velocity triangle approach which is 

supplemented with loss coefficients. Restrictive assumptions are 

not placed on the fluid and therefore the models can be used with 

supercritical carbon dioxide as will be explored in this work. In 

order to gain insight into the relationship between the 

geometrical specifications, thermodynamic operating conditions 

and performance characteristics of the turbomachinery, 

mathematical optimisation is performed for specific objectives 

under given constraints. The benefit of this is that the inevitable 

trade-offs between the design variables can be studied a priori, 

before any physical prototypes are built. Results are presented as 

Pareto plots between pairs of design variables. The importance 

of choosing an appropriate objective function and upper and 

lower bounds on the variables is discussed as well. 

INTRODUCTION AND BACKGROUND 

As a working fluid for power cycles, supercritical carbon 

dioxide (sCO2) has many benefits. Above turbine inlet 

temperatures of 550°C, it can be shown that an sCO2 Brayton 

cycle can achieve a higher thermodynamic efficiency than cycles 

that use other working fluids [1]. Furthermore, the performance 

of small sCO2 Brayton cycles with simple layouts is comparable 

to much larger and more complicated steam Rankine cycle 

systems [1]. 

The performance of a Brayton power cycle is dominated by 

the performance of the turbomachinery [2]. Many variables have 

an influence on the performance of a turbomachine and it is a 

challenging engineering problem to find values for these 

variables that will lead to a well-designed machine. 

New turbomachines have predominantly been designed by 

iterating on previous designs [3]. This is achieved through the 

use of basic theoretical principles and correlations that have been 

developed from empirical testing. Whilst this approach has 

proven to be technically successful and commercially viable for 

steam and gas turbomachinery, the sCO2 turbomachinery 

industry is still relatively undeveloped. As a result, empirical 

correlations for sCO2 turbomachinery are unavailable.  

Another problem with this approach is that it is based on 

trial-and-error methods that are informed almost entirely by the 

knowledge and experience of the turbomachinery designer. 

Global optimisation is therefore not possible. Computational 

fluid dynamics (CFD) is a suitable alternative turbomachinery 

design tool and is amenable to more rigorous optimisation [4]; 

but the drawback of this approach is that CFD simulations are 

computationally expensive and unsuitable for system-level 

design and optimisation work. 

The accuracy of CFD-derived performance analysis can be 

combined with the speed of gradient-based optimisation through 

the use of a response surface model (RSM) in which the effect 

of the design variables on the objective function of the 

optimisation are approximated [5]. Only a few CFD simulations 

are performed and the results of the objective function are then 

correlated to the design variables through a statistical regression 

analysis that yields a function or a neural network that yields an 

output value.  The RSM then replaces the CFD in the 

optimisation process. RSM methods have been applied 

successfully to the optimisation of turbomachinery, including 

multi-objective (Pareto) optimisation [5, 6]. 

Despite the advantages of RSM methods, the accuracy of 

the results depends on the accuracy of the RSM approximation. 

Given the many variables involved in the analysis of 

turbomachinery, several CFD simulations are therefore still 

required in order to develop an accurate RSM. 
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The lack of suitable sCO2 turbomachinery models that are 

both computationally inexpensive (i.e. do not require substantial 

CFD simulation work) and amenable to rigorous optimisation 

has resulted in the design of the turbomachinery receiving little 

to no attention during the initial design of sCO2 power cycles. 

The machines are often modelled simply with a constant 

efficiency and with scant regard to their physical geometry. 

Although this may be satisfactory for elementary steady-state 

design work, it is obviously unsatisfactory for any detailed 

design work which requires matching of the cycle mass flow 

rate, proposed temperatures and pressures, and geometrical 

specifications with each other. 

OBJECTIVES 

The two common methods of designing and optimising 

turbomachinery (i.e. by iterating on previous designs or by using 

CFD simulations) have some drawbacks. This work presents an 

alternative approach which relies on mathematical models 

developed from standard theory. These models are required to 

meet three main objectives which are formalised as follows.  

Firstly, the models should be developed as part of a larger 

power system model. Therefore, the interfaces (i.e. inlet and 

outlet) between the turbine or compressor stage and the rest of 

the system should be well-defined – both from a thermodynamic 

perspective and a geometrical perspective. The models must 

describe the design and performance of the turbomachines not 

only in isolation but also when integrated in a system. 

Secondly, the models should be developed with robust 

mathematical gradient-based optimisation in mind as the primary 

application. This requires that the models consist entirely of a 

series of mathematical equations that capture the relationships 

between the variables of the machine. 

Finally, given the lack of empirical data on sCO2 

turbomachines, it is conceivable that the current state-of-the-art 

of sCO2 turbomachine modelling will be enhanced in the future 

by more accurate theory, procedures and correlations. In order to 

accommodate this, the models must be flexible and amenable to 

updates as required.  Notwithstanding this, some applications 

may desire a faster computation time rather than the utmost 

modelling accuracy. As a result, the models must be based on the 

most elementary theoretical principles only. Any additional 

model complexity should augment rather than replace the basic 

principles. 

MODELLING 

The theoretical analysis of turbomachinery has been well-

documented. Turbomachinery can be modelled reasonably 

accurately using only a few basic equations that can be found in 

most textbooks on turbomachinery (the interpretations of 

Aungier [3], Dixon and Hall [7], Korpela [8] and Japikse and 

Baines [9] are good examples). However, authors differ on the 

specifics of their notation and on the detail of their analyses. 

Furthermore, any model of a turbomachine must also take into 

consideration how that model is to be implemented because it 

will dictate the characteristics that the model should possess. 

It is for these reasons that there are no universal analytical 

models for turbomachinery and it is worthwhile to present an 

introduction to the analytical turbomachinery models which are 

implemented in this work. 

Consider a stage of a generic turbomachine, depicted 

schematically in Figure 1. 

Figure 1: flow stations of a generic turbomachine stage 

The stage consists of four main stations where the 

characteristics of the flow is analysed at. In a turbine, the flow is 

in the direction 1-2-3-4 and in a compressor the flow direction is 

reversed: 4-3-2-1. Sections 1-2 and 3-4 are stationary. In a 

turbine, 1-2 acts as a nozzle which accelerates the flow and 3-4 

acts as a diffuser to slow the flow. In a compressor 4-3 is 

insignificant (and can be ignored) but 2-1 acts as a diffuser. 

The rotor section between stations 2 and 3 is rotating and 

the transfer of momentum between the fluid and the blades 

occurs here.  

 A front view of the rotor section is depicted in Figure 2. Only 

one half of the blades are shown. The relevant blade dimensions 

are indicated. The outer radius of the disk 𝑟2 is referred to as the

tip radius. At station 3, the inner-most (smallest) radius 𝑟3ℎ is the

hub radius whereas the larger radius 𝑟3𝑠 corresponds to the

shroud radius. The direction of rotation of the disk is also 

indicated in Figure 2: in the 𝜔𝑇 direction for a turbine and in the

𝜔𝐶  direction for a compressor.

 

𝑟 

𝑥 𝑏2 
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The geometry of a centrifugal compressor is very similar to 

the geometry of a radial inflow turbine and therefore common 

notation can be used. Assuming that the thickness of the blades 

is negligible, the radial flow area at station 2 
𝐴2𝑟 = 2𝜋𝑟2𝑏2 (1)

is the circumference of the disk multiplied by the blade width 𝑏2.

At station 3 the axial flow area 

𝐴3𝑥 = 𝜋(𝑟3𝑠
2 − 𝑟3ℎ

2 ) (2)
is the annulus between the shroud radius and the hub radius. 

The mass flow rate 
�̇� = 𝜌𝑉𝑚𝐴 (3)

is the product of the local density 𝜌, local absolute velocity 𝑉𝑚

in the meridional (m) direction and area 𝐴 normal to the flow. At 

station 2, the radial (r) direction is the meridional direction and 

at stations 1, 3 and 4 the axial (x) direction is the meridional 

direction. The flow can have a component in the tangential (t) 

direction at stations 2 and 3, but at stations 1 and 4 it is assumed 

that the flow has no tangential component. The conservation of 

mass is enforced as long as the mass flow rate is equal at all four 

flow stations. 

 A way to visualise the flow at stations 2 and 3 is to use a 

velocity triangle. A velocity triangle represents the relationship 

between the absolute velocity 𝑉, relative velocity 𝑅 and blade 

velocity 𝐵. 

The sign convention is as follows: the tangential direction is 

positive in the direction of blade rotation, and the meridional 

direction is positive in the direction of fluid flow. The angle that 

the absolute velocity vector makes with the meridional direction 

is denoted by 𝛼 and the angle that the relative velocity vector 

makes with the meridional direction is denoted by 𝛽. With the 

positive meridional direction as reference, if the angle 

measurement is towards the positive tangential direction, then 

the angle is considered as positive. Conversely, if the angle 

measurement is towards the negative tangential direction, then 

the angle is considered as negative. 

 Figure 3 depicts a generic velocity triangle that can be used 

to analyse the flow at stations 2 and 3. 

 The flow direction is reversed in a compressor as compared 

to a turbine and the blades rotate in the opposite direction. 

However, the sign convention remains as previously defined and 

therefore the same velocity triangle can be used for both a turbine 

and a compressor.  

 A velocity triangle can be analysed using simple 

trigonometric rules that can be found from inspection.  

 The relative velocity vector is defined as the vector 

subtraction of the blade velocity from the absolute velocity. 

Since the blade velocity only has a component in the tangential 

direction, this implies that 
𝑅𝑡 = 𝑉𝑡 − 𝐵 (4)

The blade speed 
𝐵 = 𝑟𝜔 (5) 

can be calculated by multiplying the local radius by the angular 

velocity 𝜔. At station 2, the tip radius 𝑟2 is used and at station 3

the mean radius 𝑟3 between the hub and shroud is used, where

𝑟3 =
𝑟3ℎ + 𝑟3𝑠

2
 . (6) 

The conservation of momentum is taken into account by 

considering the resulting moment on the shaft 

𝑀 =  �̇�(𝑉2𝑡𝑟2 − 𝑉3𝑡𝑟3)   . (7) 

The fluid power  

𝑊𝐹
̇ = 𝑀𝜔 (8)

can be determined by multiplying the moment by the angular 

velocity at which the shaft is rotating. However, this power is not 

equivalent to the power obtained from the conservation of energy 

(the first law of thermodynamics). Ignoring gravitational 

potential energy, the power obtained by applying the principle of 

the conservation of energy is 

�̇� = �̇� [(ℎ2 +
1

2
𝑉2

2) − (ℎ3 +
1

2
𝑉3

2)]   . (9) 

The fluid power does not take into account the additional 

parasitic work terms such as leakage and windage, but the 

thermodynamic energy equation does [9]. The parasitic work 

�̇�𝑃 = |�̇� − �̇�𝐹| (10) 
is therefore the difference between the thermodynamic power 

and the fluid power. 

The flow direction is defined in opposite directions for the 

compressor and turbine cases. This has the consequence that 

station 2 is always at a higher total enthalpy than station 3 and 

therefore the power rating is always a positive quantity 

regardless of whether a turbine or a compressor is under analysis. 

 The accurate modelling of sCO2 thermodynamic properties is 

crucial for developing accurate sCO2 turbomachinery models. A 

thermodynamic model of sCO2 that is accurate across broad 

ranges of temperature and pressure cannot be based on 

simplifying assumptions such as the ideal gas or incompressible 

fluid assumptions. 

 Apart from evaluating lengthy and computationally 

expensive equations-of-state, the most accurate thermodynamic 

model can be achieved by interpolating from finely resolved 

tables of sCO2 thermodynamic properties. Unfortunately, such 

an approach is also computationally expensive because a special 

interpolating function needs to be called with every iteration. An 

alternative approach is to use simple correlations of the form 

𝑥3 = 𝑎𝑥1 + 𝑏𝑥2 + 𝑐𝑥1
2 + 𝑑𝑥1𝑥2 + 𝑒𝑥2

2 … (11)
where the coefficients 𝑎, 𝑏, 𝑐, 𝑑, 𝑒, … are determined using a 

statistical regression analysis of the tabulated data. 

 This is valid because any thermodynamic property can be 

calculated if any two other properties are known [10]. It is 

therefore possible to state that a property 𝑥3 can be expressed as

a function of only two other properties 𝑥1 and 𝑥2.

𝛼 𝛽 

𝑡 

𝑚 

𝑉 

𝑉𝑡

𝑉𝑚
𝑅 

𝑅𝑚

𝑅𝑡

𝐵 

𝜃 

Figure 3: a generic velocity triangle 
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Equation 11 is an example of a second-order correlation, but 

the correlations can contain an arbitrary number of terms of any 

order. The more terms the correlations contain, in theory the 

more closely the properties will resemble the true properties of 

sCO2 but the longer each calculation using the correlations will 

take. If fewer terms are used, then the properties that are 

calculated from the correlations will begin to deviate from the 

true properties of sCO2 but the calculation speed will increase. 

 Another aspect to consider in the development of the 

turbomachinery models is the entropy generation or losses that 

occur throughout the stage. This is a fundamental part of 

accurately predicting turbomachine performance, but it is also 

the most challenging aspect to model. 

 There are numerous types of losses that occur throughout a 

turbomachine stage and there is no universal naming scheme nor 

is there a universally applicable loss model; in fact there are over 

1.5 million possible loss model configurations [11]. Given the 

complexity of the physics encapsulated by the loss models, they 

are invariably based on empirically determined coefficients. 

However, as a result of the lack of empirical sCO2 

turbomachinery data, there are no loss coefficients that are 

specifically applicable to sCO2 turbomachinery. 

 In the current models, three loss coefficients are employed. 

The first is the rotor loss coefficient 

𝜁𝑅 =
ℎ0 − ℎ0𝑠

1
2

𝑅2
2

(12) 

which represents the difference between actual total enthalpy 

achieved at the outlet of the rotor section and the total enthalpy 

that would have been achieved if the process was isentropic, as 

a fraction of the relative kinetic energy at the tip. The rotor loss 

coefficient applies to enthalpy values at station 2 in the case of a 

compressor and at station 3 in the case of a turbine. 

The second loss coefficient is the parasitic work coefficient 

𝜁𝑃 =
𝑤𝑃

1
2

𝑅2
2

=
�̇�𝑃

1
2

�̇�𝑅2
2

(13)

which represents the parasitic work as a fraction of the relative 

kinetic energy at the tip of the rotor. 

In the stationary sections of the turbomachinery (i.e. sections 

1-2 and 3-4), the total enthalpy remains constant as a result of no 

shaft work and an assumption of negligible heat transfer. Only 

one additional loss factor – the diffuser efficiency – is necessary 

to characterise these sections. To derive the diffuser efficiency, 

consider the pressure recovery coefficient [9] of a diffuser 

𝐶𝑝 =
𝑃out − 𝑃in

𝑃0,in − 𝑃in

(14)

which represents the fraction of the kinetic available at the inlet 

to the diffuser that is converted into a static pressure rise. The 

ideal pressure recovery coefficient 

𝐶𝑝,ideal = 1 − (𝐴𝑅)2 (15) 
is only a function of the area ratio 𝐴𝑅. The ratio of the actual 

pressure recovery coefficient to the ideal pressure recovery 

coefficient is then defined as the diffuser efficiency 
𝜂𝐷 = 𝐶𝑝/𝐶𝑝,ideal   . (16) 

If the area ratio is defined as 

𝐴𝑅 =
𝐴small

𝐴large

(17)

where 𝐴large is the larger and  𝐴small the smaller of the two flow

areas of the section then the diffuser efficiency can be applied to 

a nozzle as well ‒ the only difference is that the nozzle efficiency 

will exceed unity because the static pressure is reduced rather 

than raised [9]. 

The final factor to consider is slip which accounts for the fact 

that the flow at the tip is not perfectly guided by the blades of a 

compressor or by the inlet vanes of a turbine. Slip is incorporated 

into the models of this work by solving a third velocity triangle 

for each machine: in other words, a velocity triangle at station 3, 

a no-slip velocity triangle at station 2 and a velocity triangle at 

station 2 that includes slip. The two velocity triangles at station 2 

can be linked through the slip factor 

𝜎 =
𝑉2𝑡

𝑉2𝑡
′

(18)

where 𝑉2𝑡 represents the tangential velocity component with slip

included and 𝑉2𝑡
′ represents the tangential velocity component

without slip. 

 Although the turbomachinery models developed in this work 

are similar to the models developed by Da Lio et al. [12] and by 

Alshammari et al. [13], the computational implementation of the 

models is significantly different. Before the computational 

implementation is discussed however, it is necessary to define 

the concept of a mathematical optimisation problem.   

MATHEMATICAL OPTIMISATION 

A general constrained mathematical optimisation problem is 

formulated as [14] 

minimise 𝑓(𝒙) subject to 
𝑔𝑖(𝒙) ≤ 0, 𝑖 = 1,2, … , 𝑚 
ℎ𝑗(𝒙) = 0, 𝑗 = 1,2, … , 𝑟 

with 𝒙 = [𝑥1, 𝑥2, … , 𝑥𝑛]T   .

The column vector 𝒙 contains the design variables of the 

problem. The problem has 𝑛 design variables. These design 

variables represent the design of the system. A particular design 

can be compared with another design through the objective 

function 𝑓(𝒙). 

The objective function is a function of one or more of the 

design variables and it has a scalar-valued solution. The 

objective function represents some kind of performance metric 

of the system and it is assumed that a smaller value of the 

objective function represents better performance. The best or 

optimal system design is therefore found when the objective 

function is minimised. If instead a performance metric should be 

maximised, then the objective function can simply be negated. 

All mathematical optimisation problems can therefore be treated 

as minimisation problems. 

(19) 
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Not all system designs are valid designs. In order to restrict 

the design variables to yield a valid design, the problem is 

constrained by 𝑚 inequality constraints 𝑔(𝒙) and 𝑟 equality 

constraints ℎ(𝒙). Each constraint is a function of one or more of 

the design variables. 

COMPUTATIONAL IMPLEMENTATION 

 The scientific computing package MATLAB (version R2018b) 

by MathWorks includes an optimisation toolbox which has a 

built-in constrained optimisation algorithm called fmincon [15]. 

The user is required to specify the objective function 𝑓(𝒙) and a 

separate function which returns the vectors 𝒈(𝒙) and 𝒉(𝒙). 

which are the solutions to the constraints of the problem at some 

design 𝒙. 
 The equality constraints of the turbomachinery optimisation 

problem are the model equations developed in this work. 

 The inequality constraints are used for incorporating factors 

such as checking that the flow is not choked, that the nozzle 

section has a converging area ratio and the diffuser sections a 

diverging area ratio, and that the design variables are within 

acceptable limits. In particular, the design limits for angles, 

velocity ratios and geometry ratios as reported by Korpela [8] are 

used in this work. 

 The constraints must be written such that all the terms are on 

the same side of the equation. A valid turbomachinery design 

(and solution) is therefore found if 𝒈(𝒙) ≤ 𝟎 and 𝒉(𝒙) =  𝟎. 

For practical purposes however, a solution is considered valid as 

long as 

max(𝒈(𝒙)) ≤ 𝑡𝑐 ≈ 0 (20) 

and 

max(|𝒉(𝒙)|) ≤ 𝑡𝑐 ≈ 0 (21)
where 𝑡𝑐 is the constraint tolerance (0.001 in this work).

Given a starting point 𝒙𝟎, fmincon uses a gradient-based

optimisation algorithm to attempt to minimise 𝑓(𝒙) whilst also 

satisfying Equations 20 and 21. It is the case that for most 

starting points the optimisation algorithm converges to an invalid 

solution or the solution converges to a local minimum rather than 

to the global minimum. It is therefore necessary to solve the 

problem a large number of times with different starting points 

throughout the design space. The design space is the set of all 

values of the design variables between their lower bounds 𝒙 and 

upper bounds 𝒙. All variables are given finite bounds.   

MODEL CALIBRATION AND VERIFICATION 

 The loss coefficients introduced in Equations 12, 13 and 16 

and the slip factor introduced in Equation 18 require numerical 

values before the turbomachinery models can be completed. 

Ideally, the coefficients would be found from empirical testing 

of sCO2 turbomachines and correlated against dimensionless 

parameters such as specific speed or flow coefficient. However, 

such empirical data does not exist yet for sCO2 turbomachinery. 

It is also conceivable that CFD simulations could be performed 

in lieu of experiments to find appropriate correlations. Indeed, 

any method that provides values for the three loss coefficients 

and the slip factor can be used to complete the models.  

To demonstrate this, the commercial turbomachinery 

package CompAero [16] was used to find values for the loss 

coefficients and the slip factor. CompAero is a widely recognised 

compressor design tool and is based on the work of Aungier [3]. 

The software is clearly intended to work with gases and gas 

mixtures as working fluid and therefore its accuracy in predicting 

sCO2 turbomachinery performance is untested.   

However, even without support for sCO2 CompAero is still a 

useful tool because it provides detailed information about the 

geometry and performance of the compressor and the 

thermodynamic properties are evaluated at all flow stations. 

 The following method was applied to find the values of the 

loss coefficients and the slip factor. 

1. An arbitrary compressor was designed in CompAero,

using CompAero’s default values and the typical values

suggested by Aungier [3]. Vapour CO2 was used as the

working fluid. The specifications of this compressor are

given in the first part of Table 1 under the heading

Design specifications.

2. The thermodynamic properties at the tip of the rotor and

at the outlet of the stage, as well as the fluid work are

recorded. These values are presented in the second part

of Table 1 under the heading Measurements used for

calibration.

3. In the compressor model of this work, the design

specifications and the performance metrics are entered

and treated as constant values whereas all the other

variables including the loss coefficients and the slip

factor are treated as free variables. The thermodynamic

property correlations for sCO2 in the model are replaced

with thermodynamic properties for CO2 in the vapour

phase.

4. The model is solved numerically by running the

optimisation algorithm for an arbitrary objective

function. If a sufficient number of starting points are

given, the optimisation algorithm finds a unique

solution (within the constraint tolerance) for the

compressor. The values for the loss coefficients and the

slip factor can then be found from the models. In this

way, the compressor model of this work is calibrated

with the compressor model of CompAero. For the

arbitrary design that was used for the calibration, the

values for the loss coefficients and the slip factor are

presented in the third part of Table 1 under the heading

Coefficients.

Given the geometry of a turbomachine, its inlet 

conditions and two additional independent variables, then the 

operating condition of a turbomachine can be uniquely 

determined [7]. Once values for the loss coefficients and the 

slip factor are given as constant values to the model, then this 

condition becomes true for the models in this work. 

Therefore, if only the values of the first and third part of 

Table 1 are supplied to the model, then the values of the 

second part as well as all the other thermodynamic properties, 

velocity components and flow angles can be uniquely 

determined. 
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Moreover, the model will give the same numerical values as 

the second part of Table 1, representing an error of zero with the 

CompAero design that has been used to calibrate the model. 

Since it is possible to achieve zero error only by adjusting the 

values for the loss coefficients and the slip factor, the models of 

this work can be considered as verified. 

Table 1: design variables of an arbitrary compressor used for 

calibration of the model loss coefficients and slip factor 

Design specifications Value 

Tip radius, 𝑟2 74.5 mm 

Hub radius, 𝑟3ℎ 26.1 mm 

Shroud radius, 𝑟3𝑠 62.5 mm 

Blade width, 𝑏2 9.53 mm 

Diffuser exit area, 𝐴1 6 880 mm2 

Inlet total temperature, 𝑇03 300 K 

Inlet total pressure, 𝑃03 130 kPa 

Absolute flow angle at rotor inlet, 𝛼3 0.00° 

Physical blade angle at tip, 𝛽2
′  -35.1 ° 

Mass flow rate, �̇� 2.80 kg/s 

Angular velocity, 𝜔 55 000 rpm 

Measurements used for calibration Value 

Tip total temperature, 𝑇02 410 K 

Tip total pressure, 𝑃02 406 kPa 

Stage exit total temperature, 𝑇01 410 K 

Stage exit total pressure, 𝑃01 341 kPa 

Fluid power, �̇�𝐹 275 kW 

Coefficients Value 

Rotor loss coefficient, 𝜁𝑅 0.619 

Parasitic work coefficient, 𝜁𝑃 0.0108 

Diffuser efficiency, 𝜂𝐷 0.972 

Slip factor, 𝜎 0.808 

Table 2: design variables and observed errors for an arbitrary 

compressor, using loss coefficients and slip factor calibrated to a 

different compressor 

Design specifications Value 

Tip radius, 𝑟2 41.3 mm 

Hub radius, 𝑟3ℎ 14.5 mm 

Shroud radius, 𝑟3𝑠 27.0 mm 

Blade width, 𝑏2 3.88 mm 

Diffuser exit area, 𝐴1 1 580 mm2 

Inlet total temperature, 𝑇03 300 K 

Inlet total pressure, 𝑃03 130 kPa 

Absolute flow angle at rotor inlet, 𝛼3 0.00° 

Physical blade angle at tip, 𝛽2
′  -40.3° 

Mass flow rate, �̇� 0.36 kg/s 

Angular velocity, 𝜔 80 000 rpm 

Results CompAero This work Error 

Tip total temperature, 𝑇02 388 K 385 K 0.8% 

Tip total pressure, 𝑃02 375 kPa 370 kPa 1.3% 

Stage exit total temperature, 𝑇01 388 K 384 K 1.0% 

Stage exit total pressure, 𝑃01 284 kPa 321 kPa 13% 

Fluid power, �̇�𝐹 28.0 kW 26.3 kW 6.1% 

Although the values for the loss coefficients and slip factor 

presented in Table 1 produce zero error for that particular 

compressor design, it is to be expected that if a different 

compressor design is used with the same coefficient values then 

some error in the results will be observed. 

In the first part of Table 2, the design specifications of another 

arbitrary compressor are given. The specifications have been 

entered as constant values in the compressor model of this work, 

together with the values of the loss coefficients and slip factor 

presented in the third part of Table 1. The model was solved 

numerically by running the optimisation algorithm for an 

arbitrary objective function. Again, several starting points are 

needed but the algorithm is able to find a unique solution for this 

compressor. 

The results of the thermodynamic properties at the tip and at 

the stage outlet, and the fluid work from the model are compared 

with the values that CompAero has calculated they should be. 

Errors for the different results of between 0.8% and 13% are 

observed, with the greatest error observed for the stage outlet 

pressure. 

Given an arbitrary compressor, the model can be calibrated 

to produce zero error. However, if the same calibrated model is 

applied to a different arbitrary compressor, some error is 

introduced. This confirms that a constant value for each loss 

coefficient and the slip factor cannot possibly be accurate for all 

compressor designs. It is necessary to replace the constant values 

with correlations against non-dimensional parameters developed 

from the results of CFD simulations or empirical tests of a wide 

variety of compressor designs. This is beyond the scope of the 

current work, but it should be clear that once such correlations 

are developed then they can easily be implemented in the models 

that have been presented. 

Notice that the performance metrics used to calibrate the 

models are very general: total temperature and total pressure 

measurements are easy to measure on an experimental test bench 

and so is shaft power (CompAero only provides fluid power �̇�𝐹 

and not the required shaft power �̇� although in an experimental 

test the fluid power would not be known but the shaft power can 

easily be measured). 

Therefore, regardless of whether experiments or CFD 

simulations are performed, the calibration method proposed in 

this work can be used to develop more generalised correlations 

for the loss coefficients and slip factor. 

RESULTS 

Two case studies will be presented which demonstrate the 

optimisation of a centrifugal compressor and a radial inflow 

turbine. In Table 3 the specifications of a typical sCO2 

compressor design case are presented.   

Table 3: specifications of a typical compressor design case 

Design specifications Value 

Stage inlet total temperature, 𝑇03 335 K 

Stage inlet total pressure, 𝑃03 8.50 MPa 

Absolute flow angle at rotor inlet, 𝛼3 0.00° 

Total-to-total pressure ratio, 𝑃𝑅0 2.50 
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 The inlet temperature and pressure to the stage are close to 

(but not at) the critical conditions for CO2, the flow enters the 

rotor section without incidence, and the required total-to-total 

pressure ratio is provided. The compressor designer is now 

tasked with finding the geometry of a compressor capable of 

achieving this pressure ratio at the stated conditions. 

To assess the quality of candidate compressor designs, an 

objective function is required. A typical objective function might 

be to 

• minimise the required shaft power �̇�,

• minimise the required angular velocity 𝜔,

• maximise the mass flow rate �̇� throughput, or

• minimise the tip radius 𝑟2.

It is however unlikely that any of these objectives would be 

prioritised without consideration for the others, which therefore 

makes this a multi-objective optimisation problem. Multi-

objective optimisation problems typically do not have a single 

global optimal solution and instead a range of optimal solutions 

exist which lie on the so-called Pareto front. Any point on the 

Pareto front is referred to as a Pareto-optimal point. Pareto-

optimal points represent a solution which is optimal for at least 

one of the variables in the objective function.  

Consider the results of the compressor optimisation on a plot 

of angular velocity against shaft power in Figure 4. Every point 

on the plot represents a valid solution or design that the designer 

is able to select ‒ a local minimum of the optimisation problem. 

Most designs however are inferior and only the designs on the 

Pareto front should be considered. Every point on the Pareto 

front in Figure 4 represents a design which either minimises the 

shaft power at a particular angular velocity or minimises the 

angular velocity at a particular shaft power. 

Figure 4: compressor angular velocity vs shaft power 

 The general trend that the Pareto front shows is that as shaft 

power is reduced, angular velocity must increase in order to 

sustain the required pressure ratio. 

 The large spread that is visible in the data shows that in 

general shaft power and angular velocity are poorly correlated 

for a compressor at a constant pressure ratio. The geometry of 

the compressor has a significant effect on the relationship 

between these two variables. 

 In comparison, the mass flow rate plotted against shaft power 

in Figure 5 shows a much smaller spread in the data, especially 

at lower power ratings. The conclusion of this is that mass flow 

rate is a much more dominant variable than angular velocity for 

a compressor at a constant pressure ratio. The Pareto-front in 

Figure 5 shows that there is a linear relationship between mass 

flow rate and shaft power as is to be expected: as the required 

mass flow rate increases the shaft power must increase 

proportionally. It is interesting to note however that at higher 

power ratings the influence of the compressor’s geometry plays 

a very significant role in determining the mass flow rate that can 

be achieved. If the Pareto-optimal design at a power rating of 

10 MW is selected, then the mass flow rate can be as high as 

220 kg/s; but if a poor design is selected then the mass flow rate 

can be up to 100 kg/s lower. At smaller power ratings, the 

influence of geometry is not as important in absolute terms, but 

since the achievable mass flow rates are lower the influence of 

geometry remains considerable. 

 The location of the Pareto-optimal point of Figure 4 on 

Figure 5 is indicated by the dotted-lines, which show the point to 

be close to or on the Pareto front in Figure 5 as well. The Pareto 

front in Figure 5 represents all designs which either maximise 

the mass flow rate at a given shaft power or minimise the shaft 

power at a given mass flow rate. 

Figure 5: compressor mass flow rate vs shaft power 
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 An even better correlation in the data can be seen if tip radius 

is plotted against angular velocity, as in Figure 6. The data shows 

a very narrow spread and the overall trend is very clear: in order 

to maintain a constant pressure ratio, as the compressor speed is 

reduced the tip radius has to increase. This relationship is only 

marginally affected by the other variables of the compressor’s 

design.  

 However, even though the overall trend is clear, consider that 

if a tip radius of 30 mm is selected, the angular velocity can still 

be anywhere in the range of about 70 000 rpm to 100 000 rpm 

(and potentially even higher since 100 000 rpm was the upper 

bound on angular velocity for the optimisation) which is a very 

significant difference in practice. This highlights the importance 

of optimisation, as using a poor design could result in the 

compressor having to operate much faster than it needed to in 

order to achieve the required pressure ratio. 

 The Pareto front in Figure 6 shows the designs which either 

minimise tip radius at a given angular velocity or minimise 

angular velocity at a given tip radius. 

Figure 6: compressor tip radius vs angular velocity 

The Pareto-optimal point of Figure 4 is shown in Figure 6 by the 

dotted lines and once again it lies on the Pareto front in Figure 6 

as well. It is not a general rule that in a multi-objective 

optimisation problem that a point on one Pareto front would also 

lie on other Pareto fronts, but in this case it would appear as if a 

compressor design which is Pareto-optimal on the angular 

velocity vs shaft power plot is also Pareto-optimal on the mass 

flow rate vs shaft power plot and on the tip radius vs angular 

velocity plot. 

 In Table 4 selected results for the Pareto-optimal compressor 

design (identified in Figure 3) are provided. 

Table 4: selected results of an optimised compressor design 

Design results Value 

Tip radius, 𝑟2 48.3 mm 

Hub radius, 𝑟3ℎ 12.2 mm 

Shroud radius, 𝑟3𝑠 32.0 mm 

Blade width, 𝑏2 4.83 mm 

Mass flow rate, �̇� 21.2 kg/s 

Angular velocity, 𝜔 46 000 rpm 

Shaft power, �̇� 958 kW 

The second case study to be considered in this work concerns the 

design of a radial inflow turbine. In Table 5 the specifications of 

a typical sCO2 turbine design case are given, including the stage 

inlet temperature and pressure. Additionally, the design is 

required to have no absolute tangential velocity component at the 

outlet of the rotor; and the rotor tip radius is required to be a 

specific value (an example of where this might be relevant 

specification is when a new rotor has to be designed to work with 

a previously designed volute/scroll section).  

Table 5: specifications of a typical turbine design case 

Design specifications Value 

Stage inlet total temperature, 𝑇01 850 K 

Stage inlet total pressure, 𝑃01 25.0 MPa 

Absolute flow angle at rotor outlet, 𝛼3 0.00° 

Rotor tip radius, 𝑟2 75.0 mm 

The task of the turbine designer is to find the geometry of a 

turbine that meets these specifications but also that 

• maximises the generated shaft power �̇�,

• minimises the angular velocity 𝜔,

• minimises the required mass flow rate �̇�, and/or

• maximises the total-to-static isentropic efficiency 𝜂𝑠,𝑡𝑠

(which is the ratio of the actual power produced to the

power that would have been produced if the turbine

was isentropic and if its diffuser reduced the flow

velocity to zero)

 Figure 7 shows the optimisation results of this case study, 

with angular velocity plotted against mass flow rate. Despite also 

being a multi-objective optimisation problem, in this case 

angular velocity and mass flow rate can both be minimised 

simultaneously – at zero flow. Clearly, this is an unpractical 

choice even though it is a valid solution based on the constraints 

of the problem and the specifications that were provided. As the 

flow and speed increase, the spread in the data also increases and 

two diverging fronts are created. On front 1 are the turbine 

designs which minimise angular velocity for a given mass flow 

rate and on front 2 are the turbine designs which minimise mass 

flow rate for a given angular velocity. These are fronts rather than 

Pareto fronts because on a Pareto front no global optimum exists 

and all solutions can be treated equally. In this case, a global 

optimum (for the relationship between angular velocity and mass 

flow rate) does exist but it lies at a point that does not represent 

a practical design; and a design that is selected on one of the 

fronts will be optimal for one metric but not for the other. 
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Figure 7: turbine angular velocity vs mass flow rate 

A Pareto front can however be identified if power output is 

plotted against mass flow rate, as in Figure 8. The Pareto front 

corresponds to turbine designs in which the power output at a 

given flow rate is maximised or in which the mass flow rate for 

a given power output is minimised. The Pareto front is 

practically zero for low mass flow rates but rises sharply from 

about 20 kg/s. The front becomes almost vertical by the time it 

reaches a power output of 10 MW (the upper bound that was 

considered in this case) at a mass flow rate of 55 kg/s, indicating 

that beyond this point the Pareto-optimal power output is no 

longer dominated by the mass flow rate. 

However, the large spread in the data is indicative that the 

other design variables of the turbine have a significant effect on 

the mass flow rate that is required to produce a particular power 

output. At 10 MW, the Pareto-optimal design requires 55 kg/s of 

mass flow through it, but a poor design can require a mass flow 

rate that is three times as much. 

A Pareto-optimal turbine design is selected in Figure 8 and 

indicated by the dotted lines. This same design is also indicated 

by the dotted lines in Figures 7 and 9. 

In Figure 9, the total-to-static isentropic efficiency of the 

turbine designs are presented. It can be seen that the efficiencies 

are very high and even the poor designs have efficiencies that 

exceed 85%. There are three reasons for this; the first is that the 

design limits for angles, velocity ratios and geometry ratios [8] 

proved to be effective for eliminating the worst designs. 

Secondly, constant loss coefficients were used which means – 

based on the definitions in Equations 12 and 13 – that simply by 

reducing the relative velocity at the tip the losses can be 

minimised. More accurate loss coefficients that are actually 

correlated against geometrical and flow parameters will ensure 

that the losses cannot be minimised by minimising a single term. 

Figure 8: turbine shaft power vs mass flow rate 

The third reason is that the allowable diffuser outlet area was 

very large (up to 1.6 m2 was allowed, compared to blade 

dimensions which were restricted to a maximum of 0.5 m). As 

the area ratio of a diffuser increases, in general its ability to 

recover kinetic energy also increases. Therefore, the designs with 

high efficiencies typically have large diffusers as well. 

Figure 9: turbine efficiency vs mass flow rate 
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The Pareto front in Figure 9 (which indicates the designs that 

maximise efficiency for a given mass flow rate) is practically 

horizontal up to 120 kg/s. This shows that the highest efficiency 

can be achieved regardless of mass flow rate. However, the front 

drops at higher mass flow rates and this can be attributed to 

certain variables reaching their upper or lower bounds. For 

example, for some turbines at these high mass flow rates the 

diffuser exit area that is required for a high efficiency is larger 

than the given upper bound of 1.6 m2. 

In Table 6 selected results for the Pareto-optimal turbine 

design (identified in Figure 8) are provided. 

Table 6: selected results of an optimised turbine design 

Design results Value 

Hub radius, 𝑟3ℎ 16.1 mm 

Shroud radius, 𝑟3𝑠 40.2 mm 

Blade width, 𝑏2 7.64 mm 

Mass flow rate, �̇� 52.9 kg/s 

Total-to-total pressure ratio, 𝑃𝑅0 1.83 

Angular velocity, 𝜔 55 000 rpm 

Shaft power, �̇� 8.24 MW 

APPLICATION 

Once the general relationships between the major design 

variables of the turbomachines have been studied from the 

results above, it is up to the designer to select one of the designs 

or to change the given specifications or constraints and re-run the 

optimisation algorithm if the results are not satisfactory. 

In this work, every compressor design is made up of 97 

design variables; and every turbine design is made up of 111 

design variables (the turbine requires more variables because 

section 4-3 is ignored for the compressor). The values of all these 

design variables for all the valid designs are stored on file. Once 

a candidate design is identified, then the designer can find the 

values for its other design variables from the file. 

The choice of the design variables to specify and to plot on 

the graphs in this work is arbitrary and purely for the sake of 

demonstration. It is in fact possible to specify any combination 

of variables or to plot the results of any combination of design 

variables against each other. Once all of the equations of the 

models are expressed and the thermodynamic property 

correlations are added, the compressor model consists of 82 

equality and 9 inequality constraints, and the turbine consists of 

92 equality and 10 inequality constraints. These constraints and 

the choices of the upper and lower bounds on the variables 

influence which feasible designs are possible and what the 

design space that is available to the designer looks like. 

Therefore, choosing an optimal compressor or turbine design 

begins with properly defining the objective function(s) and 

choosing practical and realistic upper and lower bounds on the 

variables (a variable that is specified as a constant value has an 

equal upper and lower bound). 

Ideally, the design space should be restricted as much as 

possible before running the optimisation algorithm. 

In the turbine case study example, only a tip radius was 

specified but the required power rating, angular velocity or mass 

flow rate was not given. This led to the optimisation algorithm 

proposing unrealistically low mass flow rates as valid solutions. 

Whilst these are valid solutions indeed, it shows that 

optimisation is only useful insofar as the exact problem to be 

solved can be accurately identified. 

CONCLUSION 

 Models for a centrifugal compressor and a radial inflow 

turbine have been developed based on the classical mean-line 

velocity triangle approach. The models can be used as an 

alternative to the proven CFD/RSM optimisation methods. 

Restrictive assumptions were not made and correlations of 

fluid thermodynamic properties were generated from tabulated 

data. The loss coefficients and slip factor were calibrated against 

a compressor design from the commercial compressor design 

software CompAero. No difference was observed between the 

current compressor model and the CompAero model if the loss 

coefficients and slip factor were calibrated, but errors of up to 

13% were observed if the same loss coefficients and slip factor 

were used to model another arbitrary compressor design. 

Two typical design optimisation case studies were presented: 

one for a centrifugal compressor that was required to develop a 

fixed pressure ratio and one for a radial inflow turbine that was 

required to have a fixed tip radius. The results of the compressor 

case study showed that Pareto-optimal solutions could be 

identified on the angular velocity vs shaft power plot, the mass 

flow rate vs shaft power plot and the tip radius vs angular 

velocity plot. The results of the turbine case showed for a 

constant radius turbine minimising angular velocity and 

minimising mass flow rate are diverging objectives and Pareto-

optimal solutions do not exist; although a global optimum exists 

at zero mass flow rate. Pareto-optimal solutions could be 

identified on the shaft power vs mass flow rate plot however, as 

well as on the efficiency vs mass flow rate plot. The high 

efficiencies in the latter plot highlighted the inaccuracies with 

using constant loss coefficients instead of correlations. 

The models in this work can be applied equally well to other 

working fluids and the rather general results of this work are 

surely not applicable to sCO2 only. The proposed methodology 

is however especially useful for sCO2 turbomachinery 

optimisation because the industry is still in its infancy. 

FUTURE WORK 

Extensive CFD simulations or experiments on a wide variety 

of sCO2 turbomachinery designs should be performed from 

which accurate and widely applicable correlations for the loss 

coefficients against non-dimensional flow parameters could be 

developed. These correlations could be developed using the 

methodology proposed in this work, and the constant coefficients 

applied as an example in this work should be supplemented with 

the developed correlations. Once such correlations have been 

developed, the presented models can be used additionally for off-

design performance modelling, without the need for any changes 

to be made to the underlying computational implementation. 
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NOMENCLATURE 

Letters 

𝐴 area (m2) 

𝐴𝑅  area ratio (-) 

𝐵 blade velocity (m/s) 

𝑏 blade width (m) 

𝐶𝑝 pressure recovery coefficient (-) 

𝑓 objective function 

𝑔 inequality constraint 

ℎ enthalpy (J/kg); equality constraint 

𝑀 moment (Nm) 

𝑚 meridional direction 

�̇� mass flow rate (kg/s) 

𝑃 pressure (Pa) 

𝑃𝑅  pressure ratio (-) 

𝑅 relative velocity (m/s) 

𝑟 radius (m); radial direction 

𝑇 temperature (K) 

𝑡 tolerance (-); tangential direction 

𝑉 velocity (m/s) 

�̇� power (W) 

𝑤 energy/work (J) 

𝑥 variable; axial direction 

�̌� lower bound on variable 

�̂� upper bound on variable 

𝑥0 starting point 

Symbols 

𝛼 absolute flow angle (degrees) 

𝛽 relative flow angle (degrees) 

𝜁 loss coefficient (-) 

𝜂 efficiency (-) 

𝜃 generic angle (degrees) 

𝜌 density (kg/m3) 

𝜎 slip factor (-) 

𝜔 angular velocity (rad/s) 

Subscripts 

𝐶 compressor 

𝑐 constraint 

D diffuser 

𝐹 fluid 

ℎ hub 

𝑚 meridional direction 

P parasitic 

𝑅 rotor 

𝑟 radial direction 

𝑠 shroud, isentropic 

𝑇 turbine 

𝑡 tangential direction 

𝑡𝑠 total-to-static 

𝑥 axial direction 

0 total state 

1 station 1 

2 station 2 (tip) 

3 station 3 (eye) 

4 station 4 
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ABSTRACT 

The Supercritical CO2 (S-CO2) Brayton power cycle has the 

advantages of relatively high efficiency at moderate heat source 

temperature compared to a steam Rankine cycle or a helium 

Brayton cycle and compact components size. In nuclear energy 

industry, Small Modular Reactors have potentials in many 

aspects, flexibility of construction, and applicability for the 

distributed power source and reduced construction cost. 

Therefore, KAIST research team developed an S-CO2 cooled 

Small Modular Reactor namely KAIST Micro Modular Reactor 

(MMR), using both advantages of S-CO2 cycle and SMR. 

Currently, radial turbine is being used for the output of 12MWe 

in MMR. The original KAIST-MMR was designed to utilize 

radial turbine but the 12MWe power output of MMR can adopt 

axial turbine as well. Therefore, this paper explores the potential 

of improving both steady state performance and transient 

response by switching from radial type to axial type turbine. The 

implications of the transient analysis results show the 

advantages of using the axial turbine over the radial turbine 

because the axial turbine operates at relatively higher 

efficiencies for wider off-design ranges.  

INTRODUCTION 

The supercritical CO2 (S-CO2) cycle is attracting attention 

as it has the potential to replace the existing steam cycle in the 

process of developing the next generation nuclear power plants. 

In addition, the supercritical CO2 cycle has a higher thermal 

efficiency than the steam Rankine cycle and the helium Brayton 

cycle when the turbine inlet temperature is above 500 degree 

Celsius [1, 2]. It also has the advantage that the components of 

the cycle, such as turbines and compressors, are more compact 

than other cycles, making them well suited for small modular 

nuclear reactors. Fig. 1 compares the efficiency of a supercritical 

CO2 Brayton cycle, a steam Rankine cycle, and a helium Brayton 

cycle [1]. 

Fig. 1. Comparison of efficiency of S-CO2 power cycle [1] 

Recently, small modular reactor (SMR) technology has 

received worldwide attention, especially in developing countries. 

This is because it has the advantage in a region where power grid 

size is not large and distributed power generation can be more 

economical than the central power generation and distribution.  

Based on these aspects, the KAIST research team developed 

a micro modular reactor (MMR) by combining two technologies: 
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SMR and gas turbine technologies [3]. MMR is sized such that 

it can be transported via truck and the layout of MMR is shown 

in Fig. 2. The design values of MMR are summarized in Table 1. 

These values were obtained from the design process of a nuclear 

system by using validated in-house codes. The design was 

conducted by using the following well-validated programs: 

KAIST-TMD [5] and KAIST-HXD [6].  

The KAIST TMD code for the compressor was validated in 

the previous study [5]. In addition, for the same turbomachinery, 

equivalent conditions can provide a basis for comparing different 

working fluids [7]. Furthermore, sCO2 turbine operates where 

the properties are behaving similar to an ideal gas. Therefore, the 

KAIST TMD code was validated using NASA's air radial turbine 

data, which is equivalent to sCO2 conditions for a radial turbine 

case [8]. For the axial turbine, the loss set of the following 

reference was used [9]. In ref. [9], the author selected the 

GTHTR 300 design of JAEA [10], a direct cycle using helium 

gas, as a reference model to validate the axial turbine code. Thus, 

KAIST-TMD is validated in radial compressor, radial turbine, 

and axial turbine with the available data.  

The KAIST-HXD code was developed by the KAIST 

research team using a new thermal hydraulic correlation for 

sCO2 heat exchanger and the code is validated by a laboratory-

scale PCHE test at the KAIST supercritical CO2 pressurizing 

experiment (SCO2PE) facility [6]. 

Fig. 2. Concept of KAIST-MMR [3] 

Table 1. Summary of design results of MMR 

Thermal power 36.2MWth Net electric power 12MWe 

Thermal efficiency 34.09% Mechanical 

efficiency 

98% 

Mass flow rate 180.0kg/s Total-to-total 

Pressure ratio 

2.49 

Turbine total-to-

total efficiency 

92% Compressor total 

to total efficiency 

85% 

Generator efficiency 98% Rotating speed 19,300rpm 

Recuperator 

effectiveness 

95% Compressor inlet 

pressure 

8.0MPa 

Design point of 

recuperator 

Hot side inlet : 440.7℃, 8.2MPa 

Cold side inlet : 142.1℃, 20.0MPa 

Temperature difference : 22-58℃ 

DESCRIPTION OF KAIST-CCD, TMD, HXD CODE 

KAIST-CCD 

The KAIST-Closed Cycle Design (KAIST-CCD) code is 

based on MATLAB, and it is an in-house code developed by 

KAIST research team. Fig. 3 shows the main algorithm of the 

KAIST-CCD code. The monitored error value for the iteration is 

defined below. 

Error = 
[ℎ𝑒𝑎𝑡 𝑖𝑛𝑝𝑢𝑡(𝑛)−ℎ𝑒𝑎𝑡 𝑖𝑛𝑝𝑢𝑡(𝑛−1)]

ℎ𝑒𝑎𝑡 𝑖𝑛𝑝𝑢𝑡(𝑛)
(1) 

Fig. 3. Main algorithm of KAIST-CCD code for simple 

recuperated Brayton cycle [4]. 

Values of material properties such as enthalpy and entropy 

used in the code are provided by NIST-REFPROP (transport 

properties database) [11]. To illustrate how KAIST-CCD code 

works, the algorithm for the simple recuperated Brayton cycle 

analysis is shown in Fig. 3. The numbers in algorithm in Fig. 3 

refer to the node numbers in Fig 4. First, read input data: fluid 

type, cycle layout, Total heat received by the cycle, max, min 

temperature of the cycle, max pressure of the cycle, efficiency, 

flow split and pressure ratio of the components. Second, the 
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recuperator cold side inlet flow condition and the heater hot side 

inlet flow conditions are assumed. Next, the inlet and outlet 

conditions of each component are obtained using the models of 

the components and the assumed values. Finally, the heat input 

is obtained from the calculated condition values.  

Since the heat source is prescribed, the error is estimated by 

comparing the prescribed heat source value to the calculated 

value. If the error is greater than or equal to 1E-5, the assumed 

values are updated to the calculated values. 

Fig. 4 shows the nodes of the KAIST MMR for the KAIST 

CCD code. KAIST MMR is a system with a simple recuperated 

cycle as a power cycle and the shaft connects compressor and 

turbine to rotate at the same RPM. The CCD code is used to 

calculate the temperature, pressure, enthalpy, and entropy of 

each node. Therefore, the original MMR was optimized using 

KAIST-CCD when the turbine efficiency was changed. 

Fig. 4. Nodalization of MMR for CCD code 

KAIST-TMD 

The KAIST TurboMachinery Design (TMD) code is 

developed by the KAIST research team written in MATLAB 

environment. It can estimate the performance and geometry of 

turbines at the design point and the performance at various off-

design points. The design method of KAIST-TMD code is briefly 

described in this paper and more detail can be found in [5].  

Mass conservation (2) and Euler equations (3) are used for 

the design of turbomachineries based on 1-D mean line analysis 

because both equations can be applied regardless of the real or 

ideal gas.  

�̇� = 𝜌(ℎ𝑠𝑡 , 𝑃𝑠𝑡)𝐴𝑉 (2) 

∆ℎ𝑡𝑢𝑟𝑏𝑖𝑛𝑒 = ℎ𝑜2 − ℎ𝑜1 = 𝑈2𝑉𝜃2 − 𝑈1𝑉𝜃1 (3) 

However, since all of the work of the turbomachinery is not 

produced in an isentropic process, losses have to be considered. 

Losses measure how far the actual process is from the ideal 

isentropic process. These losses can be defined with pressure loss 

or enthalpy loss as shown in Fig. 5. A literature review has shown 

that pressure loss models can be easily applied to axial 

turbomachineries and enthalpy loss models can be applied to 

radial turbomachineries [12, 13]. Therefore, in KAIST-TMD, the 

pressure loss models are applied to the axial turbine and 

compressor, and the enthalpy loss models are used for the radial 

turbine and compressor design and analyses. 

Fig. 5. h-s diagram of enthalpy and pressure loss model 

Table.2 Summary of the loss model of each turbomachineries 

Axial turbine 

Profile loss Balje-Binsley [14] 

Secondary loss Kacker-Okaapu [15] 

Tip clearance loss Dunham-Came [16] 

Radial compressor 

Incidence loss Boyce [17] 

Blade loading loss Coppage et al. [18] 

Skin friction loss Jansen [19] 

Clearance loss Jansen [19] 

Disk friction loss Daily and Nece [20] 

Mixing loss Johnston and Dean [21] 

Recirculation loss Oh et al. [13] 

Leakage loss Aungier [22] 

Radial turbine 

Incidence loss Balje [23] 

Rotor passage loss Balje [23] 

Clearance loss Jansen [19] 

Disk friction loss Daily and Nece [20] 

Using the models summarized above, a turbomachinery 

design in-house code, KAIST-TMD, was developed which is 

again written in MATLAB. The main code structure is shown in 

Fig. 6. 

The main design variables are defined by the designer when 

designing the turbine with KAIST-TMD. Then the off-design 

values and the geometry values are calculated through the 

iteration process with the selected loss models suitable for the 
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selected turbomachinery. The property values are referred from 

REFPROP developed by National Institute of Standards and 

Technology (NIST) [11].  

Fig. 6. Main algorithm of KAIST-TMD [5] 

KAIST-HXD 

The KAIST Heat eXchanger Design (HXD) code is based 

on MATLAB environment and was developed to design a printed 

circuit heat exchanger (PCHE) for the S-CO2 power system 

applications. To overcome dramatic changes of properties of CO2 

near the critical point, the discretized design and analysis method 

is adopted in place of widely used conventional heat exchanger 

design methods such as LMTD method. In KAIST-HXD, the 

energy and momentum governing equations are solved 

numerically to calculate properties of CO2 in finite number of 

volumes [6]. It performs analysis on the unit channel 

representing the entire heat exchanger. The total heat transfer for 

one control volume is calculated as follows. 

𝑄 = 𝑈𝐴∆𝑇 =
1

1

ℎ′ℎ𝑜𝑡𝐴
+

𝑡

ℎ′𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛𝐴
+

1

ℎ′𝑐𝑜𝑙𝑑𝐴

∆𝑇 (4) 

To obtain pressure drop for one control volume, the friction 

factor must be determined. Friction pressure drop equation is as 

follows: 

∆𝑃 = 𝑓
𝑙

𝐷𝑒

𝜌𝑉2

2
(5) 

Fig. 7. Channel nodalization in KAIST_HXD [6] 

Using the above equations, the inlet and outlet temperatures 

and pressures for one channel can be determined by the enthalpy 

change due to heat transfer and the pressure drop due to friction. 

The cold side can be calculated as above, but since the flow 

direction of the hot side is opposite to that of the cold flow (i. e. 

counter current), the calculation starts from the outlet of the cold 

side to the inlet. Therefore, the property of the cold side outlet 

should be assumed first. If the cold side inlet result obtained from 

the assumed cold outlet does not satisfy the cold inlet 

temperature calculated in the heat transfer equation and pressure 

boundary conditions, the new cold outlet temperature and 

pressure are assumed and the calculation is conducted again until 

the convergence conditions are met.  

MOTIVATION OF AXIAL TURBINE DESIGNED UNDER 

THE CONDITION OF KAIST-MMR 

The original MMR is designed to have an output of 12MWe, 

and the type of turbine satisfying these conditions is shown in 

Fig. 8 [24], which shows that both radial type turbine and axial 

turbine can be appropriate. In the previous MMR design, the 

design choice was using a single stage radial turbine.  

Fig. 8. Component and technology options for S-CO2 cycles [24] 

The existing MMR radial turbine was designed at the 

boundary between the radial turbine and the axial turbine as 

shown in Fig. 8. In other words, it is designed to have the 

maximum capacity that can be covered by the single stage of 

radial turbine. If the capacity of the existing MMR becomes 

larger, the number of stages for the radial turbine has to increase 

or using axial turbine can be another choice. However, in the case 

of radial turbine, it is not recommended to increase the number 

of stages because the inter-stage flow path can induce large 

pressure drop, so an axial turbine can be more appropriate [25]. 

Before designing an axial turbine for the larger MMR, it is 

possible to evaluate the performance of an axial turbine 

compared to a radial turbine for existing MMR. 
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Therefore, the purpose of this paper is summarized as the 

following: 1. Design an axial turbine suitable for MMR. 2. 

Evaluate the potential for using an axial turbine for MMR by 

comparing off design performance with originally designed 

single stage radial turbine. The design is performed by using 

KAIST CCD and TMD codes. For the isolated grid application, 

timely transient response is imperative, therefore the newly 

designed MMR was evaluated with GAMMA + code and 

compared to the radial turbine based on MMR. 

COMPARISON OF RADIAL AND AXIAL TURBINES 

An axial turbine was designed to replace a radial turbine under 

the conditions of original MMR using KAIST-TMD code 

described above. Using the KAIST-TMD code, the following 

results were obtained.  

A turbomachinery map was generated for the range of 

possible mass flow rates by raising the rpm from 60% to 120% 

of the design point for performance evaluation. The range of 

possible mass flow rates depends on the rpm. The minimum 

possible mass flow rate is 24% of the design point at rpm = 

11,580 and the maximum possible mass flow rate is 126% of the 

design point at rpm = 17,370. 

Table 3. The range of performance evaluation and design point 

of turbine 

The range of the mass flow rate (min to max) 24-126% 

The range of the rpm 60-120% 

The rpm of design point 19300 

The mass flow rate of design point 180kg/s 

40 60 80 100 120 140 160 180 200 220

1.4

1.6

1.8

2.0

2.2

2.4

2.6

2.8

3.0

3.2

3.4

3.6

P
re

s
s
u
re

 R
a
ti
o

Mass flow rate(kg/s)

<Axial>

 RPM = 60%

 RPM = 70%

 RPM = 80%

 RPM = 90%

 RPM = 100%

 RPM = 110%

 RPM = 120%

<Radial>

 RPM = 60%

 RPM = 70%

 RPM = 80%

 RPM = 90%

 RPM = 100%

 RPM = 110%

 RPM = 120%

Fig. 9. Comparison of Pressure ratio map for MMR radial and 

axial turbines 
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Fig. 10. Comparison of efficiency map for MMR radial and axial 

turbines 

Figs. 9 and 10 show the pressure ratio-mass flow rate map 

and the efficiency-mass flow rate map of the axial turbine and 

the radial turbine. Results are generated from KAIST-TMD code. 

The performance map shown in Figs. 9 and 10 show that the 

slope is smooth compared to the radial turbine in both pressure 

ratio and efficiency for the axial turbine when the mass flow rate 

deviates from the design point. On the other hand, under the 

same conditions, the radial turbine shows a rapid change in 

efficiency and pressure ratio, which means that the axial turbine 

can operate in more stable performance than the radial under the 

off design operating conditions. In order to analyze these results, 

loss of radial turbine and axial turbine of KAIST-TMD code 

were obtained respectively.  

Fig. 11. The cumulative loss of the axial turbine – mass flow 

rate graph  
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Fig. 12. The cumulative loss of the radial turbine – mass flow 

rate graph  

The losses of radial turbine and axial turbine of KAIST TMD 

code were obtained as follows. Comparing Figs. 11 and 12, the 

overall cumulative loss for axial turbine is smaller than that of 

the radial turbines. Because the incidence loss for radial turbine 

which is generated during the off-design condition due to the 

mismatch of the direction of relative velocity of fluid at inlet and 

inlet blade angle is larger than that of the axial turbine. In 

addition, the incidence loss decreases with the approach to the 

design point, but since the vaneless space loss which occurs in a 

vaneless space between the impeller vane and the diffuser vane 

becomes larger as the mass flow rate increases, the efficiency of 

the radial turbine is higher than that of the radial turbine in the 

wide-range of off-design condition. 

Therefore, these results show that the axial turbine has 

potentially better performance than the radial turbine under the 

off-design operation, and it is a motive to evaluate the potential 

of MMR using an axial turbine. As a result, the following design 

values were obtained and shown in Table 4. 

Table 4. TMD code result of axial turbine MMR cycle 

Number of stages 8 

Turbomachinery work 21.53MW 

Total-to-total-Pressure Ratio 2.44 

Total-to-total efficiency 91.57% 

Using the above results, the cycle was optimized by using 

KAIST-CCD code. It should be noted that the axial turbine for 

MMR developed conceptually in this paper is designed to be 

similar to the CSP turbine which is four stages axial turbine used 

in the Sunshot project. The developed turbine is for 10 MW 

power output CSP solution [26]. 

The CSP turbine was developed by aero design tools and full 

scale CFD tool was also used. A 4-stage design with 27000 RPM 

is selected due to the reduction of mechanical stress and the 

improvement of efficiency as shown in Fig. 13. 

Fig. 13. Preliminary flow path layout of the 4-stage axial turbine 

[26]

Although it is designed with similar concepts, the CSP 

turbine produces 10 MWe of power output with 27,000 rpm, four 

stages, while the axial turbine designed in this paper produces 

12MW of power output with 19,300 rpm, 8 stages. From the 

viewpoint of the number of stages, it seems reasonable that the 

CSP turbine has better performance than the axial turbine 

designed in this paper. However, the CSP turbine has an rpm of 

27,000, while the MMR axial turbine developed in this paper has 

an rpm of 19,300 due to the synchronized compressor. Therefore, 

if the rpm is increased to about 27,000, a turbine with four stage 

having similar performance can be produced by using 

KAIST_TMD code. This is left as future works for the further 

design optimization of the MMR.  

OPTIMIZATION OF CYCLE FOR MAXIMIZING 

EFFICIENCY 

In this paper, MMR using axial turbine was optimized under 

the original MMR condition by KAIST-CCD for selecting the 

highest efficiency. In other words, in case of MMR using axial 

turbine, the efficiency and pressure ratio of the turbine are 

changed from the input values of the original MMR using radial 

turbine and used as input values in the KAIST CCD code. The 

new input values of MMR using axial turbine are as follows. 

Table 5. The input values of MMR using axial turbine for 

KAIST CCD 

Thermal power 36.2MWt

h
Cycle layout 

Simple brayton 

recuperation 

Mechanical 

efficiency 
98% 

Total-to-total 

Pressure ratio 
2.44 

Turbine total-to-

total efficiency 
91.57% 

Compressor total 

to total efficiency 
85% 

Generator 

efficiency 
98% Rotating speed 19,300rpm 

Max Pressure 20Mpa 
Recuperator 

effectiveness 
95% 

Max Temperature 

(Turbine inlet) 
550 ºC 

Min Temperature 

(Compressor inlet) 
60 ºC 
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 The T-S diagram obtained from the KAIST-CCD code and 

the property values such as temperature and pressure are shown 

in Table 6. T-S diagrams for new MMR with an axial turbine are 

shown in Fig. 14 to compare with the thermodynamic property 

values of original MMR with the radial turbine. The numbers in 

Fig. 14 correspond to the node numbers in MMR shown in Fig. 

4, respectively. 

Table 6. The optimization design value of new MMR using 

axial turbine 

Mass Flow rate 182.15kg/s 

Point Temperature(ºC) Pressure(Mpa) 

1 550 19.93 

2 440.72 8.17 

3 156.47 8.10 

4 60 8.01 

5 141.96 20 

6 388.48 19.98 

7 550 19.93 

Fig 14. Comparison of T-s diagram of MMR and result of CCD 

code  

As a result, it was confirmed that there is almost no 

difference in properties between two MMRs. This means that 

there is almost no difference in the T-s diagram between the 

cycle using the axial turbine with the best efficiency and that of 

the radial turbine. Therefore, since the GAMMA + code of 

original MMR using radial turbine is already constructed, only 

the turbine will be modified in the GAMMA+ transient 

simulation.  

The KAIST research team modified GAMMA + code to 

become applicable to the original MMR. GAMMA+ code is 

originally developed for a gas cooled reactor transient 

analysis by KAERI. However the original GAMMA + code is 

designed to calculate the CO2 properties with simple 

correlation, but it was necessary to calculate the CO2 property 

values near the critical point more accurately. The modified 

GAMMA + code used the REFRPOP program developed by 

NIST to solve the above problems [11]. The REFRPOP 

program accurately calculates the thermal and transport 

properties of various fluids, including CO2. The modified 

GAMMA + code with NIST database for CO2 properties near 

the critical point was validated using experimental data from 

SCO2PE [27]. 

As mentioned above, since the results obtained by using 

KAIST CCD code and the original value of MMR show no 

marked changes, GAMMA+ code of MMR can be adopted 

identically except for the turbine section, which are replaced by 

newly formed axial turbines. The design points under steady 

state of the main part of the cycle obtained by GAMMA + code 

is shown in Fig. 15. 

Fig 15. Comparison of design parameters and code result in the 

main part of the cycle 

As shown in Fig. 15, the results of the code also show no 

dramatic changes compared to the original design points, but a 

slight difference of 0-0.3MPa occurs for the pressure. This seems 

to be due to the more precise consideration of the pressure drop 

using the Blasius (Re < 30000) & McAdams (30000 < Re < 106)

correlations for pipe and Baik’s correlation [6] for PCHE in 

GAMMA+ code, while KAIST_CCD does not accurately 

account for the pressure drop.  

To compare the dynamic performance of the new MMR with 

the axial turbine and the original MMR with the radial turbine, it 

is assumed that a scenario simulating the load change and it is 

prescribed by MMR. The load varied from 100% to 70% and 

then back to 100%. This scenario starts at steady state (t = 100 

s), during which the load drops from 100% to 70% (t = 100-300s) 

for 200 seconds and rises from 70% to 100% for another 200 

seconds (t = 400-600 seconds).  

The results using both radial and axial turbines applied to 

the MMR system are shown Figs. 16 to 25. The load changed to 

the scenario mentioned above, and the result is shown in Fig. 16. 
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Fig. 16. Load of MMRs with Radial and Axial turbines 

The results of the transient analysis show that thermal power 

of the MMR with an axial turbine are similar to those of the 

MMR with radial turbine as shown in Fig. 16, and the cycle 

efficiency of MMR with axial turbine comparable to the MMR 

with radial turbine in the off-design point in Fig. 18.  

0 50 100 150 200 250 300 350 400 450 500 550 600

32.5

33.0

33.5

34.0

34.5

35.0

35.5

36.0

36.5

Time(sec)

T
h
e

rm
a
l 
P

o
w

e
r(

M
W

)

 Radial

 Axial

Fig. 17. Thermal power of MMR of Radial and Axial 

turbines  
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Fig. 18. Efficiency of MMRs with Radial and Axial turbines 
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Fig. 19. Mass flow rate of MMRs with Radial and Axial 

turbines 

Displayed from the efficiency maps of radial turbine and 

axial turbine in Fig. 10, the efficiency graphs of the axial turbine 

remain unchanged from the design efficiencies, whereas the 

graphs of the radial turbine drop abruptly as the mass flow rate 

decreases as shown in Fig. 19. 

In Fig. 20, it can be seen that there is almost no difference 

between the radial and axial turbine works. This is because the 

same radial compressor was used and the thermal power and 

efficiency in axial and radial cases are similar, as shown in Figs. 

16 and 17. 

�̇�𝑡,𝑡𝑢𝑟𝑏𝑖𝑛𝑒 = �̇�𝑐𝑜𝑟𝑒𝜂𝑡ℎ𝑒𝑟𝑚𝑎𝑙 + �̇�𝑡,𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 (6) 

Where �̇�𝑡,𝑡𝑢𝑟𝑏𝑖𝑛𝑒 = Turbine work, �̇�𝑡,𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟   =

Compressor work, �̇�𝑐𝑜𝑟𝑒=Thermal power of MMR, ηthermal =

thermal efficiency of cycle. 
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Fig. 20. Turbine work of MMRs with Radial and Axial turbines 

The radial and axial turbine works are similar, but the mass flow 
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rate is relatively different. Therefore, the relationship between 

turbine work and mass flow rate has to be considered. 

The formula for turbine work is: 

�̇�𝑡,𝑡𝑢𝑟𝑏𝑖𝑛𝑒 = �̇�∆ℎ𝑡𝑢𝑟𝑏𝑖𝑛𝑒     (7) 

Where Turbineh = = ℎ𝑜2 − ℎ𝑜1 = 𝑈2𝑉𝜃2 − 𝑈1𝑉𝜃1, Enthalpy

difference between the turbine inlet and outlet 

0 100 200 300 400 500 600

110

112

114

116

118

120

122

△
E

n
th

a
lp

y
 (

k
J
/k

g
)

Time(sec)

Radial

Axial

Fig. 21. Enthalpy change between the turbine inlet and outlet of 

MMR of Radial and Axial turbines 

At the off-design point, the enthalpy difference ( Turbineh ) of 

the MMR with axial turbine is larger than that of the MMR with 

radial turbine as shown in Fig. 21 because the mass flow rate (�̇�) 

of the axial turbine is relatively reduced and turbine work of the 

axial and radial is no difference. 

The implications of the results show the advantages of using 

the axial turbine over the radial turbine. Although the axial 

turbine operates at comparable efficiencies to radial turbine for 

off-design ranges, it retains its high ∆ℎ𝑡𝑢𝑟𝑏𝑖𝑛𝑒 compared to the

radial turbine which consequently leads to having lower mass 

flow rate under a given turbine work. As a result, the specific 

work of the turbine is increased at lower load conditions when 

the axial turbine is adopted as shown in Fig. 21. The advantage 

will be amplified as the system capacity increases, and thus, the 

axial turbine will prove beneficial for larger size systems. 

SUMMARY AND FUTURE WORKS 

In this paper, an axial turbine was designed to replace the radial 

turbine of the KAIST MMR and the transition analysis was 

performed.  

First, axial turbine was designed with KAIST_TMD code by 

using MMR design conditions for radial turbine system (turbine 

inlet temperature and pressure, turbine outlet pressure, rpm, mass 

flowrate) developed by KAIST research team. As a result, an 

axial turbine with eight stages was designed which has a turbine 

work of 21.53 MW, a pressure ratio of 2.44, and a turbine 

efficiency of 91.57%.  

Second, an optimization was performed with KAIST_CCD 

code using the newly designed system with axial turbine. As a 

result, the T-s diagram shows that there is almost no difference 

between the properties of the original MMR and the new MMR. 

Therefore, the code for performing the transition analysis with 

GAMMA + code was created by using the operating conditions 

of the existing MMR, except for the newly developed axial 

turbine. 

Third, in order to perform the transient analysis of MMR 

with axial turbine, GAMMA + code is implemented at the 

scenario where load is changed from 100%-70%-100%. As a 

result, it was found that the efficiency of the MMR with axial 

turbine is comparable to the near design point and wider 

operating range of MMR is possible with axial turbine. 

Furthermore, axial turbine shows high specific work compared 

to the radial turbine which leads to having lower mass flow rate 

for the given turbine work. As a result, the specific work by the 

turbine can be increased at lowered load conditions when the 

axial turbine is adopted in the system. 

In this study, the potential of the axial turbine was confirmed 

in terms of specific work under the off-design conditions when 

axial turbine or radial turbine is used. The axial turbine is more 

advantageous with respect to the specific work compared to the 

radial turbine under off-design conditions and these advantages 

will be amplified as the system becomes large. In addition, when 

the new system is bigger than the system of MMR, the 

advantages of axial turbine is maximized because axial turbine 

has better efficiency than the radial turbine for larger system. 

Finally, the planned future works are to design the MMR 

with 4-stage axial turbine to operate at higher efficiency.  

NOMENCLATURE 

A Surface area of the heat transfer [m2]

A′ Flow area [m2]

D Diameter [m] 

De Equivalent diameter [m] 

K Form loss 

P Pressure [Pa] 

Q Thermal power [W] 

R Chemical reaction 

T Temperature [K] 

U Impeller tip speed [m/s] 

V Flow velocity [m/s] 

Y Mass fraction 

W Relative velocity [m/s] 

Wt Specific work [W/kg] 

f Friction factor 
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g Gravitational acceleration [m/s2]

h Enthalpy [J/kg] 

h′ Heat transfer coefficient [W/m2K]

ṁ Mass flow rate [kg/s] 

q Specific heat [J/kg] 

q′′ Heat flux [W/m2]

j Diffusion flux [mol/m2s]

t Time [sec] 

z Height [m] 

ρ Density [kg/m3]

Subscript 

o Stagnation condition 

s Species 

st Static condition 
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ABSTRACT 

Shaft seals have a substantial impact on turbomachinery 

performance. Due to minimized friction and low leakage rates, 

mechanical dry gas seals outpace other shaft sealing 

technologies in terms of efficiency when it comes to sealing 

gases at elevated pressures. Therefore, dry gas seals are standard 

equipment for most centrifugal compressors nowadays. Even in 

some pump applications, they have shown significant 

advantages for sealing liquid media. Dry gas seals are an 

important tool to optimize supercritical carbon dioxide (sCO2) 

turbomachinery and therefore sCO2 power cycles to the desired 

levels of efficiency. 

The special characteristics of CO2 are challenging for the 

safe operation of dry gas seals in CO2 applications. E.g., we must 

avoid icing of CO2, related to the Joule-Thomson effect when 

expanding CO2 through the sealing gap, must be avoided. In 

addition, transitions between supercritical and liquid phase need 

to be carefully addressed. 

EagleBurgmann is a manufacturer of dry gas seals and has 

constructed a CO2 test loop for operating dry gas seals in a CO2 

environment, covering all non-solid phase conditions, i.e. 

gaseous, supercritical, liquid and liquid-gas. Moreover, dry gas 

seal designs, especially dedicated to operation in sCO2 pumps 

and compressors have been developed. 

The paper shall give insight into the seal and test loop 

design, the test campaign and results. 

INTRODUCTION 

Carbon dioxide and particularly supercritical CO2 (sCO2) 

plays a very important role in modern industrial processes, e.g. 

urea production, carbon capture and storage and enhanced oil 

recovery. Therefore, the need for sCO2 turbomachinery will 

continue to grow in the future. In recent decades, supercritical 

CO2 has gained even a lot more attention since it proves 

exceptionally attractive as a working fluid in power cycle 

applications. Numerous articles have been published describing 

the advantages of alternative power cycle technologies, being 

much more efficient and cost-effective compared to standard 

power generation, for example, the classical steam Rankine 

cycle [4, 5, 6]. 

Any process or power cycle efficiencies will be closely 

related to the employed sealing technology in turbomachinery 

equipment. 

Dry gas seals are referenced in most of the above 

applications and are the standard choice due to their low leakage, 

friction losses, absence of wear and low power consumption. 

They are considered a substantial component for the 

development of efficient sCO2 turbomachinery.  

Apparently, in mere gaseous or supercritical applications a 

non-contacting dry gas seal will be the preferred design solution. 

It is less clear when multiphase conditions or phase transitions 

have to be managed by the seal. There are different approaches 

to encounter the demand for lowest possible CO2 leakage [1].  

The design solution presented in this paper entirely relies on 

a non-contacting operation mode in dynamic conditions, thus 

avoiding any uncertainties or issues with degrading seal 

performance due to worn or at least partially worn sliding faces. 
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Although designated as a dry gas seal, all kinds of non-solid 

CO2 phase conditions must be reliably covered in order to 

guarantee operational safety. Cycle efficiency can be optimized 

when operating at the critical point. Yet, the risk of slipping into 

the two-phase region is quite high due to slight variations in 

pressure or temperature [10]. Prior to any industrial application, 

it is evidently recommended to prove operational safety of a new 

design in the entire range of pressures, temperatures and speeds 

in a CO2 environment. 

As to CO2 commercial seal applications, there is only few 

published material available explaining in some detail the 

design, analytical methods and testing results, e.g. [1]. Detailed 

3D CFD simulation results addressing the particular 

characteristics of CO2 are usually restricted to the flow in the 

sealing gap, which has a prescribed constant shape [2]. These 

studies provide better understanding of physical effects in the 

sealing gap. However, since there is no thermal and mechanical 

coupling with the structural parts, methods and findings cannot 

be applied in industrial engineering work. 

This paper focusses on describing a CO2 multiphase seal 

design solution. The presentation encompasses design, 

numerical analyses and extensive testing results. Some essential 

functional principles in DGS technology, also application 

examples are given in [3]. Although the presented paper is a 

design solution for pump applications, the fundamental 

technology can also be employed in high-speed and high-

pressure applications as required for compressors. 

CO2 MULTIPHASE SEAL 

The CO2 multiphase seal is basically a dry gas seal. Dry 

gas seals are gas lubricated mechanical seals, which are mounted 

between the impellers and the bearings of a pump, compressor 

or turbine shaft to seal the high-pressure process chamber against 

atmospheric conditions.  

There are many references describing basic functional 

principles in theory and application related [7, 3]. At this point, 

only some major aspects related to the current application will 

be addressed.  

The pressure requirements appearing in CO2 industrial 

applications vary in a quite extensive range. The seal design 

follows the principles of a dry gas seal, but with the full intention 

to work with liquid, two-phase, gaseous and supercritical CO2. 

The major seal design conditions are as follows: 

 Pressure 0 … 250 barg

 Material design temperature -50 … 230°C

 CO2 temperature in seal cavity -25 … 160°C

 Maximum speed: 3600 rpm

It is common to employ a tandem seal arrangement as shown 

in Figure 1. The outboard seal, which has exactly the same 

design as the inboard seal, works primarily as a redundant seal. 

In the event of an IB seal failure, the OB seal still ensures safe 

operation. The biggest fraction release of the CO2 leakage will 

be via connection “B” into the vent. Only a small fraction of CO2 

leakage passes through the OB seal. 

Figure 1: Multiphase seal in tandem arrangement (cross-section) 

In the case of spatial restrictions or the abundance of the OB 

seal is acceptable, a single seal arrangement may be adopted.  A 

single seal arrangement particularly requires well-defined 

conditions downstream of the IB sealing gap, e.g. the presence 

of humidity in conjunction with temperatures below 0°C can 

cause severe problems. 

It is strongly recommended to always ensure a constant 

clean gas supply to the seal via connection “A” at all operating 

conditions, i.e. static and dynamic. The flow from the seal cavity 

back to the impeller through the process labyrinth prevents 

contaminated CO2 reaching the sealing gap. For some of the tests 

described in the following, the single seal arrangement is 

realized by the simply disassembly of the outboard faces. 

Figure 2: Dynamic secondary sealing unit (cross-section) 

Figure 2 depicts some details of the secondary dynamic 

sealing unit. Backup ring and balance sleeve, both made of 

extremely stiff tungsten carbide, allow optimal control of the 

extrusion clearance between both parts in the entire pressure 

range. The specific design of the PTFE cup seals ensures 

minimum sliding forces combined with wear-free operation. 

Evidently, the operating contact pressure between the PTFE cup 

seal and the balance sleeve must still be sufficiently high to 

guarantee safe sealing against CO2 leakage. Any secondary CO2 
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leakage can severely affect the seal functionality, as will be 

demonstrated in the section presenting the experimental results. 

Not only the high-pressure application range, but also the 

compromising effects of supercritical CO2 prohibit employing 

elastomer secondary seals. All secondary seals exposed to CO2 

are PTFE based seals. 

As base material for primary and mating ring, silicon 

carbide is selected. The particular material properties – very high 

Young’s modulus and very low TEC/TC ratio prove particularly 

appropriate for dry gas seal design solutions. Of course, a hard-

hard combination of sliding faces requires a non-contacting, and 

thus wear-free operation throughout all dynamic operating 

conditions beyond the pertaining lift-off speed. Certainly, 

extensive preceding numerical simulation effort is required 

before entering final design, manufacturing and eventually 

testing. 

Dry gas seals do need some kind of profiling on one of the 

rings to be able to establish a safe sealing gap throughout all 

operating conditions. These periodic face features may work 

either in both rotational directions or in only a single direction. 

All major seal suppliers have their own particular gas groove 

design and respective software tools to describe its specific 3D 

shape. The seal discussed in this paper has bidirectional grooves, 

cf. Figure 3. 

Figure 3: EagleBurgmann U-type groove profiled seat. Due to 

the DF coating, the gas grooves hardly appear visible. 

As a standard, the silicon carbide rings are coated with a 

DLC layer of a few micrometers. This is sufficient to protect the 

faces against wear in contact operation always occurring during 

start/stop sequences. The ultimate key feature of the CO2 

multiphase seal is the DiamondFace® coating on the sliding 

faces. DiamondFace® is an innovative microcrystalline diamond 

coating for mechanical seals. It is extremely hard and offers very 

high wear protection in case of fluid contamination, and 

excellent heat conductivity, maximum chemical resistance and 

low friction at low-speed contacting operation. Employing DF 

coating, the operating sealing gap height can again be reduced 

compared to standard dry gas seals, which is evidently beneficial 

to the low-leakage design intent. Increased torque during start-

up and shut-down is accounted for by specifically designed 

torque transmission features. 

Dry gas seals with DiamondFace® coating have been 

utilized for many years in applications where gas phase 

transitions have to be accounted for, mostly ethane and/or 

ethylene applications. More than 150 DF coated seals have been 

successfully deployed in first installations of pumps or as 

replacement for poorly performing seals in existing applications 

[11]. 

CO2 SPECIAL CHARACTERISTICS 

The pressure-enthalpy diagram is most appropriate to 

describe the special characteristics of CO2, cf. Figure 4. Whereas 

in the transcritical region, i.e. above the critical point, changes in 

physical properties are going rather smooth with pressure and 

temperature, these changes are locally substantial, in particular, 

inside the "dome", when moving towards and eventually 

crossing the liquid saturation line. The dome may be referred to 

as the region in the pressure-enthalpy diagram bounded by the 

two saturation lines, liquid and vapor. In the supercritical region, 

sCO2 adopts properties midway between a gas and a liquid. 

Whereas dynamic viscosity is still on levels of gaseous fluids, 

the density is like that of a liquid.  

Figure 4: CO2 pressure-enthalpy diagram. 

Even in the liquid phase, also in the subcritical region, CO2 

retains certain properties more like of a gas. There is still a 

certain level of compressibility, which is not only important for 

operational efficiency in turbomachinery thermodynamic cycles 

but also provides some ease to numerical analysis. Regarding 

seal performance, the lower dynamic viscosity compared to 

liquid hydrocarbons and especially water will produce less 

frictional heat. Consequently, less thermally induced distortion 

of the rings is generated which benefits operational safety. 
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From a seal design point of view, the dry gas seal should 

always work as a transcritical system. This is, however, not 

realistic in most industrial applications. In fact, operating near 

the critical point in sCO2 cycles offers various advantages and 

increases overall efficiencies. Although systems may be 

designed to avoid touching or crossing the dome when moving 

from one state to another, there is hardly entire control in a real 

process on major physical parameters, i.e. pressure and 

temperature. Deviations from the design point, e.g. slipping into 

the two-phase region, with all its unwanted implications, must be 

considered in dry gas seal design. 

Figure 5: CO2 expansion scenarios from 60barg. 

The temperature distribution in the vapor region is of even 

more importance. The difference between isothermal and 

adiabatic expansion is tremendous due to the very high Joule-

Thomson coefficient. This is demonstrated by various expansion 

scenarios, as depicted in Figure 5. To end up at low pressure and 

minus 40°C, one may start at high pressure, 60barg/-40°C and 

expand isothermally, A → C, or start from 60barg/+40°C and 

expand adiabatically, B → C. Starting from 60barg/+40°C, 

expanding to low pressure and +40°C is again an isothermal 

process. Whether expanding adiabatically or isothermally, or at 

least close to the ideal thermodynamic changes of state, 

respectively, is solely depending on the amount of leakage. Low 

leakage allows sufficient heat to be transferred from seat and seal 

face into the fluid, thus keeping the fluid temperature virtually 

unchanged. In the opposite extreme, if the amount of flow is 

high, the rate of heat transferred from the rings is not sufficient 

to compensate the temperature drop in the CO2. Starting from 

lower temperatures than +40°C might even end up at the triple 

point including dry ice formation. For both scenarios – 

isothermal and isenthalpic expansion – test results will be 

presented. 

As will be described in more detail in the following section, 

even isothermal expansion may not go entirely smooth when 

varying the cavity temperature, again referring to the 60barg 

cavity pressure case. There will be some dependency on the 

actual cavity temperature. In the pressure-enthalpy diagram, cf. 

Figure 5, the 60barg line is aligned with the 22.7°C isothermal 

inside the dome where phase change takes place between gas and 

liquid. When approaching the boundaries from higher (right) or 

lower temperature (left), i.e. moving A and B closely towards the 

dome boundaries, resulting in noticeable changes in leakage 

behavior. This is obviously in conjunction with substantial 

changes of physical properties, in particular HTC, density and 

dynamic viscosity in the respective temperature range. 

Consequential to all above considerations, the aim of any 

CO2 seal design must be low leakage levels throughout the entire 

operating range. Thus, adverse effects on seal performance by 

the particular behavior of CO2 can be largely avoided. It is also 

recommended to ensure always clean gas supply to the seal at all 

operating conditions, i.e. static and dynamic. 

NUMERICAL ANALYSIS 

Low duty mechanical seals may be designed by merely 

adopting basic analytical formulas and empirical rules, whereas 

dry gas seal design largely relies on computational analysis 

methods. Employing numerical design tools is utterly 

indispensable considering the strongly coupled physical effects 

of fluid dynamics, structural mechanics and thermodynamics. 

In the course of theoretical investigations, it is important to 

gain as much information as possible about the seal performance 

to be expected. Ideally, subsequent test campaigns turn out only 

to be a design verification procedure, essentially confirming the 

design intent. 

EagleBurgmann employs SealAnalysis [8], a coupled fluid-

structure solver particularly designed for narrow gap flows for 

both, liquid and gaseous fluids. SealAnalysis, as a simulation 

kernel, is embedded in a wider software environment, which 

efficiently integrates all required individual tasks in the context 

of seal design and performance optimization. 

It is absolutely necessary for CO2 simulations to properly 

account for real gas effects in the equation of state. SealAnalysis 

employs tabulated physical properties calculated with REFPROP 

[9]. REFPROP, released by NIST, uses the Span and Wagner 

equation of state, a well-established model for CO2, which fits 

well to experimental data particularly around the critical point.  

Usually, there are separate solution algorithms each 

accounting for a specific thermodynamic state of the fluid, i.e. 

either liquid or gaseous. There are algorithms accounting also for 

phase transition problems, however, they often do not prove 

appropriate for dry gas seals with radially much larger extended 

sealing gaps compared to liquid seals. Yet, in contrast to water, 

for example, the particular properties of CO2 allow to evade a 

possible numerical conflict. Due to the remaining 

compressibility in the liquid region, a pure gas solver can be 

employed to calculate seal performance even when moving 

through the gas-liquid into the liquid phase. Numerical stability 

and convergence to reasonable solutions is maintained. The 
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sonic transition phenomenon involving dynamic instabilities of 

the gas film as described in [12] is not considered relevant for 

the present application. Even at high cavity pressures P1 the 

radial flow velocity is fairly low in the entire sealing gap and 

may reach sonic speed only at the gap outlet at nearly ambient 

pressure. 

In the following, various results from numerical analyses 

will be discussed in detail. Figure 6 depicts the calculated CO2 

leakage in the entire operating range of the multiphase seal. The 

fluid condition of state varies between gaseous and supercritical. 

Figure 6: Predicted CO2 leakage for a 113mm bidirectional seal 

assuming 100°C constant ambient temperature  

TEST RIG 

The test facility, located at the R&D center, allows switching 

with little expense between standard high-pressure dry gas seal 

testing and CO2 testing, cf. Figure 7. In Figure 8 a severely 

reduced scheme of the CO2 testing configuration is presented. 

The major parameters of the test rig are as follows 

 Test gas: CO2, Air, N2, N2-He mix and He

 Shaft size: 50 … 300mm

 Max speed: 20000 rpm

 CO2 heating/cooling and circulation as closed loop

 CO2 temperature control range: 20 ….120 °C

 CO2 supply (max): 1000Nl/min

 CO2 max. testing pressure: 200 bar

 He max.  supply pressure: 700bar

Temperature measurements can be added as needed. 

Leakages are measured for DE and NDE seal each. Due to spatial 

restrictions, thermocouples are sometimes placed on the balance 

sleeve instead of on the seal face, as done in the test 

configuration. Temperature differences between seal face and 

balance sleeve are usually small. The seal size is 113mm, which 

refers to the inner diameter of the seat. 

The CO2 is circulated through the inboard cavities of DE and 

NDE seals. The integration of a heater and a cooler into this loop 

allows control the CO2 inlet temperature. As recognized not until 

running the test campaign, the electrical heater reveals certain 

deficiencies concerning the CO2 temperature control. 

Consequently, in some test sequences, in particular around the 

critical point, the CO2 temperature jumped into a fluctuation 

mode, and it was hardly possible to stabilize the temperature 

again on a constant level. 

The scheme in Figure 8 shows a tandem seal configuration 

with DE and NDE seals arranged face-to-face which accounts 

for thrust balance. 

Figure 7: Test facility viewed from control room. 

The temperature-controlled loop operation has only been 

applied to the tandem seal configuration according to Figure 8. 

The outboard seal in the tandem arrangement is supplied by the 

CO2 backpressure, built up in the primary vent. The single seal 

tests, i.e. only inboard seals were mounted, were run as dead-end 

operation without heater or cooler. Purpose of this test series is 

to demonstrate the functionality of the seal under normal 

operating conditions without ‘well-protected’ inner seal cavity 

by pure CO2 or N2, respectively. The sealing gap outlet is then 

exposed to possible humidity. Any malfunction, i.e. usually 

excessive leakage, may lead to ice formation and possible 

subsequent damage. 
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Figure 8: Simplified process & instrumentation diagram of CO2 

loop testing configuration. 

TEST RESULTS AND ANALYSIS 

In this paper, the focus is exclusively on pump seals. CO2 

pump seals often create more difficult challenges than 

compressor seals, which, at least, operate dynamically always in 

the gaseous or supercritical region. The design philosophy is 

quite similar; also, successful testing results exist. 

Figure 9: CO2 testing range, A – standard performance testing, 

B – failure case. 

In Figure 9 the scope of testing is depicted. Region A 

describes the standard performance testing range. The seal is 

subjected to phase transitions not only in the sealing gap, but also 

in the sealing cavity. Region B pertains to deliberately designed 

failure tests, primarily, to demonstrate the effect of adiabatic 

expansion and unacceptably high CO2 leakage. 

The test campaign is conducted to explore the seal behavior 

and seal performance in the described operation range. The 

results presented will confirm the seal design and demonstrate 

impressively predictive and analytic capabilities provided by 

numerical simulation. 

As to the 113 seal, the maximum design pressure is 250barg, 

but the CO2 maximum testing pressure is limited to 200barg 

(static) and 180barg (dynamic), respectively. A series of basic 

qualification tests with air as testing fluid preceded the CO2 test 

campaign. After successful completion of the air pre-tests, a 

dedicated CO2 test program has been set up.  

Tandem seal - static tests: 

 60, 80 and 200barg with temperatures 0 … 120°C

 60barg long-term (18h), cooling down after

dynamic run

 200barg long-term (14h), cooling down after

dynamic run

Tandem seal - dynamic tests: 

 60, 80 and 180barg with temperatures 20 … 120°C,

speed 3600rpm

Single seal - static tests: 

 60 and 200barg, ambient temperature, long-term

(48h)

 200barg long-term (14h), ambient temperature

Single seal - dynamic tests: 

 60 and 180barg with temperatures 0 … 70°C, speed

3600rpm

The most interesting sequences of this extensive test 

campaign will be presented. 

Static test without temperature control at 60barg 

Testing a quite realistic scenario is looking at the pressurized 

system after a dynamic run at pressures lower than the critical 

point. The heater in the CO2 loop is deactivated. The recordings 

in Figure 10 show seal cavity pressure, leakages of DE and NDE 

seals, temperatures in seal cavity and on balance sleeves.  The 

plot starts right after a long 3600rpm run at 60barg and portrays 

the cooling down behavior of the seal over 18 hours. The seal 

temperatures are slightly below the cavity temperature, 

indicating that the expansion to ambient pressure is not entirely 

isothermal. The leakage trend with its peaks between 30°C and 

20°C appears somewhat peculiar and suggests the requirement 

to explore such behavior. 
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Figure 10: CO2 static test, constant cavity pressure 60barg (P1), 

temperature drop overnight from 100°C to 0°C. 

The isobaric change of state in the experiment is reflected in 

the pressure-enthalpy diagram by a simple straight line A to B in 

Figure 11, starting in the vapor region, crossing the two-phase 

region aligned with the 22.7°C isotherm and ending as liquid 

CO2.  

Figure 11: Static test depicted in pressure-enthalpy diagram, 

constant pressure 60barg, and temperature drop overnight from 

100°C to 0°C (A → B). 

To get better insight in effects close to the phase transition 

boundaries the time-dependent measured data from the static test 

are rearranged in a temperature-dependent plot, cf. Figure 12. 

Apparently, leakage is more sensitive when approaching the 

phase boundary from higher temperatures. Figure 12 now also 

includes the predicted leakage trend. The level of agreement of 

measured and calculated leakage proves amazingly good except 

the continuous increase when coming from high temperature. 

The leakage peak in a narrow temperature interval now appears 

even more distinct. There are no further experimental data 

available to explain this particular leakage behavior. Additional 

information can only be provided by results from numerical 

analysis. 

Figure 12: CO2 static test, constant pressure 60barg, temperature 

drop overnight from 100°C to 0°C. Measured and calculated 

leakage as function of temperature. 

It is most obvious to look at sealing gap heights because of 

the known relationship �̇�~h3. Gap heights at outer and inner

diameter of the sealing gap are shown in Figure 13. The relative 

change in the temperature range from 15°C to 30°C is in total 

agreement with the leakage trend depicted in Figure 12. The 

issue now gets to the question: why do the gap heights change in 

that specific temperature range? Just for comparison, also 

calculated gap heights for a Helium-Air mixture as test gas are 

added. Unsurprisingly, only a smooth tiny change can be 

observed. 

It is not possible to provide an explanation for the local gap 

change without looking at the determining physical parameters 

driving the thermo-mechanical system, cf. Figure 14. In 

accordance with gap height and leakage trends, the first 

noticeable change beyond 15°C is observed for the calculated 

average heat transfer coefficient, which is decreasing from a 

more or less constant level below 15°C. The HTC essentially 

controls the heat exchanged between the silicon carbide rings 

and the seal cavity and thus the temperature distribution in the 

rings. Any change of internal temperature distribution will 

change the sealing gap shape, i.e. inner and outer gap height. 

Since the HTC is only provided as an average quantity over the 

entire surface of the rings, local effects cannot be resolved and 

described in detail. Density is closely related to the HTC and 

significantly drops across the liquid saturation line. As density 

drops, the Joule-Thomson coefficient rises. Changes in leakage 

are now expected to have a bigger effect on temperature 

distribution in the silicon carbide rings. This phenomenon is 
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clearly observed in Figure 13. Provided there is a very low 

leakage, the assumption of almost isothermal expansion is well 

justified. However, the trends in Figure 15 reveal how sensitive 

the system is. The larger positive delta T1-TFAV trend indicates 

a lower average fluid temperature in the sealing gap compared to 

the cavity, i.e. the Joule-Thomson effect becomes clearly visible. 

The effect vanishes again with decreasing leakage. 

Figure 13: CO2 static test, constant cavity pressure 60barg (P1), 

temperature drop overnight from 100°C to 0°C. Calculated gap 

heights at inner and outer diameter as function of temperature. 

For comparison, also sealing gap heights for a simulation with a 

He-Air mixture are provided. 

Figure 14: Determining physical parameters of CO2 in sensitive 

temperature range at constant cavity pressure 60barg (P1). 

Transition temperature is 22.7°C 

Figure 15: CO2 static test, constant pressure 60barg, temperature 

drop overnight from 100°C to 0°C. Calculated leakage and fluid 

temperature change as function of temperature. 

Dynamic tests with temperature control at 80barg and 

180barg 

The seals run at 3600rpm and 80barg, i.e. above the critical 

point. The CO2 temperature control unit is now activated to test 

three distinct cavity temperature levels, i.e. 20°C (liquid CO2, 

close to the dome), 50°C (supercritical, also close to the dome) 

and 120°C (supercritical).  

The recordings in Figure 16 show seal cavity pressure, 

leakages of DE and NDE seals, temperatures in seal cavity and 

on balance sleeves. Whereas the 20°C liquid condition and 

120°C supercritical condition perform rather unspectacular, 

simply as expected, the 50°C case causes considerable trouble 

for the temperature control unit. As mentioned above, the CO2 

temperature does now jump into a fluctuation mode between 

45°C and 60°C. The seal reacts by mirroring the leakage to the 

cavity temperature. This test again clearly reveals the notable 

sensitivity of CO2 when being close the critical point. 

As above, the time-dependent measured data from the 

dynamic test are rearranged in a temperature-dependent plot, cf. 

Figure 17. It now becomes visible what is entirely concealed in 

the time-dependent plot: the leakage trends show exactly the 

same characteristics as in the static test, cf. Figure 10 and Figure 

12. The only difference is that the leakages now peak at a single

point, exactly at the critical temperature. This is immediately 

understandable by the fact that the process comes closest to the 

two-phase region exactly at the critical temperature, while in the 

60bar test both saturation lines are crossed, resulting in a plateau-

like leakage maximum.  
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Figure 16: CO2 dynamic test, constant cavity pressure 80barg 

(P1), speed 3600rpm.  Cavity temperature control intent at three 

different levels. 

Figure 17: CO2 dynamic test, constant cavity pressure 80barg 

(P1), speed 3600rpm, varying temperature. Measured and 

calculated CO2 leakage as function of temperature. 

Very similar results are achieved for the high-pressure 

dynamic test, cf. Figure 18 and Figure 19. The leakages again 

peak at a single point, now at 70°C. The same explanation as 

above applies, the process comes closest to the two-phase region 

at about 70°C. 

The level of agreement of measured and calculated leakage 

proves outstanding good with respect to quality, a bit less with 

respect to quantity. As often, dynamic leakage predictions turn 

out to be higher than the measured ones. 

Figure 18: CO2 dynamic test, constant cavity pressure 180barg 

(P1), speed 3600rpm.  Cavity temperature control intent at three 

different levels. 

Figure 19: CO2 dynamic test, constant cavity pressure 180barg 

(P1), speed 3600rpm, varying temperature. Measured and 

calculated CO2 leakage as function of temperature. 

Static test without temperature control at 200barg 

All previous test results presented in this paper apply to a 

tandem seal configuration and circulating CO2. Two further test 

results are shown for a single seal configuration. 

A long-term static test result for 200barg is shown in Figure 

20. Leakage and temperature trends very clearly indicate the

upper limit of leakage up to which expansion is absolutely 

isothermal. Again, the term isothermal is used in a descriptive 

mode. It characterizes an observation in conjunction with very 

low CO2 leakage. The temperature drop of CO2 during expansion 

is instantaneously compensated by heat supply from structural 

parts. Thus, temperature is in dynamic equilibrium. 
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 In general, the static seal performance can be considered 

quite satisfying, without any basic instabilities. However, there 

are two conspicuous leakage leaps. In fact, the reason for these 

events remains unclarified. A possible assumption refers to 

sudden or slow axial displacements of the shaft, starting from a 

pre-stressed position. Various similar events could be observed 

throughout the test campaign. 

Figure 20: CO2 static single seal test, initial pressure 200barg, 

no temperature control, dead-end operation. 

Static test simulating a seal failure 

As it is obvious from all previous remarks that CO2 leakage, 

in particular static leakage, must remain low, by design of an 

additional static test, it was possible to deliberately demonstrate 

the effect of unacceptable high leakage either due to 

inappropriate seal design, malfunction of the seal, or failure of 

secondary sealing elements. 

On both sides of the dry gas seal, DE and NDE, a bypass 

between stationary seal face and backup ring has been created by 

grinded tiny grooves in the backup ring, 35µm deep on the DE 

seal (seal 1) and 80µm deep on the NDE seal (seal 2), cf. Figure 

2. The test result is shown in Figure 21. The temperatures in both

seals immediately drop as pressure increases. Beyond 40 barg, 

the leakage rise and temperature drop is dramatic. Obviously, the 

initial local cooling spot, the grinded groove, does now 

significantly affect the distortion of seal faces, thus creating 

additional leakage. The NDE seal temperature has already 

reached the triple point. The temperature cannot drop any further. 

The sealing pressure was then limited to 60barg. For a certain 

period of time the system appeared to stabilize itself, yet, became 

unstable again. To avoid an entire breakdown and possible 

damages, the pressure was relieved. The expansion in the sealing 

gap from 60barg can be considered as adiabatic with a 

temperature drop indicated in the pressure-enthalpy diagram. 

Any heat available from the seal structural parts has been 

depleted. There is no heat remaining to compensate the adiabatic 

cooling of the large mass flow through the sealing gap and 

bypass holes.  

Figure 21: Seal failure simulation by specific experimental set-

up. 

The measured leakage peaks in the experimental seal failure 

simulation correspond quite well to a deliberately designed 

numerical test case where the sealing gap is tuned such that the 

ring temperature drops down to the triple point -56.6°C. This 

result again confirms the reliability of the CO2 seal performance 

prediction. 

SUMMARY & CONCLUSIONS 

Process industry as well as power generation employing 

CO2 as working fluid will certainly grow in the years and 

decades to come. Machinery rotating equipment requires 

efficient and reliable sealing devices. In this paper, a design 

solution for a multiphase CO2 seal has been presented, which 

presumably covers most pressure requirements appearing in CO2 

industrial applications.  

The seal, designed as dry gas seal, works with liquid, two-

phase, gaseous and supercritical CO2. The presented design 

solution does not require any additional heating of the high- 

pressure sealing cavity in order to avoid possible seal 

performance issues due to transitions into two-phase or even 

liquid regions. 

 A representative selection of test results has been shown, 

some of them explained by theoretical considerations and 

scrutinized by appropriate numerical simulation tools. The 

design intent – virtually isothermal expansion due to extremely 

low leakage, yet safe non-contacting dynamic operation – has 

been confirmed by many successful test results.  

In addition, the solid numerical predictive capability 

particularly with CO2 has been demonstrated in particularly 

close-to-critical CO2 conditions and phase transitions. A 

deliberately designed failure test reveals the serious 
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consequences and emphasizes the paramount importance of the 

low leakage demand. 

NOMENCLATURE 

CFD Computational fluid dynamics 

DE drive end 

DF DiamondFace® 

DGS dry gas seal 

HLB helium light bands 

IB inboard / product side 

NDE non drive end 

NIST National Institute of Standards and Technology 

OB outboard / atmospheric side 

PTFE Polytetrafluorethylene 

R&D Research & Development 

HTC heat transfer coefficient (W/m2-K) 

ID inner diameter of sealing face (mm) 

OD outer diameter of sealing face (mm) 

P1 seal cavity pressure (bar) 

TC thermal conductivity (W/m-K) 

TEC thermal expansion coefficient (1/K) 

TFAV average fluid temperature in sealing gap (K) 

T1 seal cavity temperature (K) 
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ABSTRACT 

The future of Concentrated Solar Power technology relies 
on significant cost reduction to be competitive against both fossil 
fuel power stations and renewable technologies as photovoltaics 
and wind. Most of the research activity on CSP focuses on 
supercritical CO2 cycles to increase the solar plant efficiency 
together with a cost reduction. Recently, several research groups 
have started investigating the blending of CO2 with small 
amounts of additives to boost the thermodynamic cycle 
performance. The potentialities of N2O4 and TiCl4 were already 
demonstrated from theoretical point of view. The SCARABEUS 
project aims at developing and demonstrating CO2 blends in 
concentrating solar power plant with maximum temperatures of 
700°C, power cycle efficiency above 50% and cost of electricity 
below 96 €/MWh.  The innovative fluid and newly developed 
components will be validated at a relevant scale (300 kWth) for 
300 h in a CSP-like operating environment. 

INTRODUCTION 

Concentrated Solar Power (CSP) plants are set to play 
an important role in the energy supply mix in the twenty first 
century. Unfortunately, the Levelized Cost of Electricity (LCoE) 
of CSP (currently about 150 €/MWh) has not attained the level 
targeted (100 €/MWh) except for few installations in 
exceptionally good locations. As of today, many ongoing 
research projects aiming at enhancing the efficiency of the power 
block (PB) and reducing the associated costs are based on 
supercritical CO2 technology. However, relatively high ambient 
temperatures, typical in regions characterized by high solar 
irradiation, remain the Achilles heel of supercritical CO2 cycles 
as the efficiency of these systems drops dramatically in warm 
environments where ambient temperature is close to or higher 
than the critical temperature of CO2 (31°C), hence not allowing 

to adopt condensation cycles with expectedly higher efficiencies. 
This issue stems as an intrinsic critical hurdle for the future 
commercialization of CSP plants, which may be difficult to 
overcome by any means with the technology currently in use or 
with standard supercritical CO2 technology. 
To address this limitation, the SCARABEUS project proposes a 
modified working fluid whereby carbon dioxide is blended with 
certain additives to enable condensation at temperatures as high 
as 60°C whilst, at the same time, still withstanding the required 
peak cycle temperatures.  
The SCARABEUS project aims at developing and 
demonstrating an innovative power cycle based on blended CO2 
for CSP applications, yielding higher efficiency and lower cost. 
The application of supercritical CO2 blends has the potential to 
increase the thermomechanical conversion efficiency from the 
current 42% to above 50%. In addition, capital expenditure 
(CAPEX) and operating expense (OPEX) can be reduced by 
30% and by 35% respectively with respect to state-of-the-art 
steam cycles, thus exceeding the reduction achievable with 
standard supercritical CO2 technology.  
The primary objective of the SCARABEUS project is to 
demonstrate that using blended-CO2 is the only route currently 
possible to meeting the very ambitious economic performance of 
next generation CSP plants. There are two main areas of research 
in this project: the first is the identification of the optimal 
additive which would reduce the size and increase the efficiency 
of the PB. The second is the development of tailored heat 
exchanger designs, particularly for the air-cooled condenser, to 
operate with the innovative fluid as these are key enabling 
components for the proposed technology. The project will 
demonstrate the innovative fluid and newly developed heat-
exchangers at a relevant scale (300 kWth) for 300 h in a CSP-like 
operating environment. 
From preliminary analysis, it comes out that CO2-N2O4 and CO2-
TiCl4 mixtures as working fluids in PBs are promising thanks to 
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the high cycle efficiency, small turbomachinery and simple plant 
lay-out which bring about a substantial specific cost reduction. A 
simple regenerative cycle with the proposed innovative blends 
can reach a cycle efficiency as high as 48.6% for CO2-N2O4 and 
49.7% for CO2-TiCl4 compared to an efficiency of 48% for a 
complex recompression cycle with pure CO2.  
The SCARABEUS project scheduled work plan includes 
activities covering the whole value chain needed to prove 
thermodynamic, economic and environmental benefits of the 
proposed technology. It is broken down in seven work packages 
covering four years of work, starting on April 2019.  
The consortium comprises 9 partners with the key 
complementary expertise, including 5 top level European 
universities, one innovative SME and three world leading 
companies. 

CURRENT STATUS OF CONCENTRATING SOLAR 

POWER 

CSP technology uses a series of mirrors to concentrate the 
direct solar radiation and to convert it into high temperature heat 
that is subsequently converted into electric power through a 
conventional power cycle. Currently there are about 5 GW of 
installed CSP plants mainly based on Parabolic Trough 
technology (3.7 GW) and on Solar Tower technology (0.6 GW). 
Parabolic trough collectors (PTC) use one-axis tracking systems 
and concentrate the radiation onto a receiver tube (linear 
concentrators) in which a heat transfer fluid (HTF) flows. The 
majority of the CSP plants based on PTC uses synthetic oil as 
HTF, thus limiting the maximum temperature slightly below 
400°C. A standard re-heated steam cycle with maximum 
temperature around 370°C is thus the most commonly adopted 
power conversion technology with a net power block efficiency 
of about 37-38%. The use of solar salts as HTF in PTC is another 
interesting option that has been under development for several 
years and that will be applied in some of the new CSP plants in 
China. Solar salts can achieve temperatures up to 565°C 
guaranteeing a PB conversion efficiency of about 39-42%. Solar 
Tower (ST) systems use heliostat to concentrate the solar 
radiation onto a central receiver in which solar salts are used as 
HTF or in which steam is directly produced for the steam cycle. 
The first option (i.e. ST) is nevertheless preferred as it allows for 
the direct integration of high capacity thermal energy storage 
systems that enable a higher solar share or potentially continuous 
operation without fossil fuel backup. The standard PB 
conversion technology is also based on a steam cycle with 
similar performance as the previous ones.  

Current and forecasts on CSP costs are reported in Table 1, 
showing how ST is expected to have the strongest LCOE 
reduction. The capacity factor represents the PB operating hours 
with respect to the yearly hours. 

Table 1: Global weighted average CSP investment cost, capacity 
factor and LCOEs, 2015 and 2025 [1] 

Investment 

Cost ($/kW) 

Capacity 

Factor 

LCOE 

($/kWh) 

2015 2025 2015 2025 2015 2025 

PTC 5550 3700 41% 45% 0.15-
0.19 

0.09-
0.12 

ST 5700 3600 46% 49% 0.15-
0.19 

0.08-
0.11 

The main driver to attain lower costs is the operating 
temperature, which can be combined with the use of supercritical 
cycles for further performance enhancement and cost reduction. 
Indeed, a higher operating temperature implies higher 
conversion efficiency of the PB which brings about a smaller 
area of the solar field (lower primary energy demand for the same 
electricity output). This would result in substantial capital cost 
reduction, as the solar field of a CSP power plant with thermal 
energy storage accounts for about 40-50% of the total capital cost 
[1]. Moreover, higher operating temperatures enable a higher 
temperature change across the thermal energy storage system, 
resulting in a much lower inventory of heat transfer fluid (molten 
salts in standard technology) and smaller footprint of the storage 
tanks (the storage size is on energy base, and consequently is 
inversely proportional to the temperature difference across the 
receiver).  

The cost of the storage system, which accounts for between 
10% and 15% of the total cost of the plant [1], can therefore be 
largely reduced. 

SUPERCRITICAL CO2 POWER CYCLES AND CO2 

BLENDS 

Supercritical CO2 systems have been extensively researched 
in recent years, both theoretically and experimentally. The 
potential of sCO2 relies on the following features: (i) liquid or 
liquid-like (i.e. low compressibility) state of the working fluid 
during compression, which drastically reduces the associated 
work, and (ii) low expansion ratio of the cycle and low isentropic 
exponent of the working fluid (CO2), which largely increase the 
potential to recuperate heat within the cycle. A number of 
experimental loops, based either on the Recompression and 
Simple Recuperated cycle layouts, have been constructed in the 
last ten years to demonstrate the feasibility of the concept [2–4]. 
The idea of blending the CO2 to modify the critical properties of 
the working fluid dynamically has been explored in the past, 
mainly by Sandia National Labs in United States for low 
temperature heat sources [2]. Experiments performed by this 
institution confirmed that the addition of butane to the CO2 
increases the critical temperature with benefits for the cycle 
efficiency. On the contrary, adding SF6 has the opposite effect 
(the critical temperature decreases). The proven concept was 
later protected under US Patent 20130033044A115 but, in spite 
of the evident interest in the concept and the successful 

DOI: 10.17185/duepublico/48892  
223



experimental demonstration, no further activity has been 
reported in recent years. Moreover, the experimental activity 
carried out by Sandia focused more on the compressor 
performance near the critical point, than to demonstrate the 
concept as a whole (i.e., the expected performance of the cycle 
using CO2 blends at high heat rejection temperatures) nor the 
stability of the working fluid at the high temperatures that are 
sought in sCO2 applications. Finally, the maximum temperature 
considered in this work was around 400 °C, as it aimed at 
geothermal and biomass applications only, and this is far from 
the temperatures achievable in ST plants. 
Another innovative concept making use of CO2 mixtures in sCO2 
power cycles at high pressure and temperature is the 
oxycombustion-based system developed by NetPower in 
collaboration with Toshiba, where a mixture of carbon dioxide 
and steam (plus traces of other gases) is expanded in the turbine 
[5]. Nevertheless, this concept was not aimed at modifying the 
critical point of the mixture but rather at achieving very high 
turbine inlet temperatures that would otherwise not be possible. 
Another important feature of the proposed technology is that it 
enables non-chemical, cost-effective carbon capture. Recently, 
Czech Technical University in Prague started to investigate the 
adoption of CO2 blends as working fluid for temperatures up to 
550°C [6]. The activity is theoretical and provides an estimation 
of the potential enhancement of the PB performance due to the 
presence of additives. Previous and on-going research activities 
in the area of CO2 blends undertaken by various research groups 
worldwide are reported in the Table 2. From the table, two 
different lines of research can be outlined: blending with 
hydrocarbons (with limited operating temperature) and adoption 
of gases to increase the ideal gas effect.  
There is just one activity, performed by Università degli Studi di 
Brescia and Politecnico di Milano [7,8], investigating the 

adoption of blending fluids capable of increasing the critical 
temperature and withstanding temperatures up to 700°C. In the 
framework of this collaboration, two promising fluids have been 
identified for blending: TiCl4 and N2O4. Titanium tetrachloride 
is a relatively low cost, non-carcinogenic fluid, with zero Global 
Warming Potential (GWP) and Ozone Depleting Potential 
(ODP), currently employed in high temperature industrial 
processes. In fact, it is remarkably stable, as also confirmed by a 
previous experimental thermal stability analysis carried out at 
temperatures up to 550 °C [9]. At room temperature, it appears 
as a colorless liquid. However, it reacts violently with water, 
even with the small amounts contained in humid air, to generate 
heat and corrosive gases containing hydrogen chloride. In the 
presence of water, it is also corrosive for many metals. However, 
all these unfavorable characteristics of TiCl4, become less critical 
with high dilution with CO2 [10]. 
 Thermodynamic and transport properties of N2O4 have been 
calculated in the past years, [11–13]. Nitrogen dioxide and nitric 
oxide are considered greenhouses gases because they promote 
the formation of ozone, but it seems very unlikely that very 
reactive NO and NO2 will reach the troposphere. N2O4 was also 
proposed as working fluid in Brayton cycles in the past years 
[14,15]. At ambient conditions, N2O4 is unstable and 
decomposes into NO2 (nitrogen dioxide) which in turn can 
decompose into oxygen and nitric oxide (NO) depending on the 
pressure and temperature. In the following calculations it is 
always considered the system N2O4/NO2/NO/O2 at chemical 
equilibrium and, for simplicity, we will indicate it from now on 
as N2O4. 

Table 2: Recent research activities on CO2 mixtures with the main features 
Research Institute Years Fluid Temperature 

Range 

Activity 

UNIBS [16,17] 2012 
2014 

Mixtures of CO2 and hydrocarbons: benzene and 
toluene 400 °C A thermodynamic analysis of supercritical 

and trans-critical cycles 

UNIBS – POLIMI 

[7,8,18–20] 
2016 
2018 

Binary mixtures of CO2 with Di-Nitrogen 
Tetroxide (N2O4) and Titanium Tetracholride 

(TiCl4) 

400 °C 
to 700°C 

Thermal stability tests up to 500 °C for 
TiCl4. Thermodynamic modelling and 

overall cycle assessment 

UNIBS [21] 2017 Mixtures of carbon dioxide and n-butane, 
sulphur hexafluoride, toluene <350 °C Thermodynamic evaluation of the 

performances of different Brayton cycles. 

SANDIA[2] 2011 
2013 

Binary mixtures of carbon dioxide and Sulphur 
Hexafluoride (SF6) and different hydrocarbons. 

50 °C 
to 160 °C 

Experimental evaluation of the compressor 
performances with mixtures of carbon 

dioxide and SF6 and n-butane. A Patent. 

KAIST [22] 2011 Binary mixture of CO2and: argon, xenon, 
nitrogen, oxygen. 580 °C 

Evaluation of performance of supercritical 
Brayton cycles for Sodium-cooled Fast 

Reactors  
Czech TU in 

Prague [6]
2016 
2017 

Binary mixture of CO2 and: He, O2, N2, Ar, CH4 
(methane), H2S (Hydrogen Sulfide), CO 550°C Thermodynamic evaluation of some 

Brayton cycles 

Xian Jaotong 

University [23] 2018 Binary mixture of CO2 and 
hydrocarbons/organic fluids <330°C 

Parametric analysis and optimization based 
on thermodynamic and economic 

performance of the system 
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The power cycles were modelled calculated using Aspen 
Plus V9.0 [24] with the Peng-Robinson Equation-Of-State 
(EOS) [25] as CO2-N2O4, CO2-TiCl4 and pure N2O4 cannot be 
modelled in RefProp EOS [26]. A kij equal to 0.0745 was 
assumed for TiCl4 while equal to zero for N2O4 as discussed in 
previous works. Table 3 summarizes the main design parameters 
adopted for the cycles modelling. For further information, the 
reader can refer to the previous publication [7,8]  

Table 3: Main assumptions for the power cycle simulation 
both at 700°C and 550°C maximum temperatures 

Parameter Value 
Turbine inlet pressure (bar) 250 
Minimum temperature (°C) 51 
∆𝑝/𝑝 Hp/Lp side of regenerator 0.01/0.015 
∆𝑝/𝑝 Primary Heat Exchanger 0.015 
∆𝑝/𝑝 heat rejection Heat Exchanger 0.02 
Compressor/Pump polytropic efficiency 0.89 
Turbine isentropic efficiency 0.93 
Mechanical/Electrical efficiency 0.99/0.99 

A preliminary assessment was carried out in previous works 
[7,8] and the main results are reported in  

Table 4 and Table 5. 
Two different locations were considered, Seville and Las 

Vegas as they have different latitude and irradiation which both 
affect the solar plant performance and electricity production. 

Results are reported in terms of energy and efficiency for the 
most relevant sections of the plant (i.e. the optical and thermal 
processes are not explicated as they are in common between all 
the cases and no development has been performed in these 
components.  

Esun stands for the solar energy available on the solar field; 
Egross is the gross electric energy generated by the PB 

neglecting heat rejection auxiliaries; 
EnetPB is the net electricity generated by the power cycle; 
Enet is the net electricity generated by the solar plant 

including the solar field auxiliaries’ consumptions; 
ηnet_PB and ηoverall are the PB net electric and overall plant 

efficiencies.  

Table 4: Yearly energy assessment for a solar plant placed in Seville and Las Vegas with maximum power cycle temperature equal to 
550°C [7].

Tmax 550°C Seville (TES 8 hours) Las Vegas (TES 10 hours) 

Steam 
cycle 

Pure 
CO2 

N2O4 N2O4+C
O2 

TiCl4+CO2 Steam 
cycle 

Pure CO2 N2O4 N2O4+CO2 TiCl4+C
O2 

Esun [GWh] 609.1 609.1 609.1 609.1 609.1 807.6 807.6 807.6 807.6 807.6 
Egross [GWh] 115.4 115.7 116.9 122.8 123.6 143.9 146.2 147.3 155.1 156.2 
EnetPB  

[GWh] 
114.0 114.5 115.7 121.7 122.5 142.6 144.0 145.0 152.9 154.1 

ηnet_PB [%] 38.5 39.9 39.3 42.1 42.6 38.5 39.8 39.3 42.0 42.5 
Enet  [GWh] 112.7 111.3 114.4 119.5 119.6 140.9 139.5 143.4 149.9 150.0 
ηoverall [%] 18.5 18.3 18.8 19.6 19.6 17.4 17.3 17.8 18.6 18.6 

Table 5: Yearly energy assessment for a solar plant placed in Seville and Las Vegas with maximum power cycle temperature equal to 
700°C [7] 

Tmax 700°C Seville (TES 8 hours) Las Vegas (TES 10 hours) 

Pure CO2 N2O4 N2O4+CO2 TiCl4+CO2 Pure CO2 N2O4 N2O4+CO2 TiCl4+CO2 
Esun [GWh] 627.58 627.6 627.6 627.6 832.1 832.07 832.1 832.1 
Egross [GWh] 125.3 135.7 135.9 137.2 161.0 169.4 170.1 172.1 
EnetPB  [GWh] 124.3 134.7 135.0 136.2 159.2 167.4 168.2 170.3 
ηnet_PB_y [%] 48.3 46.0 47.8 48.5 48.1 46.1 47.8 48.5 
Enet  [GWh] 120.11 133.5 131.8 132.4 153.4 165.9 164 165.2 
ηoverall [%] 19.14 21.3 21.0 21.1 18.4 19.9 19.7 19.9 
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Figure 1. LCOE for the different working fluids and maximum temperatures in Seville and Las Vegas as function of the recuperative 
heat exchanger area [7] 

Table 6: Power block specific costs for the different cases considered at different maximum temperatures together with the reference 
cases [7,8] 

Maximum temperature 550°C – Solar salts as HTF 

Steam cycle Pure CO2 N2O4 N2O4+CO2 TiCl4+CO2 
PB specific costs [$/kW] 1400 1303.4 793.8 976.8 1043.0 

Maximum temperature 700°C – Liquid Sodium as HTF 

Steam cycle Pure CO2 N2O4 N2O4+CO2 TiCl4+CO2 
PB specific costs [$/kW] - 985.2 687.4 802.7 847.7 

Table 5 pointed out that the cycle efficiency of the proposed 
innovative fluids can be as high as 47.8% for CO2 -N2O4 and 
48.5% for CO2-TiCl4. Preliminary studies showed that these 
numbers can be improved by 1% assuming larger UA [7,8]. In 
addition, a simple regenerative cycle configuration can be 
adopted reducing the plant complexity. Table 6 summarizes the 
CAPEX of the PB for the different cases investigated outlining 
the potentialities to reduce the specific costs around 700$/kW 
which corresponds to a reduction close to 50% and 20% with 
respect to conventional steam cycle and sCO2 power blocks [27]. 

In terms of yearly electricity production (see 
Table 4 and Table 5), the innovative fluids outperform the 

more conventional ones with an overall efficiency increase by 
5%. The resulting LCOE (see Figure 1) which combines the 
thermodynamic and cost advantages of the innovative fluids is 
around 130 $/MWh for a plant located in Las Vegas (US) and 
155 $/MWh for a plant located in Seville (US) compared to 147 
$/MWh and 184 $/MWh of a steam cycle. 

From the thermodynamic and economic results, CO2-N2O4 
and CO2-TiCl4 mixtures as working fluids in PB are promising 

thanks to the high efficiency, small turbomachinery and simple 
plant lay-out which bring about a substantial specific cost 
reduction. However, the power cycle performance for the 
innovative cycles were based on simple thermodynamic models 
such as the Peng-Robinson equation of state, calibrated on a few 
available experimental data.  

The SCARABEUS project will address these aspects 
combining theoretical modelling with experimental campaign.  

THE SCARABEUS PROJECT 
As mentioned in the introduction section, the primary 

objective of the SCARABEUS project is to demonstrate that 
using blended-CO2 is the only route currently possible to 
meeting the very ambitious economic performance of next 
generation Concentrated Solar Power plants. Within 
SCARABEUS, a solar tower and an indirect cycle concept are 
considered: the heat transfer fluid (HTF) collects thermal power 
in the receiver and transfers it to the working fluid of the power 
cycle in dedicated heat exchangers. The indirect cycle concept is 
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selected because it does not require a new receiver development 
and enables the utilization of conventional thermal energy 
storage (TES) technologies. In this latter regard, it is noted that 
thermal energy storage is an essential feature to fully exploit the 
advantages of CSP over PV and wind energy technologies. 

The first step of the project will be to identify the most 
promising candidate fluids (dopants) to be added to the CO2. 
This phase will be based on a thorough literature review, starting 
from the relevant research activities summarized in Table 2, and 
on fluid compatibility analyses developed, both for the 
compounds already investigated and for new fluids that will be 
explored. Upon identification of the most promising candidates, 
a theoretical model to describe the thermo-physical properties of 
the working blends will be developed based on experimental data 
from literature and from the proprietary database of the 
applicants. The modelling will start from the simplest cubic 
equation of state formulation as Peng-Robinson [25] or Soave-
Redlich-Kwong [28] with the calibration of mixing rules 
parameters passing through Volume Translated Peng Robinson 
(VTPR) or exploring predictive models as UNIQUAC 
Functional-group Activity Coefficients (UNIFAC) [29] or 
perturbed chain statistical associating fluid theory (PC-SAFT) 
[30] which accounts for species molecular structure and their 
interaction.  

As already pointed out in previous research activities [8,10], 
the correct modelling of the thermo-physical properties behavior 
of the CO2 blend is mandatory to accurately predict the fluid 
behavior around the critical point and the resulting cycle 
performance. 

The theoretical description of these CO2 blends will then be 
incorporated into a thermodynamic modelling environment to 
analyze the performance of the power plant. Simultaneously, 
dedicated experiments of CO2-blends heat transfer properties 
will be carried out to perform and optimize the designs of the 
recuperative heat exchanger and air-cooled condenser. The 
complete performance model with an accurate characterization 
of the working fluid will enable the selection of the optimal CO2 
blends that yield the best performance of the PB. Based on this 
information, a more specific aerodynamic design, performance 
characterization and cost assessment of turbomachinery, 
recuperative heat exchanger and air condenser will be carried 
out. At the same time, a more refined performance model of the 
PB with the capability to simulate both design point and off-
design behaviour of the SCARABEUS power plant with 
blended-CO2 will be developed and, with this tool, an 
optimization of the entire plant will be performed (including 
solar field and thermal energy storage system). 

One of the main outcomes of the modelling activities carried 
out in the project will be the specifications of the two working 
fluids yielding the best power plant performance. The thermal 
stability of these fluids will be investigated through dedicated 
experiments to ensure that decomposition at high temperature 
does not take place, neither in the short (immediate 
decomposition) nor in the long terms (after 2000 hours at high 
temperature). This will demonstrate the capability of the fluid to 
withstand temperatures up to 700°C in the presence of metallic 

materials and lubricants. Additionally, vapor-liquid equilibrium 
measurements will be carried out to determine the Andrew’s 
curve of the CO2 blends. Afterwards, the Andrew’s curve will be 
used to calibrate the thermodynamic models to verify the 
description of the behaviour of CO2 blends, which is a necessary 
requirement to ensure the validity of the results provided by the 
performance models. In parallel, all the pieces of information 
produced by the project will be integrated in a thorough market 
analysis whereby the economic objectives of the project will be 
demonstrated. To this end, multi-variable cost estimators and 
financial models will be developed and integrated with the 
optimization tools.   

Ultimately, resolving the outlined challenges leads to a 
lower cost of electricity (LCoE), yielding a technology that 
becomes cost competitive against photovoltaic systems and even 
fossil fuel technologies. The target LCoE to achieve this twofold 
objective is in the range between 50 and 100 €/MWh. Figure 2 
summarizes the very large impact of SCARABEUS on the 
economic performance of CSP plants: 3500 €/kWel CAPEX and 
12 €/MWhel OPEX (accounting for the contribution of the 
power block only) are the final economic targets of the project. 
Moreover, the drastic reduction of CAPEX and OPEX is even 
more pronounced if considered in the context of the current 
objectives of the SunShot initiative of the US Department of 
Energy [https://www.energy.gov/eere/solar/sunshot-2030], 
which is presently targeting 900 USD/ kWel (CAPEX of the 
power block) and 2 USD/ MWhel (OPEX of the power block, 
excluding fixed OPEX by capacity) for the next generation of 
sCO2 power cycles to be deployed by 2030. 

Figure 2. SCARABEUS approach and cost targets for a large 
scale solar tower plant 

These ambitious objectives are tackled by SCARABEUS, a 
project conceived to bring about greater strides than would be 
obtained if steam turbine or combined gas/steam turbine 
technologies were used. This progress is built upon innovations 
on: (i) improvement of the PB performance, boosting the net heat 
to electricity efficiency to above 50%; (ii) reduction of the 
complexity of the PB since only one recuperator and one primary 
heat exchanger are necessary as opposed to more than ten heat 
exchangers typically adopted in a steam cycle; (iii) reduction of 
the size of turbomachinery compared to steam turbines of similar 
power output, bringing about large reduction in capital costs; (iv) 
innovation in heat exchanger design and manufacturing, aiming 
at  the best compromise between thermal effectiveness and 
manufacturability. 
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THE SCARABEUS CONSORTIUM 

Politecnico di Milano [31] will lead and coordinate the 
project and will be responsible for the dissemination of the 
project results. In addition, it will define the thermodynamic 
properties of the CO2 mixture through vapour-liquid equilibrium 
measurements. 

Technical University of Wien [32]has been working on 
sCO2-cycles within the frame of two national projects where a 
transcritical sCO2-test rig with a thermal power of 300kW 
thermal power has been constructed. This rig is currently 
operational and will be used in SCARABEUS.  

Kelvion thermal solutions [33] has one of the world’s largest 
product portfolios in the field of heat exchangers (plate, shell and 
tube and finned tubes heat exchanger; modular cooling tower 
systems) and will be responsible for the conceptual design and 
optimization of the air-cooled condenser and the recuperative 
heat exchanger. 

Exergy [34] is an industrial company manufacturing 
turbomachinery and will work with City on design of the 
turbomachinery and will perform the associated cost analysis 

University of Seville [35], one of the most active institutions 
in the field of supercritical carbon dioxide technology in Europe, 
will capitalize on its expertise in the area of sCO2 cycle and 
turbomachinery design and optimization and of CSP technology 
(acquired through close collaboration with industry). 

City University of London [36], has expertise in the design 
of turbomachinery including the effect of variable gas properties 
and will be responsible for the design and analysis of the 
turbomachinery components. 

Quantis[37] will perform the technology assessment from a 
life cycle perspective (environmental life cycle assessment and 
life cycle costing). 

Figure 3. Value chain for the SCARABEUS project 

Abengoa Energia [38] is one of the world leading companies 
in CSP, spanning its activities over the whole value chain: 
ownership, EPC, operation, servicing. The company will provide 
the end-user’s perspective and will support the benchmarking of 
SCARABEUS in comparison to state-of-the-art commercial 
plants. They will also be responsible for the SCARABEUS 
technology exploitation 

University of Brescia [39] has a laboratory for evaluating 
the stability of working fluids and holds a strong thermodynamic 
background on mixtures. They will support the assessment of the 
best candidate mixture as well as perform the corresponding 
stability tests. 

The SCARABEUS value chain is summarized in Figure 3 

CONCLUSIONS 

This paper discussed the potentialities of the blended CO2 as 
working fluids in power block. Previous work demonstrated that 
the adoption of CO2-N2O4, CO2-TiCl4 can boost the efficiency 
above 49% assuming a maximum temperature equal to 700 ℃ 
while reducing the complexity and costs of the power section. 
SCARABEUS projects will start from these preliminary results 
and will demonstrate that the application of supercritical CO2 
blends can reduce the LCOE of a Concentrated Power plant 
below 100 €/MWhel. The project will also demonstrate the 
innovative fluids at relevant scale for 300 hour in a CSP-like 
operating environment. 

NOMENCLATURE 

CAPEX Capital Expenditure 
CSP Concentrated Solar Power 
HTF Heat Transfer Fluid 
LCA Life Cycle assessment 
LCOE Levelized Cost of Electricity 
OPEX  Operating Expenditure 
PB Power Block 
ST Solar Tower 
TES Thermal Energy Storage 
Esun  Solar energy available on the solar field 
Egross  Gross electric energy generated by the power block 
EnetPB net electricity generated by the power cycle 
Enet  net electricity generated by the solar plant; 
ηnet_PB PB net electric efficiency. 
ηoverall  overall solar plant efficiency. 
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ABSTRACT 

Supercritical CO2 as a working fluid offers distinct 

advantages for power cycles, such as a comparably low critical 

temperature and pressure. However, the favorable properties of 

supercritical CO2 could potentially be enhanced by blending CO2 

with suitable additives. In order to find promising additives for 

CO2, a theoretical screening seems to be most feasible, as 

extensive experimental studies would be very time-consuming. 

For this purpose, a mixture model is needed that on the one hand 

yields good predictive results and on the other hand should be as 

accurate as possible. Therefore, in this work the performance of 

the multi-fluid mixture model combined with UNIFAC and with 

different versions of COSMO-SAC is evaluated for mixtures 

containing CO2. The results are compared to results calculated 

with accurate multi-fluid mixture models. It is demonstrated that 

the predictive results for phase equilibria as well as for 

homogeneous densities of the multi-fluid mixture model 

combined with UNIFAC and COSMO-SAC are superior to the 

results of the multi-fluid mixture model with standard mixing 

rules. However, it can also be seen that the parameters of 

UNIFAC and COSMO-SAC should be readjusted in order to 

further improve the results. 

INTRODUCTION 

Thermophysical properties of pure components and 

mixtures are important for the design and optimization of various 

processes in power and process engineering. The most accurate 

source of thermophysical property data are highly-accurate 

multiparameter equations of state. These equations of state are 

capable of representing all experimental data within the 

experimental uncertainty. The reference equation of state for 

carbon dioxide (CO2) [1] is an example for such an equation of 

state. 

If properties of mixtures are required, the multi-fluid mixture 

model [2–4] can be used. This model allows for a very accurate 

representation of experimental data for mixtures, if the model 

parameters are fitted to experimental data. However, the 

predictive capabilities of this model are rather limited. Therefore, 

Jäger et al. [5,6] have developed a theoretically based departure 

function for the multi-fluid mixture model, which allows for the 

combination of the multi-fluid mixture model with the predictive 

excess Gibbs energy models UNIFAC and COSMO-SAC. 

The basic idea of the UNIFAC model [7] is to describe the 

interactions of structural groups of molecules instead of 

modeling molecule-molecule interactions. In this way, the 

interactions of structural groups can be fitted to experimental 

data for well-studied mixtures and then be transferred to 

mixtures for which no experimental data exist. While UNIFAC 

is capable of describing fluid mixtures well and yields good 

predictive results, it also has some shortcomings. Many 

adjustable parameters need to be fitted to experimental data. 

Furthermore, it might happen that molecules cannot be 

subdivided into structural groups that exist in UNIFAC. In these 

cases, UNIFAC cannot be applied. 

In order to overcome these shortcomings, the more predictive 

model COSMO-SAC [8], which only has a few substance-

independent parameters, has been combined with the multi-fluid 

mixture model [6]. COSMO-SAC depends on quantum 

mechanical calculations, which need to be performed in order to 

calculate the screening charge densities on the molecular surface. 

Hence, COSMO-SAC considers the interactions of charged 

surface segments instead of modeling the interactions of 

structural groups of molecules. 

Processes with supercritical CO2 in thermal power generation 

offer some distinct advantages over currently used technologies, 

see, for example, Gampe et al. [9]. The favorable properties of 

supercritical CO2 can potentially be further improved by 

considering mixtures of CO2 with other substances as working 
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fluids instead of using CO2 as a pure substance. 

As an example, the critical point can be shifted to other 

temperatures and pressures by mixing CO2 with other 

substances. By this, the supercritical state could already be 

reached at lower temperatures and pressures compared to the 

critical temperature 𝑇c = 304.128 K and critical pressure 𝑝c =
7.3773 MPa of pure CO2 (values taken from the reference 

equation of state for CO2 by Span and Wagner [1]). Figure 1 

shows parts of the vapor pressure curve of pure CO2 calculated 

with the reference equation of state for CO2 by Span and Wagner 

[1]. For comparison, Figure 1 shows parts of the bubble line and 

the dew line for a binary mixture of 𝑥CO2
= 0.9 and 𝑥C2H6

= 0.1

calculated with the mixture model for CO2 and C2H6 by Kunz 

and Wagner [4]. 

Figure 1:  Calculated vapor pressure curve and critical point of 

pure CO2 (solid blue line) in comparison to calculated 

dew and bubble lines and the mixture critical point of 

a binary mixture of 90% CO2 with 10% C2H6 (dashed 

red line). 

This indicates that the performance of power processes (thermal 

efficiency, net power etc.) could be optimized by finding suitable 

additives for CO2. Since a lot of different substances can be 

considered as additives and various mixture compositions need 

to be investigated, an extensive experimental investigation for 

suitable additives does not seem feasible. Therefore, promising 

additives could be identified by a theoretical screening. For this 

purpose, mixture models will be needed which on the one hand 

allow for the use of reference equations of state (such as the 

reference equation of state for CO2 by Span and Wagner [1]) and 

on the other hand can be used well predictively.  

The multi-fluid mixture model originally proposed by Lemmon 

and Tillner-Roth [2] (which will be introduced in more detail in 

the next section) allows for the use of reference equations of state 

in order to model pure fluids. The model is also capable of 

representing experimental data for mixtures well if the adjustable 

parameters of the model are fitted to experimental data. 

However, the predictive capabilities of the multi-fluid mixture 

model are very limited, which has been shown by Jäger et al [5] 

and will be discussed in more detail later in this work. 

Other equations of state with good predictive capabilities for 

modeling thermophysical properties of mixtures (vapor-liquid 

equilibria, liquid-liquid equilibria, excess enthalpies, etc.) are the 

well-known combinations of cubic equations of state with excess 

Gibbs energy models (𝑔E-models). Sophisticated examples for

combinations of cubic equations of state with the 𝑔E-model

UNIFAC [7] are the predictive Soave-Redlich Kwong equation 

of state (PSRK) [10–12] and the volume-translated Peng-

Robinson group contribution equation of state (VTPR) [13–15]. 

The disadvantage of these models is that only cubic equations of 

state can be used to model pure fluids and mixtures, which 

significantly limits the achievable accuracy. This is illustrated in 

Figure 2 by comparing highly-accurate experimental data on 

saturated liquid densities by Duschek et al. [16] (overall 

combined standard uncertainty smaller than 0.015% for 

temperatures below 295 K. The uncertainty risis to 0.2% close to 

the critical temperature) to calculated saturated liquid densities 

from different models.  

Figure 2:  Deviations of experimental saturated liquid density 

data for CO2 (symbols, Duschek et al. [16]), of the 

PSRK (solid black line), of the PR (dashed red line), 

and of the VTPR (dash-dotted blue line) from the 

reference equation of state for CO2 [1]. The reference 

equation for CO2 is the zero line and deviations of the 

experimental data and the other models from the 

reference equation of state are displayed. 

The reference equation of state for CO2 is capable of representing 

the experimental data within the experimental uncertainty, while 

the PSRK, the original Peng-Robinson [17], and the Peng-

Robinson with volume-translation applied at the triple point 

temperature of CO2 yield maximum deviations from the 

experimental data of about 23.5%, 16%, and 18%, 

respectively (see Figure 2). Deviations of the PSRK and volume-

translated Peng-Robinson to experimental data are especially 

high in the vicinity of the critical point of CO2.  

In order to overcome the shortcomings of the aforementioned 

models, we recently proposed a combination of the multi-fluid 
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mixture model with the 𝑔E-models UNIFAC [5] and COSMO-

SAC [6]. In this work, we extend this model by combining the 

multi-fluid mixture model with improved versions of the 

COSMO-SAC model, which consider different types of 

hydrogen-bonding interactions [18] and dispersive interactions 

[19]. Furthermore, the predictive capabilities of the combination 

of the multi-fluid mixture model with 𝑔E-models with regard to

the description of properties in the homogenous phase are 

investigated for the first time in this work. 

MODEL DESCRIPTION 

Lemmon and Tillner-Roth [2] proposed the multi-fluid 

mixture model in 1999. Subsequently, the model was further 

developed and applied to typical natural gas mixtures by Kunz 

and Wagner [4] and to typical mixtures relevant for carbon 

capture and storage (CCS) by Gernert and Span [20]. This model 

is an extended corresponding states model and reads 

𝛼(𝜏, 𝛿, �⃗�) = ∑ 𝑥𝑖[𝛼o𝑖
0 (𝜌, 𝑇) + ln(𝑥𝑖) + 𝛼o𝑖

r (𝛿, 𝜏)]

𝑁

𝑖=1

+ ∑ ∑ 𝑥𝑖𝑥𝑗𝐹𝑖𝑗𝛼𝑖𝑗
r (𝜏, 𝛿)

𝑁

𝑗=𝑖+1

𝑁−1

𝑖=1

.

(1) 

The meaning of the symbols in Equation (1) is explained in the 

nomenclature. The reduced density 𝛿 can be written as 

𝛿 = 𝜌 𝜌r⁄ (2) 

and the inverse reduced temperature is defined as 

𝜏 = 𝑇r 𝑇⁄ . (3)

The quantity 𝜌r is the reducing density and the quantity 𝑇r is the

reducing temperature. These reducing functions are defined in 

the following way [4]: 

𝑇r = ∑ ∑ 𝑥𝑖𝑥𝑗𝛽𝑇,𝑖𝑗𝛾,𝑇𝑖𝑗

𝑥𝑖 + 𝑥𝑗

𝛽𝑇,𝑖𝑗
2 𝑥𝑖 + 𝑥𝑗

(𝑇c,𝑖 ⋅ 𝑇c,𝑗)
0.5

𝑁

𝑗=1

𝑁

𝑖=1

(4) 

and 

1

𝜌r

= ∑ ∑ 𝑥𝑖𝑥𝑗𝛽𝑣,𝑖𝑗𝛾,𝑣𝑖𝑗

𝑥𝑖 + 𝑥𝑗

𝛽𝑣,𝑖𝑗
2 𝑥𝑖 + 𝑥𝑗

1

8
(𝜌

c,𝑖

−
1
3 + 𝜌

c,𝑗

−
1
3)

3𝑁

𝑗=1

.

𝑁

𝑖=1

 (5)

The reducing temperature 𝑇r contains the two adjustable

parameters 𝛽𝑇 and 𝛾𝑇 and the reducing density 𝜌r contains the

two adjustable parameters 𝛽𝑣 and 𝛾𝑣 for each combination of

components 𝑖 and 𝑗. Typically, these four parameters of the 

mixture model are fitted to experimental data. If sufficient 

experimental data of good quality are available, additionally the 

binary departure function 𝛼𝑖𝑗
r  (see Equation (1)) can be

established. This function does not have a fixed structure but 

consists of combinations of polynomial, exponential, and special 

terms that have to be determined during the fitting procedure, see 

[4]. If no experimental data exist for a mixture of interest, the 

multi-fluid mixture model according to Equation (1) can be used 

predictively by neglecting the binary departure function (𝛼𝑖𝑗
r =

0) and applying standard mixing rules for the reducing functions,

such as linear mixing rules for the reduced temperature 

𝑇r = ∑ 𝑥𝑖𝑇c,𝑖

𝑁

𝑖=1

(6) 

and the reduced density 

1

𝜌r

= 𝑣r = ∑ 𝑥𝑖𝑣c,𝑖

𝑁

𝑖=1

= ∑ 𝑥𝑖

1

𝜌c,𝑖

𝑁

𝑖=1

. (7)

This predictive mixture model will be referred to as “LIN-MOD” 

in the following. 

It has been demonstrated in our previous work [5,6] that the 

multi-fluid mixture model with linear mixing rules for the 

reducing functions (LIN-MOD) does not yield good predictive 

results for phase equilibria of binary mixtures. Therefore, we 

have proposed a combination of the multi-fluid mixture model 

with excess Gibbs energy models, which reads 

𝛼(𝜏, 𝛿, �⃗�) = ∑ 𝑥𝑖[𝛼o𝑖
0 (𝜌, 𝑇) + ln(𝑥𝑖) + 𝛼o𝑖

r (𝛿, 𝜏)]

𝑁

𝑖=1

+
ln(1 + 𝑏𝜌)

ln(1 + 𝑏𝜌ref)
[
𝑔GE

E,r

𝑅𝑇

− ∑ 𝑥𝑖[𝛼o𝑖
r (𝛿ref, 𝜏) − 𝛼o𝑖

r (𝛿𝑖,ref, 𝜏𝑖)]

𝑁

𝑖=1

] .

(8) 

with 

1

𝜌ref

= ∑ 𝑥𝑖𝑣s,𝑖
L

𝑁

𝑖=1

(𝑝0), (9)

with 𝑣s,𝑖
L  denoting the molar volume of the saturated liquid of 

component 𝑖 at the reference pressure 𝑝0.

In this work, the residual excess Gibbs energy 𝑔GE
E,r

is either

calculated from UNIFAC [5,7] or different versions of COSMO-

SAC [6,8]. While in our previous work [6] only the original 

version of COSMO-SAC [8] has been combined with the multi-

fluid mixture model, in this article we investigate the 

performance of improved versions of COSMO-SAC [18,19] 

when combined with the multi-fluid mixture model. The 

combination of the multi-fluid mixture model with UNIFAC will 

be referred to as “UNI-MOD” and the combination with the 

original version of COSMO-SAC [8] will be referred to as 

“COS1-MOD”. The combinations with the modification of 

COSMO-SAC considering different strengths of donor-acceptor 

surface segments [18] will be referred to as “COS2-MOD”. 

Finally, the combination with the COSMO-SAC model 

considering dispersive interactions [19] will be referred to as 

“COS3-MOD”. 

For all calculations presented in this work, the reference 

equations of state for pure components have been used. For 

carbon dioxide (CO2), the multiparameter equation of state by 

Span and Wagner was used [1]. For ethane (C2H6), the 

multiparameter equation of state by Bücker and Wagner was 

applied [21] and for methane (CH4) the multiparameter equation 

of state by Setzmann and Wagner [22] was used. The database of 

Mullins et al. [23] containing COSMO calculations for 1432 

components has been used to calculate sigma-profiles needed for 

232



COS1-MOD, COS2-MOD, and COS3-MOD. For UNI-MOD, 

the UNIFAC parameters of the VTPR have been used.[13,14].  

The multi-fluid mixture model (Equations (1) and (8)) is a 

fundamental equation formulated in the dimensionless 

Helmholtz energy 𝛼. Therefore, thermophysical properties can 

be calculated from this model by combining derivatives of the 

model with respect to its independent variables [4,24]. For 

example, the pressure can be calculated from this model in the 

following way  

𝑝 = 𝜌𝑅𝑇 (1 + 𝛿 (
𝜕𝛼r

𝜕𝛿
)

𝜏,𝑥
). (10) 

All of the described mixture models are implemented in the 

thermophysical property software TREND [25]. The necessary 

derivatives for the theoretically based departure function in 

combination with UNIFAC are supplied in the supplementary 

material of the article by Jäger et al. [5]. The required derivatives 

for the models “COS1-MOD”, “COS2-MOD”, and “COS3-

MOD” have been calculated numerically by the central 

difference scheme. Phase equilibrium calculations have been 

performed in TREND [25] with the algorithms described by 

Gernert et al. [26] and Jäger [27]. 

PREDICTIVE RESULTS FOR PHASE EQUILIBRIA 

In our previous works [5,6], we have investigated the 

representation of phase equilibria of binary mixtures of CO2, 

ethane, propene, ethanol, and benzene over a broad temperature 

range. It was found that the combination of the multi-fluid 

mixture model with 𝑔E-models yields better predictive results

for phase equilibria than the multi-fluid mixture model with 

standard mixing rules (LIN-MOD). In this work, the predictive 

capabilities of the models will be evaluated exemplarily for a 

binary mixture of CO2 + C2H6 on an isotherm of 𝑇 =  253 K. 

Figure 3 shows the experimental vapor-liquid equilibrium (VLE) 

data of Nagahama et al. [28] (symbols) for a binary mixture of 

C2H6 + CO2 in comparison to the multi-fluid mixture model with 

adjusted reducing function parameters by Kunz and Wagner [4] 

(solid blue line, no binary specific departure function was fitted 

for this binary mixture by Kunz and Wagner [4], i.e., 𝛼𝑖𝑗
r = 0).

Furthermore, Figure 3 shows the results of the predictive multi-

fluid mixture model with linear mixing rules according to 

Equations (6) and (7) without a departure function (dashed red 

line, LIN-MOD). It can be seen that that the multi-fluid mixture 

model with adjusted parameters is capable of describing the 

azeotropic behavior of the binary mixture CO2 + C2H6 correctly, 

while LIN-MOD is not capable of qualitatively correctly 

describing the behavior of this mixture. Note that Kunz and 

Wagner have adjusted the reducing function parameters for the 

binary mixture of CO2 + C2H6 to experimental VLE data. 

Figure 3:  Experimental VLE data (symbols, Nagahama et al. 

(1974) [28]) for a binary mixture of CO2 + C2H6 on an 

isotherm of T = 253 K and vapor-liquid equilibria 

calculated with the empirical multi-fluid mixture 

model by Kunz and Wagner [4] (GERG-2008, solid 

blue line) and with LIN-MOD (dashed red line). 

COS3-MOD combines the multi-fluid mixture model with the 

improved version of COSMO-SAC considering dispersive 

interactions [19]. Hsieh et al. [19] proposed to consider the 

contribution to the activity coefficient due to dispersive forces 

with a one-constant Margules equation, depending on a 

molecular dispersion parameter 휀molecule. The dispersion

parameters for methane and ethane (휀CH4
𝑘B⁄ = 휀C2H6

𝑘B⁄ =

115.7023 K) can be calculated from the atomic contributions 

provided by Hsieh et al. [19] in Table 2 of their article. The 

dispersion parameter for CO2 can in principle also be calculated 

from these atomic contributions. However, Hsieh et al. [19] have 

not considered CO2 in their fitting procedure and the resulting 

휀CO2
𝑘B⁄ = 14.6531 K does not yield good results for phase

equilibria of mixtures with CO2. Therefore, in this work 휀CO2
𝑘B⁄

has been manually adjusted (by trial-and-error) to the phase 

equilibria of the binary CO2 + C2H6 mixture in order to obtain a 

value for 휀CO2
𝑘B⁄  which allows for a better representation of

phase equilibria of mixtures of CO2 with hydrocarbons. It was 

found that 휀CO2
𝑘B⁄ = 85 K yields a good representation of phase

equilibria for the binary mixture of CO2 + C2H6.  

Figure 4 shows the predictive results of the models UNI-MOD 

(using the VTPR parameters of UNIFAC, see [13,14]), COS1-

MOD, COS2-MOD, and COS3-MOD. LIN-MOD is also shown 

for comparison.  
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Figure 4:  Experimental VLE data (symbols, Nagahama et al. 

(1974) [28]) for a binary mixture of CO2 + C2H6 on an 

isotherm of T = 253 K and vapor-liquid equilibria 

calculated with the predictive models LIN-MOD 

(dashed red line), UNI-MOD (solid blue line), COS1-

MOD (dotted black line), COS2-MOD (dashed-

dotted black line), and COS3-MOD (dashed black 

line). 

While LIN-MOD is not capable of representing the azeotropic 

behavior of the binary mixture of CO2 + C2H6 correctly, all of the 

combinations of the multi-fluid mixture model with 𝑔E-models

predict the mixture behavior qualitatively correctly. UNI-MOD 

with VTPR parameters for UNIFAC ([13,14]) slightly 

overpredicts the bubble and dew point pressures as well as the 

pressure at the azeotropic point. A clear improvement can be seen 

for the different versions of COSMO-SAC combined with the 

multi-fluid mixture model. COS1-MOD qualitatively correctly 

describes the azeotropic behavior of the mixture, however, the 

calculated dew and bubble point pressures are underestimated by 

this model. COS2-MOD yields slightly better results than COS1-

MOD. COS3-MOD describes the experimental data 

quantitatively well, however, note that 휀CO2
𝑘B⁄  has been

adjusted by trial-and-error in order to improve the description of 

the experimental VLE data for this mixture. However, this 

demonstrates that the performance of COS3-MOD could be 

significantly improved by fitting the molecular dispersion 

parameters to experimental data. 

PREDICTIVE RESULTS FOR DENSITIES 

Predictive results of the combination of multi-fluid mixture 

models with 𝑔E-models for properties in the homogeneous phase

have not been investigated in our previous works. Therefore, 

here we present calculated densities in the homogeneous phase 

for different predictive and empirical models for the binary 

mixtures of CO2 + CH4 and CO2 + C2H6. Accurate experimental 

density data in the homogeneous phase for these mixtures by 

Jaeschke et al. [29,30] are available and have been used for the 

development of the GERG-2004 and GERG-2008 equation of 

state, see Kunz et al. [3] and Kunz and Wagner [4], respectively. 

Figure 5 shows relative deviations of the experimental density 

data by Jaeschke et al. [29,30] for a binary mixture of CO2 + CH4 

on an isotherm of 𝑇 = 290 K from calculated data with different 

models. 

Figure 5:  Relative deviations of experimental density data by 

Jaeschke et al. [29,30] for a mixture of xCH
4
 = 0.6855

and xCO
2
 = 0.3145 on an isotherm of T = 290 K from

calculated results of the reference model by Kunz and 

Wagner [4] (GERG-2008), and calculated results of 

the predictive models LIN-MOD, UNI-MOD, and 

COS3-MOD. 

The reference model of Kunz and Wagner (GERG-2008) which 

was fitted to the experimental data and contains an empirical 

departure function represents the data with the least deviation. 

The predictive model LIN-MOD deviates up to 6% from the 

data, while the predictive models UNI-MOD and COS3-MOD 

deviate significantly less from the data. In order to assess this in 

more detail, the average absolute relative deviations (AARD) for 

all models have been calculated. The AARD is defined according 

to  

AARD =
1

𝑁p

∑ |
𝜌exp,𝑖 − 𝜌calc,𝑖

𝜌calc,𝑖

|

𝑁p  

𝑖=1

, (11) 

with 𝑁p being the number of data points. The AARDs of the

different models for the experimental densities of Jaeschke et al. 

[29,30] are: AARDGERG−2008 = 0.047%, AARDLIN−MOD =
2.993%, AARDUNI−MOD = 0.666%, and AARDCOS3−MOD =
0.201%. Kunz and Wagner [4] estimate the combined standard 

uncertainty of the data to be 0.1 % in density. The GERG-2008 

is capable of representing the experimental data within the 

measurement uncertainty. The predictive models do not 

represent the experimental data within the measurement 

uncertainty (which is to be expected); however, there are distinct 

differences between the performances of the predictive models. 

While LIN-MOD exhibits large deviations up to −6%, the 
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predictive models UNI-MOD and COS3-MOD deviate less from 

the experimental data and have a significantly lower AARD.  

In order to further investigate this phenomenon, deviations of 

these models to accurate experimental density data by Jaeschke 

et al. [29,30] for a binary mixture of CO2 + C2H6 have been 

calculated. Figure 6 shows deviations of the experimental data in 

a temperature range from 𝑇 = 293.1 K to 𝑇 = 313.1 K from 

calculated data with different models. 

Figure 6:  Relative deviations of experimental density data by 

Jaeschke et al. [29,30] for a binary mixture of 

xC
2
H

6
 = 0.2267 and xCO

2
 = 0.7733 in a temperature

range from T = 293.1 K to T = 313.1 K from 

calculated results of the reference model by Kunz and 

Wagner [4] (GERG-2008), and calculated results of 

the predictive models LIN-MOD, UNI-MOD, and 

COS3-MOD. 

Again, the GERG-2008 represents the experimental data well. 

For this binary mixture, Kunz and Wagner fitted only the four 

parameters of the reducing functions (𝛽𝑇 , 𝛾𝑇 , 𝛽𝑣 and 𝛾𝑣) to the

experimental data and have not developed an empirical departure 

function. The AARDs of the different models for the 

experimental densities of Jaeschke et al. [29,30] are: 

AARDGERG−2008 = 0.007%, AARDLIN−MOD = 1.299%,

AARDUNI−MOD = 0.0967%, and AARDCOS3−MOD = 0.165%.

Among the predictive models, again LIN-MOD deviates the 

most from the experimental data with deviations up to more than 

3%. UNI-MOD and COS3-MOD represent the experimental 

densities significantly better. 

CONCLUSIONS 

In our recent work [5,6], we demonstrated that the 

combination of the multi-fluid mixture model with 𝑔E-models

yields good predictive results for the calculation of phase 

equilibria for various mixtures, while the multi-fluid mixture 

model with linear mixing rules for the reducing functions and 

without a departure function cannot be used well predictively. In 

this work, we extended our previous work by investigating the 

model performance for mixtures with CO2 with special focus on 

the representation of densities in the homogeneous phase. While 

in our previous work [6], only the original version of the 

COSMO-SAC model by Lin and Sandler [8] has been combined 

with the multi-fluid mixture model (COS1-MOD), in this work 

two improved models of COSMO-SAC [18,19] have been 

combined with the multi-fluid mixture model (COS2-MOD and 

COS3-MOD). It was found that COS2-MOD and COS3-MOD 

are capable of describing phase equilibria more accurately than 

COS1-MOD. Especially COS3-MOD could be significantly 

improved by fitting molecular dispersion parameters to 

experimental data.  

For the investigated mixtures with CO2, the combinations of the 

multi-fluid mixture model with UNIFAC and COSMO-SAC 

(UNI-MOD, COS1-MOD, COS2-MOD, and COS3-MOD) yield 

better predictive results regarding accurate experimental density 

data in the homogeneous phase. UNI-MOD and COS3-MOD 

represent the experimental densities by Jaeschke et al. [29,30] 

significantly better than LIN-MOD. However, the representation 

of experimental densities could still be improved, as the 

experimental data are not represented within the experimental 

uncertainties by the predictive models. 

From these findings, it can be concluded that the combinations 

of multi-fluid mixture models with 𝑔E-models yield good

predictive results for properties of mixtures containing CO2. 

Hence, these models could be employed to find suitable 

additives to CO2 in order to improve the performance of power 

cycles with supercritical CO2.  

So far, the investigations have been restricted to mixtures of CO2 

with CH4 and C2H6 for which accurate experimental data and 

multi-fluid mixture models exist. In future work, this study can 

readily be extended to mixtures of other components with CO2. 

NOMENCLATURE 

Symbols 

𝑏 covolume of a cubic equation of state (mmol) 

𝜕 partial derivative 

𝐹 parameter of the departure function (-) 

𝑖  index of summation 

𝑗  index of summation 

𝑘B  Boltzmann’s constant (𝑘B = 1.380649 ⋅ 10−23 J K−1)

𝑁  number of components in the mixture 

𝑁p  number of experimental points

𝑝  pressure (Pa) 

𝑅 universal gas constant (𝑅 = 8.3144598 J mol−1 K−1)

𝑇 temperature (K) 

𝑥  mole fraction (-) 

�⃗�  vector of mole fractions (-) 

Greek symbols 

𝛼 dimensionless Helmholtz energy (-) 

𝛽 model parameter (-) 

𝛿 reduced density (-) 

𝛾 model parameter (-) 

𝜌 molar density (mol m) 
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𝜏 reduced temperature (-) 

Subscripts 

c  property at the critical point 

calc  calculated property 

exp  experimentally measured property 

GE  property calculated from an excess Gibbs energy model 

𝑖 property of component 𝑖 
𝑗 property of component 𝑗 

o property of a pure fluid

r reducing property 

s property at saturation (at vapor-liquid equilibrium) 

ref  property at reference pressure 

Superscripts 

0 ideal gas property 

E excess property 

L property of a liquid phase 

r residual property 

Chemical Formulas 

CH4  methane 

C2H6  ethane 

CO2  carbon dioxide 

Abbreviations 

AARD average absolute relative deviation 

CCS carbon capture and storage 

COS1-MOD multi-fluid mixture model combined with 

COSMO-SAC by Lin and Sandler [8] using a 

theoretically based departure function. 

COS2-MOD  multi-fluid mixture model combined with 

COSMO-SAC by Hsieh et al. [18] using a 

theoretically based departure function. 

COS3-MOD  multi-fluid mixture model combined with 

COSMO-SAC by Hsieh et al. [19] using a 

theoretically based departure function. 

COSMO-SAC  conductor-like screening model - segment 

activity coefficient 

LIN-MOD  multi-fluid mixture model with linear mixing 

rules for the reducing functions and no 

departure function 

PSRK predictive Soave-Redlich-Kwong equation of 

state 

UNI-MOD multi-fluid mixture model combined with 

UNIFAC (with VTPR parameters) using a 

theoretically based departure function. 

UNIFAC UNIQUAC Functional-group Activity 

Coefficients 

VLE vapor-liquid equilibrium 

VTPR volume-translated Peng-Robinson group 

contribution equation of state 
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ABSTRACT 
Impurities may affect structural alloy compatibility in both 

indirect- and direct-fired supercritical CO2 (sCO2) cycles for 
high efficiency power generation with peak temperatures above 
700°C.  Using a new multi-pump gas control system, 
experiments with controlled impurity additions were compared 
to baseline results in research- or industrial-grade CO2 at 
750°C/300 bar.  Low level impurities, 50 ppm O2 and 50 ppm 
H2O, were not found to affect mass change or reaction products 
after 2,500 h exposures.  However, in RG sCO2+1%O2+ 
0.25%H2O, higher reaction rates were observed for both Ni- and 
Fe-based alloys, but especially Fe-based alloys were strongly 
affected by these high impurity levels.  Analytical TEM was used 
to characterize the reaction products on alloy 625. 

INTRODUCTION 

Supercritical CO2 (sCO2) could be used as a working fluid 
for a variety of power generation applications because of its 
unique properties and relatively low critical point (31°C/74 bar) 
compared to water [1-4].  Subcritical CO2 (43 bar) was used in 
the UK advanced gas cooled reactors (AGR), however, additives 
such as CH4, were used to keep the O2 partial pressure low to 
minimize graphite oxidation in the reactor core, which increased 
the C activity [5,6].  Thus, the AGR conditions are very different 
than those expected for sCO2.  While a range of peak 
temperatures is being considered for the various sCO2 

applications, CSP and fossil energy desire efficiencies over 50% 
and require >700°C for indirect-fired or closed cycles [7]. 
Direct-fired cycles also are targeting similar temperatures [4]. 
Most studies have shown relatively good compatibility for Ni-
based structural alloys needed for >700°C applications in 
autoclaves using relatively high-purity CO2 [8-17].  However, 
the role of impurities in sCO2 compatibility has not been 
resolved, either for the low impurity levels in indirect-fired 

cycles or the higher residual O2 and H2O from combustion in the 
direct-fired cycles [4].  (In addition, S and Cl could be present if 
coal-derived synthesis gas were combusted.)  For example, O2 
additions have shown slightly negative effects [12,14] or little 
effect [15].  A recent publication provided an initial indication 
that pressure affects the role of impurities at 750°C/300 bar [17].  
This paper provides additional characterization from that study 
and compares the results to a second experiment where low 
levels of O2 and H2O were intentionally added to simulate the 
highest impurity levels that might be found in IG CO2.  The 
structural alloys investigated included two advanced austenitic 
steels, an alumina-forming Ni-based superalloy (typically used 
for turbomachinery) and both SS and PS [18,19] Ni-based alloys 
identified by AUSC [20] for applications above 700°C.  These 
impurity levels at 30 MPa increased the specimen mass change, 
particularly for the Fe-based alloys. 

PROCEDURE 
The alloys compared in this study and their measured 
compositions are shown in Table 1.  Coupons (~12 x 20 x 
1.5mm) were polished to a 600 grit finish and cleaned in acetone 
and methanol prior to exposure.  All exposures used 500-h cycles 
at 750°C.  Baseline exposures in laboratory air (~50% relative 
humidity) were conducted in a box furnace with heating for ~4 h 
and furnace cooling in air.  For the 300 bar exposures, the 
experiments were conducted in an alloy 282 autoclave (~266 mm 
x 83 mm inner diameter) described previously [10,13]. 
Specimens were held on an alloy 282 sample rack and slowly 
heated to temperature over several hours (~2°C/min) in sCO2, 
held at temperature ±2°C and then cooled in sCO2 to room 
temperature by lowering the furnace and using a cooling fan on 
the autoclave.  In all cases, the fluid flow rate was ~2 ml/min. 
Experiments were conducted in RG (4.1±0.7 ppm H2O, <5 ppm 
O2) and IG (18.8±16.9 ppm H2O, <50 ppm O2) CO2 [17].  Two 
autoclaves were modified to use three pumps to deliver sCO2,  
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Table 1: Chemical composition of the alloys measured by ICP 
and combustion analyses in mass% [17]. 

Alloy Fe Ni Cr Al Other 
25 SS 42.6 25.4 22.3 0.03 3.4W,3Cu,1.5Co,0.5Mn,0.5Nb 
310HN 51.3 20.3 25.5  < 0.3Co,0.4Nb,1.2Mn,0.3Si,0.3N 
625  4.0 61.0 21.7 0.1 8.8Mo,3.5Nb,0.2Ti,0.2Mn 
230  1.5 60.5 22.6 0.3 12.3W,1.4Mo,0.5Mn,0.4Si 
617B  1.2 54.6 22.3 1.0 11.9Co,8.2Mo,0.4Ti,0.04Mn 
282 (#1)  0.2 57.1 19.6 1.6 10.6Co,8.6Mo,0.04Si,2.2Ti 
282 (#2)  0.2 57.7 19.4 1.6 10.5Co,8.3Mo,0.05Si,2.1Ti 
740  0.1 49.7 24.5 1.4 20.6Co,1.5Nb,1.4Ti,0.3Mn 
247 0.07 59.5  8.5 5.7 9.8Co,10W,0.7Mo,3.1Ta,1.4Hf 

< indicates below the detectability limit of 0.01% 

CO2-O2 and H2O [17].  Based on the gas flow rate, the O2 level 
was calculated as 1.0±0.2% and the H2O content as 0.25±0.05% 
for the high impurity experiment.  For the low impurity 
experiment, 50ppm O2 and 50 ppm H2O were targeted. 
 For all experiments, specimen mass change was measured 
using a Mettler Toledo model XP205 balance with an accuracy 
of ~±0.04 mg or 0.01 mg/cm2.  After exposure, samples were 
copper plated before being sectioned and mounted for light 
microscopy.  Both oxide thickness and internal oxidation were 
measured using image analysis software with ~20-30 
measurements taken for each specimen.  Prior publications 
reported characterization using SEM and GDOES.  Recent 
results using STEM/EDS are reported.  The TEM specimens 
were prepared via the in situ FIB lift-out method on a Hitachi 
model NB5000 FIB-SEM.  A W layer was deposited to protect 
the gas interface of the scale.  The STEM imaging was carried 
out using a FEI model Talos F200X STEM with integrated EDS 
with four silicon drift detectors. 

RESULTS AND DISCUSSION 
Figure 1 shows mass change at 750°C/300 bar for the low 

impurity experiment with 50 ppm O2 and 50 ppm H2O additions 
to RG sCO2 compared to a similar exposure in IG sCO2.  The 
mass change from 3-4 specimens in impure sCO2 is shown using 
box and whisker plots where the whiskers show the minimum 
and maximum values.  The lines connect the median values for 
each alloy.  For clarity, only the dashed lines connecting the 
median values for 7-10 specimens in IG sCO2 are shown.  In 
most cases, only minor differences between the two 
environments were observed.  The exception was the Fe-based 
alloy 25, which showed a higher initial mass gain in IG sCO2.  
However, the subsequent rate of mass gain was very similar in 
the two environments.  As observed previously [10,13,16,17], 
the mass gains were highest for the alloy 282 specimens because 
of the high level of Ti in this alloy (Table 1) which contains a 
high g’ fraction [18].  Previous work has shown that Ti 
accelerates the growth of the Cr2O3 scale [21,22].  Likewise, the 
mass gain for the 740 specimens was higher than that observed 
for alloy 625, which contains very little Ti, similar to alloy 25. 

Figure 2 compares polished cross-sections of these alloys in 
the two environments.  Consistent with the mass change data, 
little difference was observed in the reaction products between 

Figure 1: Specimen mass gain data for 500-h cycles at 750°C in 
300 bar IG (dashed lines) and RG sCO2 with 50ppm O2 and 
50ppm H2O (solid lines). Box and whisker plots show data for 
3-4 specimens exposed. 

the two environments.  Also consistent with the mass change 
data, the thinnest scales were observed for alloys 25 and 625 with 
very little internal oxidation.  In contrast, the PS alloys showed 
thicker scales and similar internal oxidation in both 
environments.  Previous TEM studies have shown both Ti and Al 
internally oxidized in 282 with Ti enriched in the scale at both 
the gas and metal interfaces [23]. 

Figure 2: Light microscopy of polished cross-sections of 
specimens exposed for 2,500 h at 750°C/300 bar in IG sCO2 and 
RG sCO2 with 50 ppm O2 and 50 ppm H2O additions. 
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Figure 3:  Specimen mass gain data for 500-h cycles at 750°C 
in 300 bar IG (dashed lines) and RG sCO2 with 1% O2 and 0.25% 
H2O (solid lines). Box and whisker plots show data for 3-5 
specimens exposed in the high impurity environment [17]. 

 Similar to Figure 1, Figure 3 shows the mass change data 
at 750°C/300 bar for IG sCO2 (dashed lines) and RG sCO2 with 
1%O2 and 0.25%H2O (solid lines and boxes) [17].  The mass 
gains were consistently higher for all of the materials but, 
particularly for the Fe-based alloys 25 and 310HN, there was a 
much larger increase and the drop in mass for 310HN suggested 
scale spallation.  As all of the exposures were conducted for at 
least 2,500 h, Figure 4 tries to compare all of the mass change 
data for the four 300 bar exposures at 2,500 h [17].  As a baseline, 
the values are compared to a similar exposure in laboratory air.  
For many of the Ni-based alloys, the mass changes were very 
similar in all five environments.  For the high impurity case, the 
largest mass gains were noted for the Fe-based alloys and for the 
alumina-forming superalloy 247.   

Figure 4: Median specimen mass gain values after 2,500 h 
exposures at 750°C in four different 300 bar environments 
compared to laboratory air exposures. 

Figure 5: Light microscopy of polished cross-sections of 
specimens exposed for 5,000 h at 750°C/300 bar in RG sCO2 and 
RG sCO2+1%O2+0.25%H2O. 

 Figure 5 compares the reaction products in RG sCO2 and 
sCO2 with 1%O2 and 0.25%H2O after 5,000 h exposures.  
Characterization for alloys 247 and 25 after 2,500 h was studied 
in more detail and reported earlier [17].  Consistent with the mass 
change data, the oxide was thicker for all of the specimens with 
the addition of impurities.  However, the major change for the 
310HN specimen required a different magnification.  SEM 
analysis of this specimen is in progress.  For the Ni-based alloys, 
despite the increase, the oxide scales were still relatively thin. 
Figure 6 attempts to compare the scale thicknesses for each of 
the alloys after 5,000 h exposures in RG sCO2 and RG sCO2 with 
1%O2 and 0.25%H2O.  Similar to the mass change data, the 
results for alloys 25, 310HN and 247 are more significant. 

Figure 6: Box and whisker plots of the oxide scale thicknesses 
formed after 5,000 h at 750°C at 300 bar in RG sCO2 (open 
boxes) and RG sCO2+1%O2+0.25%H2O (shaded boxes). 
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 Because of the thin reaction products formed on most of the 
alloys in these environments at 750°C, conventional 
characterization can be challenging.  Therefore, analytical TEM 
was used to characterize the reaction products after exposure to 
the environments with intentional impurity additions.  To build 
upon prior TEM work [23,24], alloy 625 was chosen for this 
analysis.  The scale formed on alloy 282 was found to be 
extremely complicated and difficult to interpret because of the 
incorporation of Ti and Al into the reaction product [23].  Figure 
7 shows an example of the scale formed after 1,000 h at 750°C 
in RG sCO2 with 50 ppm additions of O2 and H2O.  Similar to 
previous observations for alloy 625 after 1,000 h in IG sCO2, the 
Cr2O3 scale contained a mixture of large and small grains [23]. 
Much larger Cr2O3 grains formed in laboratory air after a similar 
exposure.  Also similar to previous observations, large Mo- and 
Nb-rich precipitates were observed at the metal-scale interface. 
These precipitates are typical for the oxidation of alloy 625 
where Mo and Nb are rejected from the reaction front as Cr is 
selectively oxidized [25].  Figure 8 shows EDS maps of the same 
area as shown in Figure 7.  Primarily a Cr-rich oxide scale was 
formed.  The Mo- and Nb-rich precipitates are prominent in this 
particular location, Figures 8c and 8d.  The void at the metal-
oxide interface also has been widely observed after sCO2 
exposures [26].  The low level of impurities added to this 
experiment appears to have had very little effect on the reaction 
products which is consistent with the mass change in Figure 1 
and the light microscopy of the thin reaction product in Figure 2. 
 In contrast, Figure 9 shows a similar BF-STEM image of 
the scale formed on an alloy 625 specimen after 1,000 h at 750°C 
in RG sCO2+1%O2+0.25%H2O.  The magnification is not the 
same in Figures 7 and 9.  The average oxide thickness in the FIB 

Figure 7: BF-STEM cross-sectional image of the scale formed 
on alloy 625 after 1,000 h at 750°C in 300 bar RG sCO2 with 50 
ppm additions of O2 and H2O. 

Figure 8: EDS elemental maps associated with the image in 
Figure 7 of the scale formed on alloy 625 after 1,000 h at 750°C 
in RG sCO2 with 50 ppm additions of O2 and H2O, (a) O, (b) Cr, 
(c) Mo and (d) Nb. 

TEM sections have increased from 0.8±0.06 µm with low 
impurity additions to 3.7±0.4 µm with high impurity levels.  The 
EDS maps in Figure 10 indicate that the scale is enriched in Cr. 
However, the layer of Mo- and Nb-rich precipitates in Figure 7 
appears to have been incorporated into the scale and in some  

Figure 9:  BF-STEM cross-sectional image of the scale formed 
on alloy 625 after 1,000 h at 750°C in 300 bar RG sCO2 with 
additions of 1% O2 and 0.25% H2O. 
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Figure 10: EDS elemental maps associated with the image in 
Figure 9 of the scale formed on alloy 625 after 1,000 h at 750°C 
in RG sCO2+1%O2+0.25%H2O, (a) O, (b) Cr, (c) Mo, (d) Nb, (e) 
Ni and (f) Fe. 

cases consumed by the reaction front.  In addition, the outer part 
of the scale appears to be enriched in Ni and Fe.  When a thicker 
scale is reported, it is not surprising to see oxidation of the base 
metal, often with the formation of an outer spinel-type MCr2O4 
oxide layer.  However, in this case the increased scale thickness 
is primarily due to a thicker Cr-rich layer with the Fe- and Ni-
enriched layer being a relatively minor contribution.  Because 
alloy 625 only contains only 4% Fe (Table 1), it is somewhat 
surprising to see Fe in the scale of a Ni-based alloy.  It cannot be 
ruled out that the Fe may be from cross-contamination of the 
adjacent Fe-based alloy specimens in the autoclave experiment. 
Additional work is needed to rule out such a mechanism.  No 
similar Fe enrichment was observed for the specimen shown in 
Figure 7 or after exposure in IG sCO2 [23,24]. 
 The strong effect of high levels of impurities at 750°C/300 
bar on the Fe-based alloys suggests that similar studies should be 
conducted on Fe-based alloys at lower temperatures where they 
may be used to lower costs of the sCO2 hardware.  It is already 
clear that CO2 restricts the use of steels to a larger degree than 
steam environments [27].  For example, while CSEF Grade 91 

steel (Fe-9Cr-1Mo) is restricted to ~580°C in steam due to scale 
exfoliation issues [28], it is restricted to ~450°C due to internal 
carburization issues.  Similar restrictions for steels might be 
further changed with the addition of impurities.  For low 
impurity levels, the 50 ppm additions of O2 and H2O were 
selected to reflect the upper bound of impurities in IG CO2.  The 
minor effects of 50 ppm O2 and H2O additions suggests that these 
levels of impurities do not increase the oxidation rate at 750°C.  
This observation is consistent with the similar behavior of 
structural alloys in RG and IG sCO2, Figure 4, despite the 
possibly higher levels of O2 and H2O in the latter.  It could be 
speculated that the higher transient mass gain of the alloy 25 
specimens in Figure 1 could be due to the higher impurity levels 
in IG sCO2, but a similar increase was not observed when the O2 
and H2O were intentionally added. 
 Considerable work remains to understand the mechanism 
by which these high impurity levels affect the reaction in sCO2 
and especially to isolate the roles of O2 and H2O.  With the new 
experimental capability, it will now be possible to explore a 
wider range of impurity levels and determine the critical O2 and 
H2O levels where accelerated reaction rates are observed. 

SUMMARY 
For both direct- and indirect-fired supercritical CO2 (sCO2) 

cycles, impurities may be a concern.  For indirect applications, 
comparison 500-h cyclic exposures were conducted at 750°C 
and 300 bar with RG and IG sCO2 and the results were compared 
to RG sCO2 with intentional additions of 50 ppm O2 and 50 ppm 
H2O.  For both commercial Fe- and Ni-based structural alloys, 
mass changes and reaction products were unchanged with the 
impurity additions consistent with observed similarities between 
RG and IG sCO2 experiments. 

For higher impurity levels associated with direct-fired 
cycles, all of the alloys were somewhat affected by exposure to 
sCO2+1%O2+0.25%H2O at 750°C/300 bar.  The most significant 
effects were documented for the Fe-based alloys and the 
alumina-forming superalloy 247 after 5,000 h exposures.  TEM 
characterization of the scales formed on 625 showed a much 
thicker Cr-rich oxide formed with the high impurity levels. 

These results for high impurity levels are so different than 
prior results in ambient pressures that it is concluded that 
screening Fe-based alloys at a range of temperatures (400-
700°C) is warranted to determine how impurities may affect 
sCO2 compatibility at relevant pressures. 

NOMENCLATURE 
AUSC - U.S. Advanced Ultra-supercritical Steam Consortium 
BF – bright field 
CSEF – creep strength enhanced ferritic 
CSP – concentrating solar power 
EDS – energy dispersive x-ray spectrometer 
GDOES – glow discharge optical emission spectrometer 
FEI – electron microscope company 
FIB – focused ion beam 
ICP – inductively coupled plasma 
IG – industrial grade 
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PS – precipitation strengthened 
RG – research grade 
sCO2 – supercritical carbon dioxide 
SEM – scanning electron microscopy 
SS – solid solution strengthened 
STEM – scanning transmission electron microscopy 
TEM – transmission electron microscopy 
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ABSTRACT 

Supercritical CO2 (sCO2) Brayton cycle is a promising 

power generation technology with high efficiency, compact 

turbo-machineries and simple layout. Heat exchangers play an 

important role in sCO2 Brayton cycle systems. Therefore it is 

important to have a comprehensive understanding on heat 

transfer characteristics of sCO2 at various operation conditions, 

in order to better design the heat exchangers. A sCO2 test loop is 

built to investigate the heat transfer characteristics of sCO2, 

which consists of a test section for heat transfer (horizontal 

straight tube with an inner diameter of 8 mm), an electrical 

heater of 7.2kW, a heat recuperator of type coil tubes, a back-

pressure valve, a CO2 pump, a CO2 cooler and a CO2 storage 

tank. The test loop is designed to operate with pressure ranging 

from critical pressure to 15MPa, temperature ranging from 

critical temperature up to 600 ℃, mass flow rate ranging from 

20 to 70kg.h-1. With this test loop, the heat transfer 

characteristics of sCO2 under different conditions are measured 

and studied. These measurements are then used in the 

development of a new heat transfer correlations for sCO2. 

Based on the developed correlation, a dynamic model has been 

built in Dymola and validated by experimental results. The 

experimental and simulation results show that: 1) The heat 

transfer coefficient (HTC) changes greatly for CO2 at or near 

the critical point; 2) For sCO2 at operation conditions far from 

the critical point, the wall-bulk temperature difference increases 

between the tube wall and sCO2 flow with an increasing heating 

power, and the heat transfer coefficient is relatively stable. The 

experience gained by the experiment and simulation is then 

used to design a 150kWe sCO2 Brayton cycle coupled with a 

solar solid particle receiver.  

INTRODUCTION 

Coupled the solar power with the sCO2 Brayton cycle is 

one of the promising choices for future power generation. In 

recent years, many countries have completed the early work for 

sCO2 Brayton cycle, such as USA, Korea, China and Japan at 

el. 

The USA, who first suggested to use sCO2 Brayton cycle in 

nuclear power system, takes the lead in developing sCO2 power 

generation systems. Since 2011, DOE (Department of Energy) 

of USA started the SunShot Project (65 million dollars invested 

as research funding) and the Gen 3 Project (72 million dollars 

invested as research funding) for Supercritical CO2 power cycle 

applied in solar thermal system. Sandia National Laboratory 

(USA) has been implementing and improving a supercritical 

CO2 power generation test loop since 2005. Then, a 250kWe re-

compression closed Brayton cycle is implemented using two 

turbine-alternator-compressor units consisting of gas foil 

bearings.[1] In addition, Bechtel Marine Propulsion Co. 

developed a 100 kWe supercritical CO2 power generation cycle 

test loop using one turbo-generator and one turbo-

compressor.[2] Korea Institute of Energy Research developed a 

10 kWe-class simple Brayton cycle and an 80 kWe-class test 

loop for waste heat recovery.[3] Tokyo Institute of Technology 

(Japan) developed a 100 kWe sCO2 experimental test loop.[4] 

Recently, researchers from Southwest Research Institute and 

General Electric Company (USA) successfully tested the axial 

sCO2 turbine at temperature over 700 ℃. 

Zhejiang University started the research on sCO2 power 

cycle since 2013. In order to have a comprehensive 

understanding about the heat transfer characteristics of sCO2 

from near ambient temperature to 600 ℃, a test loop was built 

in 2017. Heat transfer experiments have been carried out in 
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2018. Based on the test loop, a dynamic model has been 

developed to explore the dynamic characteristic of a sCO2 

Brayton cycle. The steady state validation of the model has 

been done, while the dynamic validation with experiments will 

be finished in next 6 months.  

The experience gained by the experiment and simulation is 

then used to design a 150kWe sCO2 Brayton cycle coupled with 

a solar solid particle receiver. The selected cycle design to be 

implemented is a simple regenerative cycle, with a small-scale 

turbine and compressor. The inlet temperature and pressure of 

turbine are set to be 550℃ and 20MPa respectively, and the 

efficiency of turbine is expected to be over 75%. The inlet 

temperature and pressure of compressor are set to be 35℃ and 

7.4MPa respectively, and the efficiency of compressor is 

expected to be about 75%. A 2MW regenerator is adopted to 

increase the compressor outlet sCO2 flow temperature to 389℃ 

at 20.1MPa, then with a particle/CO2 heat exchanger as the 

main heater, the flow is heated up to 550℃ before entering the 

turbine. This innovative system is going to be setup in 2019 and 

demonstrated in 2020 by Zhejiang University, located in a 

1MW solar tower. 

TEST LOOP IN ZHEJIANG UNIVERSITY 

A sCO2 test loop is developed in Zhejiang University as 

shown in Figure 1. The CO2 flow from the gas source passes the 

filter, and is cooled to liquid phase in the cooling system. The 

liquid CO2 flow rate is measured with a flow meter and then 

pressurized further by the pump. Here, a buffer tank is used to 

reduce the fluctuation, and a recuperator is used to preheat the 

liquid CO2 stream with the exist stream of the sCO2 from the 

straight tube test section. Then sCO2 flow is heated to the 

designed inlet temperature in the four-stage heater, and flows 

through the test section. In this section, temperature and 

pressure of the sCO2 flow are measured for the heat transfer 

characteristics investigation. The heat of the sCO2 flow is 

reused in the recuperator. Then a heat exchanger is used to 

further cool down the sCO2 flow for the safe operation of the 

back pressure valve. After the pressure is released, sCO2 flows 

back to the source. The test loop can offer sCO2 operating 

temperature and pressure at 50 ~ 550 ℃, and 8~ 15 MPa 

respectively at the outlet of the test section. 

CO2 gas (99.99%wt) is used as the working fluid in 

experiments and the mass flow rate is controlled by a pump 

whose frequency ranges from 0 to 50 Hz. A mass flowmeter and 

thermocouples are used. The experiments have been carried out 

at 20~600 ℃ with the mass flow rate of sCO2 ranged from 20 to 

70 kg.h-1 and pressure from 7 to 15 MPa. 

HEAT TRANSFER EXPERIMENTS 

Heat transfer experiments were carried out for sCO2 from 

ambient temperature to 600℃, from 7MPa to 15 MPa. Fig. 2 

shows the test section and the locations of the measuring points. 

The test section was basically a horizontal straight tube with an 

inner diameter of 8 mm (wall thickness of 3 mm), and it is 

heated uniformly by a copper column and six heat resistors. The 

maximum heating power is 7.2 kW. The test section was made 

of Hac 276 alloy. The horizontal test section was 2.35 m long, 

and its heated section was 1.75 m. Fifteen K-type 

thermocouples were attached with 100 mm interval onto the 

outer surface of the tube to measure the wall temperatures. The 

test section was heat insulated by insulation cotton. Two 

pressure sensors and one pressure difference transducer are 

used to measure the pressure and pressure drop of the inlet and 

outlet. A straight tube is heated with a maximum heating power 

of 7.2 kW. Fifteen thermocouples are used to detect outwall 

temperature along the tube with an interval of 100 mm. The 

experiments were implemented at steady state. The accuracies 

and ranges of measuring devices are shown in Table 1. The 

thermocouples were calibrated by using thermometer, and the 

maximum error was less than 1.0%. The differences between 

the corrected value and the thermometer were less than 0.3 ℃ 

when thermometer readings were between 20 and 100 ℃, 

respectively. The total uncertainty of the measuring temperature 

difference is 1.25%. The error in the electric heating power was 

4.25%, considering the heat loss. The physical properties of 

CO2 were calculated from the NIST package. Based on the 

calculated formulation, the maximum uncertainty of the heat 

transfer coefficient was estimated to be ±7.5%. 

The tests were conducted with a change of the mass flux 

and the heat flux at a given pressure. In order to investigate the 

effects of the pressure on heat transfer, the experiments were 

carried out at several pressures: 7.6, 8.3, 9 and 11 MPa. Table 2 

shows the range of the test conditions. The range of the 

Reynolds number based on the inlet condition is from 2×104 to 

1.1×105. The working temperature of the test section is 

controlled from 30 to 600 ℃, which is currently working 

temperature for the solar receiver. 

Figure 1: Layout scheme of the Test Loop. 
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Figure 2: Test section and the locations of the measuring 

points. 

Table 1 Range and accuracy of instruments. 
Instruments Range Accuracy 

Pressure difference transducer 

100 kPa 0.1% 

500 kPa 0.1% 

1000 kPa 0.1% 

Pressure transducer 
10 MPa 0.1% 

25 MPa 0.1% 

Thermocouple 220~1440 K 0.75% 

Mass flow meter 0~300 hg.h-1 0.2% 

Table 2 Parameters of the test conditions. 
Fluid CO2

Flow direction Horizontal 

Working Pressure (MPa) 7.6, 8.3, 9, 11, 15 

Mass flow rate (kg/h) 20-60 kg/h 

Inlet temperature, ℃ 30~450 ℃ 

Heat flux q, kW/m2 0~60 

Reynolds number 2×104~1.1×105 

EXPERIMENTAL RESULTS AND DISCUSSION 

In Figure 4, several plots are shown for the mass flux from 

34 kg/h to 60 kg/h, while the pressure is kept constant at 7.6 

MPa, respectively. As the mass flux increases, the peak HTC 

increases. The HTC reaches the peak value near the pseudo-

critical temperature. When fluid temperature (Tb) is higher than 

373 K (100 ℃), the HTC is quite stable as shown in Figure 5. 

As bulk fluid temperature increases, the HTC increases 

gradually. 

Pressure effect is investigated by comparing the test results 

for 8.3 and 9.1 MPa. In Figure 6, the results show that higher 

pressure results in lower peak HTC. As the temperature reach 

the pseudo-critical point, the effect of pressure becomes 

outstanding, the HTC reach the peak. Especially in the vicinity 

of the critical pressure, the HTC is several times higher than 

HTC of conditions far away from pseudo-critical point, due to 

the steep variation of the physical properties there. In Figure 7, 

when fluid temperature is higher than 100 ℃, the effect of 

pressure is not significant. As the pressure increases, the wall 

temperature decreases.  
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Figure 4: Effect of mass flux on the HTC (pseudo-critical 
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In order to evaluate the effect of the heat flux, an 

experiment was performed with the variation of heat flux while 

keeping the mass flow rate and pressure constant. Figure 8 

shows the experimental results for a mass flux of 50 kg/h at a 

pressure of 11.2 MPa. The wall temperature is plotted along the 

tube length. The heat flux varies between 0 and 44 kW.m-2. As 

the heat flux increases, the wall temperature increases. At high 

temperature, the effect of heat flux is ignorable, as shown in 

Figure. 9. 
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Figure 8: Effect of heat flux on the wall temperature difference. 

In the literatures, many equations are available, such as 

Dittus-Boelte correlation, Gnielinski correlation, Jackson 

correlation[5], correlation from Liao & Zhao[6, 7], correlation 

from Kim[8, 9], correlation from Bae[5, 10, 11], et al. 

However, no correlation is suitable for our test loop 

experiments. Lee et al.[12] proposed that no simple correlation 

in terms of traditional dimensional parameters can be expected 

to give useful predictions except very limited ranges because of 

the strong coupling of heat transfer and fluid velocity. Here, 
three equations are used to compare with our experiment results 

at high temperature range, contains Gnielinski correlation, 

Dittus-Boelter correlation and Jackson correlation. As shown in 

Figure 10, at high temperature range, Gnielinski correlation 

gives better evaluation of the HTC for straight tube than 

Jackson correlation. The average error between the experiment 

results and Gnielinski correlation is near 12% (over 20% for 

Jackson correlation). Near the pseudo-critical temperature (Tpc), 

the Jackson correlation is closer to the experiment result than 

Gnielinski correlation, as shown in Figure 11. However, the 

error between experiment results and Jackson correlation is 

larger than 30%. A new correlation is needed for this working 

conditions to evaluate the designed test loop. 
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Figure 9: Effect of heat flux on HTC (at high temperature 

range). 

Jackson[5] proposed a friction factor equation contained 

the Prandtl number, Reynolds number, density ratio and specific 

heat ratio. The Gnielinski correlation contains Reynolds 

number, the Prandtl number and the temperature difference 

facto. To get a better correlation, more factors should be 

considered. Therefore, the Nusselt number can be represented 

as a function of the following non-dimensional parameters: 
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Where Nu is the Nusselt number, Re is the Reynold number, Pr 

is the Prandtl number, hc is the THC, λ is the thermal 

conductivity, cp is the specific heat, q+ is the accelerate number, 

q is the heat flux ratio, ct is the temperature factor, Q is the mass 

flux and 
b  is volume expansion ratio. 

Log-based non-linear curve fitting was employed to 

correlate the Nusselt numbers from our experiments, and a new 

heat-transfer correlation was constructed as follows: 
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The new correlation gives better result for this working 

conditions, especially the near the critical point as shown in 

Figure 13 and 14. The average error of the new correlation is 

near 5% at high temperature range. 

Besides, the present correlation is compared with the 

Experiment results from Korean Atomic Energy Research 

Institute (KAERI)[11]. As shown in Fig. 14, the correlation can 

reflect the difference of HTC better than Dittus-Boelter 

correlation and Jackson correlation. However, this correlation 

cannot give a good prediction of the experiment results at that 

conditions. The mass flow rate and heat flux of the correlation 

is limited. 

Figure 10: Comparison of HTC (Tb/Tpc>1.2) (experiment 

results and Gnielinski correlation). 

Figure 11: Comparison of HTC (Tb/Tpc>1.2) (experiment 

results and Jackson correlation). 
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Figure 12: Comparison of HTC at 8.3 MPa (Tb/Tpc<1.2) 

(experiment results, Gnielinski, Dittus-Boelter, Jackson and 

present correlation). 
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Figure 13: Comparison of HTC at 9.1 MPa (Tb/Tpc<1.2) 

(experiment results, Gnielinski, Dittus-Boelter, Jackson, and 

present correlation,). 

Figure 14: Comparison of HTC data from KAERI (Tb/Tpc<1.2) 

(experiment results, Dittus-Boelter, Jackson, and present 

correlation,). 
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DYNAMIC MODEL SIMULATION TOOL 

For the sCO2 Brayton cycle research, a dynamic model is 

built for this sCO2 test loop in Dymola Software based on the 

dynamic modules library ThermoSysPro developed in EDF 

R&D. The thermodynamic properties of CO2 is calculated by 

dynamic calling to NIST REFPROP in real time during 

simulation. The interface between Dymola and NIST REFPROP 

is done by MediaTwoPhaseMixture package developed by 

Henning Francke. The dynamic model is consists of a cooler, a 

four stages heater, a condenser, a recuperator, a back pressure 

valve, some control valves, a heating section and a three-

plunger pump. In the test loop, back pressure valve is used to 

replace the turbine, while the friction coefficient change due to 

the open degree of the valve is regard as the load change during 

the operation. This dynamic model simulation is used to analyze 

the dynamic characteristics of different components. 

In order to be consistent with the result of the experimental 

data, some modeling approach is considered. The following 

assumptions are made for this study: 

(1) Pressure losses in the mass flow meter, filter and 

sensors are replaced by singular pressure loss to reduce the 

complexity of the loop model for this study; 

(2) Expansion process is adiabatic. 

(3) Heat loss to the ambient air is estimated by constant 

heat exchanger coefficient.  

(4) The heat conduction between solid media is 

considered, while the heat conduction within CO2 is ignored. 

DYNAMIC MODEL INTRODUCTION 

The pump is used to compress the liquid CO2 from gas 

bottle pressure (around 5 MPa) to high working pressure (7~15 

MPa) by plunger movement. It uses mechanical work to push 

the plunger, thus accelerating the liquid. Here we simplified the 

calculation of pump with constant isentropic efficiency. The 

relationship between the mass flow rate Q and the pump 

frequency, pressure ratio Pe is experimentally measured. A map 

is generated from a steady state situation for a certain 

temperature, pressure and frequency. The correlations are 

concluded as follow (according to the pump frequency from 20 

to 50): 

30.934 4.2687

3600

Pe
Q


   for frequency=20 HZ (1.5) 

45.503 5.8544

3600

Pe
Q


 for frequency=30 HZ (1.6) 

57.802 6.21

3600
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Q


 for frequency=40 HZ (1.7) 

71.459 7.21

3600
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Q


 for frequency=50 Hz (1.8) 

As shown in Figure 15, the correlation concluded for the mass 

flow rate is closed to the experimental result at different 

pressure ratios and frequencies. The maximum error of the mass 

flow correlation is ±1.67%.   

We defined the pressure ratio (Pe) as: 

in

out

P
Pe

P
 (1.9) 

Where Pin is the pressure at the inlet, Pout is the pressure at the 

outlet. 

The isentropic efficiency η  is setting as constant (η

=0.7) to reducing the model complexity. Then the power can be 

calculated by equation: 

( ) / (1 )out in fW Q h h    (1.10) 

Where h is the enthalpy, 
f  is the friction loss percentage. 

Here, 
f  is 0.1. 

The outlet enthalpy of the pump can be calculated by 

following equations and database: 

( )is in out inh h h h    (1.11) 

out ins s s  (1.12) 

Where his is the isentropic enthalpy at the outlet calculated by 

the outlet pressure and outlet entropy. Other properties can be 

calculated by calling REFPROP based the outlet pressure and 

enthalpy.  

Comparison between simulation result and experimental 

measure value is conducted, and the results are shown in Figure 

16. The maximum outlet temperature error is ±1K or ±0.4%,

within the measure error of thermocouples (±2.2K or ±0.75%). 
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Figure 15: Mass flow map of the three-plunger pump. 

Five heat exchangers are utilized in this test loop, 

including a recuperator, a cooler, a condenser, a four-stage 

heater and the heat section (test section). These heat exchangers 

consists of CO2 pipe and relative wall boundary. The working 

conditions and pipe geometries are listed in Table 3. 

250



1.5 2.0 2.5 3.0 3.5
270

280

290

300

P
u
m
p
 
o
u
t
l
e
t
 
t
e
m
p
e
r
a
t
u
r
e
 
(
K
)

Pressure ratio

 Tout_sim
 Tout_exp

Figure 16: Pump outlet temperature comparison between 

experiments and simulation (η=0.7). 

For a normal pipe, pressure loss equation is simplified as: 
2

2
f

Q
P K


    (1.13) 

Where K is the pressure drop coefficient, which can be 

calculated from the experiment results. 

The mass flow model and heat transfer model for the dynamic 

pipe is shown in Figure 17. The dynamic pipe is divided into n 

sections. Temperature and pressure of each section is assumed 

uniform. 

The energy equation for the fluid can be written as: 

1

[ 1] [ 1]
( [ ]. )

[ ]. [ ] [ 1]. [ 1] [ ]b b

dp i dh i
A i dx

dt dt

Q i h i h i Q i dW i


 

  

   

(1.14) 

Where hb is the average specific heat capacity of flowing of the 

fluid, ρ is the density of the fluid, Q is the mass flow rate of the 

fluid, dW is the heat transfer to the pipe wall. The thermal 

conduction during two fluid area is ignored. 

1 [ ]( [ ] [ ])dW kds i Tp i Tw i    (1.15) 

Where, k is the heat transfer coefficient of the CO2 pipe, ds is 

the inner wall area per node, and dW1 is calculated by the new 

correlation (1.2). 
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Where b means the bulk temperature, w means wall 

temperature, λCO2 is the thermal conductivity of CO2, q is the 

heat flux density, Re is the Reynold number, Pr is the Prandtl 

number, ct is the temperature factor and q+ is the accelerate 

factor. The properties can be attained from the REFPROP 

database. 

Table 3 Working condition for heat exchangers 
Heat 

exchanger 

Pipe diameter  

Inner/Outer (mm) 

Pipe 

length 

Wall condition 

recuperator 6/10 12 Normal heat loss to ambient 

(T0=15 ℃) 

heater 6/10 12×4 Heating power (500W*4) 

PID control; 

Normal heat loss to ambient 

(T0=15 ℃) 

Cooler 4/6 6 Heat loss to cooling water 

(T0=0~10 ℃) 

Condenser 4/6 12 Heat loss to cooling water 

(T0=-5~4 ℃) 

Heat 

section 

8/14 2 Heating power (0~7.2 kW); 

Normal heat loss to ambient 

(T0=15 ℃) 

Figure 17: Heat transfer and mass flow model for dynamic 

pipe. 

The mass balance equation for fluid is written as: 
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  (1.20) 

The wall is divided into n sections. Temperature and 

pressure of each section is assumed uniform. The heat transfer 

model for wall is shown in Figure 18.  

The energy equations for solid at node i can be written as: 

2 1

[ ]
[ ] [ ]

(2 [ ] [ 1] [ 1]) /

p

dTw i
A c dx dW i dW i

dt

A Tw i Tw i Tw i dx





  

   

(1.21) 
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Where dW2 is the energy transferred from the ambient, 

dW1 is the energy transferred from the fluid. Thus, in the pipe, 

the equation of dW2 and dW1 are calculated as: 

2 2[ ] 2 ( [ ] [ ]) / (log(1 ))
e

dW i pi Tw i Tw i dx
e D

  


 (1.22) 

2 0[ ] (2 ) ( [ ])dW i hc e D pi T Tw i dx    (1.23) 

1 1[ ] 2 ( [ ] [ ]) / (log(1 / ))dW i pi Tw i Tw i e D dx    (1.24)

Where hc is the heat transfer coefficient between wall and pipe 

fluid, Tw1 is the temperature of the wall boundary at the ambient 

side, Tw2 is the temperature of the wall boundary at the inner 

pipe wall side, e is the wall thickness, and D is the inner pipe 

diameter. 

Figure 18: heat transfer model for the heat exchanger wall. 

The recuperator is then modelled as two parallel pipes with 

a wall in between. The condenser and cooler are both modeled 

with a dynamic pipe and a cooling wall. The test section and 

four-stage heater are modeled with a dynamic pipe and a 

heating wall. The models’ layout is shown in Figure 19. 

The steady state validations of cooler and condenser are 

performed. The maximum errors of outlet pressure and outlet 

temperature between simulation and experiments for cooler are 

separately ±0.1% and ±0.3%, as shown in Figure 20, while the 

measure errors of the temperature and pressure sensors are 

separately ±0.75% and ±0.1%. The maximum errors of outlet 

pressure and outlet temperature between simulation and 

experiments for condenser are separately ±0.03% and ±0.5%, 

while the measure errors of the temperature and pressure 

sensors are separately ±0.75% and ±0.1%.  

Validations of the heat section with the experimental 

results have been conducted for the influence of mass flow rate 

and working pressure. The maximum error of the outlet 

temperature and pressure are separately ±1.6% and ±0.2%, as 

shown in Figure 21. 

The back pressure valve is modified from the check valve 

by setting the pressure loss coefficient. The expanding process 

in back pressure valve is assumed to be isenthalpic. The 

pressure loss is calculated by equation (1.11). 

Figure 19: Layout of the heat exchangers: recuperator (left), 

cooler (right upper) and heater (right down). 

The friction factor K is normal working at range between 

1012 and 1014. The control signal is used to change the friction 

factor: 
12.10K signal (1.25) 

The signal is at the range of 0.01~100, which means the open 

degree of the back pressure valve. 

Control valve is used to control the fluid in this test loop. 

The specific enthalpy is assumed constant in the control valve. 

Here, the pressure drop is calculated by equation: 
2

2

2

Q
PCv K


  (1.26) 

out inP P P   (1.27) 

Where Cv is the flow coefficient, which is also used to calculate 

the pressure drop of the valve. The maximum Cvmax is 5000 got 

from the valve producer. The pressure loss coefficient K is 

1.733×1012. Here, actual Cv is calculated as: 

maxCv Cv signal (1.28) 

The signal here is also used to control the open degree of the 

valve, while 1 means opening and 0 means closed. 

In addition, singular pressure drop model is used to 

simplify the non-standard pressure drop sections, such as filter 

and mass flow meter, and is calculated by the equation (1.11). 

Sensors models are used to get the state in the test loop during 

simulation. 

The complete model is presented in Figure 21. The CO2 flow 

from the volume is cooled to liquid phase in the condenser 

system. The liquid CO2 flow rate (volumetric) is pressurized 

further by the pump and then measured with a flow meter. A 

recuperator is used to preheat the liquid CO2 stream with the 

exist stream of the sCO2 from the Straight Tube Test Section 

(STTS). Then sCO2 flow is heated to the designed inlet 

temperature in the four-stage heater, and flows through the 

STTS. In this section, temperature and pressure of the sCO2 

flow are measured for the heat transfer characteristics 

investigation. The heat of the sCO2 flow is reused in the 

recuperator. Then a heat exchanger is used to further cool down 

the sCO2 flow for the safe operation of the back pressure valve. 

After released the pressure, sCO2 flows back to the volume. The 

steady state validation of the model has been done, while the 

dynamic validation with experiments will be finished in next 6 

months. 
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Figure 20: Comparison of the experiment and simulation result 

for cooler (outlet temperature and pressure).  
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Figure 21: Comparison of the experiment and simulation result 

for heating section (outlet temperature and pressure).  

150KWE SCO2 BRAYTON CYCLE COUPLED WITH A 

PARTICLE RECEIVER 

The experience gained by the experiment and simulation is 

then used to design a 150kWe sCO2 Brayton cycle coupled with 

a solar solid particle receiver, as shown in Figure 22. The 

selected cycle design to be implemented is a simple 

regenerative cycle, with a small-scale turbine and compressor. 

The inlet temperature and pressure of turbine are set to be 

550℃ and 20MPa respectively, and the efficiency of turbine is 

expected to be over 75%. The inlet temperature and pressure of 

compressor are set to be 35℃ and 7.4MPa respectively, and 

the efficiency of compressor is expected to be about 75%. A 

2MW regenerator is adopted to increase the compressor outlet 

sCO2 flow temperature to 389℃ at 20.1MPa, then with a 

particle/CO2 heat exchanger as the main heater, the flow is 

heated up to 550 ℃  before entering the turbine. This 

innovative system is going to be setup in 2019 and 

demonstrated in 2020 by Zhejiang University, located in a 

1MW solar tower, as shown in Figure 23. 

CONCLUSIONS 

Zhejiang University has built a sCO2 test loop since 2017. 

The heat transfer experiments have been done. The results show 

that: (1) existing correlations have significant error near the 

critical point; (2) at high temperature range, heat transfer 

characteristics of sCO2 is quite stable. Base the experimental 

results, a new correlation is got, and used in the dynamic model 

developed in Dymola software. The steady state validation has 

been done. The error between simulation and experiments is 

smaller than 5%. 

Then, in next 6 months, dynamic validation of the model 

will be completed. And the design experience will be used to 

design a 150 kWe sCO2 simple Brayton cycle couple with the 

2MW solar tower system built in Zhejiang University. The 

150kWe test loop will be constructed in next two years. 

Figure 22: Complete model of the test loop. 

Figure 23: Layout of the 150kWe sCO2 Brayton cycle. 

Figure 24: Picture of the 1 MW Solar tower in Zhejiang 

University. 

NOMENCLATURE 

A Area, m2 

Cv Flow coefficient 
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cp Specific heat, kJ.kg-1 

ct Temperature factor 

D Diameter, m 

DOE Department of Energy 

dx Unit length, m 

G Mass flux, kg.h-1 

h Enthalpy, kJ.kg-1

hc Heat transfer coefficient, W.m-2.K-1 

HTC Heat transfer coefficient, W.m-2.K-1 

k Heat transfer coefficient, W.m-2.K-1 

K Pressure drop coefficient  

Nu Nusselt number 

P Pressure  

Pe Pressure ratio 

Pr Prandtl number 

q Heat flux density, W.m-2 

q+ Accelerate factor 

Q Mass flow rate, kg.s-1

Re Reynold number 

t Time, s 

T Temperature, K or ℃  

W Power, W 

β Volume expansion ratio, K-1

λ Thermal conductivity, W.m-2 

ρ Density, kg.m-3 

μ Dynamic viscosity, kg.s-1.m-1 

Subscripts and superscripts 

0 Environment 

1 Inner face 

2 Outer wall face 

b Mass average value 

D Value obtained by Dittus-Boelter correlation 

CO2 Properties of CO2 

exp Value obtained by experiments 

f Caused by friction 

G Value obtained by Gnielinski correlation 

h Constant enthalpy 

i Node number 

in Inlet 

is isentropic 

J Value obtained by Jackson correlation 

max Maximum number 

P Constant pressure 

pc Pseudo-critical 

out Outlet 

w Wall temperature 

w1 Inner wall 

w2 Outer wall 
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ABSTRACT 

In the frame of EU-project sCO2-flex the design of a 

25 MWe supercritical CO2 (sCO2) Brayton cycle will be 

developed. The system will be optimized to meet flexibility 

requirements, while reducing environmental impact and 

focusing on cost efficiency. 

In the context of a sCO2 Brayton cycle, the gas cooler is a key 

component to achieve a high overall efficiency. Close to the 

critical point, due to varying properties, heat transfer and 

pressure drop of carbon dioxide (CO2) are difficult to predict. By 

performing experiments with the “SCARLETT” facility of the 

University of Stuttgart, expertise will be gained using CO2 as 

working fluid in the pseudocritical region. The results of the 

fundamental experiments will be used for validation and 

improvement of correlations to develop heat exchangers working 

with high efficiency. 

The heat transfer and pressure drop of carbon dioxide near 

the critical point cooled in a 2 mm diameter was investigated. 

The outer wall surface temperature is determined by soldering 

calibrated T-type thermocouples into the copper tube wall. 

Thermocouples are evenly distributed along the 1.2 m cooled 

length. The effects of the CO2 mass flux of 400-1400 kg/m²s, 

inlet pressures of 7.7-8.5 MPa, bulk fluid temperatures of 10-85 

°C and the flow orientation (upward, downward and horizontal) 

on the heat transfer and pressure drop were examined 

INTRODUCTION 

A sCO2 Brayton cycle offers a number of benefits over 

competing power plant cycles. A high plant efficiency can be 

chieved due to the favourable fluid properties in the supercritical 

region. This is resulting in increased electricity production with 

the same fuel consumption [1]. The high gas density of sCO2 

allows to reduce the necessary compressor work and leads to a 

reduction in the overall size of the power plant [2]. The reduced 

size of turbomachinery, boiler and heat exchangers can be further 

translated into reduced capital costs. 

The moderate value of its critical pressure (7.38 MPa) 

makes CO2 more economical than water where the critical point 

is much higher (22.1 MPa). A low heat rejection temperature 

leads to power cycles with high efficiencies. The critical 

temperature of CO 2 (31°C) contributes to that, however, it is not 

too low, to be cooled by the ambient temperature. CO2 is a non-

toxic and non-flammable natural working fluid ODP = 0 (ozone 

depletion potential) and GWP = 1 (global warming potential). It 

is available in sufficient quantities at reasonable costs. In 

environmental, cost and safety terms, CO2 is regarded as an ideal 

natural refrigerant [3].  

The properties of sCO2 (Figure 1) lead to significant 

differences in the heat transfer characteristics [4]. This is caused 

by rapid changes of thermophysical properties close to the 

critical point. The understanding of heat transfer enhancement 

and deterioration phenomena during cooling in small diameter 

tube is crucial to develop new concept of compact heat 

exchanger for the Brayton cycle able to work with high 

efficiency, speed and reliability under high CO2 pressure and low 

pinch point. The thermophysical properties change strongly with 

temperature and pressure. 

As shown in Figure 1, for each pressure (77bar, 81 bar and 

85 bar), the viscosity and density are strongly decreasing with 

increasing temperature. The isobaric heat capacity and thermal 

conductivity pass through a peak crossing the pseudocritical 

temperature. The pseudocritical temperature increases with 

increasing pressure [5]. Moreover, the distinct peaks are 

flattened.  

In this study, the heat transfer and pressure drop in cooling 

conditions were measured at different CO2 pressures, mass 

fluxes, temperatures and flow orientations. The effects of the 

parameters on the heat transfer were demonstrated. The 

measured pressure drop was compared with the prediction by 

taking in to account bulk, film and wall fluid properties. 
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Figure 1: Properties of CO2 vs temperature at different pressure [4] 

STATE-OF-THE ART OF COOLING HEAT TRANSFER 

EXPERIMENTS 

A number of researchers have experimentally investigated the 

heat transfer and pressure drop performance of CO2 in tubes of 

different sizes and flow orientations. The research has been 

concentrated on tubes ranging from 0.5 to 10.7 mm in upwards, 

downwards and horizontal flow. Most of the work have been 

carried out in horizontal orientation.  

Dang and Hihara [8] investigated the heat transfer and 

pressure drop in tubes with four different diameters ranging from 

1 to 6 mm. The temperature of the outer tube wall was measured 

at 10 locations equally distributed along the 500 mm long tube-

in-tube counter-flow heat exchanger. They found, that the 

Nusselt number increases slightly with increasing tube diameter. 

The comparison of the heat transfer coefficient over the bulk and 

film fluid temperature showed that the maximum is reached 

when the film temperature reaches the pseudocritical 

temperature. The film temperature is defined as: 

Tf =
(Tb + Tw)

2

(4) 

The result is a modified Gnielinski equation [9] taking the 

film properties into account: 

Nuf =  
(

ff

8
) (Reb − 1000)Pr

1,07 + 12,7√ff

8
(Pr

2
3 − 1)

(5)

The Prandtl Number is defined with a variation in three 

different cases [8]. Due to large variations of thermophysical 

properties within a small temperature range, the heat transfer of 

supercritical fluid flow is strongly affected by heat flux and flow 

direction. Jackson and Hall [10] have developed a semi empirical 

parameter to characterize the influence of natural convection on 

turbulent vertical flows. 
𝐺𝑟

𝑅𝑒2.7
>  10−5 

(6) 

In the case of cooling heat transfer, the turbulent upward 

flow leads to an intensification of heat transfer. The turbulent 

aiding mixed convection is present when the free and forced 

convection are in opposite direction. In the downward flow, a 

strong degradation of heat transfer is observed. In this case, the 

free and forced convection flows are in the same direction [11]. 
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EXPERIMENTAL SET-UP 

The test section applied here consists of a 1.5 m long cooper 

tube. The inner tube diameter is 2 mm and the outer tube 

diameter is 6 mm. The CO2 flow can form a fully developed 

turbulent flow in the first 57 mm of the tube. At this point, a 

1 mm hole is drilled through the tube wall to measure the 

pressure with relatively small impact on the flow. Additional 93 

mm of uncooled tube length follows. The total cooled length of 

the tube is 1200 mm. The total length of the differential pressure 

measurement is 1386 mm, which contains an uncooled length of 

186 mm (Figure 2). 

Figure 2: Detailed view of the test tube 

T-type thermocouples are soldered into milled channels on 

the surface of the tube (Figure 3). The thermocouples are coated 

with stainless steel leading to high durability against corrosion. 

The heat conductance in the thermocouple wire could lead to a 

measurement error, thus the thermocouples have to be embedded 

a certain length inside the tube to eliminate this influence. The T-

type thermocouples have a diameter of 0.5 mm. They are bended 

and laid in the milled channels (0.8x0.8x8mm depth/ 

width/length).  

The bending of the thermocouple leads to an asymmetry of 

the temperature measurement points in the cooled length. The 

first measurement position (T01) is at 32mm of the cooled length.

The spacing is equal along the tube with 40 mm between the 

measurement positions. The thermocouples were placed 

alternating on the top and on the bottom of the tube, to be able to 

investigate flow stratification. The solder alloy used to connect 

the tube with the thermocouples was a 96 % tin and 4 % silver 

mixture with implemented colophony. This material has a low 

temperature melting point (Solidus: 221 °C, Liquidus 238 °C), 

which does not exceed the temperature range of T-type 

thermocouples (-40 °C…+350 °C) and leads to a good thermal 

connection of the two components due to the high thermal 

conductivity.  

The “outer tube” was designed to lead the thermocouples 

to the inner tube, deliver the cooling media in-and outflow, and 

close the annulus stream leak-tight . 

. 

Figure 3:Detailed view of the thermocouple soldering in the 

tube surface (All dimensions in mm) 

Figure 4: Flanging and cooling media supply 

into the test section 

The flanges center the tube in the annulus. The size of the 

annulus is capable to deliver a high volume flux of cooling media 

(Figure 4). This intends to reduce the temperature difference in 

the flow, thus to support the inner tube with an isothermal 

cooling media. That could reduce the complexity and 

inaccuracies of the experiments.  

The two before mentioned authors focused on the axially-

averaged heat transfer. In Liao and Zhao’s [6] study, using a tube 

diameter of 2.1 mm and a 110 mm test section the heat transfer 

coefficient was averaged along a length to diameter ratio of 157. 

For Dang and Hihara’s [8] 2 mm tube, this value was 250. With 

the test facility presented in this work, the influence of CO2 mass 

flow rate, CO2 bulk fluid temperature, CO2 pressure, volumetric 

cooling media flow and cooling media temperature can be 

investigated with a length to diameter ratio of 20, resulting in a 

higher resolution. 

The SCARLETT test loop provides sCO2 under defined 

boundary conditions. Figure 5 depicts the piping and 

instrumentation (P&I) diagram of the SCARLETT test loop, 

which is described as follows [12]. After evacuating the loop 

with a vacuum pump, the pressure vessels (1, 10) are filled with 

257



CO2 by a gas bottle.  During normal operation, liquid CO2 flows 

from the pressure vessel 1 through an electrical heated 

evaporator (2) and is slightly superheated. After leaving a 

demister unit (3), where remaining liquid CO2 is separated from 

the flow, it enters a compressor (4), where it is compressed to a 

certain pressure and simultaneously heated by the compression. 

Before entering a test section, there is a conditioning (5) of 

the sCO2, which means that a defined temperature can be 

adjusted via cooling or heating the sCO2 mass flow rate. In the 

test-section (6) different kind of experiments can be performed. 

After leaving the test section, the sCO2 is cooled down in a gas 

cooler (7) followed by the expansion in an expansion valve (8). 

Before it enters the pressure vessel 2 (10) the CO2 can be cooled 

down again in a condenser (9). Finally, it is pumped back from 

the pressure vessel 2 into the pressure vessel 1. The sCO2 mass 

flow rate in the SCARLETT test loop can be adjusted from about 

30 to 110 g/s. Lower mass flow rate in the test section can be 

achieved by bypassing with needle valves. It must be mentioned, 

that the achievable mass flow rate depends on the compressor 

performance map, which leads to less mass flow rate at higher 

pressures and vice versa. The sCO2 temperature at the inlet of the 

test section can be varied from about 0 to 140 °C and the pressure 

from about 75 to 110 bar. 

Figure 5: P&I diagram of the SCARLETT test loop. 

DATA REDUCTION 

All thermophysical properties were calculated using the 

Software REFPROP ver.9.0 [4]. The Reynolds numbers of the 

CO2 flow are determined by measuring the CO2 mass flow rate 

ṁCO2 by a Coriolis flowmeter. At the inlet, the dynamic viscosity

(ηCO2) of the flow can be calculated as a function of measured

pressure (PCO2) and temperature (TCO2). Due to the varying

thermophysical properties, the Reynolds number decreases 

drastically by crossing the pseudocritical temperature. Reynolds 

number at inlet conditions is calculated by: 

ReCO2 =
4ṁ

πdη

(7) 

The heat input Q̇ at each discretization step was defined by 

the calculated heat transfer coefficient htccool, the outer tube area

At,o and the temperature difference between wall and cooling

media temperature. 

Q̇ =  htccool ∗ At,o ∗ (Tt,o − Tcool) (8) 

Figure 6: Schematic diagram of the test section including all 

measured quantities 

The heat transfer coefficient of the cooling media flow in 

the annulus was estimated by the Nusselt correlation of Dirker 

[13]. htccool was assumed to be equal along the test section of

1200 mm. This assumption could lead to an overestimation of 

the CO2 temperature along the tube by underestimating the heat 

flux in the entrance area of the cooling media flow. The described 

behaviour of the cooling media flow will be investigated in an 

additional test facility to implement a function of htccool over the

length of the test section. 

htccool = f(V̇cool, di, do, fluid properties) (8) 

The heat transfer through the copper tube Q̇ leads to a small 

difference between the inner (Tt,i) and outer (Tt,o) temperature of

the tube wall by taking into account the thermal conductivity λCu,

the inner and outer diameter of the test tube (do, di), the length

of the pipe section L.The inner tube temperature Tt,i is equal to

the wall temperature of CO2 TCO2,w.

Q̇ =
2 π L λCu

ln (
do

di
)

 (Tt,o −  Tt,i)
(9) 

The heat transfer coefficient at the bulk temperature of CO2 

at every discretisation step was calculated by the heat Q̇, the inner 

tube area Ai and the temperature difference between bulk and

wall temperature. 

htcCO2 =  
Q̇

Ai ∗ (TCO2,b − TCO2,w)

(10) 

Both, CO2 and cooling media temperatures are measured at 

the in- and outlet. Within the tube, the temperatures are 

calculated by the heat flux of the previous discretization step and 

the respective mass flux to determine the enthalpy of the flow. 

The heat exchanger is operated in co-current flow. 

hCO2/cool(x + 1) = hCO2/cool(x) ±
Q̇(x)

ṁCO2/cool

(11) 

The procedure leads to 29 sets of the process parameters 

along the test section. Each thermocouple measurement is paired 
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with a cooling media and a CO2 temperature. The calculation 

leads to a progress of the CO2 bulk fluid temperature, which is 

the result of the earlier described assumptions, all parameters 

measured at the inlet and most significantly, the properties of 

CO2.  

UNCERTAINTY ANALYSIS 

The uncertainty was mainly caused by the heat flux 

prediction by a uniform htccool along the test section and the

temperature measurements. Prior to installation, the thermo-

couples were calibrated within a range of 5-60 °C by the use of 

a high accurate reference RTD (calibrated to 0.02 K). The 

resulting accuracy of the T-type thermocouples was ±0.1 K. The 

RTD’s to measure both flows at in and outlet were ±0.3 K. The 

accuracy of the pressure transducer was 0.15 % of full range of 

3/100 bar. The accuracy of the Coriolis-type mass flow meter 

was assumed to be 0.3 %. The volume flux of the cooling media 

was measured using an electromagnetic flow meter. The 

measurement data acquisition was used with a 40-channel 

Armature Multiplexer and a terminal block with temperature 

reference. 

Additional to the measurement errors, the error of the 

manual soldering process has to be taken into account. For 

example, the manufacturing inaccuracies of the milled channels, 

the placing in the channel and the properties of the solder 

contribute to the assumed accuracy of the outer wall temperature 

of the cooper tube (Tt,o) of ±0.2 K.

htccool was assumed be constant along the test section with an

accuracy of ±20 %. This value is a coarse estimation up to now. 

A 3-D flow simulation is planed to validate this assumption. 

Due to the explained assumptions, the accuracy of the CO2 

temperature along the test section was assumed as ±0.5 K. From 

manufacturer certificate, the error of the inner and outer tube 

diameter was 0.05 mm. The heat conductivity of the cooper tube 

λCu was assumed as 340 W/mK ±40 W/mK.

Table 1: Measured quantities and achieved accuracies 

Meas. quantity Symbol Range Unit Accuracy 

Volumetric flow V̇ 0-2.5 l/s ±1% 

Mass flow rate ṁ 0-50 g/s ±0.3% 

Pressure P 0-100 bar ±0.15 

Diff. pressure ∆P 0-3000 mbar ±4.5 

Thermocouples T 5-60 °C ±0.1 

RTD Tin/Tout 0-100 °C ±0.3 

RESULTS AND DISCUSSION 

In this experimental study, the heat transfer was derived for 

different boundary conditions (Table 2). In Table 3, the 

measurement campaigns are summarized. The isothermal 

measurements were conducted with no cooling media flowing in 

the annulus.     

Table 2: Experimental inlet conditions: horizontal cooling 

CO2 

Temperature [°C] Pressure [bar] Mass flux [kg/m²s] 

37-85 77-85 400-1400 

Cooling media 

Temperature [°C] Volumetric flow [l/s] 

10-25 0.1-0.2 

Table 3: Measurement campaigns 

condition Flow direction Number of experiments 

isothermal horizontal 91 

cooled horizontal 64 

cooled upwards 25 

cooled downwards 18 

EXPERIMENTAL SYSTEM VALIDATION 

The calculated results of the CO2 heat output QCO2 are 

shown in Figure 7 as a function of the calculated cooling heat 

input Q̇cool in order to validate the experimental system. The 

results show that the heat transfer is mainly within range of 

±20%. The uncertainties result from the temperature 

measurements. The small temperature difference (1-3 K) in the 

cooling media flow leads to a relatively high error of these 

values. In general, the calculated cooling media heat input is 

higher than the CO2 heat output. At lower cooling media 

temperature, the behaviour seems to increase. 
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Figure 7: Energy balance: QsCO2 as a function of Qcool 

Figure 8 shows the result of a measurement point including 

error bars. htcCO2 is displayed as a function of the bulk fluid

temperature. The experimental conditions were ṁ = 2.7 g/s CO2, 

which is equal to a mass flux of G = 860 kg/m²s for the inner tube 

diameter of 2mm. The volumetric cooling media flow rate was 

0.1 l/s. The inlet conditions on the CO2 side were 77 bar, 81.4 °C 

and Re = 88400. The inlet temperature of the cooling media was 

10.2 °C.  

Figure 8: Heat transfer coefficient over bulk temperature at 

m= 2.7g/s, G = 860 kg/m²s and pCO2= 77 bar   

Due to the heat flux, CO2 temperature is decreasing while 

cooling media temperature is increasing. The Reynolds number 

drops by the factor of 3. This is caused by the increase of 

viscosity.The results show a distinct peak close to the pseudo 

critical temperature (dashed line). The results are comparable 

with the predicted values of the Dang and Hihara [8] correlation. 

EFFECT OF MASS FLUX 

 Figure 9a) presents the effect of mass flux at 415, 830 and 

1370 kg/m²s (1.3, 2.6 and 4.3 g/s) for pCO2 = 85 bar and Tcool =

10 °C. The heat transfer coefficient is shown as a function of Tb.

The htc increases as the mass flux increases due to an increase 

in turbulent diffusion. As shown by Dang and Hihara [8], the 

maximum htc occurred at Tb slightly higher than Tpc.

In Figure 9 b) the heat flux qCO2 is shown as a function of

Tb. The heat flux is in total higher for increased mass flux. This

is caused by the increased htcCO2 , whereas Tcool and htccool

were constant. The heat flux underwent a sharp decrease by 

crossing the pseudocritical temperature. At the first position of 

temperature measurement. qCO2 is lower than the second

position due to the lower temperature caused by heat conduction 

towards the flanging. 

Figure 9: htc and heat flux over bulk temperature for 

different mass fluxes at pCO2 = 85 bar and Tcool = 10 °C 
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In Figure 10 the htc is displayed at pCO2 = 81 bar and Tcool

= 20 °C for different mass flux as a function of a) Tb and b) Tf.

The peak in the heat transfer is located at the same bulk 

temperature for all mass fluxes. Depending on the film 

temperature, the temperature of the peak value seems to 

increases with increasing mass flux. This finding is contrary to 

Dang and Hihara’s [8] work. It is to mention here that they 

showed this relation at a constant cooling heat flux of 12 kW/m² 

on a 4 mm tube. Further testing is necessary to achieve a better 

comparability. This will include higher temperature of the 

cooling media to achieve lower cooling heat flux. 

The influence of the mass flux on the heat transfer 

coefficient increases near the critical temperature. When the 

mass flux was increased by a factor of 2, htcCO2 increased by a

factor of about 1.6 in the early stage of the cooling process 

whereas by a factor of about 3.3 near the critical point 

Figure 10: htc over bulk- and film temperature for different 

mass flux at pCO2 = 81bar and Tcool = 10 °C 

EFFECT OF INLET PRESSURE 

Figure 11 presents the htc of CO2 for three different 

pressures ranging from 77 bar to 85 bar at 𝐺 = 860 kg/m²s and 

Tcool = 10°C. For each pressure, the htc shows the same tendency

in the gas like region. The htc increases continuously by 

approaching the pseudocritical temperature. In this stage, higher 

pressure has higher heat transfer coefficient due to the higher 

specific heat. The htc peak values are damped and moved to 

higher temperature with increased pressure. htc-values of 21, 15 

and 12 kW/m2s are reached, respectively. This behaviour is 

related to the evolution of specific heat with temperature and 

pressure as shown in Figure 2. In the liquid-like region of the 

cooling process, the htc decreases for all pressures to the same 

level. In this stage, higher pressure has lower heat transfer 

coefficient due to the lower specific heat. The increasing 

tendency of the htc in the late stage of the cooling process, below 

Tb = 25 °C in this case, is under investigation yet. In this

temperature range, however, the measurement uncertainty 

increases as the CO2 temperature approaches the cooling media 

temperature. 

Figure 11: htc over bulk temperature for different pressures 

at G = 860 kg/m²s and Tcool = 10°C 
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EFFECT OF COOLING MEDIA TEMPERATURE 

Figure 12 a) shows the htc at two different cooling media 

temperatures at pCO2 = 77 bar, 𝐺 = 860 kg/m²s. Tcool = 20 °C

leads to slightly lower htc in the early stage of the cooling 

process whereas the peak value is significantly higher. In the late 

stage of the cooling process, the tendency is reversed: higher 

cooling media temperature leads to a higher htc. 

In Figure 12 b) the wall temperature is displayed as a function of 

the bulk fluid temperature. Tcool = 10 °C leads to a lower wall

temperature, thus, the wall temperature is subcritical from the 

early stage of the cooling process. As Tb approaches Tpc, Tw is

already far below Tpc, thus, the wall properties left the beneficial

temperature range, which is close to the pseudocritical critical 

temperature.  

At Tcool = 20 °C, the wall temperature reaches the pseudocritical

temperature at Tb = 48 °C. As Tb reaches Tpc, Tw  is close to Tpc.

Thus, both Tb  and Tw are in the temperature range of beneficial

properties. 

Figure 12: htc and Tw over bulk temperature for different 

cooling media temperature atG = 860 kg/m²s and p = 77bar. 

EFFECT OF FLOW DIRECTION 

Figure 13 a) shows the htc for up- and downwards flow at 

pCO2 = 80 bar, 𝐺 = 415 kg/m²s and Tcool = 25°. Figure 13 b)

illustrates the mixed convection parameter 𝐺𝑟 𝑅𝑒2.7⁄ . The 

horizontal dotted line displays the limit value defined by Jackson 

and Hall [10]. The mixed convection parameter increases in the 

gas like region towards a maximum value at the pseudocritical 

temperature. A sharp decrease is present in the liquid like region. 

The mixed convection parameter at the presented 

configuration of 415 kg/m²s, resulting in 𝑅𝑒𝐶𝑂2,𝑖𝑛 = 42000 and

𝑅𝑒𝐶𝑂2,𝑜𝑢𝑡 = 13000, is reaching the limit value near the

pseudocritical point. However, does not exceed this value 

significantly. As the htc for up-and downwards flow show no 

significant difference, the limit value can be confirmed as far as, 

that at values up to 10−5 no influence present. 

To reach higher values of the mixed convection parameter 

to investigate enhancement and degradation phenomena the 

mass flux has to be further reduced or the tube dimeter has to be 

increased.  

Figure 13: htc and Gr/Re^2.7 over bulk temperature for 

different flow orientations at �̇� = 1.3 g/s and p = 80bar. 
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PRESSURE DROP 

Frictional pressure drop in fully developed turbulent single 

phase flow is calculated by taking into account the length of the 

test section 𝑙, mass flow rate �̇�, inner diameter 𝑑 and the density 

𝜌 at the present pressure and temperature. 

Δ𝑝 =  𝜁
𝑙

𝑑

𝜌𝑣2

2
=  

8

𝜋2
𝜁

𝑙 �̇�2

𝑑5𝜌

(12) 

The dimensionless friction factor 𝜁 can be predicted as a 

function of Reynolds number 𝑅𝑒 and the relative roughness 𝜀 =
𝐾/𝑑 with the roughness of the wall 𝐾 [14]. 

1

√𝜁
=  −2 𝑙𝑔 [

2.51

𝑅𝑒 √𝜁
+

𝐾 𝑑⁄

3.71
] 

(13) 

The roughness of the tube was measured at three samples. 

The average value of 18.1 𝜇𝑚 was taken into account to predict 

the friction factor. Figure 14 presents the friction factor of the 

uncooled flow in comparison with the presented prediction.   

Figure 14: friction factor of the uncooled flow compared 

with the predicted value 

The results show no significant difference for the three 

operation pressures. The evolution of the predicted value can be 

reproduced. At higher Reynolds number, the friction factor of 

rough pipes becomes constant, depending only on the pipe 

roughness as predicted by the moody chart [14]. The average 

deviation is 14%. 

The prediction of the pressure drop under cooling 

conditions is shown in Figure 15. The predict was conducted by 

taking in to account the bulk, film or wall fluid properties. The 

prediction by the bulk fluid properties shows the highest error. 

The prediction with film and wall fluid properties show a much 

better agreement mainly within an error of 20%  

Figure 15: Experimental versus predicted pressure drop for 

different fluid  

CONCLUSIONS 

The cooling heat transfer of CO2 near the critical point was 

investigated. Significant effects of mass flux, inlet pressure and 

cooling media temperature on the heat transfer were analysed. 

The mass flux showed significant effect especially near Tpc. The

peak value of ℎ𝑡𝑐𝐶𝑂2 appeared at Tb slightly higher than Tpc.

Lower cooling media temperature caused stronger sub cooling, 

which leads to a lower peak value of ℎ𝑡𝑐𝐶𝑂2.

The influence of the flow orientation on the heat transfer 

coefficient is negligible within the investigated parameter range. 

However, the limit value of the mixed convection parameter was 

confirmed in this study. At 𝐺𝑟 𝑅𝑒2.7⁄ <  10−5 no difference 

between up and downwards flow is present. 

The pressure drop in the isothermal experiments were 

predicted with an average error of +14%.  

The prediction under cooling condition showed a much 

better agreement by taking into account the fluid conditions of 

the film and wall.  
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NOMENCLATURE 

A (m²) area of heat transfer 

𝑐𝑝 (J/kgK) specific heat 

𝑔 (m/s²) acceleration of gravity 

𝐺 (kg/m²s) mass flux 

𝐺𝑟 (-) Grashof number 

ℎ (kJ/kg) spec. Enthalpy 

ℎ𝑡𝑐 (W/m²K) heat transfer coefficient 

𝐾 (m) wall roughness 

𝐿 (m) length of discretization 

�̇� (kg/s) mass flow rate 

𝑁𝑢 (-) Nusselt number 

𝑃 (bar) pressure 

𝑃𝑟 (-) Prandl number 

𝑄 (W) heat  

𝑅𝑒 (-) Reynolds number 

𝑇 (°C) temperature 

v (m/s) velocity 

𝑉 (l/s) volumetric flow 

Greek symbols 
Δ𝑝 (bar) pressure drop 

𝜀 (-) relative roughness 

𝜂 (kg/ms) dynamic viscosity 

𝜆 (W/mK) heat conductivity 

𝜌 (kg/m³) density 

𝜁 (-) friction factor 

subscripts 
b bulk 

cool cooling media 

corr correlation 

CO2 carbon dioxide 

Cu copper 

exp experiment 

f film 

in inlet 

out outlet 

t tube 

w wall 
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ABSTRACT

We present large eddy simulations (LES) of heat transfer in
sCO2 at  8  MPa  in  a  plane  channel  geometry  with  various
temperature ranges. This presents a numerical challenge, as the
density can vary by more than a factor 2. We use a pressure-
based  solver  with  a  high-order  discontinuous  Galerkin
discretization. The large eddy simulation is based on the Wall-
averaged Local Eddy viscosity (WALE) model and a constant
turbulent Prandtl number.  We resolve the flow near the wall.
Though  our  geometry  allows  for  a  structured  grid,  our
numerical  scheme  is  highly  flexible  with  respect  to
unstructured meshes. We validate our LES with an isothermal
flow, and with a simulation in a temperature range that is far
from  the  pseudocritical  line.  The  results  for  non-isothermal
flow  show  that  the  LES  can  accurately  predict  the  average
velocity and temperature profiles, despite reducing the number
of  degrees  of  freedom  by  several  orders  of  magnitude
compared  to  the  reference  direct  numerical  simulation.  This
paper is a precursor to future work, in which we will present
more extensive validation of the non-isothermal test case. Our
results  are  a  first  step  toward  using  a  pressure-based
discontinuous Galerkin solver for sCO2 flows.

INTRODUCTION

There is a growing interest for using supercritical CO2 in
heat exchangers, but using such an innovative approach makes
it  harder  to  predict  the  efficiency  based  on  previous
experiments. Numerical simulations therefore seem an obvious
approach,  but  unfortunately  there  are  no  reliable,  affordable
numerical models for heat transfer in supercritical CO2. In this
paper  we  investigate  using  a  Large  Eddy  Simulation  (LES)
based on a discontinuous Galerkin (DG) method to predict the
heat transfer in a heated infinite plane channel flow. Using an
LES  model  greatly  reduces  the  required  computational
resources compared to a more straightforward direct numerical
simulation.
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NUMERICAL METHOD
This section summarizes the numerical method. We only

sketch the outlines of our approach.
Numerical  schemes  for  fluid  dynamics  fall  roughly  into

two  broad  categories.  First,  there  are  compressible  solvers,
which are used extensively for simulating high-Mach number
flow. These methods can deal with strong density gradients and
varying material properties. The problem is that they calculate a
thermodynamic  pressure  from  an  equation  of  state.  This
thermodynamic relation is highly sensitive in supercritical CO2:
small  changes  in  the  density  imply  large  changes  in  the
pressure,  which  makes  stable  calculations  infeasible  with
contemporary computational resources.

The  second  type  of  numerical  methods  is  designed  for
incompressible flows. They usually assume a constant density,
or  postulate  that  the  density  gradients  are  small.  These
assumptions do not hold for sCO2 in a heat exchanger. We have
therefore modified an incompressible solver to deal  with the
strongly varying density gradients.

DOI: 10.17185/duepublico/48883

GOVERNING EQUATIONS
The governing equations for sCO2 flow with heat transfer

are
∂ (ρh )

∂ t
+∇⋅( mh )=∇⋅(λ ∇ T ) ,

∂m
∂t

+∇⋅(u m)=∇⋅τ−∇ p+F ,

∂ ρ
∂t

+∇⋅m=0 ,

where  t  is  the  time,  ρ  is  the  density,  u  is  the  velocity,
m=ρu  is the mass flux, h  is the specific enthalpy, λ  is the

thermal  conductivity,  T  is  the  temperature,  and  p  is  the
pressure. We can neglect effect of the pressure gradient on the
Fourier heat flux:
−λ ∇T≈− λ

cp

∇ h ,

where  cp  is the specific heat capacity  [1]. The viscous stress
tensor is

τ=μ
2
3(∇ u+ (∇ u)

T
− (∇⋅u ) I ) .

That  is,  we  leave  out  an  the  bulk  viscosity  (or  ‘volume
viscosity’), as in all previous literature on supercritical fluids of
which we are aware. There is no no good experimental data for
the bulk viscosity.

To close the system of equations, we calculate the material
properties  ρ ,  α  λ ,  μ ,  and  T  as  a  function  of  the
computed specific enthalpy, evaluating the equations of state at
a fixed thermodynamic pressure. In other words, we neglect the
effect  of  turbulent  pressure  fluctuations  on  the  material
properties.  This  approach  is  valid  because  the  pressure
fluctuations are several  orders of magnitude smaller than the
absolute pressure.

We use the open-source CoolProp library to evaluate the
material properties of CO2 [2]. The data is based on [3] for the
equation of state, [4] for the thermal conductivity ( λ ), and [5]
for the dynamic viscosity ( μ ). The most important alternative
to  CoolProp  is  the  proprietary  REFPROP software  library.
There  can  be  minor  differences  between  CoolProp  and
REFPROP;  in  particular,  the  values  for  the  thermal
conductivity can differ by up to 1% [6]. We do not know which
is  more  accurate,  and  we  have  not  investigated  this  topic
further.

CoolProp  is  too  slow  to  be  called  directly  in  a  high-
performance  CFD  code,  so  we  approximate  all  material
properties with cubic B-splines. (See, e.g.,  [7].) We refine the
B-splines  locally  as  follows.  We  start  with  a  very  coarse
approximation with only a few interpolation points. This spline
interpolation is refined by looping over each segment, checking
whether the segment deviates too much from the actual value,
and  adding  an  extra  point  if  necessary.  This  refinement
procedure is repeated until the maximum relative deviation at
any point is at most 10-4. 

A pressure-correction method is used to march the solution
forward in time [8]. This is a type of splitting scheme, meaning
that we solve the transport equations one by one at each time
step. We first march  h  forward in time, then update  ρ  as a
function of  h , and subsequently solve for the mass flux and
pressure.  We do not need to iterate within a time step:  each
equation  is  solved  once.  This  is  in  line  with  most  previous
literature on the simulation of supercritical fluids in periodic,
non-developing  domains  (e.g.,  [1]);  flow  in  developing
domains usually does require iteration (e.g.,  [9] and [10]). We
also  monitor  the  errors  in  the  pressure-correction  splitting
scheme  by  calculating  the  difference  between  the  discrete
pressure vectors  in  two consecutive time steps;  their  relative
difference is approximately 0.01 to 0.02 in the L2-norm.

We solve for the specific enthalpy (h), the mass flux (m)
and the hydraulic pressure (p). This hydraulic pressure is only
unique  up  to  a  constant;  we  do  not  compute  the  absolute
pressure  from an  equation  of  state.  The  main  challenges  in
developing the numerical scheme were connected to the strong
density  variations  of  the  sCO2,  since  most  literature  on
incompressible fluids assumes a constant density. We adjusted
the standard pressure-correction scheme to take the temporal
derivative of the density into account.

In  a  discontinuous  Galerkin  method,  the  approximated
quantity is modeled as a weighted sum of basis functions, each
of  which  has  support  on  one  element  in  the  mesh.  The
numerical solution is therefore generally discontinuous across
element interfaces. We use a modal function set, meaning that
the solution space in an element is the span of all polynomials
up to a particular order. This is to be contrasted with a nodal
DG method, where the function space within an element is the
tensor  product  of  one-dimensional  Legendre  sets.  The
polynomials bases for  the unknowns are always of  the same
order.
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We use a standard symmetric interior penalty method for
the Fourier heat flux in the enthalpy equation [11], which is one
of several discretizations of the diffusive terms in the transport
equations. We include the spatial derivative of the density into
this penalty method. The penalty parameter is based on  [12].
We modified this discretization so that it could also be applied
to the viscous stress in the momentum equations. This is similar
to what is done for hyperbolic systems in compressible flows
[13]. The Cartesian components of the mass flux are coupled
implicitly, that is, we solve for all directions of the mass flux in
a single linear system.

The  convective  terms  for  the  density,  enthalpy  and
momentum  equations  are  all  treated  with  the  same  upwind
discretization, based on the Lax-Friedrichs flux.

SUBGRID-SCALE MODEL
We use  a  Wall-Averaged  Local  Eddy  viscosity  (WALE)

LES model for the momentum equations, which prescribes an
subgrid scale viscosity of 

νSGS=(CwΔ )
2 |

~S d
|Frob
3

|
~S|Frob

5
+|

~S d
|Frob
5 /2 ,

where Δ  is the LES filter width,
~S ij=

1
2 (~g ij+

~g ji) ,

~S ij
d=

1
2 (

~E ij+
~E ji )−

1
3
~Emn

~Emn δij ,
~E ij :=~g ik

~gkj  and ~g ij :=∂~u i/∂ r j .
Here  ~u  is the filtered (resolved) velocity,  r=[ x , y , z]  is
the position vector, and |.|Frob denotes the Frobenius norm of a
matrix (i.e., the square root of the sum of the squares of the
elements).  See  [14] and  [15] for  a  motivation  for  this  LES
model.

A turbulent Prandtl number accounts for the subgrid-scale
effects  in  the  enthalpy  equation.  That  is,  the  subgrid  scale
thermal conductivity is modeled as

(
λ
c p )SGS

=
νSGS

Pr SGS

~ρ ,

where ~ρ is the filtered (resolved) density. This removes small-
scale  structures  in  the  enthalpy  field,  thereby  making  a
numerical  simulation  feasible.  We   use  a   simple  constant
model, where  PrSGS  is fixed at a constant value. It is usually
chosen  in  the  range [0.3,0.9].  (See,  e.g.,  [16].) In  our  case,
setting  PrSGS=0.7  removes  enough  small-scale  effects  to
stabilize the numerical scheme. We do not investigate the effect
of using other values. We suspect that an LES is less sensitive
to the turbulent Prandtl number than a RANS calculation would
be, because we believe that the primary goal of a subgrid model
is not to model the physics accurately, but rather to stabilize the
flow without overly distorting the large-scale structures. In fact,
inaccurate subgrid models can yield accurate results, and vice
versa. (See, e.g., [17]). Nevertheless, investigating the effect of
the turbulent Prandtl number is certainly an interesting venue
for other work.

IMPLEMENTATION
We developed an in-house computational fluid dynamics

(CFD)  code  ‘DG  Flows’ that  implements  our  discontinuous
Galerkin method. It  is written in Fortran 2003/2008, and has
been in development since late 2015. It has also been used to
model  the  flow  and  heat  transfer  of  molten  salt,  and  to
investigate experimental large-eddy simulation techniques.

We use the MPI-based PETSc software library to solve the
linear  systems  that  arise  from  the  discretizations  [18].  In
particular,  we  use  a  conjugate  gradient  method  with  an
incomplete Cholesky preconditioner for the pressure equation,
and a GMRES method with an incomplete LU preconditioner
for the enthalpy and momentum equations. The linear systems
are solved up to a certain tolerance rtol, meaning that the norms
of the preconditioned residuals are at most r times the norm of
the right-hand-side vector. We set  r tol=10−6  for the enthalpy,
the pressure, and the momentum equations.

To parallelize the calculation, the mesh is partitioned with 
the METIS software library, which is based on a multilevel 
recursive-bisection, multilevel k-way, and multi-constraint 
partitioning scheme [19]. We use a simple block-Jacobi scheme 
to distribute the linear solver over the processes.
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RESULTS FOR PLANE CHANNEL FLOW
We test  the  numerical  method and  the  LES model  in  a

plane channel geometry. We show (i) an isothermal test case,
(ii) a simulation with heat transfer at a temperature far from the
critical point, and (iii) a simulation with heat transfer close to
the  pseudocritical point.  In  each  case,  the  domain  is
Ω=[0 ,(4 /3 )πδ]×[−δ ,δ]×[0,2 πδ] , where δ  is the channel

half-width.  We impose no-slip boundary conditions at y=±δ
, and periodic boundary conditions in the  x- and  z-directions.
The  flow  is  in  the  z-direction.  We  add  the  constraint

∫
Ω

pd r=0  to ensure that the pressure is uniquely defined. We

keep the body force in the flow direction (F3) constant, so that
the time-averaged wall shear stress ( ⟨ τw ⟩=F3 δ ) is known a
priori. The friction velocity is uτ=√⟨ τw⟩ /ρ  and  the Reynolds
stress  is   Reτ=δu τ /ν .  We average  the quantities  of  interest
over time and in the x- and z-directions.

Isothermal Channel Flow
For  the  isothermal  case  we  let  Re τ=180 ,  so  that  the

results can be compared to the DNS data from [20], which was
performed  at  Re τ=178.13 .    We  use  a  second-order
polynomial  basis  in  the  boundary  elements,  and  gradually
increase this to a fourth-order polynomial basis for elements in
the bulk. We used 0.41M degrees of freedom per direction of
the mass flux, whereas [20] used 4.0M. Figure 1 shows that the
LES overpredicts the velocity by approximately 5%. Note that
the bulk velocity is approximately proportional to Re τ .
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Channel Flow with sCO2 far from Pseudocritical Point
The second test case is a heated plane channel flow with

supercritical  CO2.  We  aim to  reproduce  the  DNS data  from
[21],  which  was  obtained  with  a  compressible,  DG-based
solver at a Mach number of 0.2. They found that the turbulent
pressure  fluctuations are  small  at  this  Mach  number,  which
justifies  a  comparison  with  our  simulation  with  a  low-Mach
approximation, though there is of course a discrepancy in the
material properties, which do not depend on the pressure in our
simulation.  The  thermodynamic  pressure  is  8.0  MPa,  and
temperatures  at  the  boundaries  are  fixed  at  T=335 K  at
y=−δ , and  T=345 K  at  y=δ . This temperature range is

far from the pseudocritical point. The bulk Reynolds number is
defined as Rebulk=ubulk δ/ νref , where ubulk  is the bulk velocity,
and  ν ref  is  the  kinematic  viscosity  at  the  thermodynamic
reference point of (8.0Mpa, 340 K). In  [21] the body force is
dynamically adjusted  to  keep  the  bulk  Reynolds  number
constant at 2800 throughout the simulation.

Since we do not know a priori what body force will result
in the desired bulk Reynolds number,  we estimate the Darcy
friction  factor  ( c f )  with  the  Colebrook-White  relation  for
smooth pipes:

1

√c f

=−2 log10(
2.51

Rehydr√c f
) ,

where  Rehydr  is the Reynolds number based on the hydraulic
diameter. This gives an estimate c f≈0.0300 , which is used in
the  Darcy-Weisbach  equation  to  estimate  the  required
volumetric force in the flow direction:

F3=c f
ρ

2

ubulk
2

Dhydr

,

where we evaluate the density at the thermodynamic reference
point.  The  bulk  Reynolds  number  was  then  checked  a
posteriori, showing that the body force needed to be increased
by  approximately  1% to  achieve  the  desired  bulk  Reynolds
number.

Figures 2, 3, and 4 compare the LES results with the DNS 
data in  [21]. Figures  3 and  4 show a slight discrepancy in the 
thermodynamic properties, but this can be explained by the fact 
that we use a constant thermodynamic pressure to evaluate the 
density and temperature, that is, we do not take the effect of the 
pressure on T  and ρ  into account. Note that the error in the 
density  at  the  boundaries  is  solely  due  to  the  low-Mach 
approximation, because our density is fixed by the boundary 
conditions  for  the  temperature,  whereas  the  density  in  the 
reference data can fluctuate with a varying pressure.  Figure 4 
shows  a  deviation  of  approximately  0.2%  in  density  at  the 
boundaries, which gives an indication of the error inherent in 
the low-Mach approximation. The error in the average density 
profile  is  not  more than 0.2% anywhere else in the domain. 
Figure 2 shows that our LES predicts a slightly higher velocity 
near the hot wall, where the density is lower. 

Channel Flow with sCO2 That Includes the Pseudocritical
Line

We also perform an LES of a  heated channel flow in a
temperature range that is close to the pseudocritical point. The
thermodynamic pressure is 8 MPa, and the boundary conditions
for  the  temperature  are  T=311 K  at  y=−δ ,  and

T=305 K  at y=+δ . Note that the thermal expansion ratio
at  this  pressure  is  highest  at  T=308 K ,  so  that  the
temperature  range  includes  the  pseudocritical line,  and  the
material properties vary strongly. We use a constant body force
F , such that Re τ=180  on average over the two boundaries.

Unfortunately  we  do  not  have  reference  data  with  which  to
validate our results for this test case.

 Figure  6 shows  the  average  temperature  profile.
Compared to the simulation far from the  pseudocritical point
(Figure 3), the temperature is more homogeneous in the bulk of
the  fluid,  indicating  a  better  mixing,  though  the  Reynolds
number  is  the  approximately  same.  Figure  7 shows that  the
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The velocity profile in the compressible DNS simulation is less 
asymmetrical. Nevertheless, the DNS data and the LES for the 
average velocity profile differ by only 3%, despite the fact that 
we use only 0.46M degrees of freedom, whereas  [21] used 
198M. 

density differs by more than a factor of between the two planes,
which explains the strongly skewed velocity profile in Figure 5.

CONCLUSION
The results  indicate  that  a  large  eddy simulation  with  a

discontinuous Galerkin method can simulate turbulent flow of
sCO2 with heat transfer. This is achieved with far fewer degrees
of freedom than a direct  numerical  simulation (DNS) would
require,  which  opens  the  door  to  investigating  the  flows  at
moderate Reynolds numbers in engineering applications where
DNS is still unattainable. 

In future work we plan to validate our results for flow near
the pseudocritical point. We will also investigate the efficacy of
various LES models for heat transfer in supercritical fluids. In
particular,  it  is  not  clear  whether  using  a  constant  turbulent
Prandtl  number  can  accurately  predict  heat  transfer
deterioration.  We  also  do  not  know  how  accurate  the  LES
predictions  are  when  a  gravity  force  is  included  in  the
simulation.
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Figure 2: Average velocity profiles for the current LES and the
DNS  data  from  [21].  The  gray  vertical  lines  indicate  the
boundaries of the elements.

Figure 3: Average temperature profiles for the current LES and
the DNS data from  [21].  The gray vertical lines indicate the
boundaries of the elements.

Figure 4: Average density profiles for the current LES and the
DNS  data  from  [21].  The  gray  vertical  lines  indicate  the
boundaries of the elements.

Figure  5:  Average  velocity  profile  for  the  LES  near  the
pseudocritical  point.  The  gray  vertical  lines  indicate  the
boundaries of the elements.

DOI: 10.17185/duepublico/48883

Figure 1: Average velocity profiles for the current LES and the
DNS  data  from  [20].  The  gray  vertical  lines  indicate  the
boundaries of the elements.

Figure  6: Average  temperature profile  for  the LES near  the
pseudocritical  point.  The  gray  vertical  lines  indicate  the
boundaries of the elements.
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Figure  7: Average  density  profile  for  the  LES  near  the
pseudocritical  point.  The  gray  vertical  lines  indicate  the
boundaries of the elements.
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ABSTRACT 

As part of the sCO2-Flex project, funded from the European 

Union’s Horizon 2020 research and innovation program under 

grant agreement N° 764690, the consortium has set about 

developing a fossil fuel power cycle that allows both more 

flexibility and less emissions than currently operating power 

cycles. For this objective, the consortium has decided to work on 

a supercritical CO2 (sCO2) cycle in order to be able to gain in 

modularity in terms of size reduction, in efficiency because it is 

more efficient than a water-steam cycle, in flexibility because the 

design will be simplified and above all will take into account 

future constraints from the design stage. 

EDF was responsible for providing the consortium with the most 

interesting fossil fuel cycle configurations from a flexibility and 

performance point of view. To this end, an iterative approach has 

been adopted and will be presented later in the paper. 

First, 21 different cycle configurations were modelled in order to 

assess their impact on the performance for coal power plant 

application. Based on the expertise of the EDF R&D team, a 

selection of a few cycles has been made to be presented to 

different experts in order to determine: the industrial capacity to 

obtain equipment with the expected performance, the operability 

of this type of cycle according to these technical characteristics 

(the more complex a cycle will be to operate, the greater the risk 

of failure). 

In a second step, all the current flexibility constraints were 

synthesized for the cycles in operation, as well as the influential 

factors to guarantee this flexibility (operating ramp of such a 

component, constraints related to the reliability of a 

component...). Then, on the basis of future energy mix scenarios 

and interviews with operators, we also drew insight about the 

future evolution of these constraints. 

Finally, on the basis of the first selection of cycles and future 

flexibility constraints, cycle configurations were selected within 

the consortium, taking into account also the potential industrial 

difficulties and costs for the development of components, in 

particular for the boiler, which is a key element for future 

markets for this type of cycle. 

. 

INTRODUCTION 

Global electricity production has been undergoing major 

upheavals in recent years. The increase in production from 

renewable energies, most of which are fatal, and the political will 

to reduce greenhouse gas emissions are a difficult equation to 

solve. Indeed, if the reduction of gas emissions requires the 

closure of fossil power plants, the need to compensate for the 

intermittent production of renewable energies by ultra-flexible 

means of production argues in favor of maintaining these same 

plants. In addition, most of the world's electricity generation is 

still provided by fossil fuel power plants. It is this ambivalence 

that led the sCO2-Flex project team to propose working on a 

completely new type of cycle adapted to a fossil power plant: a 

supercritical CO2 Brayton cycle, designed to be more flexible 

and more efficient than current cycles. 

WHY AN EFFICIENT AND FLEXIBLE CYCLE? 

In recent years, global electricity production has undergone 

profound upheavals. Faced with the challenges of global 

warming, growing demand and economic challenges, electricity 

producers must be innovative in order to best meet society's 

requirements. Although renewable energies are growing rapidly, 

the majority of electricity in the world is produced by fossil fuel 

power plants, which emit high levels of greenhouse gases but 

contribute to the stability of the electricity grid through their 

flexibility. This flexibility has often improved at the cost of 
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making cycles more complex because they are designed to 

operate in base mode and not in flexible mode, making it more 

difficult for operators to operate (with an increased risk of 

failure) and a loss of efficiency due to the requirements of 

environmental regulations, imposing energy-intensive pollution 

control equipment. Based on this observation, our idea was to 

start from a completely new type of cycle to integrate all the 

elements necessary for flexibility and environmental 

requirements from the design stage and thus optimize 

performance and facilitate the operation of this cycle. 

METHODOLOGY 

From the previous literature and simulations [Le Moullec, 

2013; Mecheri & Le Moullec, 2016], more than 21 supercritical 

CO2 cycle configurations were first modelled. On the basis of the 

performances obtained on different technical characteristics 

(overall efficiency, boiler temperatures, efficiency of the 

different components, flow rate...) and expert reviews on the 

influential parameters of the current flexibility of a thermal 

cycle, we made a first selection of 6 cycle configurations 

considered as the most interesting for both efficiency and 

flexibility. 

In a second step, it felt necessary to better understand what 

the future constraints related to flexibility would be in order to 

integrate them into the criteria for the selection of the best cycle 

configurations. To do this, we had to study the current cycle 

limits, anticipate future cycle operating chronicles and anticipate 

the constraints related to increasingly rapid and significant load 

variations. 

In the last phase of our study, we shared the results of the 

first two phases in order to establish a choice between 3 

configurations allowing the best compromise between 

performance and flexibility. 

FIRST SELECTION OF CYCLES CONFIGURATIONS 

More than 40 sCO2 Brayton cycle architectures can be found 

in the literature [Crespi et al, 2017], but not all of them are 

compatible with the project framework. Indeed, the chosen cycle 

must fit coal boiler constraints (such as low temperature of the 

working fluid at the boiler inlet, low pressure drops for high flow 

rate, good heat integration for a high boiler efficiency…), be 

efficient and suitable for flexible operation loads.  

Based on the knowledge given by previous simulation 

experiences [Le Moullec, 2013; Mecheri & Le Moullec, 2016] 

and literature review [Angelino, 1968; Crespi, 2017], we pre-

selected 21 cycle configurations among the more than 40 

possible ones. These configurations can be divided in 6 families 

of cycles (6 base form) with additional options. The list of these 

21 cycles and the simplified process flow diagram of studied 

architectures’ families are given in the following Table 1 and 

Figures 1 to 6.  

Table 1: List of the 21 pre-selected configurations 

FAMILY 
ADDITIONAL 

OPTION 

CYCLE 

NUMBER 

1 - Recompression 

cycle 

- 11 

One reheat 12 

Double reheat 13 

One intercooling 14 

Intercooling + 

reheat 

15 

HTR bypass 16 

2 - Partial cooling 

cycle 

- 21 

One reheat 22 

Double reheat 23 

HTR bypass 24 

3 - Pre-compression 

cycle 

- 31 

One reheat 32 

Double reheat 33 

HTR bypass 34 

4 - Turbine split-

flow cycle 

- 41 

One reheat 42 

LTR bypass 43 

5 - Preheating cycle - 51 

One reheat 52 

Double reheat 53 

6 - Split-expansion 

cycle 

- 61 

Figure 1: Recompression cycles Family 

Figure 2: Partial cooling cycles Family 
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Figure 3: Pre-compression cycles Family 

Figure 4: Turbine split flow cycles Family 

Figure 5: Preheating cycles Family 

Figure 6: Split expansion cycle Family 

To help us in the choice of several configurations, we 

decided to implement a sensitivity analysis on our selection of 

21 cycle configurations.  The sCO2 Brayton cycle is very 

sensitive to many parameters [Dostal, 2004; Mecheri & Le 

Moullec, 2016]. In our study, the pressure drops, the maximum 

temperature/pressure and the cooling temperature impacts on the 

cycle performance (cycle net efficiency) were assessed regarding 

the setting displayed in the Table 2. These parameters and the 

new values were chosen after a first interview of experts. 

Table 2 : Modified parameters for sensitivity analysis 

MODIFIED 

PARAMETER 
NEW VALUES 

Heat exchanger and boiler 

pressure drops 

HEx pressure drops = 0.1% of 

inlet pressure 

Boiler pressure drops = 0.1 

MPa 

Heat exchanger and boiler 

pressure drops 

HEx pressure drops = 1% of 

inlet pressure 

Boiler pressure drops = 0.5 

MPa 

Boiler outlet maximal 

temperature 

550°C (with compressor outlet 

pressure = 20 MPa) 

Boiler outlet maximal 

temperature 

700°C (with compressor outlet 

pressure = 30 MPa) 

CO2 minimal temperature 

(cooling temperature) 
30°C 

CO2 minimal temperature 

(cooling temperature) 
34°C 

Once our 21 cycle configurations were known and the 

parameters of the sensitivity analysis determined with the help 

of the experts, we were able to carry out the modelling work for 

each of the configurations and their respective sensitivity 

analyses. We used the process modelling software AspenPlus® 

with RefProp (NIST) thermodynamic database to obtain the 

design point of each cycle architecture is based on a sensitivity 

analysis. This screening method enables to assess the best cycle 

performances (given the fixed constraints) but also to obtain the 

global heat and mass balance table which is important for the 

components’ pre-design and design steps. The process 

simulation of cycle architectures is done regarding several 

assumptions and fixed parameters as defined below. 

Table 3: Assumptions on fixed parameters 

PARAMETER UNIT VALUE 

Net cycle production MWe 25 

CO2 temperature at the heat 

sink outlet (MSCUSXXT2) 

°C 33 

Maximum CO2 temperature 

at the heater outlet 

(MSHSOXXT2) 

°C 620 

Maximum CO2 pressure at 

the main compressor outlet 

(MSCOMXXP2) 

MPa 25.0 

Compressors isentropic 

efficiency 

% 80 

Turbine isentropic efficiency % 90 

Pressure drops in the heater 

(MSHSOXX) 

MPa No reheat: 

0.25 

One reheat: 

0.2 + 0.1 

Two reheats: 

0.2+0.1+0.1 
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HTR/LTR 

bypass : 

0.1+0.2 

Pressure drops in the 

recuperators (MSRCUXX) 

% of inlet 

pressure 

0.5 

Pressure drops in the heat 

sink heat exchanger 

(MSCUSXX) 

% of inlet 

pressure 

0.5 

Maximum number of 

intercooling 

1 

Auxiliary consumption MWe - 

Boiler maximal efficiency % 94 

CO2 purity % 100 

RESULTS OF MODELLING AND SENSITIVITY 

ANALYSES 

After modelling each of the 21 cycle configurations and 

performing the associated sensitivity analyses, we observed the 

impact of each of the parameters studied and established a list of 

6 cycles configurations as offering the best compromise between 

performance and flexibility at the end of the first stage of our 

study. The conclusions associated with the effects of the 

parameters, as well as the 6 selected cycles, are presented below. 

The first general conclusions concerning all studied 

architectures are: 

 Effect of reheating: the reheating process consists

in dividing the expansion step of the process and to

send back the sCO2 in the boiler to heat it again

before finishing the expansion step. As a general

statement, the CO2 mass flow is reduced when the

cycle efficiency increases at fixed electricity power

production. In our study constraints, the electricity

power production is fixed to be 25 MWe: thus, the

CO2 mass flow decreases with the application of

reheating process.

 Effect of intercooling: The intercooling consists in

dividing the compression stage in two (or several)

parts between which the CO2 is cooled before

finishing the compression stage. Intercooling

enables to slightly increase the cycle efficiency

(and thus the CO2 mass flow rate at fixed electricity

production) while ensuring at slightly lower CO2

temperature at the boiler inlet.

 Effect of bypassing the recuperator: The high (or

low) temperature recuperator bypass consists in

extracting a fraction of the main CO2 mass flow at

the H (or L) TR inlet. This modification has a

minor impact on the cycle performance and enables

to reduce the minimal CO2 temperature at the

boiler inlet.

The main sensitivity analysis results are: 

 As expected, the cycle pressure drops, and the

boiler outlet temperature have high impact on the

cycle efficiency. Cooling temperature and main

compressor outlet pressure have lower impact of

the cycle performance.

 As the electrical power production is fixed

(25MWe), better efficiency implies a lower CO2

mass flow. Indeed, the efficiency improvement is

mainly due to the amount of “recovered heat” in

the recuperators, especially in the HTR. The cycle

temperature balance is also impact by the pressure

drops. Also, the “minimal boiler inlet temperature”

is indeed impacted by the boiler outlet temperature:

for a given cycle, higher boiler outlet temperature

leads to higher turbine outlet temperature, thus, a

higher “heat recovery” in the HTR and finally, a

higher boiler inlet temperature.

 Cooling temperature variation study shows that the

cycle performance will be affected by variability

on the cooling temperature (flexibility).

Figure 7 illustrates the net cycle efficiency (in %) sensitivity 

with variation of the main compressor outlet pressure 

(MSCOM01P2 in MPa) for 3 different boiler outlet temperatures 

(MSHSOT2 in °C) for the cycle 11. It can be observed that, as 

predicted in [Dostal, 2004], the maximum cycle temperature has 

a stronger impact on the cycle next efficiency that the main 

compressor outlet pressure, which means that efforts to improve 

the net cycle efficiency must be concentrated to solve “high CO2 

temperature related issues” more than “high pressure related 

issues”. Of course, this conclusion is drawn regarding only the 

net cycle efficiency and should be balanced by considering other 

aspects (economic, flexibility…). 

Figure 7: Cycle 11 (figure 1) net cycle efficiency (in %) as a 

function of the main compressor outlet pressure 
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(MSCOM01P2 in MPa) for 3 different boiler outlet 

temperatures (MSHSOT2 in °C).  

FIRST SELECTED CONFIGURATIONS 

Three families of configurations have performances that are too 

low compared to our initial requirements (efficiency around 

40%, which is equivalent to the average efficiency of current 

power plants). These families are as follows: 

 Preheating cycles,

 Turbine split-flow cycles,

 Split-expansion cycle.

Despite their unattractive performance, we presented these cycle 

configurations to various experts, who confirmed our choice to 

eliminate them for the rest of the process, noting also the possible 

difficulty of managing supercritical CO2 during cycle operation, 

due to the different splits or by-passes of these configurations. 

We have therefore selected from the three families of remaining 

configurations, the best cycles in terms of efficiency and 

technical constraints on the various components (for example, 

the boiler, an essential element for flexibility, cannot withstand a 

low temperature that is too high because the cycle could not 

withstand too many cold restarts). 

The following table summarizes the 6 selected cycle 

configurations and the main associated technical characteristics. 

Recompression 
cycles 

Partial 

cooling 

cycles 

Precompression 
cycles 

Cycle 

number 
11 12 13 23 31 32 33 

Cycle net 

eff. (%) 
46.08 48.38 48.97 42.77 42.99 45.22 45.72 

Rejected 

Heat at 

the cooler 

(MWth) 

28.54 26.37 26.02 33.50 32.38 29.94 29.54 

Min boiler 

inlet temp. 

(°C) 

439.3 514.6 541.2 467.7 453.9 528.0 555.4 

Boiler eff. 

(%) 
88,5 84,3 82,9 86,9 87,7 83,6 82,1 

Total CO2 

mass flow 

(kg/s) 

239.5 221.6 217.6 200.1 279.4 264.4 260.6 

ANALYSIS OF CURRENT AND FUTURE 

FLEXIBILITY CONSTRAINTS 

After identifying 6 relevant cycles for the rest of our study, 

we focused on understanding current and future needs in terms 

of flexibility from the perspective of the fossil power plant 

operator. To this end, we have conducted interviews with experts, 

bibliographies of future regulations and simulations of future 

operating reports based on scenarios involving more renewable 

energies and therefore more restrictive for thermal power plant 

operators in terms of load variations and number of start/stop 

times. 

Load scenario for 2030 (50% of renewable energy): 

The EU Reference Scenario is one of the European 

Commission's key analysis tools in the areas of energy, transport 

and climate action It allows policy-makers to analyse the long-

term economic, energy, climate and transport outlook based on 

the current policy framework. It is not designed as a forecast of 

what is likely to happen in the future, but it provides a benchmark 

against which new policy proposals can be assessed. National 

experts from all EU countries actively participate in its 

preparation.  
The reference scenario is in phase with the European energy 

and environmental targets:  
 50% of renewable energy in the electricity mix (of

which 27% is wind power),

 + 27% of energy performance.

Based on the EU 2016 reference scenario – energy trend for 

2030 (EU REF 2016 - 2030), the European electricity mix has 

been estimated for 20 European countries in 2030. According to 

this estimation, 11 countries will still have coal-power plant 

production in 2030: Austria, Czech Republic, Finland, Germany, 

Hungary, Ireland, Italy, Netherland, Poland, Slovakia and 

Spain.   

Next table summarizes the main figures about coal-power 

plant production estimation. 

Table 4: EU coal fleet figures based on 2030 scenario 

COUNTRY 
NUMBER OF 

UNIT (COAL) 

NUMBER OF START-

UPS PER UNIT PER 

YEAR (AVERAGE) 

Germany 20 25 

Czech Rep. 18 19 

Poland 13 27 

Italy 6 26 

Netherland 4 36 

Finland 3 36 

Austria 2 32 

Spain 2 56 

Ireland 2 57 

Hungary 1 67 

Slovakia 1 82 

To identify the partial load operating share, we used public 

scenarios as well as prospective scenarios from network 

operators. 

The following figure shows the evolution of the number of 

starts and part-load operation. 
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Figure 8: Annual full load hours (left) and part-load 

operation time (right) for benchmark power plants under 

increasing RES shares (source: IEA analysis, 2014) (cf 

Annex) 

The figure clearly shows that the main impact will be that both 

old and new fossil plants will reduce their full load operation in 

the future; in terms of part load, while old plants will again 

reduce their operation as they will not be able to compete due to 

low efficiencies, new ones with better flexibility performances 

will still be able to participate to the market increasing their part 

load operation, the price to pay being an increased number of 

startup/stops. 

For sCO2-Flex purposes, a single unit yearly operation 

profile is chosen, to be used as a reference for the simulations 

aiming at assessing the cycle’s capability to cope with future grid 

needs as well as the relevant efficiency figures (see Figure 8):  

Figure 9: 2030 Reference Plant operation (cf Annex) 

The chart is normalized on maximum power (PMAX); the plant is 

supposed to participate to grid regulation, therefore a 12% power 

bandwidth is dedicated to such operation on both top and bottom 

ends of the operational power range: therefore the actual power 

never exceeds 88% PMAX and seldom drops below 57% 

(minimum power being set at 45% PMAX).  

Such Reference Plant undergoes around 70 start-stop cycles, 

mostly hot and warm ones, meaning that the stops mainly last 

less than 48 hours.  

Flexibility constraints 

For this part of our study, the French Q600 power stations 

have been used as the reference for what has been defined as 

“most commonly used coal plants”; this may not be totally fair 

in terms of representativeness (average figures would probably 

be a better choice), nevertheless it allows to describe a real plant 

and to provide real and more coherent figures, resulting in more 

meaningful information. 

The Q600 main parameters describing their capabilities in 

terms of flexibility (as it has been defined in the previous 

paragraphs) are listed in the table below: 

Table 4: Q600 flexibility performances 

PARAMETER VALUE 

Net continuous power output: 580 MW 

Minimum continuous load: 280 MW 

Load variation ramp: +5 / -7 MW/min (+8% / - 

12% PNet)  

Start-up time: Cold start-up: 13h 

Warm start-up: 9h 

Hot start-up: 4.5h  

Minimum up time after start-

up:  

8h 

Primary Reserve power: + 40 MW @max power 

+ 20 / -12 MW @min power 

Secondary Reserve power: ± 60 MW @max power 

± 20 MW @min power 

In addition to the already mentioned minimum load, load 

ramp and start-up time, a few further parameters in Table 4 allow 

to have a better picture relevant to Q600 operational constraints: 

- The minimum required time between two consecutive 

events of connection and disconnection from the grid 

(which results from the need to assure a proper 

sweeping of the combustion chamber and of the air 

preheaters); 

- The allowances for primary and secondary regulation, 

which must be kept available for grid balancing (and 

which are paid for accordingly by the TSO). 

For our question, load variation ramps and stop/start times are 

the important points that will allow us to determine if a 

supercritical CO2 cycle can be more flexible than a conventional 

cycle. We have therefore tried to understand which elements of 

the cycle (component, operation,...) have an influence on these 

points. 

In a conventional cycle, the start-up description is relevant 

to cold conditions; depending on the down time, some elements 

like the feed-water tank and the boiler have to be re-filled or not. 

All the heat exchangers (preheaters, superheaters and reheaters) 

are isolated and the turbine is under vacuum. 

The first step is to restart the plant cooling loop, then to be 

sure of the water level inside the feed-water tank, needed to 

compensate for the water losses linked to the activation of the 

extraction pumps. The condenser is then put under vacuum and 

water circulates in the loop in order to be properly de-aerated, 

before starting to heat up. The boiler as well is filled with water, 

and some constraints must be taken into account during the 

heating process, in order to limit thermal stresses on the materials 

and components. In this phase the heat source is the auxiliary 

steam which comes either from an auxiliary boiler or from other 

sources available on site. 

Before firing the boiler, some time is needed to rinse the 

inside of the tubes and sweep the outside (air side), in order to 

get rid of any particle which could have been left from the 

previous shut down; after that the burners are put in operation 
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and the boiler is fired; at first with auxiliary oil burners, then 

progressively by means of pulverized coal. The system is heated 

up again with some temperature rate constraints, while the 

turbine is being bypassed; the electric feed pumps are replaced 

by turbo pumps and the de-nitrification systems is activated. 

When the proper steam grade is reached, the turbine inlet 

valve is opened and the turbine is progressively accelerated and 

heated. 

The acceleration process consists in a sequence of speed 

increase at specific rates followed by short periods at constant 

speed in order to evenly heat up all the turbine elements and to 

eliminate all possible eccentricity issues. Furthermore, specific 

constraints on the temperature difference between steam and 

turbine organs are there, in order to avoid uneven thermal 

expansions, resulting in material stresses (or even in contacts 

between the rotor and the stator) as well as steam condensation 

on metal surfaces, generating water droplets which can be a 

cause of mechanical stress on the blades. 

Once the turbine speed is stable at 3000 rpm and all the 

relevant parameters are ok, the alternator can be coupled with the 

grid, applying from the beginning some tenths of megawatts 

(normally 40) to avoid that any power flashback causes a grid 

disconnection. 

In conclusion, both boiler and turbine of current coal power 

plants require time-consuming procedures during start-up in 

order to limit stress on these components (which could impact 

their residual lifetime). Considering the new sCO2 cycle, which 

is the purpose of this project, some hypotheses can be made at 

general level, which will be further analysed in the future 

deliverables once the cycle architecture and the equipment are 

designed: 

- sCO2 boiler: most of the current coal-boiler constraints 

are expected to be still with new sCO2 Boiler 

technologies, the only difference being the working 

fluid (the combustion should still be the same and the 

global geometry is not expected to be completely 

different from current technologies); 

- sCO2 turbine: it is expected to be much more compact 

than current steam turbines, therefore, problems related 

to thermal expansion will be different: the reduced 

dimensions of the equipment are likely to limit the 

differential expansion, but at the same time they cause 

an increased impact of leakage losses on turbine 

efficiency, which may lead to a reduced “rotor-stator” 

spacing, resulting in stricter tolerances in terms of 

differential expansion. 

FINAL SELECTION OF CYCLES 

On the basis of cycle modelling and our analysis of 

flexibility requirements, we therefore presented the 6 cycle 

configurations to experts in boilers, turbomachines, heat 

exchangers and thermal cycle operation to ask them to identify 

the 2 most relevant cycles to keep for the rest of the work of the 

sCO2-Flex project. Their conclusions are as follows: 

Constraints related to the project sCO2-Flex objectives 

 Performance

Regarding the performance constraint, the selection turns 

towards the most efficient cycles (family 1: recompression 

cycles). Cycle efficiency highly depends on its regenerative rate: 

highly regenerative cycles allow for high amount of recovered 

heat in the recuperators, thus requiring less heat input in the 

boiler for the same power output, leading to a cycle efficiency 

increase. A direct consequence is that high efficiency cycles have 

high CO2 temperature at the boiler inlet (all other parameters 

being fixed).  

Cycle 13 offers the best expected cycle performances. 

However, a double reheat cycle is more complex and challenging 

for the turbomachines; furthermore, CO2 temperature at the 

boiler inlet is about 540°C, which is higher than 470°C and not 

recommended for boiler integrity.  

 Flexibility and the control of the cycle

Complex and multipart cycle architectures can be difficult to 

control and regulate. From this point of view, the most flexible 

solution would probably have a simple cycle architecture (small 

number of recirculation loops or components are easier to control 

and regulate). However, as explained above, the cycle efficiency 

highly depends on its architecture (for example: recompression 

loop is highly recommended to have high cycle performances but 

it brings additional complexity). A compromise must be found 

between the cycle performance and the layout simplicity for 

better flexibility. 

Constraints related to the main components 

 Boiler

Coal boiler integrity depends on the cooling capacity of the 

working fluid (CO2 in our case) to protect the boiler tubes and 

wall surfaces. The CO2 temperature in the boiler must be 

securely and accurately controlled to ensure material protection. 

Due to the corrosion problems of the materials, the fact that 

the heat exchange surfaces may be larger than for a steam boiler, 

as well as the fact that the temperature management of the sCO2 

will not be done in the same way as for a conventional boiler, we 

have decided to designate a new boiler model, in order to choose 

the most suitable materials to resist corrosion, put in place the 

necessary strategies to control the CO2 temperature and integrate 

as much as possible the pollution control equipment 

Our objective will then be to have a new boiler design with 

similar (or lower) cost and footprint than a conventional boiler. 

 Turbomachinery

Concerning the turbomachines, two main aspects can be 

considered: i) the performance of each turbomachine (isentropic 

efficiency) and ii) the mechanical issues related to manufacturing 

process and the regulation/control at part load.  

Depending on the cycle architecture, the design of the 

turbomachines changes (size, rotation speed, number of 

stages…). In this context changing the cycle architecture involve 

turbomachine efficiency and geometry variations at fixed power 

output. Thus, some architecture “families” are more interesting 

than others from the turbomachines point of view. 
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From the mechanical and manufacturing point of view, the 

most suitable group of cycle configuration is the “family” n°3, 

followed by the number n°2 and finally, the n°1 which represent 

complex turbomachines due to CO2 temperature, pressure and 

flow rate conditions. It can be observed that this ranking is not 

favourable for the performance of the cycle. Here also, a 

compromise must be found between these two constraints 

Finally, regarding all specified criteria, the 3 selected cycles 

for the next step of sCO2-Flex project are the following:  

• Cycle 13 for cycle performance

• Cycle 23 for both boiler integrity and turbomachines (good

turbomachine performances). 

• Cycle 31 for simplicity, turbomachines and boiler integrity.

CONCLUSION 

Our main objective for this study was to find several 

configurations of supercritical CO2 cycles that would offer a 

compromise between performance and flexibility. One of our 

main difficulties was to succeed in breaking free from the habits 

associated with conventional steam and water cycles. To do this, 

we first identified and modelled 21 cycle configurations, based 

on the scientific literature and our first work on supercritical CO2 

cycles. From the results of this step, we sought to determine what 

would be the main constraints related to flexibility with this type 

of cycle (constraints different from those known for water/steam 

cycles). We conducted a sensitivity analysis on the main 

influential parameters to determine their real impact. Then, 

based on several scenarios anticipating a strong increase in 

renewable energies in the European landscape (50% of 

electricity production), we established new annual reports on the 

operation of thermal power plants in order to establish 

hypotheses on load variations and the number of power plant 

shutdowns and start-ups.  

Once all the results and assumptions were available, we 

were able to choose 3 interesting configurations for our project 

with operating and component experts. 

During the rest of our project, we will work to optimize the 

most interesting configuration for both flexibility and 

performance. The selection among the 3 configurations will be 

made according to the developments of the turbomachines, 

exchangers, boiler as well as the optimization of the control-

command. 

NOMENCLATURE 

HEX: Heat Exchanger 

HTR: High temperature recuperator 

LTR: Low temperature recuperator 

MSCUSXX: Heat sinks of the cycle n°XX 

MSHSOXX: Heat sources (heaters) of the cycle n°XX 

MSCOMXX: Compressor of the cycle n°XX 

MSTURXX: Turbine of the cycle n°XX 

MSRCUXX: Recuperator of the cycle n°XX 

TSO: Transmission System Operator 

PR: Primary Regulation 

SR: Secondary Regulation 
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ANNEX 

Figure 8: Annual full load hours (left) and part-load operation time (right) for benchmark power plants under increasing RES shares 

(source: IEA analysis, 2014) 

Figure 9: 2030 Reference Plant operation 
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ABSTRACT 

Industrial processes are currently characterized by thermal 

energy losses through high temperature exhausts or effluents 

(above 300°C) that, on a global scale, account for nearly 11.4% 

of their primary energy consumption, namely 12.1 EJ. For these 

high temperature exhausts, conventional waste heat to power 

conversion systems based on bottoming thermodynamic cycles 

are not very suitable since most of the state of the art working 

fluids are not able to perform safely and efficiently at high 

temperatures. Supercritical Carbon Dioxide (sCO2) power 

systems allow to overcome these limitations because of the 

chemical and thermo-physical properties of the working fluid.  

In order to provide insights on the behavior of sCO2 systems, 

this paper presents the development of a one-dimensional 

numerical model of a low capacity (50 kWe) simple regenerated 

system for medium to high temperature waste heat recovery 

applications. The unit is equipped with single-shaft radial 

turbomachinery and different heat exchanger technologies such 

as micro-tube, printed circuit, plate, etc. Flue gas and water are 

used as heat source and sink respectively. At nominal conditions, 

i.e. for a flue gas mass flow rate of 1.0 kg/s at 650°C, the unit 

operates at a cycle pressure ratio of 1.7, generating 50 kWe with 

a thermal efficiency of 20%. The paper first discusses the 

modelling methodology, including turbomachinery and heat 

exchanger models implementation, and then assesses the steady-

state performance of the unit at design and off-design operating 

conditions. From the simulations carried out operating maps of 

the unit have been obtained to form the baseline for the setting 

up of control strategies for the sCO2 system. The results show 

that the system can generate up to 75 kWe for a heat source mass 

flow rate of 1.2 kg/s and heat source temperature of 700°C.  

INTRODUCTION 

The increasing energy demand and the environmental 

concerns posed by the extensive use of fossil fuel, have steered 

research interest towards more sustainable power generation. In 

this context, a major challenge is the significant amount of 

thermal energy losses occurring in industrial processes. Indeed, 

on global scale, almost  30% of the primary energy consumption 

is rejected, through exhausts or effluents, into the environment 

[1]. To efficiently recover and re-use this thermal energy, heat to 

power conversion systems based on bottoming thermodynamic 

cycles represent one of the most promising technologies. Unlike 

those applications rejecting heat at low temperatures which 

benefit from commercially available solutions like the Organic 

Rankine Cycle (ORC) systems [2], the exploitation of exhausts 

and effluents at temperatures higher than 300°C still represents 

a technical challenge.  

A promising technology for such applications is the Joule-

Brayton cycle, using supercritical CO2 (sCO2) as working fluid, 

which allows to achieve higher efficiencies than ORCs due to the 

advantageous thermo-physical properties of the CO2 near the 

critical point [3,4]. Many works are available in the literature on 

sCO2 heat to power conversion systems. Theoretical 

investigations have been presented in references [5–8] to assess 

how different cycle architectures could improve system 

performance and economic figures. Numerical and experimental 

studies have also been performed on individual unit components 

such as heat exchangers, turbomachines and auxiliaries to 

overcome the technical challenges arising when CO2 is used as a 

working fluid.  

Kwon et al. [9] and Fu et al. [10] presented different 

numerical models of Printed Circuit Heat Exchangers (PCHEs) 

to predict their off-design behavior when used as gas cooler or 

recuperator in sCO2 Brayton power cycles, while Bae et al. [11] 
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proposed a new set of heat transfer and pressure drop correlations 

for these heat exchangers. 

 Several studies have also been carried out on sCO2 

turbomachinery. Various design methodologies have been 

developed for turbines [12,13], compressors [14–17] and 

auxiliaries such as bearings and seals [18,19], which in sCO2 

applications are of paramount importance to prevent leakage and 

to guarantee lubrication at high pressures and revolution speeds. 

Several computational models have also been implemented to 

predict their off-design performance [20-22], but few 

experimental analyses can be found. Experimental compressor 

and turbine performance maps have been presented only by 

Wright et al. [23], while experimental investigations of 

centrifugal compressors close to the CO2 critical point have been 

reported by Utamura et al. [24] and Fuller and Eisemann [25]. 

Despite the intensive research from a purely theoretical 

point of view and from a component wise perspective, few works 

are available on the overall performance of small-scale power 

units (50-100 kWe), particularly at off design conditions.  

Lambruschini et al. [26] developed a model in Matlab 

Simulink of a 10 MWe recompression Brayton cycle for power 

generation applications. Performance maps were used to predict 

the behaviour of turbomachines, while simple models (i.e. fixed 

heat transfer coefficient) were considered for the heat 

exchangers. Even though the dynamics of the system were 

investigated, more complex models are needed for heat 

exchangers in order to accurately predict the behaviour of the 

unit also in operating conditions far from the design point.  A 

more detailed model developed in Dymola has been proposed by 

Zhang et al. in [27]. Performance maps were used to model the 

turbomachines while for the heat exchangers a finite volume 

approach was adopted. In particular, the local heat transfer 

coefficient for different operating conditions of the heat 

exchangers was predicted using heat transfer correlations. 

However, the heat exchanger models did not take into account 

the different heat exchanger technologies employed. Similarly, 

Luu et al. in [28] developed a model of a high capacity sCO2 

recompression cycle system for Concentrated Solar Power 

applications. Also in this work, the same approach has been used 

to model all the system heat exchangers, independently from the 

technology used.  

The models reported in the literature not only refer to high 

capacity power units but also to layouts and component 

technologies that are specific to solar or nuclear power 

applications. In system models, heat exchangers are modelled 

independently from their typology and their specific geometrical 

and technological features. These assumptions may affect the 

validity of the overall performance predictions. 

To fill the gap in the literature, in this work a more detailed 

model of a low capacity sCO2 heat to power conversion system 

has been developed. The sCO2 unit has been designed for Waste 

Heat Recovery (WHR) applications and therefore considers a 

simple regenerated layout due to its lower complexity and 

investment cost. The model implements performance maps for 

the turbomachines while each different heat exchanger is 

modelled considering its geometrical features and using 

manufacturer’s data for calibration. The system performance has 

been investigated at design and off-design conditions. Amongst 

the main outputs, are performance maps for the whole system 

which can be used for control design purposes.  

MODELLING METHODOLOGY 

The model presented in this work refers to a 50 kWe sCO2 

simple regenerated Brayton cycle unit for medium to high 

thermal grade WHR applications under construction at Brunel 

University London [29]. The facility employs flue gases as heat 

source and water as heat sink, either if other cooling sources can 

be used (i.e. air coolers). Both compressor and turbine are 

centrifugal machines, while plate, printed circuit and micro-tube 

heat exchangers are considered for the gas cooler, the recuperator 

and the primary heater respectively.  

The model of the system has been developed in the 

commercial software platform GT-SUITETM. Figure 1 shows the 

model block diagram, where the uppercase captions point to the 

sub-models of each component, while the lowercase ones refer 

to the boundary and initial conditions of the model.  

Figure 1: sCO2 system model developed in GT-SUITETM. 

The heat exchangers are modelled following a one-

dimensional approach. According to their geometrical features, 

the hot and cold sides of the heat exchangers are approximated 

as one-dimensional (1-D) channels with an equivalent length and 

cross-sectional area. Both sides are therefore interconnected 

through convective connections to a thermal mass, which 

accounts for the thermal inertia of the heat exchanger and 

considers its real material properties. To account of the thermo-

fluid property change, the channels and the thermal mass are 

discretized along the flow direction in a certain number of sub-

volumes. Consequently, following the so called ‘staggered grid 

approach’ [30], the 1-D Navier-Stokes equations are numerically 
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solved to calculate the mass flow rates, pressures and total 

enthalpies of the hot and cold flows at the boundaries of the 

channels’ sub-volumes. The other thermodynamic scalar 

quantities are computed through a dynamic-link library of the 

NIST Refprop database [31] and assumed constant in the whole 

sub-volume domain. 

In order to solve the energy equation, the computation of the 

local heat transfer coefficients between the heat exchanger walls 

and the cold and hot channels respectively is required. For the 

refrigerant side (sCO2 flow), the Gnieliski heat transfer 

correlation is employed [32] and calibrated against performance 

data provided by the manufacturers. For the non-refrigerant one 

(i.e. water or air), these data are used to calculate the best fitting 

coefficients of the Nusselt-Reynolds (Nu-Re) correlations for the 

equivalent 1-D networks. These correlations are then adopted to 

calculate the heat transfer coefficients [33].  

Manufacturer data provide performance characteristics for 

different flow rates of the two working fluids to span a wide 

range of Reynolds numbers. This allows the prediction of the 

heat exchanger performance at off-design conditions. The 

pressure drops across the heat exchanger are computed using a 

modified version of the Colebrook equation [34]. A more 

detailed description of the modelling methodology can be found 

in [35,36]. 

The same modelling approach has been employed for the 

pipes connecting the different components, with the only 

difference that thermal losses are neglected. The inertia due to 

the mechanical shaft connecting the turbomachines and that of 

the generator are taken into account. Parasitic losses of the 

system ancillaries, such as the water cooling pump and the 

compressors required to extract the leakage flows from the 

generator cavity, have not been considered for the calculation of 

the system performance. 

INTEGRATION OF TURBOMACHINERY MAPS 

For the modelling of the turbomachines, performance maps have 

been used, generated by using three-dimensional Computational 

Fluid Dynamic (CFD) models. The compressor and turbine 

impeller geometries selected during the design stage are similar 

to the ones tested at the Sandia sCO2 compression loop facility 

[23]. The number of vanes are equal (6+6, as shown in Figure 2) 

but the blade shape has been modified and the wheels dimensions 

scaled to achieve a higher efficiency. A wheel diameter of 57.12 

mm has been selected for the turbine and 44.03 mm for the 

compressor. For the design and model of the turbomachines, 

different packages in ANSYS have been used (i.e. CCD, RTD 

and BladeGen).  

To perform validation of the model, simulations have been 

carried out assuming the initial thermodynamic conditions of the 

CO2 to be in the supercritical region. The inlet temperature has 

been set equal to 32.5°C, the inlet pressure 78.7 bar, and the 

design shaft speed has been set at 55,000 RPM. Compressor inlet 

operating conditions were determined to avoid the formation of 

liquid where the flow is accelerated locally. 

ANSYS CFX 17.1 was employed to perform single-passage 

steady state calculations. The wheel’s mesh has been generated 

in ANSYS-TurboGrid, shown in Figure 2, together with the flow 

path of the compressor. An Automatic Topology and Meshing 

feature (ATM optimized) has been employed inside the impeller, 

with a mesh of approximately 10+6 nodes (Figure 2). The k-ε and 

total energy models have been used to take into account the flow 

turbulence and its compressibility, with total pressure and total 

temperature defined as inlet boundary conditions and the flow 

direction considered normal to the boundary. Outlet average 

static pressure has been chosen as outlet boundary condition. 

Figure 2: ANSYS-TurboGrid Mesh and flow path for 

Supercritical CO2 compressor. 

To simulate the real gas effect, the Span-Wagner Equation 

of State model has been used to accurately generate the flow 

properties [37]. For this purpose, a Real Gas Property (RGP) 

format table has been created to implement the variable 

properties in the CFX code. The user-defined table includes CO2 

features such as specific heat ratio and density near the critical 

point, which fluctuates due to the phase change effect. These 

features have been created using the NIST Refrop 8.0 fluid 

property database. The generated property files have been 

combined with a MATLAB code to create a lookup table as an 

input of TASCflow RGP in ANSYS CFX 17.1. 

Once validated, the model results have been used to obtain 

the turbomachinery performance data, which have been 

employed to generate the turbine and compressor performance 

maps in GT-SUITETM. 

Figures 3 and 4 show the compressor operating and 

efficiency maps respectively. The maps are expressed in reduced 

data, meaning that the mass flow rate and revolution speed are 

scaled with the reference pressure and temperature considered to 

generate the data. Figure 5 and Figure 6 show instead the 

operating and efficiency maps of the turbine. 

Each of these maps has been generated by maintaining 

constant the inlet thermodynamic conditions of the working fluid 

(pressure and temperature) and changing the outlet static 

pressure at different revolution speeds (at least five pressure 

ratios for each revolution speed are required to ensure an 

accurate interpolation of the operating curves). Beyond the speed 

range of the simulated working points, a linear extrapolation 

method is used to predict the performance of the turbomachines. 

A small distortion is noticeable in these maps, which is 

particularly located in the surge line. This is due to the change in 

the pressure rise characteristics occurring between higher and 

lower rotational speeds. The pressure changes inside the 
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compressor stages for different speeds have been influenced by 

the supercritical CO2 characteristics. 

Figure 3: Compressor operating map generated for a reference 

temperature and pressure of 308.15K and 75 bar respectively 

(revolution speed expressed in reduced RPM [RPM/K0.5]). 

Figure 4: Compressor efficiency map generated for a reference 

temperature and pressure of 308.15K and 75 bar respectively 

(efficiency expressed in percentage units [%]). 

The operation target for this compressor in the supercritical 

region approaches the critical point. This condition has positive 

effect on the choke line. In fact, the real gas properties of the CO2 

lead to a reduction of the choke margin in the compressor stage 

compared to the one typical of conventional machines using 

ideal gases [37]. 

RESULTS AND DISCUSSION 

After the model validation stage, a series of simulations 

have been carried out to assess the steady-state performance of 

the sCO2 system. The heat source and heat sink mass flow rates 

and inlet temperatures have been varied to analyze their effect on 

the unit, the net power output and thermal efficiency as well as 

on the temperature of the working fluid at the inlet of the turbine 

and the compressor, which are of important relevance to the 

cycle performance [8]. The revolution speed of the 

turbomachines has been maintained constant and equal to the 

design point for the whole set of simulations. Tables 1 and 2 

summarize the nominal operating conditions of the system at the 

design point as well as the input and output quantities of the 

model.  

Figure 5: Turbine operating map generated for a reference 

temperature and pressure of 650K and 145 bar respectively 

(revolution speed expressed in reduced RPM [RPM/K0.5]). 

Figure 6: Turbine efficiency map generated for a reference 

temperature and pressure of 650K and 145 bar respectively 

(efficiency expressed in percentage units [%]). 

Table 1 – Operating conditions of the sCO2 unit at the design point 

Supercritical CO2 Design Model I/O 

Mass flow rate [kg/s] 2.1 Output 

Highest pressure [bar] 128 Output 

Lowest pressure [bar] 75 Output 

Heat source: flue gas 

Mass flow rate [kg/s] 1.0 Input 

Inlet temperature [°C] 650 Input 

Inlet pressure [bar] 1 Input 

Cold source: Water 

Mass flow rate [kg/s] 1.6 Input 

Inlet temperature [°C] 25 Input 

Inlet pressure [bar] 3 Input 
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Table 2 – Turbomachinery operating conditions at the design point 

Compressor Design Model I/O 

Revolution speed [RPM] 86000 Input 

Isentropic efficiency  [%] 75 Output 

Inlet temperature  [°C] 36 Output 

Turbine 

Revolution speed [RPM] 86000 Input 

Isentropic efficiency  [%] 80 Output 

Inlet temperature  [°C] 400 Output 

sCO2 unit 

Mechanical net power output [kW] 50 Output 

Overall efficiency [%] 20 Output 

Figure 7 shows how the power output of the sCO2 unit 

changes following the variations of the heat load, namely the 

inlet temperature and mass flow rate. In this set of simulations, 

the inlet conditions of the heat sink have been maintained 

constant and equal to the design values. The cycle pressure ratio 

slightly changes depending on the heat load supplied at the 

heater. In particular, it can be seen that the map gives an 

indication of the limit conditions of the waste heat source for 

which the sCO2 system is not able to generate power. It can be 

observed that for flue gas mass flow rates lower than 0.8 kg/s, 

the inlet temperature of the heat exchanger must be higher than 

500°C in order to have a not null net power output. For lower 

temperatures, the compressor requires more power than the one 

generated by the turbine and consequently the net power output 

of the system is negative, around -15 kW (Figure 7). This is 

mainly due to the low design pressure ratio of the cycle, which 

together with the low divergence of the CO2 isobaric lines, 

requires the achievement of high turbine inlet temperatures to 

reach a positive power output. 

For this reason, high exhaust temperatures are needed to 

achieve high system power outputs. For instance, for a unitary 

exhaust mass flow rate, considering a flue gas temperature 

increase from 600°C to 850°C, the unit power output rises from 

45 kW to 90 kW. If the same percentage change in the hot source 

mass flow rate occurs, for example at 650°C, the net outcome 

varies only from 50 kW to 62 kW. 

The increase of the hot source mass flow rate, only leads to 

a slightly higher working fluid mass flow rate in the circuit to 

balance the higher thermal load available at the primary heater. 

Consequently, the thermal efficiency of the system remains 

almost constant and the power output gain is achieved thanks to 

the greater mass flow rate of CO2 processed. On the contrary, a 

rise of the hot source temperature leads to a higher working fluid 

temperature at the turbine inlet, with a positive effect on the cycle 

thermal efficiency. 

Figure 7: sCO2 unit net power output as a function of the heat 

source inlet temperature and mass flow rate 

Figure 8 confirms the abovementioned statement, showing 

a higher sensitivity of the cycle thermal efficiency to the hot 

source inlet temperature rather than its mass flow rate. In fact, a 

variation of the latter quantity from 0.8 kg/s to 1.2 kg/s at 650°C, 

leads to an efficiency rise of almost 12% (from 16% to 18%), 

against a 52% increase (from 10% to 22%) for the same 

percentage change of flue gas temperature (considering a 1.0 

kg/s mass flow rate). An even higher efficiency (around 30%) 

can be achieved for an exhaust temperature of 850°C and a mass 

flow rate of 1.4 kg/s. A further increased efficiency can be 

obtained by increasing the design cycle pressure ratio, which 

would lead however to increased investment and operational 

costs due to higher-end materials and more expensive 

components, which is not desirable for WHR applications. 

The efficiency of the cycle is also strongly influenced by the 

sCO2 temperature at the turbine inlet. For the design adopted, the 

highest system power output and efficiency occur when a 

temperature at the turbine inlet of 650°C is reached (Figure 9). 

and are equal to 105 kW (Figure 7) and 30% (Figure 8) 

respectively.  

For turbine inlet temperature lower than 275°C, occurring 

for a hot source mass flow rate and inlet temperature lower than 

0.9 kg/s and 550°C respectively (Figure 9), the system is not able 

to generate net power output (Figure 7).  
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Figure 8: Variation of sCO2 unit thermal efficiency with heat 

source inlet temperature and mass flow rate. 

In particular, the results shown in Figure 9 suggest that it is 

possible to reduce the relevant temperature difference between 

the inlet temperature of the flue gases and the CO2 at the turbine 

inlet by increasing the flue gas mass flow rate. For instance, if a 

hot source inlet temperature of 650°C is considered, increasing 

the hot source mass flow rate from 1 kg/s up to 1.4 kg/s can lead 

to a rise in the turbine inlet temperature from 400°C to 450°C, 

with a consequent increase in the power output from 50 kW to 

63 kW (Figure 7) and of the thermal efficiency from 17% to 

almost 20% (Figure 8). 

This increase in performance is due to the lower exergy loss 

occurring in the primary heater. Increasing the mass flow rate of 

the hot source counterbalances the higher thermal capacity of the 

CO2. Then, a better matching of the temperature profiles of the 

two fluids in the heat exchanger can be achieved, leading to a 

higher exergy efficiency. A further solution would be the 

adoption of different cycle layouts designed to achieve better 

temperature profile matching. However, the higher investment 

cost due to the additional components required (i.e. heat 

exchangers, compressors and turbines), may increase the 

payback period of the heat to power conversion unit 

disproportionally. 

A further positive effect on the system performance can also 

be achieved by reducing the inlet temperature of the cold source, 

as showed in Figure 10. Given a cooling fluid mass flow rate of 

1.6 kg/s, a reduction of  20% in its inlet temperature can actually 

lead to a power output increase from 48 kW to 64 kW. Similarly, 

the same percentage variation of cold source mass flow rate,  at 

an inlet temperature of 18°C, allows an increase in the system 

power output from 54 kW to 64 kW. 

Figure 9: Variation of sCO2 temperature at the turbine inlet with 

heat source inlet temperature and mass flow rate. 

Figure 10: Variation of sCO2 unit net power output with cold 

source inlet temperature and mass flow rate. 

In particular, an increase of the cooling load allows to 

decrease the compressor inlet temperature of the CO2, which gets 

closer to the critical point. At critical conditions, the CO2 
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isothermal compressibility increases steeply, allowing a more 

efficient compression. The decreased compression power then 

leads to an increased system net power output and thermal 

efficiency. 

The thermal efficiency gain achievable is shown in Figure 

11. Considering a a cold source mass flow rate of 1.6 kg/s, a 

decrease of its inlet temperature from 26°C down to 16°C leads 

to an increase in the cycle thermal efficiency from 9% to 21%. A 

higher efficiency value of 24% can be reached by increasing the 

cooling flow rate to 2.4 kg/s, and keeping its inlet temperature 

lower than 18°C. For higher cooling fluid temperatures the 

maximum efficiency is limited to 20%.  

 

  
Figure 11: Variation of sCO2 unit thermal efficiency with cold 

source inlet temperature and mass flow rate. 

 

It can also be seen from Figures 10 and 11, that for mass 

flow rates higher than 1.6 kg/s and inlet temperatures lower than 

20°C, less steep performance improvements can be observed. 

Considering for instance a cold source inlet temperature of 14°C 

and a variation of mass flow rate from 1.6 kg/s to 2.4 kg/s (Figure 

10), the system power output increases only from 75 kW to 80 

kW and the thermal efficiency from 23% to 24% (Figure 11). 

The reason for this can be explained by referring to Figure 

12, which shows the variation in the CO2 temperature at the 

compressors inlet as a function of the cooling load available at 

the gas cooler. In the range of cold source inlet conditions 

considered, the compressor inlet temperature is constant and 

equal to 35°C. No further temperature reductions could be 

achieved even for increased cooling flow rate, due to the higher 

thermal capacity that the CO2 assumes close to the critical point. 

This ensures a CO2 temperature at the compressor inlet always 

higher than the critical temperature which avoids condensation 

and dry conditions at the start of compression.  

 

 
Figure 12: Variation of sCO2 temperature at the compressor inlet 

with cold source inlet temperature and mass flow rate. 

 

 

CONCLUSIONS 

The aim of the research presented in this paper was to 

investigate the off-design performance of a low capacity sCO2 

heat to power conversion unit designed for medium to high 

thermal grade WHR applications. To model each component, 

performance data provided by manufacturers or obtained from 

more complex CFD models have been used. In particular, the 

operating maps of the radial compressor and turbine have been 

generated and presented. 

Off-design steady state simulations were carried out to 

assess the effect of the hot and cold source inlet conditions on 

the unit performance as well as on the sCO2 temperature at the 

inlet of the compressor and turbine.  Performance maps of the 

sCO2 unit have been generated and can be used in the design of 

control strategies for the system. In particular, the maps showed 

that the unit is not able to generate power if a heat source mass 

flow of 0.8 kg/s is used at a temperature lower than 500°C, due 

to the low sCO2 temperature at the turbine inlet (275°C).  

The temperature of the cold sink can have a significant 

influence on the unit power output and efficiency. For a fixed 

heat load and assuming a coolant mass flow rate of 1.6 kg/s, a 

decrease in the cooling fluid inlet temperature from 26°C to 16°C 

leads to an increase in the system power output and efficiency 

from 40 kW to 72 kW and from 9% up to 21% respectively, 

Moreover, the analysis showed that no condensation at the 
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compressor inlet occurs since the minimum temperature 

achieved is 35°C, which ensures safe operating conditions for the 

compressor over the whole range of cooling fluid inlet 

temperatures investigated. 

 

 

NOMENCLATURE 

 

CFD Computational Fluid Dynamics 

I/O Input/Output 

p0 Reference pressure 

RPM Revolutions Per Minute 

sCO2  supercritical carbon dioxide 

T0 Reference temperature 

WHR  Waste Heat Recovery 
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ABSTRACT 
The Nuclear Energy Systems Laboratory (NESL) Brayton 

Laboratory at Sandia National Laboratories has been at the 
forefront of supercritical carbon dioxide (sCO2) power cycle 
development since 2007 when internal R&D funds were used to 
investigate the stability of sCO2 as a working fluid for power 
cycles.  Since then, Sandia has been a leader in research and 
development of sCO2 power cycles through government funded 
research and by partnering with industry to design and test 
components necessary for commercialization of sCO2 Brayton 
cycles.  Peregrine Turbine Technologies (PTT) is a small 
business working to commercialize sCO2 power cycles with 
their proprietary thermodynamic cycles, heat exchangers, and 
turbomachinery designs.  Under a Small Business Innovation 
Research (SBIR) program with the United States Air Force 
Research Laboratory, PTT has designed a novel motorless 
turbocompressor for sCO2 power cycles.  In 2017, Sandia 
purchased the first sCO2 turbocompressor from PTT and 
installed it into the 1-MW thermal turbomachinery development 
platform at Sandia.  PTT and Sandia have worked together to 
experimentally test the turbocompressor to the limits of the 
development platform (932 F @ 2500 psi).  This report will 
detail the design of the turbomachinery development platform, 
the novel process used to start the turbomachinery, and the 
experimental results to date.  The report will also look at lessons 
learned throughout the process of constructing and operating an 
experimental sCO2 loop.   

INTRODUCTION 
 In 2012, the NESL Brayton Lab at Sandia National 
Laboratories (SNL) completed the commissioning of a 
recompression closed Brayton cycle (RCBC) development 
platform (DP).  The DP was used in both simple and 

recompression configurations to investigate key technical issues 
related to the power cycle components as well as to validate 
analytical models of system performance.  The experience and 
intellectual property accumulated over years of testing 
turbomachinery, heat exchangers, heat input, heat rejection 
systems, and support equipment for sCO2 Brayton cycles has 
positioned the Brayton Lab at SNL as the premier facility for 
testing and development of Brayton power cycles.   

In order to accelerate development and facilitate the 
commercialization of sCO2 Brayton technology, the Brayton 
Lab sought industry collaboration.  Through an evaluation of 
responses to solicitations to industry leaders, PTT was identified 
as the most promising company to achieve the goals of both the 
Brayton Lab and the DOE.  PTT is a small business from Maine, 
USA which has the object of commercializing closed Brayton 
cycle (CBC) power generation systems.  The first activity of the 
collaboration was the purchase of the first of a kind sCO2 
turbocompressor from PTT and the reconfiguration of the DP 
located at SNL for testing of the turbocompressor.  The focus of 
this paper is the presentation of the preliminary testing and to 
highlight the important experimental results to date. 

TEST OBJECTIVES 
 The turbocompressor, also referred to as the core, is 
designed to operate at 118,000 rpm, 1382 F (750C) turbine inlet 
temperature (TIT), and 6222 psi (42.9 MPa) compressor 
discharge pressure and is intended for use in a 1 MWe closed 
Brayton cycle engine also being developed by Peregrine.  The 
Sandia DP where the core is installed limits the 
turbocompressor operation to approximately 2500 psi (17.2 
MPa) with a TIT of 932 F (500 C). A P&ID of the system is 
shown in Figure 1 and of the secondary flows in Figure 2. 
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Figure 1: Development Platform piping and instrumentation diagram 

Figure 2: Secondary flows piping and instrumentation diagram 
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Further details regarding the various components of the DP can 
be found in [1].   
While the conditions achievable in the DP do not meet the 
specified design-point operating conditions of the 
turbocompressor, they are sufficient to test and validate the 
performance of the machine during start up, steady state 
operation, and shut down.  The original objectives identified at 
the beginning of the test campaign were listed as:  

1. Demonstrate the successful start to steady state of
the PTT core.

2. Demonstrate repeatable start and performance
operations.

3. Demonstrate operations of core internal functions
a. Pressure activated leaf seals
b. Radial bearings
c. Thrust bearings
d. Secondary flows

4. Demonstrate compressor controllability via back
pressuring and TIT manipulation

5. Map turbine and compressor performance over a
range of conditions

a. Compressor inlet temperature
b. Compressor inlet pressure
c. Compressor pressure ratio
d. Turbine inlet temperature
e. Pressure loss effects

6. Support acoustical measurements for rotor speed

TESTING SUMMARY 
To date, seven tests have been performed and data 

supporting objectives 1-4 has been successfully gathered.  
Objective 5 has just begun to be explored with the 8 hour long 
Test #7.  The 6th objective is no longer applicable because an 
eddy current proximity probe was installed before Test #5 which 
is now used to measure both axial movement and rotational 
speed of the rotor. A summary of the tests performed is shown in 
Table 1. 

Test 
Number Test Date Test 

Duration 
TIT 
(⁰F) 

Compressor 
Discharge 
Pressure 
(psi) 

Max PR 

1 8/9/2018 00:00:32 225 1240 1.2 

2 10/10/2018 00:18:40 420 1400 1.25 

3 11/14/2018 00:20:46 645 1750 1.59 

4 3/1/2019 00:03:32 610 1460 1.26 

5 3/6/2019 00:08:23 530 1510 1.3 

6 4/4/2019 00:03:18 530 1510 1.28 

7 5/7/2019 8:05:44 570 1475 1.27 

Table 1: Summary of turbocompressor tests performed to date 

Initially, the tests were limited in duration due to difficulties 
in balancing rotor thrust which resulted in thrust bearing 

touchdown, axial rubs and subsequent failure of the turbine gas 
foil bearing.  With several sets of test data in hand for data 
matching, secondary flow simulations gave additional insight 
into proper secondary flow and TCV valve settings in order to 
achieve complete thrust balance with no thrust bearing 
touchdown.  Using this new information, the thrust bearing issue 
was resolved as of Test #4 and thrust balance was achieved as 
confirmed by proximity probe data.  Tests #4-6 have experienced 
radial bearing failures after a period of stable running, which will 
be discussed in detail later.  Test #7 demonstrated the successful 
operation of the radial bearings with an 8 hour test and controlled 
shut down.  

TURBOCOMPRESSOR START 
The Peregrine design is the first of its kind motorless sCO2 

high-performance turbocompressor.   Because there is no motor 
to start the turbocompressor, an alternative starting method is 
employed.  This method is referred to as the blowdown start 
because inventory tanks (labeled “Blowdown Tanks” in Figure 
1) are charged to a higher pressure than the loop and then are
used to blowdown through the primary heat exchanger and then 
into the turbine to start the turbocompressor. Before the system 
can be started, the loop must be preconditioned such that the 
compressor inlet is slightly above supercritical conditions and 
the turbine inlet is heated to near the TIT that is desired for the 
test.  An external positive displacement compressor is used to 
circulate CO2 for the preconditioning.  Prior to the addition of 
the proximity probe the CO2 was circulated at a flow rate to 
minimize the time required to precondition the loop.  However, 
when the proximity probe was added it was discovered that this 
flow rate was sufficient to slowly spin the shaft.  The spinning of 
the shaft during preconditioning may have caused damage to the 
radial foil bearings.  Once this was discovered, later tests utilized 
a reduced flow rate for preconditioning to protect the radial 
bearings. 

Once the system was preconditioned, the valve positions 
were changed to execute a start.  As can be seen in Figure 1, BV7 
is first closed and then BV8 is opened to start the blowdown. 
This causes mass to flow through the LTR, the HTR, and the 
heaters before flowing into the turbine inlet.  Once the 
compressor discharge pressure is greater than the blow down 
pressure by a specified margin, BV7 opens and BV8 closes and 
the system begins operating on its own power.  The required 
blowdown pressure to successfully start the turbocompressor 
was unknown and not easily calculated.  Thus, for the first tests 
the blowdown pressure was set to a high pressure to ensure there 
was sufficient energy to start and subsequently lowered for later 
tests, all of which had successful starts.  For Test #7 the 
blowdown pressure had to be increased which will be explained 
in greater detail in the Radial Bearing Failure section. The  values 
of blowdown pressure can be seen in Table 2.  
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Test Number Test Date Blowdown Pressure 
(psi) 

1 8/9/2018 1800 
2 10/10/2018 1850 
3 11/14/2018 1670 
4 3/1/2019 1670 
5 3/6/2019 1400 
6 4/4/2019 1300 
7 5/7/2019 1450 

Table 2: Blowdown Pressures for successful starts 
 

The blowdown process for the 11/14/18 test is shown in 
Figure 3.  BV8 closes and BV7 opens when P500A-P501 > 
dP_min, where dP_min = 20 psi.  This was done to ensure the 
pressure on the compressor discharge was high enough to 
prevent flow from the blowdown tanks from flowing back into 
the compressor discharge. 

  
Figure 3: Blowdown start process - pressures and valve positions. 
Blowdown pressure = 1670 psi 
 

This same process is shown for the 3/6/19 test in Figure 3, 
where the blowdown pressure was lowered to 1400psi from 
1670psi. 

 
Figure 4: Blowdown start process - pressures and valve positions. 
Blowdown pressure = 1400 psi 
 

As can be seen by comparing Figure 3 and Figure 4, the 
lower blowdown pressure reduced the pressure ramp rate of 
P501 from ~250psi to ~100psi.  This decreases the severity of 
the blowdown event and reduces the possibilities that the radial 

foil or thrust bearings could be damaged during the blowdown 
process.  
 
THRUST BEARING ISSUES 

In Tests #1-3, both the thrust bearing and the radial bearings 
experienced rubs/failures.  Figure 5 shows the compressor inlet 
and discharge pressures plotted versus time with spikes in 
pressure circled in red.  These spikes correspond to thrust bearing 
touchdown rubs, where the rub caused the rotor to slow down 
momentarily.   

 

 
Figure 5: Compressor inlet and discharge pressure showing thrust 
bearing rubs 
 

By adjusting the back pressure on the turbine using the 
turbine control valve (TCV) as well as adjusting the setting for 
Valve F in the secondary flows, the thrust balance on the rotor 
can be equilibrated.  Valve F is part of the secondary flow control 
system and regulates the venting pressure on the aft side of the 
thrust disk of the rotor.  This serves as a balance piston in the 
design and permits real-time adjustment of rotor thrust within a 
certain range.  The testing on 2018-11-14 was performed with 
Valve F completely closed, so for the next test, both TCV and 
Valve F were opened using prescribed settings from the updated 
secondary flow analysis.  Additionally, a proximity probe was 
added to monitor the axial movement of the shaft during the test.  
This allowed the proximity to be monitored and valve 
adjustments to be made in real time should the axial position start 
to change during a test. The plot of compressor inlet and 
discharge pressure for Test #5 is shown in Figure 6 and the 
proximity data is shown in Figure 7. 
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Figure 6: Compressor inlet and discharge pressure – thrust bearing issue 
resolved 
 

 
Figure 7: Proximity probe data for Test #5 showing axial position of the 
shaft with lines showing high and low proximity limits 
 

As can be seen in Figure 6, there are no longer spikes in 
pressure due to a thrust bearing rub.  Additionally, when the 
turbomachinery was disassembled after the test there was no 
indication of thrust bearing contact.  In Figure 7, the horizontal 
lines indicate the minimum and maximum proximity before a rub 
occurs; that is, at 0.0095in and 0.0115in, a thrust bearing rub 
would be expected.  The proximity sensor data shows there was 
very little axial movement during the test.  The initial drop in 
distance was due to the blowdown start and the position quickly 
recovers to approximately 0.0101in.  The other dramatic change 
in proximity is during shutdown. The method used to shut down 
in Test #5 was closing BV7 and BV6 at the same time.  This 
causes the shaft to stop spinning abruptly and thus some axial 
movement is expected during this event.  The proximity probe 
data, as well as the lack of physical evidence of thrust bearing 
wear, gives confidence that the thrust balance problem has been 
resolved. However, the turbine end radial bearing continued to 
fail at some point during each test until the bearing design was 
improved for Test #7. 
 
RADIAL BEARING FAILURE 

The core features two radial gas bearings, one at the cold 
end near the low-pressure compressor and the other at the hot 
end near the turbine.  With the exception of the last test, Test #7, 

the aft (turbine side) radial bearing has failed and limited the 
duration of the test.  While the root cause of those failures is still 
under investigation, presented here are some of the potential 
causes: 

One hypothesis as to why the radial bearing is failing is the 
severe nature of the blowdown start.  An attempt was made to 
reduce the severity of the blowdown by decreasing the 
blowdown pressure as described in the “Turbocompressor Start” 
section.  Additionally, the valve which controls the blowdown 
start, BV8, was switched from a fast-acting valve to a slower 
actuated valve in attempt to further reduce the abrupt pressure 
change to the system.  

In Tests #5 and #6, it was attempted to keep the test 
conditions such as starting turbine inlet temp and valve settings 
consistent and only change the blowdown pressure and valve 
actuation speed.  In this way, if the bearing did not fail, then it 
might be reasonably concluded that the blowdown process was 
the culprit.  However, the bearing did fail at a similar rotational 
speed in both tests.  Plots of speed for Test #5 and #6 are shown 
in Figure 8 and Figure 9.  
 

 
Figure 8: Rotor speed for Test #5 

 
Figure 9: Rotor speed for Test #6  
 

During Test #6, the proximity probe malfunctioned at the 
start of the test.  This can be seen in the lack of data until 
approximately 10:38 in Figure 9.  However, once the sensor 
began working the speed can be seen increasing until reaching 
approximately 56,000 rpm. Comparing Figure 8 and Figure 9, 
the plots show the bearing failed at approximately 55,000 rpm in 
both tests.  Normally, this might indicate there is a critical speed 
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near 55,000 rpm that is causing instability of the shaft and failure 
of the bearing.  However, the physical evidence of the bearing 
failure only shows yielded foils at a specific clocking of the 
bearing; that is, the foils are not yielded uniformly around the 
entire circumference of the bearing.  If the failure was due to a 
critical speed instability of the shaft, the expected result would 
be yielded foils around the entire circumference of the bearing 
instead of only at a particular clocking.  It should be noted that 

rotordynamic analysis indicates that there are no mode crossings 
in the operating range above 35,000 rpm. This points to the 
failure being caused by a radial side load, which may be caused 
by non-uniform turbine inlet temperatures and/or flowrates. 

The design of the PTT turbocompressor features 4 turbine 
inlets which are shown in Figure 10.   
 

 
 

 
Figure 10: Left- Core case with compressor inlet and turbomachine cartridge removed. Center -Turbine inlets. Right-Isometric of piping around core 
 

These inlets are designed to be symmetric and should have 
equal mass flow and temperature.  However, during testing the 
legs appeared to be inconsistent in temperature, with variations 
as high as 50F.  Figure 11 through Figure 15 show the TIT plots 
for Test #2-#6. 
 

 
Figure 11: Turbine inlet temperature variations Test #2  
 

 
Figure 12: Turbine inlet temperature variations Test #3  
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Figure 13: Turbine inlet temperature variations Test #4  
 

 
Figure 14: Turbine inlet temperature variations Test #5  
 

 
Figure 15: Turbine inlet temperature variations Test #6  
 

As can be seen in the plots of TIT, leg “A” is often 
significantly cooler than the rest, and in later tests leg “D” is also 
cool.  It is believed that Leg “D” in Test #4 had a cold, dense slug 
that did not have sufficient time to clear.  The temperature can be 
seen to increase rapidly once the turbocompressor is started and 
the leg experiences a higher mass flow rate.  The temperature 
profile of leg “A” shows a very jagged trace, which would 
indicate the instrument was not inserted into the flow adequately.  
When the lengths of the RTD’s were measured, they were found 
to be within ¼” inch of each other.   However, the piping was not 
removed to physically see insertion depth of the instrument until 
after Test #6.   When that was done, it was found that T100A was 

not inserted correctly.  The original placement of T100A is 
shown in Figure 16 on the left, and the new insertion depth is 
shown on the right. 
 

 
Figure 16: Insertion depth of T100A RTD; original insertion on left (not 
visible), new insertion shown on right.    
 

As can be seen in Figure 16, the T100A was not inserted into 
the flow at all.  Shown on the right in Figure 16 is the new RTD 
which was inserted to a depth to match the other three legs.  A 
test was run without the turbocompressor in the loop in order to 
record the turbine inlet temperatures with the new T100A 
inserted to match the depth of the other legs.  The results are 
shown in Figure 17. 
 

 
Figure 17: Turbine inlet temperatures with T100A replaced and inserted 
correctly into the flow   
 

Figure 17 shows that the temperature discrepancy of T100A 
is no longer a problem.  New RTDs were ordered and the existing 
T100A-D were replaced with closer detail paid to the insertion 
depth.  Figure 18 shows the original and new insertion depths of 
T100A-D. 
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Figure 18: Original (top) and new (bottom) insertion depths of T100A-D 
 

The next test of the turbocompressor demonstrated that the 
insertion depth of the RTDs was the issue and was resolved with 
the installation of new RTDs.  Figure 19 shows the turbine inlet 
temperatures are in very good agreement with each other during 
Test #7.  
 

 
Figure 19:Turbine inlet temperatures with new insertion depth  
 

With the insertion depth of the RTDs in mind, it is no longer 
believed that there is a significant temperature variation between 
the legs during the test.  However, there does exist a temperature 
difference between the top and bottom legs at the start of the 

turbocompressor due to stratification of the fluid due to 
temperature/density changes.  This occurs during the time 
between ending the preconditioning of the system and the 
blowdown.  If the cooler, denser fluid sinks to the bottom legs 
during this time and then is injected into the turbine during 
startup, this could cause an unbalanced radial load during the 
blowdown event.  Perhaps this is sufficient to cause damage to 
the radial bearing which then fails later in the test.   

It was decided to increase the length over diameter ratio of 
the aft radial bearing to increase the load capacity as well as the 
damping of the bearing.  This resulted in the successful operation 
of the turbocompressor for 8 hours with a controlled shutdown.  
The speed vs time for Test #7 is shown in Figure 20 and the 
proximity data is shown in Figure 21.  As can be seen in Figure 
20, there were three unsuccessful start attempts before the 
turbocompressor was started successfully.  The conditions for the 
attempted starts are shown in Table 3. 

 

Start 
Number 

Turbine Inlet 
Temp (F) 

Blowdown 
Pressure 

(psi) 
Outcome 

1 460 1330 Unsuccessful 
2 500 1360 Unsuccessful 
3 525 1425 Unsuccessful 
4 550 1450 Successful 

 Table 3: Conditions for attempted starts during Test #7 
 
It is interesting to note the peak speed for each unsuccessful 

start attempt in Figure 20.  It is clear that increasing the TIT and 
blowdown pressure impart more energy to the turbocompressor, 
but the conditions were not sufficient to achieve a successful start 
until the fourth attempt. It is believed that the stiffness and 
damping added by the new bearing increased the energy needed 
to start the turbocompressor.  Further tests will explore the 
minimum TIT and blowdown pressure that is required for a 
successful start with the new aft radial bearing. 

 
Figure 20 – Speed plot for Test #7 
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Figure 21 – Proximity probe plot for Test #7 

After the successful start of the turbocompressor, it took 
some time to achieve steady state operation.  As can be seen in 
Figure 21, there was very little axial movement for 
approximately the first hour of operation.  However, during that 
time the operation was not steady state as the compressor was 
seeing surge conditions indicated by the fluctuations in speed in 
Figure 20.  At approximately 11:45 the rotor began slowly 
moving in the aft direction and moved approximately 0.01 inches 
in the aft direction until it settled into an axial position of 0.025 
inches.  This movement was the result of a force unbalance and 
was corrected by adjusting the TCV and Valve F.  The movement 
resulted in the wearing away of the thrust bearing which was 
evident in the post-test tear down of the turbocompressor.  
However, the ability of the thrust bearing to withstand wear and 
continue to perform acceptably is an impressive display of the 
robustness of the thrust bearing.  In future testing, the valve 
positions will be adjusted more aggressively to attempt to arrest 
the movement of the shaft faster and prevent wear on the thrust 
bearing.  
 Now that the turbocompressor has been operated 
successfully for an extended duration of time and the ability to 
control the thrust balance is better understood, another test is 
planned to operate at higher inlet temperatures and 
corresponding compressor discharge pressure.   
 

CONCLUSIONS 
The SNL Brayton Lab has completed 7 tests of a new 

turbocompressor from Peregrine Turbine Technologies that is 
deigned to process sCO2 for a CBC operating at 1382 F, 6222 
psi, and 12.1 lbm/s (750 ⁰C, 42.9 MPa, and 5.5 kg/s) generating 
1.0 MWe at nominally 45% thermal efficiency based on LHV of 
natural gas.  The testing has demonstrated the successful startup 
using the blowdown method, resolved thrust bearing issues, and 
has resolved the issues with the aft radial bearing.  Testing will 
continue and will focus on exploring the performance of the 
turbocompressor over a wide range of conditions and for longer 

durations of time.  Looking ahead, Peregrine Turbine 
Technologies is currently constructing a complete 1MWe power 
system which will use the turbocompressor currently being 
tested at SNL.  Through a Cooperative Research And 
Development Agreement (CRADA), SNL and PTT are working 
to develop a test plan for testing the 1MWe unit at PTT facilities 
in Maine.  

 
NOMENCLATURE 
BV Binary Valve 
CRADA Cooperative Research and Development Agreement 
DP Development Platform 
HTR High Temperature Recuperator 
LTR Low Temperature Recuperator 
NESL Nuclear Energy Systems Laboratory 
MPa mega-Pascal 
P Pressure  
psi pounds per square inch 
PTT Peregrine Turbine Technologies 
RD Rupture Disk 
sCO2 Supercritical Carbon Dioxide 
SNL  Sandia National Laboratories 
T Temperature 
TIT  Turbine Inlet Temperature 
TCV Turbine Control Valve  
w mass flow 
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ABSTRACT 

GTI (Gas Technology Institute) is leading several sCO2 power 
cycle technology development projects.  Three distinct projects 
are highlighted in this paper: (1) The 10 MWe Supercritical 
Transformational Electric Power (STEP) Pilot; (2) An indirectly 
heated coal/biomass-based Oxy-fired Pressurized Fluidized Bed 
Combustor (Oxy-PFBC); and (3) A novel high pressure oxy-
combustor for direct-fired sCO2 power cycles.  All three 
projects have significant systems engineering, optimization, 
operations analysis, controls, and partnership/ collaboration 
requirements. 

In the STEP Pilot Project, a team led by GTI, Southwest 
Research Institute (SwRI), and General Electric Global 
Research, along with the University of Wisconsin and Natural 
Resources Canada, is executing a project to design, construct, 
commission, and operate an integrated and reconfigurable 10 
MWe sCO2 Pilot Plant Test Facility located at SwRI’s San 
Antonio, Texas campus. This project is a significant step toward 
commercialization of sCO2 cycle based power generation and 
will inform the performance, operability, and scale-up to 
commercial power plants. The pilot plant design, procurement, 
fabrication, and construction are ongoing. By the end of this 
six-year project, the operability of the sCO2 power cycle will be 
demonstrated and documented starting with facility 
commissioning as a simple recuperated cycle configuration 
initially operating at a 500oC turbine inlet temperature and 
progressing to a recompression closed Brayton cycle 
technology (RCBC) configuration operating at 715oC. 

In the indirectly-heated Oxy-PFBC system, sCO2 is heated via 
a set of hermetically-sealed heat exchangers embedded in a 
footerbubbling bed of solid fuel (coal and/or biomass) particles 
that are combusted in a mixture of oxygen and recycled CO2 at 
about 8 bar. The resulting compact combustor lowers the capital 
cost, enables higher plant efficiencies and reduces CO2 capture 
costs.  

In the sCO2 oxy-combustor project, GTI is designing a novel 
high-pressure oxy-combustor for direct-fired sCO2 cycles. The 
design concept, which is derived from rocket engine injectors, 
has potential to offer performance improvements over more 
traditional gas turbine-derived combustors.    

INTRODUCTION 

The unique properties of supercritical CO2 offer intrinsic 
benefits over steam as a working fluid in closed and semi-
closed cycles to absorb thermal energy, to be compressed, and 
to impart momentum to a turbine.  

The temperature and pressure threshold conditions required for 
supercritical CO2 are nominally 31°C and 7.4 MPa. These 
conditions are easily achieved, and above these conditions is a 
supercritical fluid with higher density and incompressibility as 
compared to steam or air which results in much smaller 
turbomachinery (factor 10:1) for a given energy production 
level [1]. Given these attributes, sCO2 power cycles can offer 
several benefits [1,2,3,4]: 

• Higher cycle efficiencies due to the unique fluid and
thermodynamic properties of sCO2
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• Reduced emissions resulting from lower fuel usage

• Compact turbomachinery, resulting in lower cost,
reduced plant size and footprint, and more rapid
response to load transients

• Reduced water usage, including water-free capability
in dry-cooling applications

• Heat source flexibility

Figure 1 – sCO2 Applications Map 

These benefits can be achieved in a wide range of power 
applications including gas- and coal-fired power plants, 
bottoming cycles, industrial waste heat recovery, concentrated 
solar power, shipboard propulsion, biomass power plants, 
geothermal power, and nuclear power. Some of these 
applications are shown in Figure 1, which maps the sCO2 
application space relative to incumbent steam and Organic 
Rankine Cycle (ORC) options as a function of power output, 
and heat source temperature [2].  

GTI (Gas Technology Institute) is leading several technology 
development projects that seek to advance the status of the 
sCO2 power cycle technology across a range of potential 
applications.  The STEP Project is a 10 MWe pilot 
demonstration indirect sCO2 cycles that are directly applicable 
to WHR, CSP, and Fossil applications shown in Figure 1.  The 
oxy-PFBC is a solid fossil fuel (and/or biomass) technology, 
while the direct cycle oxy-combustor project relates to Oxyfuel 
applications.   

In leading these efforts, GTI is providing the necessary systems 
integration, optimization, and operability/controls required by 
all three projects.   In addition, GTI is leading the partnership 

coordination and development efforts required to successfully 
execute the projects.   

More detailed descriptions of the three projects appear below. 

1. STEP PROJECT

To facilitate the development and commercial deployment of 
the indirect sCO2 cycle at elevated turbine inlet temperatures, 
pilot-scale testing is required to validate both component and 
system performance under realistic conditions at sufficient 
scale. The STEP (Supercritical Technology for Electric Power) 
project is a significant scale-up (to 10 MWe) of a fully 
integrated and functional electric power plant. Several technical 
risks and challenges will be mitigated in this project: 

• Turbomachinery (aerodynamics, seals, durability)
• Recuperators (design, size, fabrication, durability)
• Materials (corrosion, creep, fatigue)
• System integration and operability (startup, transients,

load following)

The STEP project will advance the state of the art for high 
temperature sCO2 power cycle performance from Proof of 
Concept (TRL 3) to System Prototype validated in an 
operational system (TRL 7).  

The objectives include: 

• Demonstration of the operability of the Supercritical
Carbon Dioxide (sCO2) power cycle

• Verification of the performance of components
including turbomachinery and recuperators

• Demonstration of the potential for producing a lower
cost of electricity in relevant applications

• Demonstration of the potential for a thermodynamic
cycle efficiency of greater than 50%

• Demonstration of a 700oC turbine inlet temperature or
higher

• Validation of a recompression closed Brayton cycle
(RCBC) configuration that can be used to evaluate
system and components in steady state, transient, load
following and limited endurance operation

• Reconfigurable facility to accommodate future testing:
o System/cycle upgrades,
o New cycle configurations such as cascade

cycles and directly fired cycles,
o New or upgraded components (i.e.

turbomachinery, recuperators and heat
exchangers)
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Project Organization and Scope 

GTI, SwRI, and GE-GR have formed a team to execute the STEP 
Demo project in line with program goals and objectives. This is a 
$119 million private/public partnership with significant funding 
from the US Department of Energy (DOE).  GTI is responsible 
for overall management of the project and is performing 
technology management, systems engineering, major component 
procurements, and will participate in testing in a test management 
role. SwRI is providing the host site for the test facility, and is 
responsible for the facility design engineering, and construction of 
test facility, and the supporting utility infrastructure. As host site, 
SwRI will manage the hardware installation and system assembly, 
perform facility commissioning, and execute test operations. GE-
GR is providing the technical definition for the turbomachinery, 
the turbo-expander by GE-GR in collaboration with SwRI and the 
compression system by Baker Hughes, a GE Company (BHGE), 
as well as a first-of-a-kind sCO2 turbine stop/control valve based 
on their line of valves for high-pressure steam turbines.  

The combined team integrates the strengths of each individual 
organization and in aggregate, have completed or near to 
completing over two dozen sCO2 technology related projects 
forming the building blocks for a successful STEP Demo 
[2,5,6,7,8,9,10].  

A Joint Industry Program (JIP) team has also been formed to 
support the STEP Demo. This is an example of a consortium set 
up by GTI to provide both funding and guidance for the project. 
It includes a Steering Committee with the U.S. DOE, project 
partners GTI, GE, and SwRI, and funding members.  Current 
members include Korea Electric Power Corporation (KEPCO), 
Southern Company Services, American Electric Power (AEP), 
and Natural Resources Canada (NRCan). The Steering 
Committee ensures a collaboration process throughout the 
project life cycle. 

The STEP Demo will be conducted in two major plant 
configuration phases as shown in Figures 2a and 2b. The initial 
system configuration will be the sCO2 Simple Cycle, which 
comprises a single compressor, turbine, recuperator, and cooler.  

A natural-gas fired heater that closely resembles a duct-fired Heat 
Recovery Steam Generator (HRSG) will supply heat. In Simple 
Cycle testing, sCO2 fluid will be delivered to the turbine at 
approximately 500°C and 250 bar. This test configuration offers 
the shortest time to steady-state and transient data, while 
demonstrating controls and operability of the system, as well as 
performance validation of key components. In the second phase 
of testing, the system will be reconfigured to the Recompression 
Closed Brayton Cycle (RCBC). This is a high-efficiency cycle 
capable of achieving the >50% thermodynamic efficiency goal of 
the program. In this phase, a second (lower-temperature) 
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recuperator and a bypass compressor will be added. The turbine 
inlet temperature will be increased to the target level of 715°C.  

Cycle Conditions - the different cases encompass the intended 
range of operating conditions for the facility. There are 2 
Simple Cycle cases (max and min load) and 7 RCBC cases. The 
RCBC baseline case is the 10 MWe net cycle with a 715°C and 
250 bar turbine inlet temperature and pressure condition. This 
RCBC baseline case sets the design requirements for the 
equipment, with the exception of the main cooler in which the 
simple cycle case was used. The remaining six RCBC cases are 
off-design conditions, varying sCO2 cooler exit temperature, 
turbine inlet temperature, and the method with which the cycle 
power level is reduced.  

Modeling – GTI has completed steady-state modeling of all 
design and off-design cases, for both Simple Cycle and RCBC 
testing. Information from this study have been used to develop 
specifications for key components. In addition, transient models 
developed by both GTI and GE-GR are tools to simulate start-
up, trip, shutdown and transient cases.   

The transient models provide support to the development of the 
controls system and test planning. Two different software tools 
are used to model transient behavior: Flownex and Numerical 
Propulsion System Simulation (NPSS). The main components 
of these models include main and bypass compressors, turbine, 
high and low temperature recuperators, cooler, heater, pipes and 
valves. The thermal mass and CO2 fluid volume for each main 
component is based on vendor data or proven design practices. 
The validation of each main component with respect to steady 
state performance has been completed with vendor data. Due to 

the availability of published experimental data, only the HTR 
component model has been validated with respect to transient 
performance.  

Testing done in the STEP project will generate data to verify the 
steady state and transient modeling tool predictions and enable 
confidence in commercial system design. A snapshot of the 
Flownex simple cycle configuration model is shown in Figure 3. 

The phased testing approach will address specific technical risks 
while minimizing added complexity at each phase. In this manner, 
programmatic risk will be minimized by reducing unnecessary 
complexity and applying lessons learned from prior phases to 
address technical challenges.  

Schedule 

The STEP project was launched in October 2016, and is a six-
year effort with three distinct budget periods. 

BUDGET PERIOD 1 - (ENDED FEBRUARY 2019) 

Detailed Facility and Equipment Design (28 months) 

• System analysis, P&IDs, Component Specs
• Design major equipment
• Procure heat source, cooling tower and long-lead items
• Materials and seal tests
• Start site construction

Figure 3– Flownex model concept 
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BUDGET PERIOD 2 - (ENDS JANUARY 2021) 

Fabrication and Construction (24 months) 

• Complete site construction and civil works
• Fabrication and installation of major equipment
• Commissioning and simple-cycle test

BUDGET PERIOD 3 - (ENDS SEPTEMBER 2022) 

Facility Operation and Testing (20 months) 

• Facility reconfiguration
• Test recompression cycle

Project Status 

The project involves the design, procurement, and construction 
of components and their integration.  This is supported by 
several technology development tasks involving the turbine, 
turbine stop valve, materials testing, and modeling.  

Turbine Design - conceptual schematics of the 16 MWe (gross) 
sCO2 turbine, jointly designed by SwRI and GE, is shown in 
Figures 4 and 5. This effort advances an existing U.S. DOE-
funded SunShot project in which SwRI and GE have fabricated 
and are currently testing a similar turbine [5, 9].   This SunShot 
project turbine was also designed for a turbine inlet temperature 
of 700°C but was successfully operated at reduced flow 
conditions, limiting power output to 1 MWe.  The SunShot 
turbine is a 10 MWe frame size, the same as STEP but with a 
scaled gas path to 1 MWe to meet the existing flow loop 
capacity at SwRI.  Despite, the power reduction, with the same 
inlet temperature and scale, the SunShot turbine is risk reducing 
key technology concerns.  Figure 4 is the conceptual view of the 
initial STEP turbine case design and associated stand, which 
was based on the prior Sunshot turbine design.  Figure 5 is the 
current STEP turbine configuration, which incorporates 
advanced aerodynamics to reduce stage count from 4 to 3 and 
thus allows and even more compact turbine. 

Figure 4 - Conceptual design of 10 MWe STEP sCO2 Turbine 

The STEP turbine will offer improvements over the SunShot 
turbine, including: increased casing and rotor life (100,000 hrs. vs 
20,000 hrs.), shear ring retention rather than bolts, couplings on 
both shaft ends, and improved aerodynamic performance with an 
optimized volute flow area.  The thermal management region will 
be enhanced based on lessons learned in the SunShot testing [11] 
and design enhancements developed under a related ARPA-E 
program [12].  Current STEP turbine design activities are focused 
on torsional train dynamics, rotor flow path preliminary design, and 
flow path mechanical and aeromechanical integrity. 

Figure 5 - 10 MWe STEP sCO2 Turbine 

Turbine Stop and Control Valve - GE has completed the design of 
the turbine control/stop valve that will be placed upstream of the 
turbine. The design is based on the existing commercial product line 
of steam valves, but with modifications to accommodate sCO2 fluid 
and high operating temperatures, including novel stem seal 
materials (Figure 6). Specifically, the valve material leverages 
efforts under advanced ultra supercritical (AUSC) steam power 
development programs for industry leading high temperature, high-
pressure materials and components [13, 14, 16] 

Figure 6 – Turbine Stop Valve and Stem Testing at GE-GR 
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Compressor - The compressor is being provided by GE Oil & 
Gas Baker Hughes (Nuovo Pignone), and leverages an existing 
commercial product line as well as work undertaken in the 
DOE-funded APOLLO program [15].  The APOLLO program 
is risk reducing the compressor performance of a real gas near 
its critical point.  The APOLLO program has designed and is 
currently constructing a STEP-scale compression system to 
validate the enhanced real gas capable design tools over the 
wide operating range of the RCBC cycle.  The validation testing 
occurred in the first half of 2019, providing guidance to the 
BHGE team for inclusion into the STEP compression system.   

Facility Design - The facility is at a greenfield site on the SwRI 
campus in San Antonio, Texas. SwRI has completed the 
building layout and general arrangement plan (Figures 7 & 8), 
along with initial analyses of the interconnecting piping system 
[16]. The Environmental Assessment was completed by an 
external specialist and has been approved by the DOE. Site 
groundbreaking took place in October 2018. 

Figure 7 – Equipment general arrangement 

Figure 8 –Building and Site arrangement 

Other Key Equipment - GTI has procured major hardware 
including the heater, compressor, recuperators, and cooling 
tower [16]. Optimus Industries LLC is under contract for the 
heater.  It is a natural gas fired unit with a tube bundle and high 
temperature headers and piping fabricated out of Inconel 740H 
to accommodate the >700°C, 250 bar sCO2 conditions. Its 
arrangement is based upon a duct-fired Heat Recovery Steam 
Generator (HRSG) (Figure 9). The design is completed and is 
in production.   

Figure 9 - Gas Fired Heater with 740H material for 715oC 
sCO2 

Recuperators - The heat exchangers include the High-
Temperature Recuperator (HTR), Low-Temperature 
Recuperator (LTR), and coolers. All units are to be compact 
heat exchangers with high surface area/volume ratios. The 
HTR, LTR, and main cooler have been ordered from Heatric 
who will produce PCHE-type heat exchangers with thermal 
duties ranging between 13-49 MWth.  

2. OXY-FIRED PRESSURIZED FLUIDIZED BED
COMBUSTOR

GTI’s Oxy-fired Pressurized Fluidized Bed Combustor (Oxy 
PFBC) is a highly integrated, innovative system designed to 
lower the capital and operating cost of clean power production. 
Pressurized combustion in oxygen eliminates the presence of 
nitrogen and other constituents of air, minimizing the generation 
of pollutants and enabling the economic capture of byproduct 
CO2. Oxy-PFBC is fuel-flexible, suitable for converting coal, 
petcoke, biomass or coal biomass blends into clean power.  

GTI’s Oxy-PFBC system was designed to minimize both the 
cost of the hardware and the levelized cost of electricity. It can 
be incorporated with a sCO2 RCBC cycle for higher efficiency. 
One important feature of the Oxy-PFBC is the high power 
density combustor, which can eliminate hundreds of millions of 
dollars from the construction costs for a commercial scale 
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power plant. The compactness of the combustor is largely 
enabled by two key features: high pressure combustion which 
shrinks the reactor size, and heat exchanger tubes submerged in 
the fluidized bed which significantly reduces the heat exchanger 
size. Another key to reducing system cost is the CO2 
purification unit (CPU) which also operates at pressure to 
reduce size and cost. The combination of air separation unit and 
CPU is substantially less expensive than comparable amine-
based post combustion capture clean up equipment. 

Key benefits of the Oxy-PFBC technology: 

• Pressurized for smaller, less costly combustor (1/3 the size, ½
the cost)

• Can be coupled with sCO2 Brayton cycles for high plant
efficiency

• Up to 98% CO2 capture with coal, negative CO2 emissions
with biomass blends

• Produces purified CO2 for chemical production or oil
recovery

• Can produce steam for district heating or heavy oil recovery

GTI’s Oxy-PFBC technology successfully completed 
component testing, and a 1 MWth pilot scale plant was installed 
at the Natural Resources Canada facilities in Ottawa where it 
was tested in 2017. It also included a CO2 Purification Unit 
(CPU). The 1 MWth pilot testing achieved performance goals 
with the exception of carbon conversion. The combustor 
achieved oxy-combustion at the full target pressure of 8 bar. 

Two key combustor performance goals that were achieved 
include exceeding the target sulfur capture in the combustor as 
well as exceeding the acid dewpoint target at full operating 
pressure. This validated assumptions about the pressures that 
can be achieved without acid gas condensation and the 
associated corrosion risks. The ability to achieve target 
operating pressures supports combustor cost assumptions. In 
addition, the CO2 processing unit (CPU), demonstrated a new 
technology, the deoxidation (DeOxo) reactor. The CPU 
achieved all of its performance targets, while the DeOxo reactor 
demonstrated the ability to achieve 100 ppm or less of oxygen 
in the flue gas stream to meet CO2 pipeline specs. The 
combustor experienced issues with numerous temperature 
sensors that were buried and insulated by bed material. This led 
to anomalous operating conditions which caused lower than 
expected carbon conversion and hardware damage. 

The vision for the Oxy-PFBC and sCO2 technologies is to 
combine them into a high efficiency, system for low cost carbon 
capture. The Oxy-PFBC and sCO2 technologies are currently 
being developed independently, with a future strategy of 
combining and demonstrating them as a synergistic system.  
This is illustrated in the integrated roadmap shown in Figure 10. 
GTI’s Oxy-PFBC and sCO2 technologies both have multiple 
active programs continuing to advance the maturity of each in 
anticipation of a combined future demonstration. 

Figure 10 – Integrated oxy-PFBC and sCO2 roadmap 
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3. OXY-COMBUSTOR FOR DIRECT SCO2 CYCLES

GTI is also developing technology for direct-fired sCO2 cycle 
applications.  The direct sCO2 cycle, shown in Figure 11, is 
characterized by high temperature and pressure turbomachinery 
that operates with sCO2 working fluid that is heated above 
1150ºC at 300 bar in a pressurized oxy-combustor.   

Figure 11 – Direct-fired sCO2 cycle 

The process conditions enable net cycle efficiencies from 
natural gas of over 50% (LHV basis) with near 100% CO2 
capture [17]. However, sensitivity analyses have shown that the 
overall cycle performance is dependent on combustor 
performance.  For example, any products of incomplete 
combustion (CO, unburnt hydrocarbons) and excess O2 degrade 
cycle efficiency [17].   

This has highlighted a need for a high efficiency sCO2 oxy-
combustor that would generate low products of incomplete 
combustion at low excess O2 levels.  To address this need, GTI 
is leveraging its rocket engine combustor expertise and 
experience to design a novel sCO2 combustor.  This expertise 
was obtained with GTI’s acquisition of Aerojet-Rocketdyne’s 
energy division in 2015.  

GTI has developed a conceptual design and is currently 
exploring opportunities with partners to further develop and test 
a prototype combustor.  

SUMMARY 

Supercritical CO2 power cycles promise substantial cost, 
emissions, and operational benefits that apply to a wide range of 
power applications including coal, natural gas, waste heat, 
concentrated solar, biomass, geothermal, nuclear, and shipboard 
propulsion. GTI is engaged in several projects that seek to 
advance the state of the art of the technology.   

Firstly, the STEP 10MWe program will demonstrate indirect 
fired sCO2 cycles to known available materials limits (T>700C) 
in a fully integrated 10 WMe electric generating pilot.  The 
project will enable the progression of technology readiness 
level from TRL of 3 level to a TRL of 7 and subsequent 
commercialization. The project is well underway. A strong team 

is in place and is executing smoothly. GTI has also developed 
the oxy-PFBC technology that burns coal and/or biomass under 
pressurized oxy-combustion conditions to enable low-cost CO2 
capture.  The technology is compatible with high temperature 
RCBC sCO2 indirect cycles.  This combination of high sCO2 
cycle efficiencies and relatively low oxy-PFBC capex has 
potential to lower levelized cost of electricity for power plants 
with near-zero CO2 emissions. GTI is also developing a novel 
combustor for direct-fired sCO2 cycles.  This combustor, based 
on rocket engine concepts, has potential to improve combustor 
performance, improving overall cycle efficiencies for direct 
cycles.  

A common theme between all three activities is the significant 
systems engineering, optimization, operations analysis, controls, 
and partnership/collaboration efforts required to successfully 
execute the projects. 
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ABSTRACT
Supercritical CO2 (sCO2) power cycles provide the possibil-

ity to significantly improve power generation from fossil fuels
and renewable sources considering thermodynamic efficiency,
economics, and flexibility. In the recent years, the increased atten-
tion for this technology led to numerous efforts to improve cycle
efficiency considering several potential applications. Nevertheless,
more complex cycle designs which provide the opportunity to
increase the cycle efficiency have to be economically justified.
However, due to the current state of research and development,
and the prospective commercialization in the future, no final con-
clusions in terms of cycle design can be made because reliable
economic data are not available.

The scope of the present study is the analysis and comparison
of several generic sCO2 Brayton cycle designs for power genera-
tion in terms of their economic feasibility. Due to the large number
of highly uncertain or nonexistent economic parameters in case of
sCO2 Brayton cycles, an approach is used that reformulates the
economic problem by introducing dimensionless numbers and ex-
ploiting thermoeconomic similitude. It provides a first possibility
to analyze the economic impact of employing different cycle im-
provement options like reheating, recompression, and intercooling
using the simple recuperated cycle design as a reference. Finally,
the possibility to further generalize the findings is discussed.

INTRODUCTION
Over the last decade, the application of supercritical CO2

(sCO2) for power generation has received substantial interest. The
prospects of a high-efficiency, low-emission technology that at
the same time features favorable economics and also provides
higher operational flexibility [1] is driving extensive research and
development activities worldwide.

Potential adoption of sCO2 technology includes a variety of
different applications [1–3], ranging from fossil-fuel [4–6], nuclear
[7–9], and concentrated-solar [10–13] to waste-heat [14–16] based
power generation. In contrast to conventional water-steam-based
technologies [17], sCO2 power cycles are generally characterized

by high-temperatures, high-pressure but low-pressure ratio, and
highly-recuperative designs [18]. This leads to higher efficiencies
in comparison to water-steam based power cycles operating at com-
parable conditions, and provides the possibility of considerably
smaller turbomachinery [1].

The research activities have been directed to the identification
of thermodynamically efficient power cycle designs. The compila-
tion of Crespi et al. [18] shows a large variety of potential direct
and indirect sCO2 cycles for power generation. Some cycle de-
signs, e.g., the recompression cycle which uses a split-compression
design, and the Allam cycle have been identified as particularly
promising designs. However, the most important question regard-
ing the economic feasibility remains largely unanswered until
today. Only limited data for economic studies [6, 16, 19, 20]
is available and can be regarded as of highly uncertain quality.
Therefore, despite the large amount of information on thermo-
dynamically highly-efficient sCO2 power cycle designs, it is not
clear which designs actually bear the potential for long-term
commercialization.

Based on experience, it is well-known that higher-efficiencies
are often achieved by designing more complex systems incor-
porating established improvement options. However, this results
in the conflicting aspects considering the demand for achieving
high-efficiency at superior economic performance. In the present
study on indirect (closed-cycle) sCO2 power cycles considering
different improvement options, the focus is put on developing a
robust approach to analyze the different cycle designs regarding
their thermoeconomic potential. This is achieved by reducing the
number of uncertain parameters using similitude theory. Based
on the used approach, different cycles are compared and their
potential application areas for high-efficiency and economically
viable power generation are discussed.

SYSTEM DESCRIPTION
The recent gain in interest concerning the application of

sCO2 cycles for power generation resulted in the proposition of
numerous different cycle designs [18]. The objective of most
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studies on sCO2 power cycles was the achievement of higher
thermodynamic efficiencies. For that, a large subset of poten-
tial designs were derived using well-known principles for cycle
improvement, e.g., intercooled compression (intercooling), re-
heating, and split-recompression which is also simply known as
recompression. Therefore, the present study concentrates on the
thermodynamic and economic improvement potential of the sim-
ple recuperated sCO2 Brayton cycle considering the integration
of the three different improvement options mentioned before.

Cycle Design
With a large set of possible sCO2 power cycle designs be-

ing suggested in the literature [18], it is advantageous to use a
hierarchical design approach to identify and order each cycle
design according to its features. The early works of Gokhshtein
and Dekhtyarev [21–23], Angelino [24, 25] and Feher [26] have
identified the main features of a potential sCO2 power cycle. Due
to the particular properties of CO2 which are different from that
of water (H2O), sCO2 cycles are found to be configurations that
exhibit a high-temperature, high-pressure but low-pressure ratio,
and highly recuperative characteristic. The minimum configu-
ration of such a power cycle consists of a compressor, turbine,
heat exchangers for heat supply and removal, and a recuperator
connecting the high-pressure and low-pressure parts. Heat recu-
peration is necessary and an advantageous option for improving
the thermodynamic efficiency because of the low-pressure ratio
with the turbine outlet temperature still being high and far away
from the critical point of CO2 (30.98 ◦C, 73.77 bar) around which
the heat removal is carried out.

Based on the given considerations, a systematic sCO2 power
cycle design hierarchy is used that is shown in Figure 1. The
reference design is the sCO2 power cyclewith recuperation, termed
as Design (1), as depicted in Figure 2. This cycle is considered
as the reference case with a single cooler for heat removal (E1),
a recuperator (E2), and the single high-temperature heater (E3).
Furthermore, the main compressor (C1A) which is connected by
a shaft to the turbine (M1A) and the electric generator (G1).

The first improvement option investigated in this study, con-
siders the integration of a reheating train (Design 2) which is
used for increasing the specific expansion work, additionally us-
ing a high-temperature heater (E3B) and an expansion turbine
(M1B). Another improvement option analyzed in this study is the
integration of an intercooled compression train (Design 3) for min-
imizing the specific compression work requirement by splitting the
main compressor into two sequential units (C1A, C1B) which are
connected via the intercooler (E4). The last improvement option
is the recompression option (Design 4) where the low-pressure
stream exiting the recuperator is split into two streams bypass-
ing the main compressor C1A using another compressor (C1C).
Furthermore, this design requires the recuperator E2 to be split
into a low-temperature and high-temperature thus enabling the
transfer of a larger amount of specific heat in the recuperator for
compensating the differences in sCO2 properties.

For potentially achieving even higher efficiency sCO2 power
cycle designs, it is possible to further combine any improvement
option with each other. However, such cycles exhibit an even higher
complexity resulting in presumably more expensive designs.

Internal
Recuperation (R)

Reheating (RH)

Intercooling (IC)

Split Recompression (SC)

Simple
sCO2 Cycle R

R-RH

R-IC

R-SC

(1)

(2)

(3)

(4)

Figure 1: Hierarchical design of power cycles with different
potential improvement options.

Cycle Simulation and Design Parameters
The comparison and benchmarking of different technologies,

designs and options for power generation requires the use of
best-practice guidelines, representing heuristics, and already avail-
able process data for modeling and simulation purposes. For the
present study, AspenPlus is used for modeling and simulation. The
thermodynamic properties are obtained using REFPROP [27, 28].

The different sCO2 power cycle designs (Figure 2) are mod-
eled and simulated using potentially viable design parameters
according to [29], and [30]. Based on the full set of parameters
given in Table 1, the main characteristics of the cycles of the
present study are a compressor inlet pressure of 75 bar and an
inlet temperature of 32 ◦C. On the other hand, the turbine inlet is
specified by a pressure of 250 bar and a temperature of 600 ◦C.
The size of the recuperator is limited either by a maximum effec-
tiveness of 0.9 or a maximum outlet temperature of 400 ◦C on the
cold side whichever applies to the specific cycle design. For the
supply and removal of heat, models of generic heat sources and
sinks are used that differ by their inlet and outlet temperatures,
respectively.

METHODOLOGY
The present study employs conventional thermodynamic and

economic methodologies for analyzing the different cycles. For
conducting thermoeconomic analyses both methodologies are
combined which enables the evaluation of each cycles’ perfor-
mance considering the general conflict between thermodynamic
and economic performance.

Thermodynamic Analysis
According to the general convention for quantifying the effi-

ciency of single product power cycles, the overall thermodynamic
efficiency η is defined as the ratio of net power generated and heat
supplied as fuel to the cycle [17].

η =
ÛWnet
ÛQF

(1)

It is however important to notice that a suitable framework
[31, 32] for benchmarking different power cycles is required,
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Figure 2: Flowsheet with superstructure showing all improvement options (in gray) of the simulated power cycles.

in particular regarding the site-specific environment conditions
determining the heat sink temperature and characterizing the
potential technology.

Economic Analysis
The evaluation, comparison, and cost optimization [33] of

any energy-conversion system requires the comparison of annually
recurrent monetary values, being related to capital investment,
fuel costs, and expenses for operation and maintenance. As each of
these cost components can vary significantly within the system’s
economic life, levelized values are used in the evaluation for the
sake of comparability.

In the literature, different methodologies [34, 35] are found,
sometimes with significant differences. The present study uses
the total revenue requirement method (TRR method) [33] which
employs well-established procedures. Based on data for the total
capital investment and proper assumptions regarding economic,
financial, and operating parameters, the systems economic perfor-
mance can be determined.

In case of sCO2 power cycles, the determination of total
capital investment based on capital cost estimation for the cycle
equipment is lacking substantial data. Therefore, it is only possible
to use some generalized baseline data and to scale the capital cost
C accordingly using a reference value, and a suitable cost attribute
X , e.g., compressor and turbine power or heat exchanger area, and
a scaling exponent n.

C = Cref ·

(
X

Xref

)n
(2)

In the literature, scaling exponents for different system components
are available [33, 36]. Furthermore, in case of design studies, only
capital cost data from prior estimates and systems is available
which requires updating using cost indices [33].

Based on the total capital investment TCI, the expenses for
fuel FC, and operation and maintenance OMC, it is possible to
calculate the levelized total revenue requirement including factors

for discounting (CRF) and escalation (CELF) using an appropriate
interest rate ieff and constant escalation rates k during the system’s
economic life a.

TRR = CCL + FCL + OMCL (3a)

CCL = CRF · TCI =
ieff (1 + ieff)a

(1 + ieff)a − 1
TCI (3b)

FCL = CELF · FCref =
kFC

(
1 − ka

FC

)
(1 − kFC)

CRF · FCref (3c)

OMCL = CELF · OMCref (3d)

=
kOMC

(
1 − ka

OMC

)
(1 − kOMC)

CRF · OMCref (3e)

Based on the overall system’s economic parameters, it is possible
to associate each system component with a cost rate ÛZk based on
the system’s annual time of full load operation τ and its share in
capital investments xk .

ÛZk = ÛZCI
k +

ÛZOM
k (4a)

ÛZCI
k = xk ·

CCL
τ

(4b)

ÛZOM
k = xk ·

OMCL
τ

(4c)

Employing the same considerations, it is also possible to quantify
the cost rates for input streams with their respective cost rates ÛCF.

ÛCF =
FCL
τ

(5)

The levelized cost rates are suitable input data for conducting a
thermoeconomic analysis on the system’s component level.

Thermoeconomic Analysis
For a conventional thermoeconomic analysis, the information

provided by the economic analysis is used on the overall system
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Table 1: Simulation parameters used for the analysis the sCO2 power cycles based on literature data for benchmarking given by Weiland
and Thimsen [29], and Crespi et al. [30].

Unit ID Parameter Value

M1 A/B Turbine Inlet Temperature 600 ◦C
M1 A Turbine Inlet Pressure 250 bar
M1 A/B Turbine Isentropic Efficiency 90%
M1 A/B Turbine Mechanical Efficiency 99%
C1 A/B/C Compressor Inlet Pressure 75 bar
C1 A Precompressor Inlet Pressure 50 bar
C1 A/B/C Compressor Isentropic Efficiency 85%
C1 A/B/C Compressor Mechanical Efficiency 99%
G1 Electric Generator Efficiency 99%
E1, E4 Cooler Outlet Temperature 32 ◦C
E1, E4 Cooler Pressure Drop 15 kPa
E2 Maximum Recuperator Cold Side Outlet Temperature 400 ◦C
E2 Maximum Recuperator Effectiveness 0.9
E2 Recuperator Hot-Side Pressure Drop 280 kPa
E2 Recuperator Cold-Side Pressure Drop 140 kPa
E3 A/B Primary Heat Exchanger Pressure Drop 200 kPa
E3 A/B Primary Heat Exchanger Minimum Temperature Difference 50K

level to relate input streams representing fuels and auxiliary
streams with output streams associated with useful products.

In the present study, cost rates associated with heat and power
streams are expressed as the product of their thermodynamic
quantities for heat ÛQ and power ÛW , and their associated specific
cost c per unit of energy.

ÛCq = cq · ÛQ (6a)
ÛCw = cw · ÛW (6b)

Considering the operation of the overall system at steady
state, the cost balance is used to relate input and output streams
expressing the total cost of the output streams as the sum of
the input streams and cost streams associated with the monetary
expenses.

n∑
i=1

ÛCi,out =

n∑
i=1

ÛCi,out +
∑
k=1

ÛZk (7)

Based on the operation of a sCO2 power cycle, Equation (7)
contains terms for monetary expenditures related to the different
system components ÛZ , for the energy streams related to heat
supplied ÛCq,1 and heat removed ÛCq,2, i.e, coolant cost, and the cost
rate ÛCw for the net power output.

ÛCw = ÛZ + ÛCq,1 + ÛCq,2 (8)

Assuming that the coolant is available at negligible cost, Equation
(8) can be simplified accordingly.

ÛCw = ÛZ + ÛCq,1 (9)

By associating the cost rates of heat supply and net power output
in terms of fuel and product, the cost of electricity of the sCO2

power cycle is generally related to the monetary expenses and its
operation costs.

ÛCP = ÛZ + ÛCF (10)

By splitting the cost rates of the net power output and the heat
supply into its constituent terms, the specific levelized cost of
electricity cw,P can be calculated [33].

cw,P =
ÛZ
ÛWnet
+ cq,F

ÛQF
ÛWnet

(11)

Based on the presented common procedure for economic and
thermoeconomic analyses, the economic analysis is particularly
subject to a large amount of highly uncertain data. This involves the
cost estimation of the different components as well as the financial
project parameters. For the analysis of sCO2 cycle designs this is
even more important due to of the low technology readiness level
and the highly experimental nature of such technology.

However, in order to compare different sCO2 power cycle
designs, it is possible to employ similitude theory [37] as all the
different cycles share a significant amount of common features. By
choosing a reference cycle design, the different thermoeconomic
parameters are effectively put into relation to each other and can
be easily compared. By introducing the operating and economic
characteristics of the reference cycle design, Equation (11) can be
rewritten as:

ÛCw,P
ÛCw,P,ref
ÛCw,P,ref

= ÛZ
ÛZref
ÛZref
+ ÛCq,F

ÛCq,F,ref
ÛCq,F,ref

(12)

By reordering and applying of Equation (10), the following rela-
tionship is obtained:

ÛCw,P
ÛCw,P,ref

=
ÛZref

ÛZref + ÛCq,F,ref︸           ︷︷           ︸
f

ÛZ
ÛZref
+

ÛCq,F,ref
ÛZref + ÛCq,F,ref︸           ︷︷           ︸

1− f

ÛCq,F
ÛCq,F,ref

(13)
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The specific constants f and 1 − f quantify the contribution of
carrying charges and fuel cost in case of the reference power
cycle design, respectively. In addition, integration of Equations
(6) into Equation (13) provides a direct relationship between the
specific cost of electricity generated by the cycle, and its monetary
expenses and fuel consumption.

cw,P ÛWnet

cw,P,ref ÛWnet
= f

ÛZ
ÛZref
+ (1 − f )

cq,F ÛQF

cq,F,ref ÛQF,ref
(14)

Finally, under the assumption that the net power output of each
cycle is the same and that the specific cost of fuel are equal for all
designs considered in this study as a first approximation, Equation
(14) can be rewritten in terms of the power cycle efficiency η using
Equation (1).

cw,P
cw,P,ref

= f
ÛZ
ÛZref
+ (1 − f )

ηref
η

(15)

This equation finally shows the conflicting objective for thermo-
economic improvement of power generation technologies in terms
of monetary expenses, cycle complexity, and thermodynamic
efficiency. Compared to a conventional thermoeconomic analysis,
the amount of inherent uncertainty is significantly reduced due to
the considerable reduction in parameters.

As the scope of the current study is the evaluation of different
sCO2 power cycle designs incorporating general improvement
options, it is convenient to further identify the contribution and
change for each power cycle component. The cost rate ÛZ of the
overall power cycle is defined as the sum of the cost rates ÛZk of
each component k.

ÛZ =
n∑
i=1

ÛZk (16)

In case of the different sCO2 power cycles considered in this study,
the following components are effectively considered as a single
item for the cost estimation procedure based on the flowsheet
shown in Figure 2.

• Cooler E1/4: E1, E4;
• Recuperator E2: E2;
• Heater E3: E3A, E3B;
• Compressor C1: C1A, C1B, C1C;
• Turbine M1: M1A, M1B;
• Generator G1: G1

Under the premise that the different cycle designs are compared
using the same financial and economic parameters as discussed
above, the cost rate of each component can be related to that of
the reference cycle design.

ÛZ
ÛZref
= xE1/4,ref

ÛZE1/4
ÛZE1/4,ref

+ xE2,ref
ÛZE2
ÛZE2,ref

+ xE3,ref
ÛZE3
ÛZE3,ref

+ xC1,ref
ÛZC1
ÛZC1,ref

+ xM1,ref
ÛZM1
ÛZM1,ref

+ xG1,ref
ÛZG1
ÛZG1,ref

(17)

Equation (17) thereby reduces to a form that allows for evaluation
by using Equation (2) for each component. Therefore it is pos-
sible to account for different component designs and changes in

cycle parameters in terms of cost ratios and adjusted degression
exponents. Assuming that the design of the different components
does not change significantly, the cost estimation relationships are
established using the heat transfer capacityUA for heat exchangers,
and the power ÛW for compressors, turbines and generators.

ÛZ
ÛZref
= xE1/4,ref

(
UAE1/4

UAE1/4,ref

)nE1/4
+ xE2,ref

(
UAE2

UAE2,ref

)nE2
+ xE3,ref

(
UAE3

UAE3,ref

)nE3
+ xC1,ref

(
ÛWC1
ÛWC1,ref

)nC1
+ xM1,ref

(
ÛWM1
ÛWM1,ref

)nM1

+ xG1,ref

(
ÛWG1
ÛWG1,ref

)nG1 (18)

The degression exponents nk used for cost estimation, and the
share in cycle cost xk of each cycle component are estimated using
the baseline data given in Carlson et al. [20]. In case no absolute
value for the reference system’s cost is available, the share in
cycle costs xk for each component can be determined based on
heuristics or estimated based on experience.

For the following analyses, Equations (15) and (18) can
be used conveniently to evaluate the different sCO2 power cycle
designs considered in this study regarding their potential to provide
an economically advantageous design.

RESULTS
For the thermodynamic and thermoeconomic study for com-

paring the different sCO2 power cycle designs and improvement
options, the following analyses are conducted for a reference cycle
with a net power output of 100MW.

Results of the Thermodynamic Analyses
The results of the simulations of the different sCO2 power

cycle designs are given in Table 2. The cycle designs differ
significantly in massflow rates of the sCO2 working fluid and
operating temperatures of the recuperator, whereas the pressures
are similar.

The simulation results concerning the main heat transfer
equipment, compression and expansion equipment, and thermo-
dynamic efficiency of the different cycles are presented in Table 3.
The highest efficiency with 41.56% is obtained for the recompres-
sion cycle design (4). The second highest efficiency is obtained
for the intercooled cycle design (3) with an overall cycle efficiency
of 36.87%, and cycle design (2) with the reheating improvement
option ranks third with an efficiency of 36.02%. Finally, the simple
recuperated cycle design (1), with an efficiency of 35.67%, is
the least efficient one. It is shown that each improvement option
considered for this study indeed improves the thermodynamic
efficiency of an sCO2 power under the given parameterization.

Furthermore, it is interesting to notice that the different cycle
parameters vary considerably with regard to the different improve-
ment options. It can be seen in Table 3 that the largest amount
of compression and expansion power is found for the intercooled
cycle design (3) and recompression cycle design (4). Moreover,
the amount of heat removed from the cycle is the smallest in
case of the recompression cycle design (4). In contrast, the same
cycle design also exhibits a significantly larger amount of heat
transferred in the recuperator being comparable to the reheating
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Table 2: Stream parameters of the different cycle simulations with a specified net power output of 100MW

(a) Design (1): Simple Recuperated Cycle

Temperature Pressure Massflow
Stream-No. (◦C) (bar) (kg/s)

1 32.00 75.00 864.1
2 100.13 253.40 864.1
3 341.02 252.00 864.1
4 600.00 250.00 864.1
5 457.14 77.95 864.1
6 135.83 75.15 864.1

(b) Design (2): Reheating Cycle

Temperature Pressure Massflow
Stream-No. (◦C) (bar) (kg/s)

1 32.00 75.00 818.4
2 100.13 253.40 818.4
3 400.00 252.00 818.4
4 600.00 250.00 818.4
5 526.43 77.95 818.4
6 142.76 75.15 818.4
30 527.74 142.32 818.4
31 600.00 140.32 818.4

(c) Design (3): Intercooled Compression Cycle

Temperature Pressure Massflow
Stream-No. (◦C) (bar) (kg/s)

1 32.00 50.00 716.3
2 100.13 253.40 716.3
3 298.46 252.00 716.3
4 600.00 250.00 716.3
5 415.13 52.95 716.3
6 131.63 50.15 716.3
10 66.25 75.15 716.3
11 32.00 75.00 716.3

(d) Design (4): Recompression Cycle

Temperature Pressure Massflow
Stream-No. (◦C) (bar) (kg/s)

1 32.00 75.00 777.4
2 100.13 253.40 777.4
3 400.00 252.00 960.8
4 600.00 250.00 960.8
5 457.14 77.95 960.8
6 112.25 75.15 777.4
20 112.25 75.15 183.5
21 242.13 252.70 183.5
22 112.25 75.15 960.8

Table 3: Main results of the reference case simulations with a specified net power out of 100MW.

Cycle-Design ÛQE1/4 (MW) ÛQE2 (MW) ÛQE3 (MW) ÛWC1 (MW) ÛWM1 (MW) ÛWG1 (MW) η (–)

(1) 177.58 316.82 280.34 36.14 137.15 100 35.67
(2) 174.87 360.63 277.59 34.23 135.24 100 36.02
(3) 168.33 223.78 271.26 44.91 145.92 100 36.87
(4) 137.52 379.76 240.59 51.49 152.50 100 41.56

cycle design (2). In case of the intercooled compression cycle
design (3), the heat transferred in the recuperator is considerably
smaller compared to the other designs.

Based on this observation, it is concluded that at higher turbine
outlet temperatures, as in case of the reheating and recompression
designs (2,4), the amount of heat transferred in the recuperator is
significantly increased in order to achieve high cycle efficiencies.
In contrast, the amount of heat transferred in the intercooled
cycle design (3) is significantly smaller based on the potential
for reduced turbine outlet pressures and temperature. Based on
these findings, the operating parameters of the recuperator are
thus considered the most important feature for an sCO2 power
cycle design.

Results of the Thermoeconomic Analyses
Thermoeconomic analyses are conducted in order to identify

the economic feasibility of each cycle design.
A major advantage of the methodology used for the thermo-

economic analysis is the possibility to determine the maximum

allowable ratio of monetary expenses for each cycle design in
comparison to the reference cycle design (1) for obtaining equal
specific cost of electricity. The results are shown in Figure 3.
Based the characteristics of each design, it can be concluded that
in case the thermoeconomic factor approaches unity, the specific
cost of heat become negligible, and the ratio of the cost rates
of the different cycle becomes unity representing the theoretical
limiting case. On the other hand, the characteristics for smaller
thermoeconomic factors, correctly allows for the identification
of the well-known conflict between higher thermodynamic effi-
ciencies and increased capital investment. Whereas the difference
in cost rates between the reference case and the reheating and
intercooling cycle designs (2, 3) is generally small, the difference
is generally larger in case of the recompression cycle design (4).

Based on the available general relationship between ther-
modynamic efficiency and monetary expenditures, the detailed
thermoeconomic analyses for the 100MW sCO2 power cycle de-
signs are conducted. The results are presented in Table 4. Based on
the calculation of the design parameters for each cycle component
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Figure 3: Isolines determining the maximum ratio of cost rates
ÛZ/ ÛZref for the overall cycle design resulting in the same specific
cost of electricity cw,P/cw,P,ref = 1 as for the reference design (1).

determining its size and cost, the economic scaling laws using a
suitable degression coefficient are applied, and the resulting ratio
of each cycle design’s actual cycle cost rate in comparison to the
reference cycle cost rate is determined.

It is shown in Table 4 that the cost rate ratios for the reheating
and intercooling design (2,3) are comparable. In contrast, the
same ratio is much higher in case of the recompression design
(4). Based on the determined cost distribution for each cycle,
it can be seen that the main cost drivers are the recuperator,
compressor and turbine component costs. The share in overall
cycle cost is significantly larger for the recuperator in case of the
recompression cycle compared to the reference case. The same
results are found for the compression and turbine components. In
case of the intercooling compression cycle design (3), the cost
share of the recuperator is significantly smaller compared to the
reference case, whereas the compression and turbine components
become more important. Considering the results of the reheating
cycle design (2), it is concluded that the cost shares are basically
the same as for the reference cycle design (1).

Based the ratio of cost rates determined for the different
cycle designs, it is possible to identify the actual ratio of the
levelized cost of electricity for each power cycle design. The
results are shown in Figure 4. It is seen that the reheating cycle
design (2) provides a small general benefit over the full range
of the thermoeconomic factor. In contrast, the ratio of levelized
cost of electricity for the intercooling compression cycle design
(3) is larger than unity for thermoeconomic factors larger than
0.6 and becomes favorable for thermoeconomic factors smaller
than 0.6, obtaining an even smaller ratio than the reheating cycle
design for thermoeconomic factors smaller than 0.4. In case of the
recompression cycle design (4), favorable results are only obtained
for thermoeconomic factors smaller than 0.25.
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Figure 4: Actual ratio of levelized cost of electricity for the sCO2
power cycle designs considered in this study.

The results of this study can be explained mostly by the
scaling relations for estimating each component cost. Due to
the unfavorable degression exponents for the heat exchanger
components, a significant increase in heat exchange capacity UA
is highly detrimental for the cycles economic performance. This
can only be compensated by the increased efficiency in case of
very expensive heat generation technologies and fuels. On the
other hand, with more favorable degression exponents, an increase
in compression and expansion equipment can be economically
justified if significantly higher efficiencies can be realized.

CONCLUSIONS
Supercritical CO2 power cycles have a high potential for

substituting conventional technologies for power generation. How-
ever, as economic data is still limited and highly uncertain, a
new approach for the thermoeconomic evaluation of sCO2 power
cycle design has been introduced and applied for comparing
the economic viability of a simple recuperated cycle design and
three different options for improving the cycle efficiency. The
approach presented in this study has significantly reduced the
number of parameters required for the evaluation of the different
cycle designs.

The results for a particular system study, using a benchmarking
parameterization, have shown that an increase in heat exchanger
capacity is economically not justified because of an unfavorable
cost degression in case of the heat exchangers. On the other hand,
larger compressor and turbine components can be economically
justified if a higher efficiency is realized. Furthermore, it has
been shown that the economic viability of a sCO2 cycle design
generally depends on the specific technology that is used for heat
supply.

Based on the promising simplicity of the new approach, a
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Table 4: Thermoeconomic results of the simulations with a specified net power output of 100MW.

Design (1) Design (2) Design (3) Design (4)

Design n xk Parameter ÛZ/ ÛZref Parameter ÛZ/ ÛZref Parameter ÛZ/ ÛZref Parameter ÛZ/ ÛZref
Parameter (–) (–) (kW/K; MW) (–) (kW/K; MW) (–) (kW/K; MW) (–) (kW/K; MW) (–)

UAE1/4 0.9500 0.045 3354.1 0.05 3184.4 0.04 4299.0 0.06 2988.8 0.04
UAE2 0.9500 0.180 4646.5 0.18 4678.5 0.18 3440.4 0.14 11981.8 0.44
UAE3 1.0000 0.180 5606.8 0.18 5551.8 0.18 5425.2 0.17 4811.8 0.15
ÛWC1 0.7865 0.270 36.1 0.27 34.2 0.26 44.9 0.32 51.5 0.36
ÛWM1 0.6842 0.225 137.1 0.23 135.2 0.22 145.9 0.23 152.5 0.24
ÛWG1 1.0000 0.100 100.0 0.10 100.0 0.10 100.0 0.10 100.0 0.10

Cycle 1.000 1.00 0.98 1.02 1.34

larger set of sCO2 power cycle designs will be investigated in
the future considering actual technologies for heat generation.
In combination with sensitivity and optimization studies on the
cycle parameters, the suggested approach is able to provide a
systematic and robust basis for the design of sCO2 power cycles.
Moreover, the integration with an exergoeconomic analysis is
going to provide even more significant results by revealing the
actual cost formation process within each power cycle.

NOMENCLATURE
C Cost ($)
ÛC Cost rate ($/s)
ÛW Power (MW)
ÛQ Heat stream (MW)
UA Heat transfer capacity (kW/K)
ÛZ Cost rate ($/s)
c Specific costs ($/kJ)
f Thermoeconomic factor (–)
n Degression coefficient (–)
x Fraction (–)
Superscripts and subscripts
CI Capital investment
F Fuel
L Levelized
OM Operation and maintenance
P Product
k Component
ref Reference
q Heat
w Power
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ABSTRACT 

This papers studies the potential of a probabilistic 

technique to solve complex problems such as thermodynamic 

cycle layout optimization. The Ant Colony Optimization (ACO) 

algorithm has been used to find an optimal configuration of a 

supercritical CO2 Brayton Cycle (sCO2-BC) for a specified 

application (coal power plant). 

This optimization is done by coupling an existing process 

simulation software (ProSimPlus) and an existing 

optimization solver (MIDACO). In this study, more than a 

1000 cycle configurations have been analyzed regarding 

performance, costs and the value of the Levelized Cost Of 

Electricity (LCOE). 

Main results show that the optimal sCO2-BC configuration 

depends on the optimization criteria (objective function). 

INTRODUCTION AND CONTEXT 

Since the beginning of sCO2-BC studies, many theoretical 

works led to general recommendations to achieve best 

performances for several applications (nuclear, coal, 

concentrated solar, biomass, geothermal, waste heat) [1, 2, 3]. 

These recommendations are the results of a time-

consuming optimizations (mainly by performing sensitivity 

analysis) of a high number of possible cycle configurations due 

to a high number of parameters and variables (heat source and 

heat sink temperatures, pressure ratios, CO2 mass flows and 

split ratios, heat exchanger pinch temperatures) to combine with 

a high number of possible sCO2-BC configurations as shown in 

Appendix A (number of intercooling, number of reheat, number 

of recompression loop, boiler configuration…) [5]. 

Furthermore, optimizing only the cycle efficiency leads to 

complex cycle architectures using several turbomachines 

(reheats, intercooling) and large heat exchangers, which reduces 

the benefits of having simple and compact cycles [5, 6, 7, 8]. In 

other words, maximizing the cycle efficiency leads to 

performant but more expensive cycles with larger footprint, 

reducing their competitiveness compared to existing power 

technologies [8, 9]. 

In this context, the economic should be considered within 

the optimization problem in addition to performance criteria. 

However, taking the economic into account increases the 

number of optimization parameters, variables and constraints, 

leading to complex and non-linear problems to solve [4, 10].  

The “sensitivity analysis” screening method (manual 

optimization) is unsuitable to solve such problems because it 

only covers a restricted number of possible solutions and 

increases the risk of missing the optimal solution. Furthermore, 

compare to manual optimization, a computer is able to cover a 

very high number of calculations within a reasonable timeframe. 

However, to solve the described optimization problem, the 

computer must be able to automatically modify the sCO2-BC 

configuration as well as the corresponding operating parameters 

to be optimized. This paper is describing the methodology that 

enables automatic cycle configuration (and parameters) 

modification within a commercial process simulation software. 

OBJECTIVES 

The main objective of this paper is to use an existing 

optimization technique (Ant Colony Optimization) within 
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commercial process simulation software to help finding the 

optimal sCO2-BC configuration for a specified application.  

To do so, the method relies on the concept of 

“superstructures” (i.e. multi-path process flow systems). 

Superstructures enable to easily generate a very high number of 

cycle configurations within a single process flowsheet. Then, 

the optimization solver is able to automatically switch from one 

to another configuration during a process simulation routine [4]. 

METHODOLOGY 

The optimization methodology used in this paper and 

developed in [4] is based on the following routine: 

For a given sCO2-BC configuration: 

1) The process simulation is performed by the chosen

process simulation software for a given set of

parameters;

2) Variation of the operating condition within boundaries

specified by the user (e.g, variation of the maximum

cycle temperature between 200°C and 500°C…) is

performed by the optimization solver;

3) The comparison of the cycle performances and costs

for every tested case (cycle configuration + operating

conditions) enables to find the optimal solution.

4) Finally, the sCO2-BC configuration is automatically1

switched by the optimization solver and the routine

goes back to step 1) above. More details about the

methodology are given in next paragraphs.

Superstructure for automatic flowsheet generation 

The first challenge of this methodology is to enable 

automatic switch of sCO2-BC configurations in the process 

simulation software. One solution is to use “path switches” 

(Figure 1) in the process flow diagram: they enable to select 

different configurations just by changing the switch position.  

The switch position is represented by an integer variable 

(for example, “1” for the upper position and “2” for down 

position in a “2 paths” switch) as depicted in Figure 1. This 

integer variable becomes an optimization variable that the 

optimization solver is free to change, as explain in the 

“Optimization details” section below. In these conditions, the 

solver can automatically generate different cycle architectures.  

1 The specificity of the ACO optimization is its ability to 

automatically select “population” (here cycle configuration) 

regarding both history and random principle [4, 7] as explained 

in “Optimization details” section in this paper. 

Figure 1: example of a “2 path” switch with its integer 

decision variable (yi) 

In this study, the global flowsheet is using several switches 

(“2 or 3 paths” switches) enabling a high number of possible 

cycle configurations, using different components (or units). This 

global flowsheet is called a “superstructure”. Next figure is 

showing an example of a very simple superstructure with 3 

different units using a reactant “A” to create two products “C” 

and “D”: 

Figure 2: Example of a Superstructure process flow [11] 

In the case of sCO2-BC configuration optimization, the 

superstructure can be divided in 3 main parts:  

i. the cooling and compression part (dealing with the

number a recompression loop and the number of

intercooling),

ii. the heat source and electricity production part (dealing

with the number of reheat and the boiler

configuration),

iii. and the heat integration part (dealing with the number

of recuperators).

The Figure 3 illustrates a simple superstructure of a 

sCO2-BC with three “2 paths” switches.  

Figure 3: Simple superstructure of sCO2 Brayton cycle [4] 

An example of the optimal configuration of the 

superstructure shown in Figure 3 is given in Appendix B. 
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Non-linear optimization problem 

Using integer variables in the optimization process leads to 

strongly non-linear and non-convex problems. These problems 

cannot be solved with classical/basic optimization methods such 

as gradient method.  

In this study, Mixed Integer Nonlinear Programming 

(MINLP) approach is used combined with a meta-heuristic 

optimization technique: Ant Colony Optimization (ACO).  

The ACO algorithm is a probabilistic technique used for 

solving computational problems [12]. Further details regarding 

this technique are given in [12]. The ACO solver used in this 

study is MIDACO Solver [13]. 

Problem definition and Pareto front 

To solve an optimization problem, the user needs to define 

the objective function(s), the constraints/boundaries, the fixed 

parameters and the optimization variables (i.e. variable that can 

be varied by the optimization solver to reach objectives). 

For example: 

 the objective function can be to maximize the cycle

efficiency (or to minimize the cost of electricity

production),

 the constraints and boundaries can be the minimal and

maximal allowable temperatures and pressures due to

materials constraints, or the heat exchanger

temperature pinch, the amount of heat available in the

boiler…),

 the fixed parameters can be equipment data (e.g. the

turbomachinery efficiency),

 the optimization variables can be some operating

parameters such as pressure ratios, temperature, flow

rates… and other integer/real variables such as the

“switch path number”…

The MIDACO solver enables “multi-objective” 

optimization, which means that several criteria (for example, 

both “maximization of performance” and “reduction of cost of 

electricity”) can be sought by the optimizer solver. 

The use of “multi-objective” optimization leads to a 

“Pareto front” (situation where improving one objective is 

degrading another objective). 

Communication between the process simulation software 

and the solver 

As explained, one objective of this work is to use a 

commercial process simulation software to ease the construction 

of the superstructure. In this study, the software ProSimPlus is 

used [14].  

ProSimPlus has its own optimization module but is also 

able to interact with external solvers. ProSimPlus sends 

simulation results (for a given set of variables) to the MIDACO 

solver (MINLP Optimization) which analyzes them and 

proposes another sCO2-BC configuration (or operating 

conditions) to test (see Figure 4).  

Figure 4: Program structure of simulator-based 

superstructure optimization [4] 

Optimization details: concept of seed 

The randomness of the initial ant colony population in the 

MIDACO Solver is controlled by a pseudo-random number 

generator called “seed” (the seed determines the sequence of 

pseudo-random numbers sampled by the generator) [15]. 

Changing the “seed value” in MIDACO Solver lead to a 

different result and prevent the optimizer of being trapped in a 

local optimum sector (see the iterations of a “4 seeds” 

optimization example in Figure 5).  

The impact of the seed selection normally varies with the 

complexity of the problem. In general, the more complex the 

problem, the bigger the influence of the seed can be [4, 7].  

For difficult problems, it is therefore often a more 

promising strategy to execute several short runs of MIDACO 

Solver with different random seeds, rather than performing only 

one very long run [15].  
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Figure 5: Optimization progress of four runs with different 

random seeds [4] 

Optimization details: “feasible path” vs “unfeasible path” 

Simulation convergence of complex processes (with 

recycling loops) can be very challenging. To ease convergence, 

the process simulation software creates “tear streams”. In this 

case, some recycling loops are cut and the software takes care 

of equalizing parameters from one side to the other side of the 

tear-streams. 

There are two ways to use optimization module with tear 

steams. The “feasible path” mode, which means that the 

software is handling the equalization of tear-stream at each 

calculation (ensuring convergence of each calculation but is 

very long).  

The “unfeasible path” mode, where the tear-streams are 

handled by the optimization solver as “optimization parameter” 

(enabling to avoid convergence of useless configurations).  

In this study, “feasible path” leads to locals optimum and is 

then not compatible with the problem to solve as shown in 

Figure 6.  

Figure 6: Relative performance comparison between 

“Feasible Path” approach and “Infeasible Path” approach 

[4]. 

Optimization details: optimization progress 

Evolution of created populations evolves with time (i.e. 

number of iteration). Generation of a high number of 

populations coming from different seed enables to show the 

optimization progress (in colonies and seeds but also, globally) 

as shown in an example of cycle efficiency optimization in 

Figure 7. 

Figure 7: Optimization progress of sCO2 Brayton cycle [4] 

PROBLEM DEFINITION 

Superstructure used in this study [4] 

The final superstructure used is this study is plotted in 

Appendix C. It is composed of 3 “two-path” switched and 2 

“three-path” switch, enabling to test more than 1000 sCO2-BC 

configurations. For each cases, the solver can modify all 

parameters and variables within the given boundaries .  

Objective functions [4] 

In order to show the importance on the objective function, 

the problem has been solved in two steps: 

a) First, the problem has been set with only one objective

function: maximization of the cycle efficiency

b) Then, the problem is solved with multi-objective

method. Three objectives have been chosen:

i. maximization of the cycle efficiency,

ii. minimization of the investment costs

(CAPEX) and,

iii. minimization of the Levelized Cost of

Electricity (LCOE).

In the MIDACO Solver, it is possible to weight every 

objective in order to avoid conflicting situations (e.g. 

maximizing the efficiency implies higher costs, which is in 

opposition with minimizing the CAPEX). In this study, the 

dominating weight has been set on the LCOE objective. The 

implementation of the economics in the problem is very 

important because it enables to release some technical 

constraints (or boundaries) initially set to avoid unrealistic 

solutions.  
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For example, the minimum “pinch temperature” of 

recuperators is initially fixed to 10 K in the “mono-objective” 

optimization otherwise its theoretical optimal value for best 

performance tends to zero (i.e. heat exchanger with infinite 

exchange surface), which has no industrial meaning.  

However, in “multi-objective” optimization, it is not 

necessary to put a lower limit for the “pinch temperature” value 

because one objective is to reduce costs (efficient heat 

exchangers with low temperature pinch value are expensive). 

Next tables are showing “assumptions”, “constraints” and 

“optimization variables” of the optimization problem (see 

considered superstructure in the appendix C). 

Assumptions on fixed variables and equipment data [4] 

  Next table shows the fixed variables and equipment data for 

the optimization problem. 

Parameter Value 

Turbine inlet temperature 620 °C 

Turbine inlet temperature after reheating 620 °C 

CO2 flowrate before main cooling 6 000 

kg/s 

Minimum pinch temperature value (mono-objective 

optimization) 

10 

Turbine isentropic efficiency 90 % 

Compressor isentropic efficiency (-) 89 % 

Pressure drop in every component (% of inlet 

pressure) 

1 % 

Optimization variables and their bounds [4] 

Next table shows the optimization variables and theirs 

bounds for the final superstructure (depicted in appendix C): 

Optimized continuous variables Bounds 

Main compressor pressure inlet (MPa) [3.3 - 10] 

Main compressor pressure outlet (MPa) [3.3 - 30] 

Secondary compressor pressure outlet (MPa) [3.3 - 30] 

Secondary compressor pressure outlet (MPa) [3.3 - 30] 

CO2 temperature at the heat sink outlet (°C) [31.2 - 100] 

Split flow for second recompression loop [0 - 0.5] 

Split flow for third recompression loop [0 - 0.5] 

Split flow for forth recompression loop [0 - 0.5] 

Temperature of the cold side outlet of the first 

recuperator (°C)  

[31.2 - 620] 

Temperature of the hot side outlet of the second 

and third recuperator (°C) 

[31.2 - 620] 

Pressure ratio of the second, the third and the 

forth turbines 

[1 - 5] 

Flow fraction passing to the seventh turbine [0 - 0.5] 

Flow fraction of CO2 preheated by flue gases [0 - 0.5] 

Optimized integer variables Values 

Switch 1 1, 2 or 3 

Switch 2 1, 2 or 3 

Switch 3 1 or 2 

Switch 4 1 or 2 

Switch 5 1 or 2 

Main assumption regarding calculation of the Levelized 

Cost Of Electricity (LCOE)  

The LCOE of considered cycles is calculated with the 

following equation: 

where: 

 CAPEX is the capital expenditure of main components

(recuperators, heat sink, turbines, compressors and the

boiler with its gas treatment unit) taking into account

the piping, Instrumentation and Control, land, civil and

transportation;

 OPEX is the operational expenditure including

Operation & Maintenance and coal price;

 fa the discount factor (taking into account the discount

rate (8%) and the plant lifetime (40 yr));

 Pe the electrical power output of the power plant;

 Houryear, the plant availability (7884 h/yr);

RESULTS 

As explained, the problem has been solved with a mono-

objective function first (maximization of performance) and then 

with a multi-objective function.  

The Figure 8 depicts the convergence of the mono-

objective problem (with 4 different seeds and 100 000 

iterations). Results shows that the best configuration (according 

to given hypotheses, boundaries and constraints) is a “2-reheat 

double-recompression” cycle (Figure 9) and achieve a net cycle 

efficiency of ~52%.  

Figure 8: Energy performance optimization progress of 

four runs with different random-seeds [4] 
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Figure 9: “Energy performance” optimization result: a 

“2-reheat double-recompression” cycle [4] 

This cycle configuration is unusual, using a third 

compressor to compress a fraction of the CO2 mass flow at the 

high-temperature recuperator’s hot stream outlet to re-inject it 

just at the boiler inlet. This configuration uses a high number of 

turbomachineries and some optimization variables logically 

reach their lower/higher bounds (e.g. maximal temperature and 

pressure of the cycle…).  

In order to be compared with the multi-objective solution, 

the LCOE of this mono-objective solution has been estimated 

(~61 $/MWh). Table 1 is comparing main results between 

mono-objective and multi-objective optimization. 

While using the multi-objective problem (and thus 

releasing some equipment constraints such as the temperature 

pinch value of recuperators), the result is different as shown in 

the following section.  

Pareto front and “multi-objective” optimization result 

The Figure 10 shows the evolution of the optimization 

process (each gray dots represents a calculated configuration). 

The star represents the initial point (i.e. the mono-objective 

solution described in the first paragraph of the “Results” 

section).  

Efficiency and CAPEX are respectively represented in “x” 

and “y” axis. The third dimension of the graph is represented by 

color (LCOE). It is interesting to see that the mono-objective 

solution (star) is located on a front (due to pinch constraint) at 

high cost (because reducing cost was not an objective at this 

moment).  

Then, some new populations start finding new 

configurations (due to addition of economic criteria and the 

release of the pinch constraint). An example of the search 

history and a 3D plot of the Pareto font are given in the 

appendix D. 

The Multi-objective solution enables to reach higher 

performance at lower cost electricity. This is due to fact that 

releasing constraints enables to reach higher performances. 

Then, the economic functions enable to gauge/weigh the cost 

impact of this increment of performance. 

Figure 10: Investment cost versus plant efficiency versus 

LCOE (color axis) at different generation [4] 

Finally, the best multi-objective solution is a “single-reheat 

with one intercooling” configuration (Figure 11) reaching a net 

cycle efficiency of ~57%2 for a LCOE of ~52 $/MWh. For a 

1GWe base load power plant (i.e. producing during more than 

8000h/yr), it represents a save of about 68 M$/yr. 

Figure 11: Techno-economic multi-objective optimization 

result: a “single-reheat with one intercooling” cycle [4] 

Table 1: comparison between mono and multi objective 

optimization results  
Optimization Net cycle eff. CAPEX LCOE 

Mono-objective 51% 3,124 M$ 61 $/MWh 

Multi-objective 57% 2 1,826 M$ 52.3 $/MWh 

2 This better performance compared to “mono-objective” optimization is 

due to the fact that the “pinch temperature” constraint of 10 K has been relaxed 

in the “multi-objective” calculation. Then, the optimizer selects the best 

compromise between the performance and the cost of the heat-exchangers. In 

this case, it appears that it is worth paying extra-cost of very performant heat-

exchanger (with low “pinch temperature” value) for having both a lower LCOE 

and higher performance. R1 pinch is equal to 5K while R2 pinch reaches 20K. 
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CONCLUSION AND PERSPECTIVES 

The objective of coupling a commercial process simulation 

software with the probabilistic optimization technique ACO 

(Ant Colony Optimization) to solve complex multivariable 

computational problems (selection of the best sCO2-BC 

configuration and its best operating conditions in the case of 

electricity production) has been successfully reached. This 

solution offers more flexibility in the optimum research 

compared to “sensitivity analysis” method and does not need 

graphical/visual comparison to find the best option. 

The study shows that the definition of a non-linear 

optimization problem has an impact on the results of the final 

solution. For example, in this study, the best economic cycle 

configuration (multi-objective) differs from the energetic 

(mono-objective) solution. Indeed, the theoretical best 

configuration would have an infinite number of reheat (or 

number of intercooling) and heat exchangers with an infinite 

surface. 

Also, it shows that some restrictions initially establish to 

contain the technical optimization in realistic options (for 

example: fixing the minimal recuperator temperature pinch 

value to 10K) have no real meaning while considering multi-

objectives optimization with economic objective. Thus, relaxing 

some initial “conservative” technical constraints can lead to 

more efficient or/and cheaper solutions. 

This work relies on several assumptions and hypothesis 

(cost correlations, equipment data) that need to be refined for 

more accurate results. Also, this study has been focusing on the 

global methodology and the application to a complex case. 

Then, more efforts must now be made to improve and 

consolidate this tool by including uncertainties in the process 

calculation, by reducing the computational time required for the 

optimization itself and by improving the construction of the 

superstructure. 

NOMENCLATURE 

ACO: Ant Colony Optimization  

CAPEX: CAPital EXpenditure 

OPEX: OPerational EXpenditure  

LCOE: Levlized Cost Of Electricity 

LRGP : Laboratoire Réactions et Génie des Procédés 

sCO2-BC: supercritical CO2 Brayton Cycle 
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APPENDIX A: CLASSIFICATION OF FEW INDIVIDUAL PROCESS MODIFICATIONS [4] 

Figure 12: Classification of a few individual process modifications of sCO2 Brayton cycle [4]
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APPENDIX B: 

Figure 13: Process synthesis result: optimal flowsheet for the simple superstructure of sCO2 Brayton cycle [4] 
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APPENDIX C: 

Figure 14: Superstructure for sCO2 Brayton cycle (27 x 32 = 1152 structural alternatives) [4] 

APPENDIX D: 

Figure 15: 3D representation of optimization iteration process. Axis are the three objective functions: LCOE, CAPEX and net 

cycle efficiency) and Techno-economic results of energy-optimal process and LCOE-optimal process [4] 
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APPENDIX E: 
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Figure 16: Evolution of Pareto front on function of iteration as well as instantaneous best process configuration [4] 
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ABSTRACT 

Several studies have shown that the efficiency of sCO2 
power cycles can be significantly improved by reducing the cold 
sCO2 temperature, which increases the sCO2 density at the inlet 
to the compressor and reduces its specific power requirement.  
Due to the near-ambient CO2 critical temperature of 31 °C, the 
effects of ambient temperature on sCO2 plant performance are 
far more significant than for steam Rankine cycles, thus cooling 
systems tailored to sCO2 cycle operation are necessary to realize 
the benefits that are possible through sCO2 cold temperature 
management.   

To this end, cost and performance models for four different 
types of sCO2 cooling systems are presented in this work.  These 
systems cover direct and indirect (via water) cooling of the sCO2 
working fluid, as well as wet and dry cooling techniques to 
approach ambient wet and dry bulb temperatures, respectively. 
The heat and mass transfer modeling of these systems are briefly 
reviewed along with the cost scaling algorithms that have been 
developed from a combination of literature, cost modeling 
software, and vendor quotes.   

The results of these efforts are a set of sCO2 cooling system 
spreadsheet modeling tools that are available for download by 
the sCO2 community.  The cooling system models can be used 
by cycle designers to weigh the benefits and drawbacks of 
various cooling systems in terms of equipment cost, auxiliary 
power requirements, and water usage.  Detailed modeling and 
capital cost estimation of these cooling systems as a function of 
ambient conditions and assumed temperature approaches also 
allows for optimization of the cold sCO2 temperature to 
minimize the overall cost of electricity (COE) for a given plant 
location, accounting for the increased cooling equipment cost 
required to achieve this temperature.  Preliminary economic 
optimization using these spreadsheet models shows that cooling 
system optimization improves indirect sCO2 plant efficiency by 
3-4 percentage points, and reduces COE by up to 8%, 
demonstrating the value and utility of this approach. 

INTRODUCTION 

A significant feature of the sCO2-based power cycle is its 
operation close to the CO2 critical point (31 °C, 7.37 MPa) 
towards the cold side of the cycle.  For most sCO2 power cycles, 
the benefits of reducing the cold sCO2 heat rejection temperature 
are particularly advantageous. In this regime, lowering the CO2 
temperature increases its density significantly, reducing the 
specific power required for compression.  Further, lowering the 
cold sCO2 temperature allows for an increase in the low 
temperature recuperator (LTR) effectiveness and also makes the 
low-grade heat recovery process a more attractive option. Both 
effects can improve the efficiency of a power plant based on the 
recompression Brayton cycle (RCBC): the former by directly 
increasing the power cycle efficiency and the latter by increasing 
the quantity of heat harvested by the cycle. For similar reasons, 
the addition of main compressor intercooling typically improves 
the specific power of a recompression cycle, reducing the sCO2 
mass flow, and thus the required cycle size and cost, for a given 
power output [1].  

To realize the benefits of reduced sCO2 cycle cold end 
temperatures, detailed study of the power cycle cooling system 
is required.  Given the close proximity of the CO2 critical 
temperature to ambient conditions, sCO2 cycle cooling system 
design plays an important role in determining the cold-end cycle 
performance.  However, the capital cost of cooling capacity 
additions grows exponentially as the sCO2 cold temperature 
approaches the design ambient temperature, thus an economic 
optimum exists that balances the efficiency benefits of cold sCO2 
cycle temperature reductions against the added cooling system 
expense.  Modeling tools for performing such analyses for sCO2 
power cycles are unavailable in the literature, but would allow 
cycle designers to select the cooling system type, size and 
operating parameters to economically optimize the plant’s 
interaction with the ambient heat sink. 

The objective of this paper is to describe, demonstrate, and 
make available to the sCO2 community a set of compact and easy 
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to use spreadsheet-based models for quantifying the technical 
(auxiliary power requirement and water usage) and economic 
(capital and operating costs) performance of four cooling 
technologies that could be considered for use in sCO2 power 
cycle applications. These cooling technologies are: 
1. Conventional wet cooling with an evaporative cooling

tower.
2. Indirect dry (ID) cooling which uses water-cooled heat

exchangers for the sCO2 power cycle coolers and an air-
cooled heat exchanger (ACHE) to reject the cycle waste heat
from water to air.

3. Direct dry cooling where each sCO2 power cycle cooler is
an air-cooled heat exchanger directly cooling the CO2.

4. Adiabatic cooling technology in which the sCO2 coolers are
again air-cooled heat exchangers but the air is cooled below
the ambient dry bulb temperature by evaporating water.
These four technologies were selected because they span the

gamut of the primary air- and water-cooled technologies that 
have been considered for the sCO2 power cycles to date. The 
models are intended to assist sCO2 cycle designers in solving 
three key design questions: at what temperature should the CO2 
coolers be operated for a given ambient temperature, which 
cooling technology is best for a given application, and what 
operating conditions are optimal for a given application. To 
accomplish this, the models give reasonable cooling system 
designs, complete with techno-economic performance estimates, 
regardless of the application’s geographic location or ambient 
conditions.  This further enables the cycle designer to weigh the 
capital and operating cost of the selected cooling system against 
the performance benefits to the sCO2 cycle. 

To provide some context for the discussion below, the 
modified sCO2 RCBC shown in Figure 1 is used as a 
demonstration case for the cooling system economic 
optimization.   

Figure 1: Recompression sCO2 power cycle 

This cycle was modeled using Aspen Plus® (Aspen) in a 
prior study in which an oxy-coal circulating fluidized bed (CFB) 
was the primary heat source  [1].  From the CFB, the heated CO2 
passes through a turbine (HPT) with one stage of reheat (LPT). 

The low-pressure CO2 is then cooled by passing through three 
stages of recuperators: a very high temperature recuperator 
(VTR), a high temperature recuperator (HTR), and an LTR. 
These recuperators in turn heat the high-pressure CO2 delivered 
to the CFB. Other cycle types with and without the VTR or reheat 
have been investigated [1], however, the hot end of the power 
cycle is shown in gray scale in Figure 1 to focus attention on the 
subject of this paper - the low temperature portion of the cycle. 

After exiting the LTR, the majority of the CO2 passes 
through a cooler before being compressed to the peak cycle 
pressure in the intercooled main compressor (MC) while the rest 
of the CO2 enters the recycle compressor (RC). After exiting the 
MC, the majority of the CO2 enters the cold side of the LTR 
where it is partially heated and then mixes with the effluent from 
the RC. A slipstream of the CO2 from the MC is heated in a flue 
gas cooler (FGC) or low temperature economizer before also 
mixing with the LTR cold side outlet stream. 

The original study of the modified RCBC in Figure 1 
examined the cost and performance of a baseline coal-fired oxy-
CFB power plant with carbon capture [1]. The results showed 
that the sCO2 plant offered a significantly higher efficiency and 
lower cost of electricity (COE) than a plant employing a Rankine 
cycle at operating conditions similar to the sCO2 plant. The 
results also showed that a single stage of intercooling for the 
main compressor offered both higher overall plant efficiency (0.4 
– 0.6 percentage points) and a 1.8 – 2.7% lower COE compared
to the baseline configuration. More significant improvements in 
efficiency (0.6 – 1.6 percentage points) are reported in cases 
where the pressure ratio between intercooled main compressor 
stages is optimized [2]. 

The cold sCO2 temperature considered in this study was 35 
°C, though a preliminary investigation of cold sCO2 
temperatures ranging from 20 – 40 °C for this plant was recently 
performed [3, 4]. The results show that the plant efficiency 
increases by about 1 percentage point per 5 °C reduction in cold 
sCO2 temperature, accounting for corrections to manage internal 
pinch points in the FGC, LTR, and cooler for cases with 
condensing CO2 and/or main compressor intercooling. A similar 
efficiency improvement trend with reduction in cold sCO2 
temperature was also encountered in a study of a recompression 
Brayton cycle plant without CO2 capture [5, 6]. 

Several other studies have explored the benefits of reducing 
the sCO2 cooler temperature.  An early study by Wright et al. [7] 
projected a 4-5 percentage point increase in plant efficiency for 
a nuclear light water reactor with an sCO2 power cycle, by 
moving to condensing cycle operation.  An experimental portion 
of this study proved the feasibility of this concept by 
demonstrating condensed CO2 operation of a radial compressor 
and gas cooler that were designed for gas phase operation near 
the CO2 critical point.  A later study on sCO2 power cycles for 
air-cooled sodium fast reactor nuclear applications showed 
improvement in cycle performance as the compressor inlet 
temperature is decreased, as well as variability in performance 
with compressor inlet pressure [8].  Similar studies in the nuclear 
application space have shown that an optimal compressor inlet 
pressure exists for maximizing efficiency as the compressor inlet 

333



temperature is varied. This optimal pressure is typically at [9] or 
slightly above the pseudo-critical pressure for CO2 [10]. 

Pidaparti et al. [11] showed the importance of selecting 
optimum water conditions for the cooling tower to minimize 
overall plant capital cost for RCBC. Studies comparing the 
economics of air versus water-cooling have also appeared in the 
literature. Pidaparti et al. performed a detailed study of the 
economic benefits of air-cooling for the sCO2 Brayton cycle and 
found that with a suitable CO2-to-air cooler design, air-cooling 
is economically competitive with water-cooling [10]. Held et al. 
performed a comparative analysis of wet cooling versus air 
cooling for a notional 10 MWe sCO2 cycle and found that air-
cooling will generally be more economically advantageous [12]. 
Hruska et al. performed a life cycle earnings optimization on an 
air-cooled sCO2 power cycle compared to a Rankine cycle and 
found that for the same sized air-cooled heat exchanger, the sCO2 
Brayton cycle can achieve lower heat rejection temperatures than 
the steam Rankine cycle, which corresponds to higher cycle 
efficiencies and overall higher life cycle earnings [13].  

While some of these studies have presented descriptions of 
the models and methodologies used to perform their analyses, 
none have published the actual models.  Further, while reliable 
cost models for dry sCO2 coolers have recently become available 
[14], they do not account for variations in cooling system design 
and operating parameters.  The primary contribution of the 
present study is the development and publication of cost and 
performance models for four separate cooling system types, 
which can be used for economic optimization of any sCO2 plant 
type with respect to cycle heat rejection to the atmosphere. 

COOLING SYSTEM MODELS 

This section describes the technical basis of the performance 
and cost models for all four cooling technologies explored in this 
study, as well as for water/sCO2 heat exchangers, where 
applicable.  The cooling technology models, and technical details 
on their operation and use, can be found in Reference [15]. 
Wherever possible, the models are compared to data from either 
commercial software packages or from vendors for validation. 
All the models operate in design mode only, and do not predict 
cooling system performance under off-design conditions. 

Wet Cooling Tower Performance and Cost Model 
The simplest of the cooling technology models in this study 

uses water/sCO2 heat exchangers for each of the sCO2 process 
coolers and an evaporative wet cooling tower to reject the heat 
absorbed by the water to the atmosphere. Figure 2 is a schematic 
diagram for a forced draft wet cooling tower. The warm water 
exiting the sCO2 process coolers is collected and fed to the top 
of the cooling tower where it falls by gravity through a section 
of packing. Induced draft fans at the top of the tower draw 
ambient air into the tower through louvers and across the wet 
packing. As the air passes over the packing, a portion of the water 
is evaporated, cooling the remaining water. The cooled water is 
collected at the base of the tower and returned to the CO2 process 
coolers via a circulating water pump. 

Figure 2: Schematic of the wet cooling tower technology 

The central element of the wet cooling tower model is the 
energy balance that equates the cooling demand of the cooling 
water with the heat duty of the tower which is the sum of the 
sensible heat absorbed by the humid air as it passes through the 
tower plus the latent heat of the evaporated water. The inputs to 
the model are those typically used to design a wet cooling tower, 
namely the ambient air conditions (pressure, dry bulb 
temperature and percent relative humidity or wet bulb 
temperature), the cold end approach temperature (cold water 
return temperature minus ambient air wet bulb temperature), the 
temperature drop (or range) of the water stream, and the inlet 
water flow rate or total cooling duty. The total water flow rate, 
mw, and total cooling duty, Q, are related by: 

where 𝐶𝐶𝑝𝑝𝑤𝑤 is the average heat capacity of the water. The total 
amount of water evaporated is obtained from the solution to the 
overall mass and energy balance and this in turn determines the 
required air flow rate based on a calculated humidity ratio of the 
air exiting the tower assuming a hot end approach temperature 
of 4.7 °C and an assumed relative humidity of 100 percent. 

The required fan power is calculated from the required air 
flow rate, ambient pressure, fan head (default 0.124 kPa) and 
mechanical efficiency (default 80%). The required power for the 
circulating water pump is calculated from the total water flow 
rate, pump head (default 0.254 MPa) and mechanical efficiency 
(default 80%). The total water loss from the cooling tower is 
calculated as the sum of the evaporation rate, the blowdown flow 
rate calculated from the cycles of concentration (default 4) and 
the entrained water loss or drift loss (default 0.001% of the total 
water flow rate) [14]. This model has been commonly used in 
NETL systems studies over the past two decades.  

The cooling tower cost algorithm is based on the Zanker 
correlation, which was presented in a paper by Leeper [15, 16]. 
This equation estimates the cooling tower construction cost in 
1967 dollars with reasonable accuracy based on the total cooling 
duty, the cooling water range, the cold end approach temperature, 
and the design ambient wet bulb temperature. Therefore, the 
Zanker correlation captures the cost impact of various cooling 
tower design parameters while also accounting for the ambient 

𝑚𝑚𝑤𝑤 = 𝑄𝑄
𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅∗𝐶𝐶𝑝𝑝𝑤𝑤

334



conditions available to the tower. Validation of the cost model 
was performed using the software packages STEAM PRO and 
PEACE from Thermoflow [17], as shown in Figure 3. In 
performing the validation, it was determined that the modified 
Zanker correlation below, incorporating power law scaling for 
the cooling duty and the cold end approach temperature, results 
in greater accuracy: 

$1967 =
𝑄𝑄𝑜𝑜∗� 𝑄𝑄𝑄𝑄𝑜𝑜�

0.8426

𝐶𝐶∗𝐴𝐴𝑜𝑜∗� 𝐴𝐴𝐴𝐴𝑜𝑜�
0.4376

+39.2𝑅𝑅 −586

 In the modified Zanker correlation, $1967 is the cooling tower 
construction cost in 1967$, 𝑄𝑄 is the cooling duty, 𝑄𝑄0 is the 
reference case cooling duty (3,465 MMBtu/h), 𝐴𝐴 is cold end 
temperature approach, 𝐴𝐴𝑜𝑜 is the reference case cold end approach 
temperature (8.52 °F), 𝑅𝑅 is the cooling water range (°F), and C 
is given by the following equation: 

𝐶𝐶 = 279
[1+0.0335∗ (85 −𝑇𝑇𝑤𝑤𝑇𝑇)1.143]

where 𝑇𝑇𝑤𝑤𝑇𝑇 (°F) is the design wet bulb temperature. Cost 
estimates were converted to 2011$ using the Chemical 
Engineering Plant Cost Index (CEPCI) [18]. 

Figure 3: Normalized Cost vs Normalized Duty (top) and 
Normalized Approach (bottom) for a wet cooling tower 

The developed model covers a single cooling tower that is 
assumed to fulfill the total cooling duty requirements of the 

plant. The cooling tower approach temperature is assumed to be 
limited to a minimum of 2.8 °C (5 °F) at the recommendation of 
cooling tower manufacturers [14].   

In the study by Held et al. [12], it is noted that the 
evaporation processes in the wet cooling tower concentrates 
water impurities, which ultimately may lead to fouling of the 
water-side of the cycle cooler.  If a microchannel heat exchanger 
is used for the water/sCO2 cooler, then an intermediate high 
purity water cooling loop is recommended to avoid difficulties 
with cleaning the intricate flow passages of these heat 
exchangers.  This study assumes a microtube or similar 
water/sCO2 heat exchanger that is more easily cleaned on the 
water side, avoiding the need for a secondary heat transfer loop. 

Indirect Dry Cooling Performance Model 
The schematic of an air-cooled heat exchanger (ACHE) bay 

and associated water/sCO2 cooler is presented in Figure 4. As 
depicted in the schematic, a process fluid (water in this case) to 
be cooled flows through the finned tube heat exchanger bundle 
(often consisting of multiple rows of tubes and bundles), while 
fans blow a cold crossflow of air over these bundles. To meet the 
required cooling duty several such bays can be employed. 

Figure 4: Schematic of the indirect dry cooling technology 

The performance model is based on Example 8.1.1 from the 
textbook by Kröger [19]. The key output variables of the 
performance model are the number of required bays and the 
auxiliary fan power consumption to meet the required cooling 
duty under specified process conditions. The adjustable inputs in 
the model are cooling duty, CO2 and water fluid parameters (inlet 
temperature and pressure, outlet temperature), and ambient dry 
bulb temperature and pressure. The model iteratively calculates 
the required air flow rate (and fan power), average air outlet 
temperature, average process fluid flow rate per bay, and the 
number of required bays. 

The implicit energy balance and draft equations are solved 
iteratively for the main outputs. Closure of the energy balance 
equations is provided using the 𝜀𝜀-𝑁𝑁𝑇𝑇𝑁𝑁 relationship. The 𝜀𝜀-𝑁𝑁𝑇𝑇𝑁𝑁 
is feasible and sufficiently accurate for fluids that have only 
small variation in thermo-physical properties over the 
temperature range of interest. Effectiveness (ε) of the cross-flow 
heat exchanger bay is calculated assuming that both the fluids 
are unmixed. To calculate the 𝑁𝑁𝑇𝑇𝑁𝑁, air-side and water-side heat 
transfer coefficients are needed. The air-side heat transfer 
coefficient and pressure drop are calculated by assuming that the 
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tube bundle geometry is the same as the one specified in 
Example 8.1.1 from the Kröger textbook [19]. The water-side 
heat transfer coefficient is calculated from the Dittus-Boelter 
equation, with water properties calculated based on the 
integrated value between the water inlet and outlet temperatures. 

Table 1 shows the design basis and cost estimate for a 
reference ACHE used as the indirect dry cooler in this 
application. The cost estimate was prepared by Black & Veatch 
[20]. This reference indirect dry cooling system cost was 
converted to 2011$ using the CEPCI [18] and used to determine 
the bare erected cost (BEC) of a single bay assuming linear 
scaling. Since the indirect dry model calculates the number of 
bays required as a primary output, the BEC for any indirect dry 
cooling configuration is taken as the required number of bays 
multiplied by the per-bay BEC. 

Table 1: Design basis and cost estimate for reference ACHE 

Parameter 
Value 

(English Units) 

Value 

(SI Units) 

Duty 1820 MMBtu/h 533.4 MWth 

Cooling water flow rate 184,000 gpm 41,791 m3/h 

ACHE water inlet temp 89 °F 31.7 °C 

ACHE water outlet temp 69 °F 20.6 °C 

ACHE outlet temperature 
approach 10 °F 5.6 °C 

Bays required 68 

BEC, $1,0002017 80,272 

 The approach of using a single per-bay cost value was 
validated using the results from a series of sensitivity analyses 
performed in STEAM PRO. Figure 5 shows the cost and number 
of cells/bays versus the cooling duty, the dry bulb temperature, 
and the temperature approach. The estimates for the cost and 
number of cells are from STEAM PRO while the number of bays 
is scaled from the Black & Veatch reference case. The plots show 
good agreement between the SteamPro data and the Black & 
Veatch data. The maximum deviation occurs for an approach 
below 5.6 °C (10 °F). 

In this model, the bay size is governed by the effective 
frontal area of one tube, which results in modular bay cooling 
duties between about 15 and 25 MW, depending on approach 
temperature and range parameters. Approach temperatures 
below 2.8 °C (5 °F) are not recommended by STEAM PRO, and 
limits on the range are generally unspecified. 

Figure 5: Cost and number of ACHE cells/bays vs. cooling 
duty, dry bulb temperature and approach temperature  

Water-sCO2 Heat Exchangers 
To allow a complete cooling system assessment for the processes 
using a wet cooling tower or the indirect dry cooling technology, 
models were developed for the water/sCO2 coolers required in 
these systems. For the oxy-CFB indirect sCO2 cycle system 
analyzed in this paper, two water/sCO2 coolers are required, one 
for the main sCO2 cooler and the other for the intercooler used 
in the main CO2 compressor. Both coolers are modeled as 
counter-current flow heat exchangers. The thermo-physical 
properties for both CO2 and water are calculated using the Span-
Wagner equation of state [21] by linking the model to REFPROP 
[22].  Due to the nonlinear variations in the properties for CO2, 
the model discretizes the coolers into 100 segments in the 
direction of flow. The temperatures and conductance (UA) at 
each zone are calculated from the energy balance and heat 
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transfer relations. The minimum temperature approach was 
determined from an economic optimization to minimize the 
overall COE. The capital cost model for the water/sCO2 coolers 
is identical to that used for the power cycle’s low temperature 
recuperator; $0.294/(W/K) on a 2011 dollar year basis [15]. 

Direct Dry Cooling Performance and Cost Models 
 The schematic of the direct dry CO2 cooler bay modeled in 
this study is shown in Figure 6. As depicted in the schematic, 
CO2 flows inside finned tube bundles with multiple rows of tubes 
and passes. The induced draft fans located at the top of the cooler 
draw cold air over the tube bundles in a crossflow arrangement. 
Details of the modeled tube bundles are provided in Table 2.  

Figure 6: Schematic of the direct dry CO2 cooler 

Table 2: Geometric dimensions of the modeled plate fin-and-
tube heat exchanger 

Parameter Value 
Tube outer diameter (mm) 12 
Tube wall thickness (mm) 0.7 
Tube inner diameter (mm) 10.6 

Finned tube length (m) 11.385 
Tube arrangement pattern Staggered 

Fin thickness (mm) 0.15 
Number of tube bundles 2 
Number of tubes per row 64 
Number of tube passes 3 

Number of tubes per pass 2 

The performance model is based on Example problems from 
the Kröger textbook [19]. The adjustable inputs in the 
spreadsheet are cooling duty, CO2 operating conditions (inlet 
temperature and pressure, outlet temperature), air flow rate and 
ambient dry bulb temperature and pressure. The key output 
variables of the performance model are the number of required 
bays and the auxiliary fan power consumption. 
 The implicit energy balance and draft equations are solved 
iteratively for the main calculated outputs. Closure to the energy 
balance equations is provided using the 𝜀𝜀-𝑁𝑁𝑇𝑇𝑁𝑁 relationship.  

 The 𝜀𝜀-𝑁𝑁𝑇𝑇𝑁𝑁 relationship is derived under the assumption of 
constant properties. This assumption is not valid for CO2 near the 
critical point due to the rapidly varying thermo-physical 
properties in this region. The cooler bay tube bundle is 
discretized into multiple sub-sections to account for the variation 
of thermo-physical properties of CO2. For each sub-section the 
properties are assumed to be constant and the 𝜀𝜀-𝑁𝑁𝑇𝑇𝑁𝑁 relationship 
is applied to each sub-section.  
  The effectiveness (ε) of each sub-section is calculated using 
the 𝜀𝜀-𝑁𝑁𝑇𝑇𝑁𝑁 relationship for cross flow heat exchangers with both 
fluids unmixed.  The air-side heat transfer coefficient and 
pressure drop across the tube bundle are calculated using the 
correlations published by Wang et al. [23].  For the CO2-side, a 
separate set of correlations are used for condensing and non-
condensing cases [19].  The CO2-side heat transfer coefficient 
and pressure drop for the non-condensing cases are calculated 
using the Gnielinski correlation [24], while those for the 
condensing cases are calculated using correlations published by 
Cavallini et al. [25]. According to Cavallini et al., the 
condensation heat transfer coefficient is either dependent or 
independent of the difference between the saturation temperature 
and the wall temperature. Since the wall temperature is unknown 
a priori an iterative algorithm is used to determine the 
condensation heat transfer coefficient. The frictional pressure 
drops for the condensing cases are calculated using the 
correlation of Friedel [26]. The thermo-physical properties for 
both CO2 and air are calculated using the Span-Wagner equation 
of state [21] by linking the Excel spreadsheet to REFPROP [22]. 

Figure 7: Direct dry cooler bay heat duty (top) and fan power 
consumption (bottom) as a function of ambient temperature 
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The performance model was validated against data provided 
by Guentner, a CO2 cooler vendor. Figure 7 compares the 
calculated bay heat duty and fan power consumption from the 
model and the vendor data. The model was able to predict the 
vendor data for bay heat duty and fan power consumption within 
±10% and ±15% respectively. This accuracy is quite good since 
the model doesn’t fully replicate the vendor tube bundle.  

The equipment capital cost of the direct dry cooler is scaled 
linearly with the number of cooler bays calculated from the 
performance model. The cost of each cooler bay is determined 
from the vendor quote. The equipment capital cost is converted 
to 2011$ using the CEPCI [18]. No further validation of the 
linear cost model is performed due to lack of reliable data.  

Adiabatic Cooling Performance and Cost Model 
 When the ambient temperatures are high the performance of 
dry coolers suffer due to approach to the dry bulb temperature. 
“Adiabatic” cooling systems are used in the CO2 refrigeration 
industry to enhance the performance of CO2 coolers during hot 
ambient conditions. The schematic of the adiabatic CO2 cooler 
bay modeled in this study is shown in Figure 8. The construction 
of the adiabatic cooler bay is identical to that of direct dry cooler 
bay from Figure 6, with the addition of pre-cooler pads prior to 
the tube bundles. These pre-cooler pads are wetted with water 
when the ambient dry bulb temperature is above a certain set 
point. As the air is drawn over the wet cooling pads, the air is 
humidified and cooled to approach the wet bulb temperature. The 
modeled tube bundles are the same as those of the direct dry 
cooler from Table 2.  

Figure 8: Schematic of the adiabatic cooling technology 

The performance model for the adiabatic cooler is broken 
into two separate models that are executed in series; one for the 
pre-cooler pad and one for the tube bundle. The pre-cooler pad 
model solves the simplified mass and energy balance equations 
between the air and water film in the direction of air flow [27]. 
The outputs of the pre-cooler pad model are the air  outlet 
temperature, humidity ratio and water consumption rate.  
 The pre-cooler pad efficiency (approach to wet-bulb 
temperature), heat transfer coefficient and the pressure drop 

across the pad depends on the air flow rate and type of the 
cooling pad. It is assumed that the pad is constructed out of 
corrugated cellulose paper and the correlations published by S. 
He et al. [27] are used. The outputs from the pre-cooler pad 
model are provided as inputs to the direct dry cooler bay 
performance model described in the previous section. 
 The performance model is validated against data provided 
by Guentner for their adiabatic CO2 coolers. Figure 9 compares 
the calculated bay heat duty, fan power consumption and water 
consumption between the current model and the vendor data. The 
model was able to predict the vendor data within ±10%. Again, 
the accuracy is quite good considering that the pre-cooler pad 
model and tube bundle model don’t fully replicate the vendor 
design. 

Figure 9: Adiabatic cooler bay heat duty (top), fan power 
consumption (middle) and water consumption rate (bottom) as 

a function of ambient dry bulb temperature. 
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The validated performance model can be used to calculate 
the number of cooler bays, auxiliary fan power and water 
consumption as a function of the CO2 process conditions, cooling 
duty, ambient air conditions and volumetric flow rate of air. 
 The equipment capital cost of the adiabatic cooler is scaled 
linearly with the number of cooler bays calculated from the 
performance model. The cost of each cooler bay is determined 
from the vendor quote. The equipment capital cost is converted 
to 2011$ using the CEPCI [18]. 

RESULTS AND DISCUSSION 

Figure 1 shows a simplified schematic of the RCBC used in 
this study.  A more detailed process flow diagram depicting all 
of the major plant components as well as a state point table is 
provided in Reference [1].  As the present work is primarily 
focused on process sensitivities around the low temperature 
components of the cycle, the presence or operation of higher 
temperature cycle components affects the study results only in 
that they establish a baseline plant efficiency against which these 
sensitivities are compared. 
 In modeling the sCO2 cycle in Aspen, the exit temperatures 
in the recuperators are determined using design specifications 
within the model that target a minimum temperature approach at 
5.6 °C (10 °F). Similar design specifications are applied to the 
flue gas and CO2 coolers. 
 As a default, the main CO2 compressor has a single stage of 
intercooling, although the Aspen model allows a greater number 
of intercooling stages to be used so that the optimal number of 
intercooling stages can be determined. In all cases, the 
intercooler outlet temperature is set equal to the main CO2 cooler 
outlet temperature, and the intercooler pressure drop is set to 
0.014 MPa (2 psid) for water-cooled cases and 0.14 MPa (20 
psid) for air-cooled cases to account for longer sCO2 pipe runs to 
the coolers. The isentropic efficiencies and pressure ratios for 
each compression stage are approximately equal.   
 The superheat and reheat units, depicted in Figure 1 internal 
to the CFB, constitute the primary heat exchanger, with each 
heating the high-pressure sCO2 stream to the turbine inlet 
temperature of 760 °C. Two economizers are included in the 
power cycle to recover additional heat from the flue gas, with the 
FGC in Figure 1 serving as the flue gas cooler which recovers 
low quality heat from the flue gas in parallel with the LTR. 
 Table 3 lists the major assumptions and specifications 
applied to the RCBC.  

Table 3: sCO2 Brayton cycle model parameters 
Parameter Value 

Turbine inlet temperature (°C) 760 
Compressor outlet pressure (MPa) 34.6 
Intercooler pressure drop (MPa) 0.14 or 0.014 

Turbine isentropic efficiency 0.927 
Compressor isentropic efficiency 0.85 

Cycle pressure drop (MPa) 0.41 
Minimum temperature approach (°C) 5.6 

Although the focus of this paper is on the cooling system, 
the following sections show results for the whole plant. The 
Aspen model yields the performance estimates for the balance of 
plant components, such as the air separation unit and the CO2 
purification unit. Cost scaling algorithms were used to estimate 
the capital costs for the non-cooling system components. Details 
about these performance and cost models along with the 
methodology used to estimate COE are provided in Reference 
[1]. 

The Aspen plant model was run for cooler temperatures of 
20, 25, 30, 35, and 40 °C, and the compressor inlet pressure (CIP) 
that maximizes the cycle and plant efficiency was calculated  [4]. 
It was found that the optimal CIP is slightly higher than the 
saturation pressure or pseudo-critical pressure, consistent with 
other studies from literature [10]. The optimal CIP and the 
maximum cycle efficiency for the five cooler outlet temperatures 
are summarized in Table 4, where it can be seen that the cooler 
pressure drop (∆𝑃𝑃𝑐𝑐𝑜𝑜𝑜𝑜𝑐𝑐𝑅𝑅𝑐𝑐  of 0.014 MPa vs 0.14 MPa) has no 
significant effect system performance.  

Table 4: Optimal compressor inlet pressure and maximum 
cycle efficiency as a function of cooler exit temperature 

CO2 cooler 
temperature 

(°C) 

𝛥𝛥𝑃𝑃𝑐𝑐𝑜𝑜𝑜𝑜𝑐𝑐𝑅𝑅𝑐𝑐=0.014 MPa 𝛥𝛥𝑃𝑃𝑐𝑐𝑜𝑜𝑜𝑜𝑐𝑐𝑅𝑅𝑐𝑐=0.14 MPa 
Optimal 

CIP 
(MPa) 

Maximum 
𝜂𝜂𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑅𝑅  (%) 

Optimal 
CIP 

(MPa) 

Maximum 
𝜂𝜂𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑅𝑅  (%) 

20 5.86 57.24 5.86 57.24 
25 6.55 56.68 6.55 56.67 
30 7.45 55.99 7.38 55.92 
35 8.34 55.20 8.27 55.20 
40 9.31 54.46 9.24 54.39 

 Although the maximum cycle efficiency increases with 
decreasing cooler outlet temperature, the capital cost of CO2 
coolers and auxiliary fan power consumption are expected to 
increase at the same time. Therefore, one would expect a natural 
trade-off between the efficiency and COE depending on the type 
of cooling technology and selected parameters for the cooling 
technology. The four cooling technology performance and cost 
models described in the previous sections were applied to 
explore such trade-offs and determine the optimum cold sCO2 
temperature. All presented results assume an ambient pressure of 
101.325 kPa, and air dry and wet bulb temperatures of 15 °C and 
10.82 °C respectively, corresponding to 60% relative humidity.  

Wet cooling tower model results 
 Figure 10 shows example composite T-Q diagrams for the 
entire sCO2 cooling system for the 25 °C (condensing) and 40 °C 
(noncondensing) cooler temperature cases. In the case of wet 
cooling technology, cooling tower range (𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅 = 𝑇𝑇𝑤𝑤𝑤𝑤 − 𝑇𝑇𝑤𝑤𝑜𝑜) 
and approach to the wet bulb temperature (𝑇𝑇𝑊𝑊𝐶𝐶𝑇𝑇,𝑅𝑅𝑎𝑎𝑎𝑎 = 𝑇𝑇𝑤𝑤𝑜𝑜 −
𝑇𝑇𝑤𝑤𝑇𝑇) are the two independent cooling technology parameters that 
influence the auxiliary power consumption, capital cost and 
water consumption rate. The sCO2 temperatures are fixed by the 
cycle model, as is the air wet bulb temperature and the hot end 
air/water approach temperature.  For condensing CO2 cases, 1-D 
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modeling of the water/CO2 cooler ensures that a temperature 
cross does not exist at the point where CO2 first condenses.  

Figure 10: Composite T-Q diagram for the sCO2 cooling system 
at 25 °C and 40 °C 

Figure 11 shows the COE (without CO2 transport & storage 
[T&S] costs) and plant efficiency as a function of cooling tower 
range and temperature approach for the sCO2 cooler outlet 
temperature of 25 °C.  For a fixed temperature approach of 
2.8 °C (5 °F), the cooling tower range was varied from 5 °C 
(9 °F) to 20 °C (36 °F). Increasing the cooling tower range 
impacts the plant efficiency and COE in the following ways: 1) 
the plant efficiency increases due to a reduction in cooling tower 
fan and cooling water pump power consumption, 2) the capital 
cost of water/CO2 coolers increases due to reduced driving forces 
and consequently higher heat transfer area requirements, and 3) 
the capital cost of the cooling tower decreases according to the 
modified Zanker correlation described earlier. The net impact of 
these opposing trends on the plant’s COE yields a minimum 
value at a particular value of the cooling tower range (~15.3 °C 
in this example case). 

For the optimum range of ~15.3 °C (27.5 °F), the cooling 
tower temperature approach was varied from 0 to 11.1 °C 
(20 °F). Decreasing the cooling tower approach temperature 
impacts the plant efficiency and COE in the same way as 
increasing the range as discussed above, except that this leads to 
a decrease in the water/CO2 cooler cost due to increased driving 
forces.  The net impact on the plant is that COE attains a 
minimum value at a low value of cooling tower temperature 
approach (0.7 °C in this example case).  However, as indicated 
earlier, 2.8 °C was chosen as the minimum cooling tower 
temperature approach based on recommendation by cooling 
tower manufacturers. Colder CO2 cooler temperature cases also 
optimize to this 2.8 °C temperature approach, though the plant 
efficiency increases with decreasing temperature approach in 
these cases.  Table 5 shows the optimum values of cooling tower 
temperature approach and range for each of the cooler exit 
temperatures.  Note that the cooling tower range impacts plant 

efficiency and COE more than the cooling tower approach 
temperature, since it affects both water consumption and cooling 
tower size. 

Figure 11: Variation of plant efficiency and COE with respect 
to cooling tower range and approach temperature. 

Table 5: Optimum values of wet cooling tower (WCT) range 
and temperature approach for each cooler exit temperature 

CO2 cooler 
temperature (°C) 

Optimum WCT 
approach (°C) 

Optimum WCT 
range (°C) 

20  2.8   8.9 
25  2.8 15.6 
30  2.8 24.4 
35  2.8 27.8 
40  2.8 27.8 

Indirect dry cooling technology model results 
 In the case of indirect dry cooling technology, the ACHE 
water range (𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅𝑅 = 𝑇𝑇𝑤𝑤𝑤𝑤 − 𝑇𝑇𝑤𝑤𝑜𝑜) and approach to the dry bulb 
temperature (𝑇𝑇𝑅𝑅𝑎𝑎𝑎𝑎 = 𝑇𝑇𝑤𝑤𝑜𝑜 − 𝑇𝑇𝑑𝑑𝑇𝑇) are the two independent cooling 
technology parameters that influence the auxiliary power 
consumption and capital cost.  These are analogous to the 
parameters shown in Figure 10 except Tapp is the approach to the 
higher dry bulb temperature. As with the wet cooling tower, the 
sCO2 temperatures are fixed by the cycle model, and the inlet air 
dry bulb temperature is fixed. The hot end air/water approach 
temperature varies due to the crossflow nature of the ACHE 
cooler.  
 Figure 12 shows the COE and plant efficiency as a function 
of the ACHE range and temperature approach for a cooler outlet 
temperature of 25 °C.  For a fixed ACHE temperature approach 
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of 2.8 °C (5 °F), the ACHE range was varied from 2.2 °C (4 °F) 
to 13.3 °C (34 °F).  Increasing the ACHE range impacts the plant 
efficiency and COE as follows: 1) the plant efficiency increases 
due to reduction in ACHE auxiliary fan power consumption, 2) 
the capital cost of the water/CO2 coolers increases due to reduced 
driving forces and consequently higher heat transfer area 
requirements, and 3) the capital cost of the ACHE decreases. Due 
to these opposing trends, the net impact on the plant is that the 
COE attains a minimum value for a particular value of the ACHE 
range (approximately 11.1 °C in this example case). 

Figure 12: Variation of plant efficiency and COE with respect 
to indirect dry cooler (ACHE) range and approach temperature 

 For the optimum range of 11.1 °C (20 °F), the ACHE cooler 
temperature approach was varied from 0.7 °C (1.3 °F) to 8.3 °C 
(14.9 °F). Increasing the ACHE temperature approach impacts 
the plant efficiency and COE in the same manner as increasing 
the ACHE range, with the minimum COE occurring for larger 
values of the ACHE temperature approach. 

Table 6: Optimum values of Indirect dry (ACHE) temperature 
approach and range for each the cooler exit temperature 
CO2 cooler 

temperature (°C) 
Optimum ACHE 

temp. approach (°C) 
Optimum ACHE 

range (°C) 
20   4.5 0.37 
25   7.9 1.39 
30 12.0 3.35 
35 16.3 4.75 
40 20.1 9.70 

Table 6 shows the optimum values of ACHE temperature 
approach and range for each of the cooler exit temperatures. 
Note that the optimal cooling system parameters are not general, 
and only apply to the modeled plant using the economic 
assumptions applied in its analysis. 

Direct dry cooling technology model results 
 In the case of direct dry cooling technology, the volumetric 
flow rate of air is the only parameter that influences the cooling 
duty, auxiliary power consumption, and the capital cost. Figure 
13 shows the COE and plant efficiency as a function of the 
volumetric flow rate of air per bay for a cooler outlet temperature 
of 25 °C. Increasing the volumetric flow rate of air decreases 
plant efficiency due to increases in the dry cooler auxiliary fan 
power consumption, while the number of required cooler bays to 
meet the design specifications decreases resulting in lower 
capital cost of the CO2 coolers. Due to these opposing trends, the 
COE attains a minimum value for a particular value of air flow 
rate (approximately 90 m3/s in this example case).  

Figure 13: Variation of plant efficiency and COE with respect 
to flow rate of air per bay for the direct dry cooler 

Figure 14: Variation of plant efficiency and COE with respect 
to flow rate of air per bay for the adiabatic cooler 

A similar set of conclusions can be drawn for adiabatic 
cooling technology as well as depicted in Figure 14. However, in 
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the case of adiabatic cooling technology the water consumption 
rate increases with the air flow rate.  

Plant COE Optimization Results 
 Based on the sensitivity analyses presented in the previous 
sections, the optimum cooling technology parameters are 
determined for each of the CO2 cooler temperatures and all four 
cooling technologies. Figure 15 presents the optimized plant 
efficiency and COE as a function of CO2 cooler outlet 
temperature.  Notably, the plant efficiency is shown to improve 
by 3.0 – 3.5 percentage points, and the plant COE is reduced by 
as much as 8%, by decreasing the CO2 cooler temperature from 
40 to 20 °C, depending on the cooling technology. 

Figure 15: Optimized COE and plant efficiency as a function 
of cooler outlet temperature for all four cooling technologies 

Out of the four cooling technologies, indirect dry cooling 
technology yields the lowest plant efficiency and highest COE 
for all the CO2 cooler temperatures. For CO2 cooler temperature 
above 25 °C, both the direct dry cooling and adiabatic cooling 
technologies offered nearly the same plant efficiency and COE. 
Moreover, the COE is lowest for the direct dry cooling and 
adiabatic cooling technologies (relative to other cooling 
technologies) for CO2 cooler temperature above 25 °C. The COE 
of the direct dry cooling technology attains a minimum value for 
CO2 cooler temperature of ~25 °C. As the CO2 cooler 
temperature decreases below ~25 °C, the COE of the direct dry 

cooling technology starts to increase due to increases in the 
capital cost of the CO2 coolers. It is interesting to note that the 
COE of the adiabatic cooling technology continues to decrease 
with CO2 cooler temperature unlike the direct dry cooling 
technology.  
 For the lowest value of the CO2 cooler temperature 
investigated (20 °C), the COE of adiabatic cooling and wet 
cooling tower technologies are similar. However, the water 
consumption rate in the case of adiabatic cooling technology is 
significantly lower (689 m3/h for adiabatic cooling vs 1,146 m3/h 
for wet cooling tower). This reduced water consumption makes 
the adiabatic cooling technology more attractive in hot and dry 
regions where the water resources are typically scarce. 
Moreover, unlike the wet cooling tower, adiabatic cooling 
technology offers the flexibility to operate in dry cooling mode 
when allowed by low ambient temperatures.     
 An important point to note is that the optimized results 
presented here are valid only for the ambient conditions selected. 
In case of higher/lower ambient temperatures, the optimum 
cooler temperature will change accordingly for each of the 
cooling technologies.  

CONCLUSIONS & FUTURE WORK 

This paper describes the development of performance and 
cost models for four cooling technologies of interest to indirect 
sCO2 power cycle designers, covering both direct sCO2 cooling 
and indirect cooling through a water intermediate fluid, as well 
as wet and dry cooling technologies for approach to ambient wet 
and dry bulb temperatures, respectively.  The models are 
applicable for any ambient conditions and can thus be used for 
plant site selection analyses or studies of the expected 
performance of the system under different climate scenarios.  
The spreadsheet models are publicly available to the sCO2 
research community to assist in economic optimization of sCO2 
plant designs [15].  While not intended to cover all available 
cooling technologies, these models do provide a representative 
cross-section of the various cooling types, all developed with a 
uniform set of assumptions to allow one to weigh the benefits 
and drawbacks of each cooling technology type. 

Each of the cooling technology models were applied to a 
pre-existing RCBC model with an oxy-CFB primary heat source 
to demonstrate their utility in cold-end cycle optimization. 
Sensitivity analyses show the performance and cost impacts of 
variations in the design range and approach temperature as well 
as the air flow rate through the cooling bay for the dry cooling 
and adiabatic cooling technologies. These sensitivity analyses 
show the interplay between the overall plant efficiency and COE 
and generally identify the point of minimum COE. 

Finally, a comparative analysis of all four technologies was 
conducted over a range of CO2 cooler outlet temperatures 
between 20 °C and 40 °C.  The sCO2 plant efficiency is shown 
to improve by 3.0 – 3.5 percentage points, and the plant COE is 
reduced by as much as 8%, by decreasing the CO2 cooler 
temperature from 40 to 20 °C, depending on the cooling 
technology. This highlights the importance and impact of cooling 
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system thermal integration for sCO2 power cycles, and the utility 
of the spreadsheet models in helping cycle designers develop 
commercially competitive indirect sCO2 power systems.   

Between the cooling technologies studied, indirect dry 
cooling has the lowest plant efficiency while wet cooling yields 
the highest efficiency, with dry cooling and adiabatic cooling 
only slightly lower. The differences in the impact of CO2 cooler 
temperature on efficiency increase as the cooler temperatures 
approach ambient conditions. The variations in the COE between 
the four cooling technologies are even more striking. Indirect dry 
cooling yields the highest COE at all CO2 cooler temperatures. 
At the lowest CO2 cooler temperatures, wet cooling and adiabatic 
cooling yield the lowest COE while above ~25 °C, direct dry and 
adiabatic cooling give the lowest COE. Each cooling technology 
shows a minimum in COE, generally for CO2 cooler 
temperatures between 20 °C and ~27 °C. 

Work is currently underway to enable use of these 
spreadsheet cooling models for semi-closed direct sCO2 power 
cycles, where the working fluid includes water, oxygen, and 
other sCO2 impurities.  Future work on the cooling technology 
models is expected to focus on further improvements in the 
accuracy of performance and cost estimates through additional 
vendor data and to increase the number of adjustable design 
variables for the cooling technologies.  These models will be 
applied to future direct and indirect sCO2 techno-economic 
analyses to optimize cooling system designs as a function of 
plant site ambient conditions, including seasonal temperature 
variability.  

NOMENCLATURE 

A -  WCT cold end temperature approach 
ACHE - Air-cooled heat exchanger 
BEC - Bare erected cost 
C - Zanker correlation coefficient 
CEPCI - Chemical Engineering Plant Cost Index 
CFB - Circulating fluidized bed 
CIP - Compressor inlet pressure 
COE - Cost of electricity 
FGC - Flue gas cooler 
gpm - Gallons per minute 
HHV - Higher heating value 
HTR - High temperature recuperator 
ID - Indirect dry 
kWe - Kilowatt electric 
LTR - Low temperature recuperator 
m - Mass flow rate 
MC - Main compressor 
MWe - Megawatt electric 
MWth - Megawatt thermal 
NETL - National Energy Technology Laboratory 
NTU - Number of transfer units 
oxy - Oxygen 
Q - Heat duty 
R - Range 
RC - Recompression (bypass) compressor 

RCBC - Recompression Brayton cycle 
REFPROP - Reference Fluid Thermodynamic and 

Transport Properties Database 
sCO2 - Supercritical carbon dioxide 
TACHE,app - ACHE temperature approach 
Tdb - Dry bulb temperature 
T-Q - Temperature-heat duty 
T&S - Transportation & storage 
Twb - Wet bulb temperature 
TWCT,app - Wet cooling tower temperature approach 
Twi - Inlet water temperature 
Two - Outlet water temperature 
UA - Conductance 
VTR - Very high temperature recuperator 
WCT - Wet cooling tower 
ε - Heat exchanger effectiveness 
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ABSTRACT 

Various control strategies for supercritical carbon dioxide 

cycle (S-CO2 cycle) have been developed. A combination of 

bypass and inventory controls is regarded as one of the most 

important and efficient strategy. When only an inventory control 

is actuated, the system pressure changes significantly to 

maintain velocity and temperature at approximately constant 

level. Hence, an off-design performance of turbomachinery is 

comparable to on-design performance so that inventory control 

could allow S-CO2 cycles to maintain high thermal efficiency 

during part load operating conditions. Nevertheless, an 

inventory control alone is expected to have issues of delayed 

response, compressor surge and unexpected system shut down. 

Therefore, a bypass control should compensate the slow 

response time of an inventory control even though the bypass 

control results in undesirable cycle performance at off-design 

operating conditions. A quantitative assessment of inventory 

control for an S-CO2 cycle has been rarely conducted because 

non-ideal thermodynamic properties of S-CO2 make the 

assessment of appropriate inventory for the selected operating 

conditions to be difficult. In this paper an S-CO2 cycle 

performance inventory tanks are modeled to assess various 

control schemes in terms of response and efficiency.  

INTRODUCTION 

Supercritical CO2 cycles (S-CO2 cycles) are regarded as a 

promising power cycle because S-CO2 cycles have many 

advantages in a practical application. High thermal efficiency, 

low volume to power ratio, mild environment for keeping 

integrity of turbomachinery blade are the expected advantages 

of the cycle [1-4]. Thanks to small volume and high efficiency 

of S-CO2 cycles, KAIST has developed an S-CO2 cooled fully 

modularized Small Modular Reactor, namely KAIST Micro 

Modular Reactor (MMR), to provide energy to a remote region 

for 20 years without refueling [5].  

An important feature for the MMR is to be equipped with 

autonomous control. In the previous work, a part load 

simulation of MMR was implemented and it showed that MMR 

core is autonomously regulated without a reactivity control. 

Two controllers used in the system  are inventory and turbine 

bypass controls to adjust the system to demand from grid [6]. 

However, the inventory control was assessed based on the 

infinite inventory tank previously. In this paper, the effect of 

having finite volume inventory tank will be first evaluated. 

Various control schemes are compared to find the most proper 

scheme in terms of fast response and part load efficiency as 

well. 

KAIST MMR 

MMR is designed to supply electricity to a remote region 

and can be transported by ship, train and vehicle. The heat is 

rejected to ambient air so that it can be independent from the 

site location. MMR is composed of a single unit including 

reactor core, power conversion system and all other supporting 

systems in a double wall containment for good transportability. 

For compactness of the system, the layout of MMR is simple 

recuperated cycle. The following figure represents a conceptual 

picture of MMR. 

Figure 1: Conceptual picture of MMR 

INVENTORY CONTROL 

For closed Brayton cycles including S-CO2 cycles, turbine 

bypass, inventory, turbine throttle and turbine inlet temperature 

controls are conventionally used to follow a load following 

condition [7-9]. Among these control strategies, inventory 

control is known as the most efficient control [10, 11] but the 
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inventory control 

is not expected to 

be used for rapid 

load changes because gas transfer from and to the operating 

inventory is normally a very slow process [12]. To compensate 

its slow characteristic time, turbine bypass control is operated in 

case of a drastic load change situation. However, turbine bypass 

valve makes efficiency of closed Brayton cycles to be inferior 

as shown in Figure. 2. 

Figure 2: Part-load efficiency for the various control modes 

[10] 

PART LOAD OPERATION RESULTS WITH INFINITE 

VOLUME OF INVENTORY TANKS 

   In this part, various control scheme which is indicated in 

Table I with infinite volume of inventory tanks will be analyzed 

and part load results will be presented when infinite volume is 

applied. The grid load is reduced from 100% to 25% and it will 

be increased again from 25% to 100% with ±5% per minute 

rate of grid load change [9]. 

Table I. Control scheme options of MMR 

<Control scheme 1> <Control scheme 2> 

- Turbine bypass (1) 

- Discharging: Compressor outlet (2-2) 

- Feeding: Precooler inlet (2-1) 

- Turbine bypass (X) 

- Discharging: Compressor outlet (2-2) 

- Feeding: Precooler inlet (2-1) 

<Control scheme 3> <Control scheme 4> 

- Turbine bypass (X) 

- Discharging: Compressor outlet (2-2) 

- Feeding: Compressor outlet (2-1) 

- Turbine bypass (1) 

- Discharging: Compressor outlet (X) 

- Feeding: Compressor outlet (X) 

Commonly, a single inventory tank, whose pressure is in 

between maximum and minimum pressures of a cycle, is located 

between the compressor outlet and the precooler inlet. The 

layout is shown in control scheme 1, which is the most general 

control scheme of closed gas Brayton cycles. Since mass 

transfer can occur naturally due to pressure difference between 

inventory tank and the cycle, control scheme 1 is advantageous 

in the aspect of simplicity and fast response when load is 

decreased. However, control scheme 1 leads to a delayed 

response in case of increase in load. The reason is that the 

system inventory should also increase when the load is 

increased. In control scheme 1, inventory is increased at the 

compressor inlet which can cause an instantaneous rise of 

compressor mass flow rate compared to the turbine. 

Consequently, compressor work exceeds turbine work at the 

beginning of inventory charging [13]. If charging rate is slow 

enough, turbine and compressor gradually reach the balance and 

the cycle will approach to a new stable state but if not the 

system will be unstable so that the system can shut down. It can 

be confirmed in right figure of Figure 3. The dashed slopes in 

the figure represents demanded load and solid line means the 

actual current load. As shown the figure, when inventory is 

supplied at compressor inlet, there is a large distinction between 

demand load and current load. Hence, application of control 

scheme 1 is not proper in order to have fast response control 

system for both increase and decrease in power. 
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Figure 3: Net power when introducing inventory into 

compressor outlet (left) and compressor inlet (right) [13] 

It can be also confirmed that control scheme 1 is not suitable for 

the load increase condition in case of MMR system as shown in 

Figure 4. 

Figure 4: turbine speed (left) and grid demand and net power 

(right) with control scheme 1 

Control scheme 2 is identical with control scheme 1 except 

there is no turbine bypass control. In case of control scheme 1, 

turbine bypass control compensates slow response of inventory 

charging but control scheme 2 does not have turbine bypass 

control at all. As a result, control scheme 2 makes MMR system 

to be very unstable even at 10% load reduction as shown in 

Figure 5. 

Figure 5: Turbine speed (left) and grid demand and net power 

(right) with control scheme 2 

Control scheme 3 requires two inventory tanks and both tanks 

are located at compressor outlet. One tank is pressurized more 

than the compressor outlet pressure to charge inventory through 

compressor outlet line and the other is pressurized less than 

compressor outlet pressure to discharge inventory. When this 

scheme is applied, delayed response problem which occurs in 

case of load increase can be resolved. Since inventory charging 

and discharging are conducted at the compressor outlet, 

compressor work does not exceed turbine work during 

inventory control. Especially, the response time of this control 

scheme is quick enough to regulate turbine rotational speed 

with only inventory control so that the turbine bypass control 

can be eliminated from the control scheme. This control scheme 

was firstly devised by Salzmann et al. [14]. As shown in Figure 

6, control scheme 3 shows superior performance compared to 

control schemes 1 or 2.  

Figure 6: Turbine speed (left) and grid demand and net power 

(right) with control scheme 3 

Control scheme 4 represents that the control scheme is equipped 

with only bypass control. Due to nature of bypass control, it 

shows the fastest response than other control schemes.  

Figure 7: Turbine speed (left) and grid demand and net power 

(right) with control scheme 4 

CONCEPTUAL DESIGN OF INVENTORY TANK 

 Previous results are calculated with an assumption that infinite 

volume exists in inventory tanks. However, inventory tanks 

indeed have finite size. Therefore, upper and lower limit of 

MMR part load along to inventory volume, initial pressure and 

temperature will be assessed by adopting thermodynamic 

equilibrium states between MMR loop and inventory tank. 

Upper and lower limit of conventional closed gas cycle’s load 

range with given initial mass of inventory tank and loop can be 

obtained from the following equation [15]. 
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M0, M1: Initial mass of gas respectively in the loop and in the 

transfer tank 

y: Ratio of the cycle HP to the initial pressure of the tank 

ω: Pressure ratio of the closed gas cycle 

The equations (1)~(2) are derived based on the pressure 

equilibrium with isothermal process after inventory tank is 

connected to the primary loop. To obtain the lower or upper 

limit at given inventory tank condition, some assumptions are 

made. 

1. Ideal gas of Equation of State

2. Isothermal process between tank and loop

3. High pressure is proportional to current part load

operation

(
, ,

( ) ( )High net

high o net o

P t W t
x

P W
  ) 

4. Turbomachinery pressure ratio is constant during part

load condition

In case of finite inventory tank design for S-CO2 cycles, the 

previous assumptions should be demonstrated whether they are 

reasonable or not. The first assumption cannot be applied to an 

S-CO2 inventory tank because CO2 has abrupt property changes 

near the critical point. The second assumption is still used to 

analyze the S-CO2 system because the temperature difference 

between loop and tank can results in thermal stress and two 

phase flow problem. As a result, initial temperature of inventory 

tank should be identical with point where inventory tank is 

connected to the loop. From the comparison results of three 

control schemes, CO2 inventory should be charged or 

discharged at the compressor outlet as proven in control scheme 

3. The initial temperature of low pressure and high pressure

inventory tank should be determined as 142oC which is the 

outlet temperature of MMR compressor at the design point. The 

third assumption can be also applied to S-CO2 part load 

condition. Figure 8 represents equilibrium pressure of 

GAMMA+ code at compressor outlet with respect to part load 

condition after an infinite volume of inventory tank is 

connected. The figure shows that almost linear dependence 

between part load and equilibrium pressure until 20% so that 

the part load operation using finite volume of inventory tank 

will be limited to 20% part load as a lower boundary. Therefore, 

current part load can be estimated from the current equilibrium 

pressure of compressor outlet. 
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Figure 8: Equilibrium pressure after inventory tank is 

connected 

The final assumption is partially proven in S-CO2 systems as 

shown in Figure 9. The figure shows almost constant pressure 

ratio of compressor with respect to part load condition when 

infinite volume of inventory is applied. In short, except the first 

assumption, other three assumptions can be applied to S-CO2 

cycles. 
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Figure 9: Pressure ratio of compressor along to part load 

condition 

Compared to equation (1) and (2), equilibrium state of MMR 

loop with inventory tanks cannot be expressed in a single 

equation. Instead of formulating equation, calculate equilibrium 

state can be calculated from NIST database. Figure 10 shows 

the flow chart how the equilibrium pressure of MMR is 

obtained. This calculation process is implemented in MATLAB. 
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Figure 10: Flow chart to obtain equilibrium pressure of S-CO2 

cycle 

Basically, there are three parameters (Initial pressure, 

temperature and volume of inventory tank) for deciding 

equilibrium condition. In case of MMR system, transportability 

is the prior factor so that volume has to be constrained and then 

initial temperature is determined as the compressor outlet 

temperature to minimize thermal stress as mentioned earlier. 

Thus, only initial pressure is the parameter to confirm whether 

the finite inventory tank can have capability: 100-25-100% load 

change with ±5% per minute rate. 

At first, LP tank’s volume for discharging inventory is 

constrained for 5% of total external volume of MMR which is 

7m for axial length and 3.9m for diameter (83.6m3). Therefore, 

the equilibrium pressure results with respect to initial pressure 

of inventory tank. The calculation is based on 4.19m3 volume of 

inventory tank and an isothermal condition was assumed as 

shown in Figure 10. The small discrepancy is due to LP 

inventory tank is not going through isothermal process. 

Nevertheless, the MATLAB code shows reasonable predictions 

on the equilibrium pressure.  
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Figure 11: Equilibrium pressure with respect to initial pressure 

of LP tank 

From Figure 11, initial pressure of LP tank should be less than 

2MPa to receive the excessive inventory for reducing load 

down to 25% level. According to Figure 8, MMR has 20% part 

load at around 8MPa of equilibrium pressure. On the other 

hand, the HP tank for charging inventory to the loop should 

recover the equilibrium pressure from 25% part load condition 

(8MPa) to 100% full load condition (20MPa). At the first 

calculation, 30MPa for an initial pressure of HP tank and 

4.19m3 showed marginal equilibrium pressure about 21MPa as 

shown in Figure 12. The marginal equilibrium pressure can 

cause slow response when load is increased because pressure 

difference between inventory tank and loop becomes small. 
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Figure 12: Equilibrium pressure with respect to initial pressure 

of HP tank 

To resolve the marginal equilibrium pressure problem, 

increasing initial pressure can be a solution but too high initial 

pressure of inventory tank can require strong structure material. 

349



Hence, instead of increasing initial pressure of HP tank, 

increasing volume of HP tank can lead to more reasonable 

enhancement. From MATLAB calculation, 8.36m3 volume and 

30MPa initial pressure showed 24MPa equilibrium pressure. As 

a result, HP tank is decide to have 8.36m3 volume. 30MPa for 

initial pressure and 142oC for initial temperature. 

 

PART LOAD OPERATION RESULTS WITH FINITE 

VOLUME OF INVENTORY TANKS  

   From the part load simulation with infinite volume of 

inventory tanks, it can be seen that only control scheme 3 is 

available to meet the part load requirement. First, part load 

results (100-25-100% with 5%/min rate) with control scheme 3 

using finite volume of inventory tanks will be presented. 
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Figure 13: Grid load and net power results applying control 

scheme 3 with finite inventory tanks 
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Figure 14: Turbine rotational speed result applying control 

scheme 3 with finite inventory tanks 
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Figure 15: Temperature results applying control scheme 3 with 

finite inventory tanks 

0 500 1000 1500 2000 2500

-30

-20

-10

0

10

20

30

P
re

s
s
u
re

 (
M

P
a

)

Time (sec)

 Min

 Max

 LP tank

 HP tank

 
Figure 16: Pressure results applying control scheme 3 with 

finite inventory tanks 
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Figure 17: Mass flow rate results applying control scheme 3 

with finite inventory tanks 
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Figure 18: Part load efficiency of control scheme 3 and 4 

 

Part load results with control scheme 3 using finite inventory 

tanks show some oscillations in the value, which can result from 

that control scheme 3. Nevertheless, this control scheme has 

potential to have fast response because transferred mass flow 

rate is small as indicated in Figure 17. By optimizing controller 

gains, it could be equipped with fast response. In Figure 15, 

temperatures of inventory tanks are not varied substantially, so 

that isothermal process assumption seems to be reasonable. In 

Figure 16, when load is decreased LP pressure is increased for 

receiving inventory from the loop and when load is increased 

HP pressure is decreased for providing inventory to the loop. In 

terms of part load efficiency, from Figure 18, it is noticeable 

that control scheme 3 is the most efficient control scheme than 

other schemes. 

 

CONCLUSIONS 

MMR has been designed to provide electricity to a remote 

region by adopting transportable nuclear system concept. 

Autonomous regulation is another requirement of MMR 

because it will be operated in a remote region. From this 

demand, various control schemes are evaluated in terms of 

response and efficiency. Based on the part load results using 

infinite volume of inventory tank, initial thermodynamic states 

of inventory tanks can be determined and the finite inventory 

tanks are again applied to the three control schemes. 

The results showed that among four control schemes 

control scheme 1 and 2 are inadequate due to its slow response. 

Especially, control scheme 3 has the highest part load efficiency 

because no bypass control is adopted but its response time is 

not so fast. Furthermore, inventory controller’s parameters such 

as valve area, and variable controller’s gains will be studied to 

treat fast transient demand. 

 

 

NOMENCLATURE 

 

xL: Lower limit 

xU: Upper limit 

M0: Initial mass of MMR loop 

M1: Initial mass of inventory tank 

y: Ratio of the cycle HP to the initial pressure of the tank 

ω: Pressure ratio of the closed gas cycle 

PHigh: Current Pressure at compressor outlet 

PHigh,0: Nominal Pressure at compressor outlet 

Wnet: Current Net Power 

Wnet,0: Nominal Net Power 

P0: Initial compressor outlet pressure 

P1: Initial pressure of inventory tank 

T0: Initial compressor outlet temperature 

T1: Initial temperature of inventory tank 

V1: Volume of inventory tank 

ρeq: Equilibrium density between loop and tank 

Teq: Equilibrium temperature between loop and tank 

Peq: Equilibrium pressure between loop and tank 
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ABSTRACT 

The Electro Thermal Energy Storage (ETES) based on 

thermodynamic cycles using transcritical CO2 was first 

developed by ABB corporate research [1]. The target being to set 

up a large-scale site-independent electricity storage system. The 

system has been reviewed and developed further by MAN-ES to 

an energy management system capable of storing not only 

electricity, but heat and cold as well.  

The paper first presents the basic thermodynamic cycle layout, 

characterized by its heat pump and heat engine concept. Special 

attention is paid to the high-pressure (i.e. high-temperature) side 

of the system, where the rapid changes of sCO2 in heat capacity 

result in additional modeling complexity. The major challenge 

lays in the design of heat exchanger (HEX) that provides the best 

trade-off between cost and performance. On top of that, the 

novelty of using the same heat exchanger(s) for both charging 

and discharging cycles on high and low pressure sides of the 

cycles represents an interesting solution to improve the 

performance to cost ratio of the entire system. However, this 

comes at the expense of potential oversizing of the heat 

exchanger(s). The paper presents the steady state model 

developed to simulate both thermodynamic cycles. Using a 

constrained optimization approach, the solver is guided towards 

solutions where the required heat exchanger surface for both 

cycles is similar. The consequences of using the same heat 

exchanger for both cycles are presented for different ETES 

configurations, allowing identifying significant investment cost 

reductions and in some cases even improving the entire system’s 

performance. A significant reduction of up to 50% heat 

exchanger cost can be reached. Additionally, 14% of plant cost 

for a given round-trip efficiency can be obtained for certain 

system configurations.  

INTRODUCTION 

The need to meet the high expectations governments have set 

regarding reduction of greenhouse gases (GHG) has 

substantially increased the interests in large-scale energy storage 

systems capable of coping with the fluctuating nature and 

unpredictability of renewable energy [2-4]. The current 

established technologies based on rotating turbomachinery to 

face this growing need are Pumped Hydroelectric Storage (PHS) 

and Compressed Air Energy Storage (CAES). These 

technologies are however constrained by the topology of the site 

in which they are installed. The Electro Thermal Energy Storage 

(ETES) developed in its first stages by ABB corporate research 

[1] allowed to store large amounts of electricity without relying 

on any geological constraint. The main thermodynamic 

performance indicator for electrical storage systems is the so-

called roundtrip efficiency (ηRT) given by Equation 1. 

𝜼𝑹𝑻 =
electric energy provided during discharging
electric energy consumed during charging

=  
𝐸𝑜𝑢𝑡

𝐸𝑖𝑛
 (1)

Going one step further, the system could also be conceived for 

heating and cooling applications. The temperature ranges (0°C – 

180°C) of the ETES system allows to consider it as a tri-

generation energy management system, providing heat, cold and 

electricity on demand to various process industries or large scale 

utilities. A schematic representation of a typical ETES plant is 

presented in Figure 1. 

Figure 1. Schematic representation of the tri-generation 

energy management system: MAN ETES 
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Performance indicators defined to characterize the efficiency of 

cooling and heating applications are hot and cold coefficients of 

performance (COP) defined by Equations 2 and 3 respectively.  

𝐶𝑂𝑃ℎ𝑜𝑡 =
𝐻𝑜𝑡𝐷𝐻

𝐸𝑖𝑛
 (2) 𝐶𝑂𝑃

𝑐𝑜𝑙𝑑
=

𝐶𝑜𝑙𝑑𝐷𝐶

𝐸𝑖𝑛
 (3) 

Previous studies of ETES based on transcritical CO2 cycles 

The basic layout of the ETES process and component design as 

well as the preliminary economic study was firstly presented in 

[1]. CO2 (R744 in refrigerant nomenclature) was selected 

working fluid due to its suitable thermo-physical properties, high 

energy density and low critical point (Tc = 31.1 °C, Pc = 73.8 

bar). A heat pump (HP) in which the CO2 is compressed by a 

compressor (COMP) beyond the critical point characterizes the 

charging cycle. Making use of HEXs, the sCO2 is cooled down 

and afterwards expanded to a sub-critical state using a work-

recovery expander (EXP) instead of a throttling valve to improve 

the COP of the heat pump (HP).  An isothermal evaporation 

closes the cycle. The discharging cycle on the hand has a similar 

configuration as a heat engine (HE). A pump (PUMP) will 

pressurize the fully-condensed subcritical CO2 up to a 

supercritical state. Making use of the stored heat during the 

charging cycle, the sCO2 will be heated up and afterwards 

expanded through power turbines (TURBs) that will drive the 

generator to provide electricity to the grid. An isothermal 

condensation of the subcritical CO2 will close the cycle.  Typical 

state point diagrams of both cycles are found in Figure 2. 

The possible storage technologies were also studied in [1], where 

it became obvious that the cold side of the cycle should use a 

phase changing material in order to make use of an isothermal 

storage. Ice was selected as cold storage material due to its wide 

use in the industry as well as its low price. On the hot side of the 

system, the gliding nature of the temperature profile of sCO2 

(see Figure 2) led to select sensible heat storage in order to 

reduce the exergy losses between charging and discharging 

cycles. The excellent heat transfer properties of water combined 

with its low cost and temperatures in which the ETES system 

operates made it the ideal medium. The number of hot tanks as 

well as different cycle configurations was further studied in [5-

6], where a maximum ηRT = 62.3% was obtained using a Pinch 

Analysis approach.  

The importance of investment costs is another crucial aspect to 

consider in detail when it comes to building such a system when 

selecting the system’s intensive and extensive parameters. Using 

the most promising cycle configurations from [5-6], the optimal 

trade-off between thermodynamic performance and investment 

costs of the entire system were analyzed in [7]. In order to 

estimate equipment costs, sizing factors of each component 

(HEX surface, shaft power, etc) were assumed as the main cost 

drivers based on interpolation data from selected equipment 

suppliers.  

Use of same heat exchanger for charging and discharging 

cycles 

Taking advantage of the fact that charging and discharging cycles 

never operate at the same time, the cost-reduction potential of 

using the same components for both cycles should be considered. 

As mentioned in [7], using the HEXs between CO2 and storage 

media for both cycles becomes particularly interesting and has 

significant impact on total plant cost (CAPEX). This solution 

requires the flow to be reversed on both sides of the HEX with 

the target and main challenge to match the required area (AHEX) 

for the charging case with that of the discharging. Considering 

that AHEX is calculated as shown in Equation 4, the only 

component-specific parameter is the overall heat transfer 

coefficient (k), since QHEX and MTD (Equation 5) are provided 

by the process streams boundary conditions. Please note the use 

of MTD throughout this study instead of the traditional LMTD in 

order to consider heat exchanges with non-constant thermal 

capacities process streams. Assuming a total HEX heat duty 

QHEX, a constant k through the entire HEX and discretizing the 

component into n segments of the same duty Qi, the MTD is 

calculated as presented in Equation 5.

𝐴𝐻𝐸𝑋 =
�̇�𝐻𝐸𝑋

𝑘 ∙ 𝑀𝑇𝐷
 (4)  

𝑄𝐻𝐸𝑋
̇

𝑀𝑇𝐷
= ∑ (

�̇�𝑖

𝐿𝑀𝑇𝐷𝑖

)

𝑛

𝑖=1

  (5) 

In [7], all of the HEX between CO2 and storage medium were 

dimensioned assuming k = 1600 W m-2 K-1, considered to be an 

average value for sCO2-water HEX [8]. Assuming the same k 

represents a modelling simplification advantage. However, the 

deltas found between predicted and real AHEX result in strong 

over/under dimensioned HEXs that will not provide the expected 

Figure 2. Temperature-entropy diagram of the ETES 

transcritical CO2 cycles 
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outlet temperatures. Indeed, k depends on a variety of parameters 

of different nature as shown in Equation 6.  

1

𝑘
=

1

ℎℎ𝑜𝑡

+
𝑙𝑤𝑎𝑙𝑙

𝜆
+

1

ℎ𝑐𝑜𝑙𝑑

 (6) 

The nature of these parameters is diverse: 

 HEX: geometry, material, wall thickness, etc.

 Streams properties: thermal conductivity, viscosity,

heat capacity, temperature, pressure, etc.

 Pressure drop through the channels.

The relevance of each of these parameters will vary as discussed 

later on in this paper.  

The fact that k depends on so many parameters makes it 

necessary to calculate this value for each specific HEX both on 

charging and discharging cycles. Equation 7 summarizes the 

challenge of using the same HEX for both cycles.  

𝐴𝑐ℎ = 𝐴𝑑𝑐ℎ      ⇒  
�̇�𝑐ℎ

𝑘𝑐ℎ ∙ 𝑀𝑇𝐷𝑐ℎ

=
�̇�𝑑𝑐ℎ

𝑘𝑑𝑐ℎ ∙ 𝑀𝑇𝐷𝑑𝑐ℎ

 (7) 

In other words, the model’s goal will be to approximate as much 

as possible both HEX surfaces by a combination of Qi, MTDi and 

ki for each cycle. The heat duty ratio (Qdch /Qch) between charging 

and discharging depends mainly on the process intensive and 

extensive parameters, namely the charging and discharging times 

(tch and tdch respectively) as well as charging and discharging 

power.  

Additionally, the ratio between both pressure drops through the 

HEX (ϑ = ∆Pdch / ∆Pch) must also be estimated. For a given 

geometry, ϑ depends mainly on the different friction coefficients 

and velocities of the streams. Parameters such as mass flow ratio 

(δ), viscosity and density of the streams play therefore a crucial 

role in the value of ϑ. 

This paper first defines realistic models for the prediction of k 

and ϑ. By means of constrained optimization the different HEXs 

surfaces are matched for both charging and discharging 

operations. Finally, the results allow to see the advantages in 

terms of cost to performance ratio of using the same HEX for 

both cycles for different cycle configurations and ETES 

boundary conditions. A comparison using different HEX is 

performed as well as benchmark configuration.  

HEAT EXCHANGERS OPERATING CONDITIONS 

There are two main sorts of HEX used for the ETES cycles, 

namely the low and high-pressure HEX. The type of technology 

used for each group of HEX is different since they operate at 

different operating conditions.  

Low-pressure side heat exchanger 

This HEX is the so-called COLD HEX. The main purpose of this 

heat exchanger in the ETES process is: 

 Produce ice during charging cycle by evaporating CO2

in subcritical state (4  1 in Figures 2)

 Melt ice during discharging cycle by condensing CO2

in subcritical state (10  5 in Figures 2)

The heat exchange between CO2 and ice storage is done by 

means of an ethylene glycol-water loop. Throughout this paper, 

a 25% ethylene glycol in water by mass brine (φglyc = 25%) is 

considered. During charging, the brine would cool down by 

evaporating the CO2 and afterwards heated up by freezing the 

water inside the ice storage tank. On the other hand, during 

discharging, the brine would be heated up by the condensing 

CO2 and afterwards cooled down by melting the ice formerly 

stored during charging cycle. Figure 3 shows a typical enthalpy 

– temperature of an ETES COLD HEX. Figure 3 is a clear

example of the philosophy behind this paper, where Qdch > Qch is 

compensated by smaller temperature differences in the charging 

case with respect to the discharging.  

The operating conditions of this HEX are bounded by maximum 

condensing pressure of CO2. Assuming a maximum saturating 

pressure psat = 50 bar (Tsat = 14.28 °C), semi-welded HEX were 

considered to provide the best performance-to-cost ratio.  

The duty of the HEX is determined by both the saturation 

temperature (i.e. pressure) and the vapor quality x at which the 

CO2 enters and exits the HEX. Limitations are however imposed 

in order to guarantee the integrity and performance the 

turbomachinery upstream and downstream of the HEX. For 

instance, in the discharging (i.e. condensing) cycle the CO2 

enters at saturated vapor (x=1) and will exit at saturated liquid 

(x=0). In the charging cycle (i.e. evaporating), the quality at the 

outlet of the evaporator is fixed at saturated vapor (x = 1) to avoid 

Figure 3. COLD HEX thermal profiles for charging and 

discharging cycles 
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droplets at the COMP inlet. On the other hand, the inlet of the 

evaporator is a degree of freedom of the process depending 

solely on the EXP characteristics (see Figures 1, 2). An upper 

bound value of x = 0.4 was imposed to be realistic and this will 

be assumed throughout this study. 

High-pressure side heat exchanger(s) 

These HEXs are the so-called HOT HEX. The main purpose of 

these heat exchangers is: 

 Heat up water in the hot storage tanks by cooling sCO2

downstream the COMP  (2  3 in Figures 1,2)

 Use the hot water to heat up sCO2 upstream of the

TURB (6  7 in Figures 1,2)

The first major challenge when it comes to defining the boundary 

conditions and design of these HEXs relies on the fact that the 

working fluid through these HEXs is CO2 at supercritical 

conditions. As a consequence, the variation in heat capacity cp 

during isobaric cooling (2  3 Figure 2) or heating (6  7 

Figure 2) of sCO2 requires special attention in order to reduce as 

much as possible the exergetic irreversibilities between charging 

and discharging cycles. Although early studies of the system 

suggested the use of only 2 tanks with different temperatures [1], 

later studies pointed out the performance enhancement 

opportunity of adding intermediate tanks that would follow the 

curves for both charging and discharging cycles [5-7]. A 

schematic representation of the multiple storage tank principle is 

shown in Figure 4. The ideal water thermal profile would have 

the same temperature difference between charging and 

discharging profiles. The only way of achieving this would be 

with an infinite number of tanks that would be able to adapt to 

the change in cp of the sCO2 by changing the water mass flow 

from one tank to the subsequent one. A realistic water thermal 

profile will count with a finite number of tanks ntanks, would be 

divided into ntanks – 1 segments, each of them with a different 

thermal capacity (Cw = cp_w · mw) of the water. The optimum ntanks

is a compromise between exergy losses and CAPEX of the ETES 

system.  Figure 2 shows how the change in “shape” of the isobars 

becomes more significant approaching the triple point. The 

lower the HOT HEX pressure level (i.e. closer to triple point) the 

more sensitive CCO2 and thus more penalizing since a higher 

number of tanks is required to follow the sCO2 thermal profile 

compared to the subcritical CO2 exchange, where the pinch 

point ∆TPP was found at the extremities of the HEX, the change 

in cp during isobaric heat exchange can lead to ∆TPP in the middle 

of the HEX (see Figure 5).  

The main challenge of the high pressure side is then to determine 

the temperature of the tanks as well as the heat duty assigned to 

each of the HEX. This duty is determined by the volume flow 

leaving and entering each of the tanks. To guarantee the tanks 

filling and emptying at the same rate, the same ratio of water 

volume flow δH2O through each of the HEX should be kept as 

shown in Equation 8 below. Since the water side of the HEX is 

Figure 4. Multiple hot storage tanks principle for a 5-tank ETES configuration [7] 

Figure 5. HOT HEX thermal profiles for charging and 

discharging cycles in a 4-tank ETES configuration 
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at the same operating conditions in both cycles, the ratio of 

volume flows is equivalent to δ.  

δ𝐻2𝑂 =  (
�̇�𝑐ℎ

�̇�𝑑𝑐ℎ

)
𝑖

=  (
�̇�𝑐ℎ

�̇�𝑑𝑐ℎ

)
𝑖

 ∀𝑖 = 1, … , 𝑛𝐻𝐸𝑋    (8)

The type of HEX was selected both on the operating conditions 

of the sCO2 (80-270 bar, 10 – 200 °C) and the requirenment of 

having small ∆TPP between both streams to reduce exergetic 

losses. Among the potential techonologies that could cope with 

this criteria, printed circuit heat exchangers (PCHE) was 

considered to provide the best compromise between performance 

and footprint compared to othertraditional solutions such as shell 

and tube HEX.  

ETES CYCLE OPTIMIZATION MODEL 

The complexity of selecting the numerous parameters defining 

the ETES requires the development of models capable of 

simulating and predicting the sizing and performance of all key 

components constituting the system. The retained ETES 

configuration is usually selected after an optimization of 

performance against cost. Therefore, the prediction of cost and 

performance integration of each key components is fundamental 

to allow for the best cycle definition. Moreover, the models shall 

permit the required sensitivity to modification of thermodynamic 

cycle parameters such as mass flows, temperatures and 

pressures. To address this challenge, a steady-state ETES model 

has been developed in python [9] capable of carrying out 

single/multi-objective and multi-variable optimization. It is 

based on a sequential calculation solver, so the design is achieved 

starting from a fixed point and proceeds solving mass and energy 

balances sequentially component by component following the 

flow and defining for each of them boundary conditions and 

applying design rules and component limitation. NIST 

REFPROP [10] is used to calculate the thermodynamic and 

transport properties of the different fluids involved in the system. 

The nature of the software makes the choice of degrees of 

freedom a crucial step to achieve a feasible and meaningful 

design. It is characterized by an objective function subject to a 

set of constraints (linear and non-linear) that the optimizer 

should satisfy to come to feasible ETES configurations. The 

general formulation of a constrained optimization problem is 

presented in Equation 9: 

min
𝑥

 (𝑓(𝑥) + ∑ 𝑃𝑒𝑛𝑖(𝑥)

𝑖

) 

𝑠𝑢𝑏𝑗𝑒𝑐𝑡 𝑡𝑜      𝑏𝑗 ≤ 𝑔𝑗(𝑥) ≤ 𝑐𝑗       ∀𝑗 = 1, … 𝑛𝑐𝑜𝑛𝑠𝑡𝑟  (9)

𝑙𝑏 ≤ 𝑥 ≤ 𝑢𝑏

𝑥𝑘  ∈ ℝ   𝑥𝑙  ∈ ℤ
Under this formulation, for a set of decision variables x the 

optimizer will try to minimize the objective function f(x). The 

decision variables can be either real (xk) or integers (xl) and are 

limited within an upper and lower bound (up and lb respectively). 

By including the sum of penalties Pen(x) in the minimization 

problem, the optimizer is guided towards feasible solutions by 

penalizing any violations on constraints. The value of the penalty 

is proportional to the violation. A weighting factor is also 

imposed in order to address differences in the magnitudes of each 

penalty as well as to address the severity of this penalty (more 

critical constraint violations will have greater weighting factors). 

Two are the main types of penalties applied to the ETES 

optimization problem: 

 Cycle unfeasibility: one or both cycles are not closed.

 Component limitation: the calculated solution leads to

an unfeasible component (either rotating machinery or

HEX)

Thermodynamic modelling 

The independence of each individual component of the system 

allows to prioritize the complexity of the components based on 

their sensibility to modification of input boundary conditions.  

Turbomachinery modelling 

For the purposes of this paper, a zero-dimensional model for 

turbomachinery key components was applied and considered as 

accurate enough. The assumed isentropic efficiencies (ηis) of 

these machines are shown in Table 1. The generators and motors 

were assumed to have an efficiency of 99% from electric to 

mechanical power and vice versa.  

Machine Isentropic efficiency (ηis) 

COMP 81% 

EXP 90% 

TURB 92% 

PUMP 86% 

Auxiliary Pumps 85% 

Table 1. Assumed turbomachinery isentropic efficiencies 

Heat exchanger modelling 

The major modelling complexity relies in the challenge of using 

the same HEX for both cycles, which made it necessary to 

address the HEX modelling with more care than for the rotating 

machinery. The use of zero-dimensional models as done in [5-7] 

can lead to large discrepancies after comparison with realistic 

supplier data in AHEX (defined by k). A strict technical approach 

would be to develop a comprehensive geometrical model of each 

HEX as done in [11]. However, the lack of detailed geometrical 

information as well as the current necessity of rapid 

computational time led to choose a mid-way solution. One-

dimensional models for both HOT and COLD HEX was 

considered to be accurate enough to cope with the sensitivity of 

all relevant input parameters.  

For each HEX, a set of parameters is required to calculate k (i.e 

AHEX). Given the differences in both conditions and type of HEX 

used, COLD and HOT HEX were treated separately. First of all, 
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the parameters (both intensive and extensive) having the biggest 

influence on k and ∆PHEX were identified. On a second step, the 

impact of each of these parameters on k and ∆PHEX was 

determined using polynomial regression models based on HEX 

suppliers’ data for different operating conditions. The quality of 

the approximation of these models is determined by the adjusted 

Coefficient of Determination (CoDadj) [12]. The higher variety 

of modeled HEX designs the higher the CoDadj. Additionally, the 

importance of each variable on the estimation of the output is 

given by the Coefficient of Importance (CoI) [12] .Table 2 shows 

the results of the approximation models used to estimate k.  

The higher complexity of estimating k between sCO2 and H2O 

is evidenced by the higher number of parameters required for 

HOT HEX compared to the COLD HEX. Additionally, average 

values of μ, λ on both sides (sCO2 and H2O) are included in the 

regression model. Furthermore, the significant changes in cp of 

sCO2 are also accounted for by including an average of this 

parameter throughout the entire HEX in the approximation. ∆P 

from both sides is also considered given its impact on the 

turbulence. In the COLD HEX, ∆PCO2 is neglected given the 

negligible value for a semi-welded plate HEX during 

evaporation and condensation. The large differences in 

convective heat transfer h (see Equation 6) between subcritical 

evaporating and condensing CO2 led to determine different 

parameters to determine kCOND and kEVAP. Finally, MTD is 

considered in both types of HEX to account for the engineer’s 

design methodology for each specific HEX. As a general design 

rule, for smaller MTD, higher ∆P values are necessary to increase 

k. The conducted regression studies showed higher values of

CoDadj when considering this parameter. 

The relevance of ∆P in k estimation becomes clear in Table 2, 

being the parameter having the greatest impact of all for the three 

regression studies. The selection of optimal HEX design is 

closely linked to ∆P: while high values of ∆P results in higher 

pumping power (i.e. smaller ηRT), it also increases drastically k 

(i.e. smaller AHEX, thus smaller CAPEX). The optimal ∆P is then 

a compromise between cost and performance and its optimal 

value is selected based on ETES system boundary conditions 

such as price of electricity. The approach chosen to estimate 

∆PHEX leads to more accurate results for the COLD HEX, since 

operating conditions do not vary that much between the different 

operating cases and easily predicted on the HEX supplier side. 

∆Pglycol is determined as a function of the velocity and density of 

the brine. Maximum absolute errors up to 5% can be expected 

for both evaporating and condensing cases. Based on supplier 

data, the negligible values of ∆PCO2 combined with the 

complexity associated with phase-changing pressure drops led to 

impose a constant value for both evaporating and condensing 

cases. 

The large changes in operating conditions for the HOT HEX led 

to take another approach to estimate ∆PCO2 and ∆PH2O. In this 

case, the HEX is assumed to be design for a specific ∆PHEX for 

each of the two streams (water and CO2). The charging case is 

considered as the limiting case. If the same HEX is used for both 

cycles, the ∆PHEX on both sides for the discharging case will no 

longer be imposed, but calculated and proportionally based on 

the ∆PHEX applied on the charging case. A new equation is 

therefore required to determine ϑ on both sides of the HEX. If 

different HEX are used for both cycles, ϑ is obviously not 

calculated and ∆Pdch is specified before the calculation. A 

summary of the approximation of ϑ as well as the importance of 

the parameters influencing its value is available in Table 3. The 

dependency of μ on ∆P via Reynolds number is accounted for in 

both functions. Since θ H2O = 1 for every HOT HEX, the μH2O was 

selected to estimate ϑH2O instead of θ as done for ϑCO2.  

Table 3. Regression models for estimating ϑ for HOT HEX 

The high values of CoDadj obtained for both k and ϑ estimation 

confirm the one-dimensional model as accurate enough for the 

implementation into the ETES process simulation and 

optimization routine. 

Table 2. Regression models for estimating k 

CO2 state Variables CoI CoDadj 

HOT 

HEX 
Supercritical 

∆PH2O 81% 

94.9% 

∆PCO2 49% 

λCO2 26% 

μCO2 25% 

cp_CO2 25% 

λH2O 20% 

μH2O 19% 

MTD 0% 

COLD 

HEX 

Subcritical 

evaporating 

∆Pglyc 77% 

97.2% 

MTD 65% 

TCO2 47% 

∆Tglyc 24% 

xin 3% 

xout 2% 

φglyc 0% 

Subcritical 

condensing 

∆Pglyc 76% 

96.3% 

MTD 61% 

∆Tglyc 42% 

TCO2 7% 

φglyc 3% 

Variables CoI CoDadj 

Water 
δH2O 92% 

98.8% 
μH2O 31% 

CO2 
δCO2 96% 

97.4% 
θ CO2 40% 
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Economic modelling 

 

In order to reach a meaningful thermo-economic optimization 

analysis, the associated component costing model of the plant are 

of equal importance as the performance models. For this paper, 

the purchasing cost of the different components included in the 

system are calculated based on characteristic sizing factor (AHEX, 

shaft power, volume of storage tanks, etc.). To properly address 

the cost against performance trade-off, it is crucial to count on 

reliable data regarding equipment costs. The numerous 

exchanges with suppliers of the various components allows to 

have consolidated up-to-date data to estimate with a relatively 

low uncertainty. Additional costs related to engineering, civil 

work and procurement are assumed to be a fixed percentage of 

the total equipment cost. 

 

Modelling approach using same heat exchanger 

 

The current steady state model of the ETES system is conceived 

to provide after each iteration for a given set of decision 

variables: 

 Process state conditions at inlet and outlet of each 

component 

 Cycle performance (ηRT, COPhot, COPcold) 

 Cost and size of equipment 

 

AHEX for charging and discharging are firstly calculated 

independently from one another. By applying a constraint where 

a maximum oversizing is allowed between charging and 

discharging cases, the optimizer should try in the next iteration 

to reduce that penalty. The addition of this new constraint 

reduces the number of non-penalized solutions, resulting in 

longer computational times (i.e. number of evaluations) to obtain 

optimal ETES systems. Since this penalty is applied to each 

HEX, increasing the number of tanks (i.e. HOT HEX) reduces 

the number of non-penalized solutions and ultimately longer 

computational time is required by the optimizer to find optimal 

ETES systems. Maximum oversizing of 15% for both HOT and 

COLD HEX was considered to be an adequate compromise 

between computational time and accuracy of the solution inside 

the conventional design margin applied by suppliers. The penalty 

assigned to an oversizing higher than the abovementioned value 

is proportional to the committed violation.  

 

 

RESULTS AND DISCUSSION 

 

The benefits of using the same HEX are evaluated comparing 

different ETES configurations and system boundary conditions. 

This evaluation is carried out launching 36 single-objective 

optimization runs which target being to being to maximize ηRT. 

ETES designs with thermal export are not evaluated in this study, 

therefore COPhot and COPcold are not included in the objective 

function. To evaluate a broad spectrum of ETES configurations, 

the following four parameters are imposed for each of the runs: 

 Using same and different HEX (x2) 

 Different number of hot storage tanks: 2 and 5 (x2) 

 Different minimum allowed ∆TPP inside HEX: 1, 2 and 

4 K (x3) 

 Different β: 0.25, 0.5, 1 (x3) 

 

The considered optimization variables are: 

 Evaporation temperature [°C] 

 COMP outlet pressure [bar] 

 Condensation temperature [°C] 

 Pressure difference between COMP and PUMP outlet 

pressures [bar] 

 δCO2 [-] 

 δH2O for HOT HEX [-] 

 Heat distribution among HOT HEX [-] 

 Hot storage tank temperatures [°C] 

 

A total of 8 optimization variables is considered for the simplest 

case with only 2 tanks. Two additional optimization variables 

must be considered (heat distribution and tank temperature) 

should be considered by adding an additional tank. As extensive 

variables, all optimization runs are characterized by a charging 

power Pch = 8.5 MW during 8 hours.  

 

Additionally, a summary of the optimization set-up for the 

different runs is presented in Table 4. To guarantee more reliable 

optimization results, the smaller the number of non-penalized 

solutions, higher number of iterations are imposed as stopping 

criteria. This results in longer computational times for cases 

using the same HEX as well as cases with higher number of hot 

storage tanks. 

 

Approach 
Number of 

storage tanks 

Number of 

iterations 

Population 

size 

Same 

HEX 

2 3500 

50 
5 5000 

Different 

HEX 

2 2000 

5 3500 

Table 4. Single-objective optimization run set-ups 

 

Figure 6 offers good summary of the cost and performance of the 

different optimization runs, separating the results into cases 

using the same and different HEX. The CAPEX of the different 

solutions is displayed as the cost reduction opportunity of each 

of the solutions with respect to the most expensive of all. The 

results of Figure 6 confirm that the covered spectrum of ETES 

configurations is quite broad, varying both in cost and 

performance. Looking closely at the solutions using the different 

HEX approach, six types of solutions can be clearly identified, 

one per each combination of ntanks (x2) and minimum allowed 

∆TPP  (x3). Since no component is shared between both cycles, 

the optimum ETES system in terms of performance does not 

depend on β, which defines the size of the discharging cycle key 
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components. Therefore, for a given ηRT, the CAPEX is reduced 

as β increases when using different HEX on both cycles.  

 

To better understand the benefits derived from using the same 

HEX approach, solutions with similar configurations (ntanks, ∆TPP 

and β) should be compared separately since each of them have 

different costs and performances. CAPEX per discharged 

electrical energy provides the thermo-economic performance of 

the ETES system. The difference of this value is compared in 

Figures 8 and 9 for the different variables defining the considered 

ETES configurations. Maximum ETES plant cost per 

discharging electricity of up to 14% are expected as a result of 

using the same HEX for both cycles.  The identification of the 

most promising cases is carried out by evaluating each of the 

three parameters individually.  

 

Minimum allowed pinch point (∆TPP) 

 

Unlike ntanks and β, which play an important role in the costing 

of other key ETES components, ∆TPP only impacts the cost and 

performance of the HEX. This is evidenced by the greater 

influence of this parameter on CAPEX saving potential per 

discharged electricity shown in Figures 7 and 8. Since the impact 

of HEX cost is directly proportional to the inverse of MTD (see 

Equation 4), smaller ∆TPP result in more expensive HEX and a 

higher portion of the total plant cost is assigned to this 

component. The results of Figure 7 and 8 allow to confirm the 

higher thermo-economic benefit of the same HEX approach for 

ETES configuration with smaller ∆TPP. 

 

Time ratio (β) 

 

Contrary to different HEX approach, if the HEXs are used for 

both charging and discharging operations, β plays a crucial role 

in thermodynamic performance of the system. Configurations 

with small values of β area characterized by high discharging 

cycle sizes (i.e. high δ) to compensate for the small tdch. Since δ 

determines Qch/Qdch, the MTD of the smallest duty is reduced to 

find solutions with minimum HEX oversizing. A smaller value 

of β results in: 

 Closer charging and discharging thermal profiles (see 

Figure 5) leading to fewer exergetic losses take place in 

the HEXs.  

Figure 6. CAPEX saving potential against ηRT using same and 

different HEX for several ETES configurations with tch = 8h 

and Pch = 8.5 MW Figure 7. Response surface of CAPEX saving potential per 

discharged electrical energy as a function of minimum allowed 

∆TPP and β 

Figure 8. Response surface of CAPEX saving potential per 

discharged electrical energy as a function of minimum allowed 

∆TPP and ntanks  
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 Higher ∆P due to higher δ on both sides of the HEX 

 

The compromise between these two parameters determines 

greatly the benefits of using the same HEX approach compared 

to using two separate components. For the assigned boundary 

conditions of the optimization runs conducted in this paper, high 

values of β yield higher thermo-economic performances (see 

Figure 7). 

 

As seen in Figure 7, the impact of β is smaller than ∆TPP on cost 

savings per discharging electricity since β also impacts the cost 

of other equipment, mainly TURB and PUMP. This results in 

smaller CAPEX reduction when one of the HEX is removed 

from the cycle.  

 

Number of hot storage tanks (ntanks) 

 

ETES configurations with small ntanks reduces the number of total 

HEX and thus the contribution of this component to total plant 

cost. On the other hand, the exergetic losses due to the changes 

in cp of the CO2 in the supercritical region increase when ntanks 

decrease since the water thermal profile is unable to follow the 

CO2 charging and discharging profiles (see Figure 5).   

 

The thermo-economic impact of ntanks using the same HEX 

approach is shown in Figure 8. The results show more promising 

results for ETES configurations with smaller number of hot 

storage tanks. These results are however highly influenced by the 

complexity of finding global minima by the optimizer and thus 

number of iterations (see Table 4). Higher potential ηRT for 

similar CAPEX are expected for configurations with higher ntanks 

when increasing the number of iterations.   

CONCLUSIONS 

 

The methodology to use the same HEX for charging and 

discharging process cycles applied to the ETES system and its 

various configurations was firstly presented. By means of 

constrained optimization, maximum AHEX difference of 15% 

appears to lead to a satisfactory compromise between 

computational time and the prediction of realistic HEX 

performance.  

 

The importance of k and ∆P on both cost and performance of the 

overall system confirms the importance of implementing 

accurate estimations for both parameters. The dependency of k 

on ∆P on both sides of the HEX is to be carefully considered as 

shown in Tables 2.  

 

A series of single-objective optimization runs were conducted to 

evaluate the thermo-economic advantage of using the same HEX 

for both charging and discharging cycles in steady-state 

conditions. From a cost perspective, the higher the contribution 

of HEX on total ETES plant cost, the more interesting becomes 

to use the same component for both cycles. On the other hand, 

from a performance perspective, the increase of cycle 

complexity limits the number of possible ETES solutions for 

given set of system boundary conditions. Among the considered 

parameters that define the ETES system, ∆TPP proved to be most 

decisive when evaluating the possibility of using the same HEX 

for both cycles. Smaller values of ∆TPP represent the most 

promising cases, given the greater portion of the cost allocated 

for the HEXs. Additionally, β values between 0.6 and 1 show 

great potential of applying the same HEX approach in an ETES 

system.  Maximum CAPEX per discharged electricity reductions 

of 14% are expected for ETES configurations with ntanks = 2, β = 

0.7 and minimum allowed ∆TPP = 1K. For particular ETES 

configurations, favorable thermo-economic are reached by using 

different HEX for both charging and discharging cycles. 

Nevertheless, the reduction in footprint as a result of using the 

same component should be considered, making it crucial to use 

the same HEX for both cycles to obtain the most compact ETES 

plant possible.  

 

The behavior of the HEXs in transient and off-design operating 

conditions should be considered in a further step for a more 

comprehensive assessment and to eventually identify other 

component limitations still unknown at this stage.  

 

 

NOMENCLATURE 

AHEX   Heat Exchanger Surface 

CAPEX Capital Expenditure 

COMP  Compressor 

COPhot  Hot Coefficient of Performance 

COPcold Cold Coefficient of Performance  

h  Convective heat transfer  

ρ  Density 

μ  Dynamic Viscosity 

θ  Dynamic Viscosity Ratio for a specific HEX 

(discharging/charging) 

ETES  Electro-Thermal Energy Storage 

EXP  Hydraulic Expander 

HE  Heat Engine 

HEX  Heat Exchanger 

HP  Heat Pump 

k  Overall Heat transfer coefficient  

δ  Mass flow ratio (discharging/charging) 

LMTD  Logarithmic Mean Temperature Difference  

ṁ  Mass flow 

MTD  Mean Temperature Difference 

OPEX  Operating Expenses 

TURB  Power Turbine 

Peni(x) Penalty i for a set of input parameters x 

∆TPP  Pinch Point of Heat Exchanger 

∆Pi  Pressure drop inside Heat Exchanger i 

ϑ  Pressure drop ratio in heat exchanger 

(discharging/charging) 

PUMP  CO2 Pump  

φglyc  Composition of ethylene glycol in water by 

mass brine 
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ηRT   Round-trip Efficiency 

λ  Thermal Conductivity 

tch  Charging time 

tdch  Discharging time 

β  Ratio between discharging and charging times 

(tdch/ tch) 

v   Volumetric flow 
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